A Study and Optimization of a Radial Ball Piston Pump for
High-Speed Applications

A THESIS
SUBMITTED TO THE FACULTY OF THE
UNIVERSITY OF MINNESOTA
BY

Garrett Bohach

IN PARTIAL FULFILLMENT OF THE REQUIREMENTS
FOR THE DEGREE OF

Master of Science

Dr. James D. Van de Ven

January 2021



© Garrett Bohach 2020
ALL RIGHTS RESERVED



Acknowledgements

“This material is based upon work supported by the U.S. Department of Energy’s Office of Energy
Efficiency and Renewable Energy (EERE) under the Award Number DE-EE0008384.”

Disclaimer: “This report was prepared as an account of work sponsored by an agency of the United
States Government. Neither the United States Government nor any agency thereof, nor any of their
employees, makes any warranty, express or implied, or assumes any legal liability or responsibility
for the accuracy, completeness, or usefulness of any information, apparatus, product, or process
disclosed, or represents that its use would not infringe privately owned rights. Reference herein to
any specific commercial product, process, or service by trade name, trademark, manufacturer, or
otherwise does not necessarily constitute or imply its endorsement, recommendation, or favoring
by the United States Government or any agency thereof. The views and opinions of authors
expressed herein do not necessarily state or reflect those of the United States Government or any

agency thereof.”



Dedication

This work is dedicated to my wife Kennidee. Her unwavering confidence, incredible patience,
and constant support motivated me to pursue my dreams. Her love and steadfast dedication was the

foundation that made this work possible.



Abstract

Ever increasing concern and regulations related to climate change has prompted hydraulic
research to focus on improving energy efficiency and reducing emissions, with electrifying
hydraulic systems considered a promising solution. This thesis studies the radial ball piston
hydraulic architecture, and its capability to efficiently and compactly be integrated with a high-
speed electric motor. A combination of analytical, numerical, and empirical models are utilized to
create a detailed model of a radial ball piston unit and its losses. The model is experimentally
validated using an off-the-shelf radial ball piston pump. After updating the model parameters, the
model predicted the efficiency within 3-10 percent across the range of operating conditions. The
model is then implementing within a genetic algorithm optimization framework that predicts
performance across multiple operating conditions. The preferred embodiment discovered by the
optimization reached 12,500 rpm while maintaining 80 — 90 percent efficiency across four
guadrants of operation and packaged a 20kW machine within approximately 100mm outside
diameter. The work within this thesis represents the first computationally fast and accurate model
of a radial ball piston unit that was utilized within an optimization framework for design purposes.
The results of this optimization demonstrate that the radial ball piston is an acceptable hydraulic
architecture for four quadrant operation and integration with a high-speed electrical motor.
However, a challenge with the architecture is that the ball piston kinematics generate an uneven
clearance around the ball that results in a nearly constant torque loss independent of piston-cylinder

clearance, creating an upper bound on the efficiency.
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1 Introduction

1.1 Background

Electrification has been an area of increasing interest within the transportation sector, from the
production of all electric on-highway vehicles to the concept of more electric aircraft. The ever
growing concern about global warming has made electrification and zero emissions a goal of the
next several decades [1]. Regulations have already been put in place to limit emissions within cities
and more stringent guidelines will be going into effect on large engine vehicles creating a challenge
for construction and other large off-highway equipment. Today, many off-highway vehicles utilize
hydraulics due to their impressive power and force density. Unfortunately, hydraulics are almost
exclusively powered by a combustion engine because liquid fuels are the only practical energy
storage available today for high power machines that operate for long periods of time. Current
battery technology does not have the energy density to feasibly power these applications.

This thesis presents a promising step towards integrating hydraulic and electrical systems. The
proposed architecture uses both an internal combustion engine (ICE) and electrical
motors/generators to create a hybrid hydraulic power system. The Hybrid Hydraulic-Electric
Architecture or HHEA was formally proposed by Li et al. [2] as a method to improve the efficiency
of hydraulic systems by utilizing electrically powered control units for energy boosting and
regeneration, see Figure 1.1. The foundation of the HHEA architecture is the elevated hydraulic
pressure rails. These rails are pressurized using an ICE attached to a main pump and is very similar
to the STEAM architecture [3]. Each pressure rail is set to distinct pressure and includes an

accumulator to smooth out pressure variation that could occur during operation.
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FIGURE 1.1: HHEA GENERAL SYSTEM LEVEL ARCHITECTURE [4]

The difference between the STEAM and HHEA architecture is the method of actuator control.
STEAM utilizes traditional throttling valves while the HHEA uses hydraulic-electric control
modules (HECM) [3]. An HECM is a hydraulic pump/motor that is coupled to an electric
motor/generator; this researched focused on directly integrating the components instead of using a
shaft connection. Actuator control is achieved by adjusting the speed of the electric motor which
varies the flow rate created by the hydraulic pump/motor [2, 4].

The proposed integration of the electric motor and hydraulic pump is different from the
modular approach typically used to shaft couple the two machines, as is done in Electro-Hydraulic
Actuators (EHAS). Removing the shaft reduces the number of components (no shaft, no duplicate
bearings, no seal, etc.) and allows direct oil cooling of the electric machine. This direct cooling
allows the current density of the electric machine to increase which increases the power density of
the electrical system. This, along with the direct coupling, increases the power density of the unit
when compared to an equivalent shaft coupled machine. The final method for maximizing the
power density is increasing the rotation speed of the integrated unit which reduces the required
displacement [2, 5].

A high power density is a primary goal of the HECM architecture because of its proposed
application to mobile hydraulics. Consider an excavator, the boom, stick, and bucket are three

actuators that require precise control. To achieve this, the HECM should be as close as possible to

2



the actuators to avoid unwanted line and system dynamics, thus improving the controllability. The
boom, stick, and bucket actuators are often at a distance far from the center of rotation making any
mass added at their location greatly impact the rotational inertia of the system. The more compact
the HECM system, the closer the unit can physically be to the actuator it is controlling, while
minimizing any unwanted effects.

Another goal of the integration is efficiency. The pressure rails limit the pressure differential
across the pump to a small portion of the actuator pressure. For the hydraulic machine, the reduced
pressure differential limits losses associated with leakage. For the electrical machine, the low
pressure differential and high rotational speed results in a low torque requirement. Lowering the
torque reduces current based losses and limits the chance of overheating; two valuable features
when designing electrical machines [2].

The push to increase power density and efficiency are two of the design criteria that drive the
architecture decision for the pump of the HECM. Some other design criteria include: four quadrant
operation, direct integration, and the potential to reach high speeds. A radial ball piston design was
the chosen embodiment [5]*. As shown in Figure 1.2, this pump/motor is a radial piston
architecture, but balls are used instead of cylindrical pistons. The balls translate within the cylinder
to perform the pumping and suction strokes and roll on the cam to keep the friction low at that
surface. The architecture is an inside impinged pump/motor that uses a pintle to set the valve timing
[6]. The rolling balls reduce the losses at the cam, especially compared with hydrodynamic bearings
at high speed. A roller-follower could be attached to a cylindrical piston but using a ball piston
decreases the radial size, creating a more compact unit. One of the concerns of the radial ball piston
pump is the sealing between the ball and the cylinder. The clearance seal between the ball and
cylinder is a line contact which can result in significant leakage. However, as mentioned before,
the pressure rails of the HHEA architecture reduce the pressure differential and the subsequent

leakage.

! Appendix A shares the process and the results that led to selecting the radial ball piston architecture.
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FIGURE 1.2: RADIAL BALL PISTON ARCHITECTURE

The radial ball piston pump is driven by an axial flux permanent magnet electric motor. The
axial flux architecture was selected over the more common radial flux design because of the
complementary scaling with the radial ball piston. The radial ball piston pump grows predominately
in the radial direction and scales almost equivalently to the axial flux design. Radial flux electric
machines optimally grow more axially when compared to their axial flux design counterparts. This
difference in scaling allowed the axial flux design to offer superior packaging, reducing mass and
rotational inertia [7].

The radial ball piston unit and axial flux permanent magnet machine are integrated through the
rotating features. A cross section of the HECM is shown in Figure 1.3. The electric machine is a

single-stator single-rotor design that uses permanent magnets. Typically, the permanent magnet
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rotor (PM rotor) is integrated with the hydraulic rotor block. The rotor block is supported by the
pintle and bearings. A pintle is stationary shaft which includes fluid lines and ports to the hydraulic
cylinders. There are several design considerations when integrating the two systems. The hydraulic
unit must fit within the electric machine stator, the bearings support the radial load from the
hydraulic unit and an axial load from the single rotor electric machine, and the air gap (space
between magnets and stator) needs to be held within a tight tolerance. Another major feature to

design is the oil cooling paths from the hydraulic unit through the electric machine [8].

Permanent Magnets Radial Piston Pump Electric Rotor
/ il
| | I L1
Electric
. Stator
Bearings <
Rotor Block
. Pintle
Cam Ring Inlet and Outlet Ports

FIGURE 1.3: HECM CROSS SECTION SHOWING THE INTEGRATED ELECTRIC
MOTOR AND HYDRAULIC PUMP?

1.2 Literature Review

The work presented in this thesis extends previous efforts for directly integrating hydraulic
pumps with electric motors. While this technology and electro-hydraulic actuators (EHAS) have a
common application, coupling electric motors and hydraulic pumps, EHAs have not seen a
significant thrust towards component integration. Instead, direct integration is currently pursued by
academic researchers and niche industry applications that focus on developing a more efficient

hybridization of hydraulic and electrical systems. The other field that this thesis contributes to is
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the modeling of radial ball piston pumps/motors. This architecture is not new to the hydraulic
community, with Eaton having a radial ball piston pump in the market since the 80s [9, 10].
However, the architecture is less common in applications than radial cylindrical piston, axial piston,
and gear pumps. This also means that there has been limited research done on the radial ball piston
architecture. Lastly, this thesis is concerned with the performance of high speed hydraulic
machines, which is dominated by EHAs for aerospace. The techniques that aerospace has used to
overcome the challenges of reaching high speeds are a useful guide when designing the HECM
hydraulic unit. This literature review will examine the current state of electrical motor and hydraulic

pump direct integration, radial ball piston modeling, and high speed hydraulic units.

1.2.1 Electric-Hydraulic Integration

The direct integration of hydraulic and electrical machines is currently being pursued by
companies and academic institutions. The push towards electrification and the complimentary
benefits of hydraulic and electrical systems has made their integration an attractive possibility.
Research is still active regarding the best hydraulic architecture (gear pump, piston pump, vane
pump, etc.) and application for the integrated system. It is likely that several different applications
will benefit from the direct integration of electro-hydraulic machines and each of these may require
different component architectures.

Kerstech is a company that is focused on hybridizing the drive trains of electric vehicles that
have frequent stop and start events. The targeted applications include city buses, forklifts, and
refuse trucks. The general concept is to utilize the electric machine for high speed events and the
hydraulic system for low speed events. This allows the electric machine to operate where it is most
efficient, high speed and low torque, and the hydraulics to do the same, low speed and high torque.
According to KersTech’s website, “This preserves battery energy to extend driving range by up to
45%, depending on the vehicle’s drive cycle, or enables the use of smaller batteries for equivalent
range [Kerstech][11].” The company also highlights that the longevity of the battery is improved
when hydraulics handle high torque events, reducing maintenance costs. This principle of using
hydraulics and electrics while each are in their most efficient operating regime is shown in Figure
1.4. The integrated hydraulic-electric machine is Kerstech’s patented TwinTorq motor. An example

of the TwinTorq behavior applied to a city bus is shown in Figure 1.5 [12].
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FIGURE 1.5: EXAMPLE TWINTORQ OPERATION [13]
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The TwinTorg motor is a highly integrated system with minimal footprint which is important
because Kerstech is marketing the product for mobile applications. The other benefit of the compact
TwinTorq design is that the architecture is axially short, like a pancake, creating a low center of
gravity, which is another important feature for mobile drivetrains. The system uses an electric ring
motor with a multilobe radial piston pump. This allows for a highly integrated design as shown in
Figure 1.6, with a legend for the numerical labels provided in Table 1.1. The TwinTorq motor is
designed to be an all-in-one motor and generator for drivetrains that seamlessly switches between

utilizing hydraulic and electrical power to drive the mechanical drive train [12].

FIGURE 1.6: TWINTORQ MOTOR PLANE CROSS SECTION [12]



TABLE 1.1: TWINTORQ PATENT LABELS [12]

Number in Drawing | Name Number in Drawing | Name
1 | Stator Structure 10 | Bearings
2 | Rotor Structure 11 | Motor Shaft
3 | Stator Assembly 15 | Back Iron Ring
4 | Permanent Magnets 21 | Stator Assembly
5 | Cam Ring 22 | Rotor Assembly
6 | Hydraulic Motor Hub 23 | Hydraulic Motor Hub

Assembly

7 | Cylinders 42 | Stator Core
8 | Pistons 43 | Coil Windings
9 | Roller

Voith, a multinational company from Germany, also has an integrated hydraulic-electric
product. Their EPAI takes an internal gear pump and places it inside an asynchronous electrical
motor, as shown in Figure 1.7 [14]. The application for the unit is less specific than the TwinTorq
motor since the EPAI is a hydraulic power unit which is designed to generate hydraulic power for

use in other applications.

1. Rotor

2. Stator

3. Internal gear pump
G 4 4. Suction port

5. Suction chamber

6. Pressure port

7. Pressure chamber
_ D 6 8. Terminal box

9. Housing

10. Cover

10-55% 0

FIGURE 1.7: VOITH EPAI INTEGRATED HYDRAULIC PUMP AND ELECTRIC MOTOR
[14]
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One aspect of the Voith design that takes advantage of the integrated system is that the case
surrounding the motor and hydraulic pump is used as the low pressure port. Qil enters at location
4 in the figure, which floods the case and cools the electrical system before being drawn into the
pump. Voith also mentions several other benefits of the integrated design. The biggest advantage
is the compactness of the unit which can be half the size of a conventional setup. This size
improvement is partly because no mechanical shaft is required to transmit the force from the electric
machine to the hydraulic one. Removing the shaft creates a design that does not have dynamic seals
which decreases leakage to the unit’s surroundings. The integrated unit also produces low noise
levels that are significantly less than conventional electric motor/hydraulic pump systems. Voith
also claims the service life expectancy is improved because of the reduction of wear parts [14].

The advantages mentioned by Voith are also quoted in research done by Gamez-Montero et al.
on the GeroMAG concept. The GeroMag was conceived as a solution to increasingly stringent
environmental standards which desire hydraulic systems with reduced noise and no leakage.
Therefore, Gamez-Montero et al. directly integrated a gerotor hydraulic pump within an electric
motor to remove the shaft and dynamic seal. The pump was designed to work as a variable flow
device for low rotational speeds [15].

The architecture is shown below in Figure 1.8. The concept allows for a compact package, but
early prototype efforts did not demonstrate efficient performance. The authors stated that their
primary goal was to produce good volumetric efficiency which was demonstrated at higher speeds.
Unfortunately, the mechanical efficiency suffered because the tight clearances required to limit
leakage increased friction losses. Overall, the authors showed that directly integrating hydraulics

and electrics could be done and reducing noise levels and external leakage was possible [15].
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FIGURE 1.8: GEROMAG EXPLODED CAD VIEW [15]

Another group that studied electric hydraulic integration was from the University of Wroclaw.
Their proposed application was similar to the HECM; it involved a fixed displacement hydraulic
pump integrated with an electric motor to perform actuator control. However, demonstrating
acceptable dynamic performance using electric motor speed control was the only goal of the group.
Their solution was a double-acting vane pump that was integrated inside a brushless direct current
(BLDC) electric motor that operated in a single quadrant (hydraulic pump that rotates in one
direction) [16]. Considering the design in Figure 1.9, there are several O-ring seals (the black
squares in the left cross section) used to prevent the fluid from leaving the hydraulic chamber and
reaching the electric machine. This contrasts with the Voith group that used the oil to cool the
electric machine. It is known that oil cooling is more effective than air cooling for electric machines
and that higher power densities can be achieved by using a direct oil cooling method. The group
also did not push the rotational speed of the system and stayed below 3,500 rpm. Despite not
utilizing these possible advantages, the University of Wroclaw still found their design to be 40
percent more compact than the conventional system. The researchers also concluded that the
variable speed drive achieve satisfactory dynamic performance [16].
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FIGURE 1.9: DOUBLE VANE PUMP INTEGRATED WITHIN BLDC ELECTRIC MOTOR
[16]

The topologies discussed thus far have been rotary machines. Research has also been conducted
looking at the feasibility of linear electric-hydraulic machines like the one shown in Figure 1.10.
The linear machine was found to be the preferred architecture for low power (fractional kW)
hydraulic pumping applications due to poor efficiency and power density of the rotary counterpart
at that power level [17, 18]. To achieve high power density and electrical efficiency, the linear
machines prefer to operate at frequencies up to 300 Hz [17]. The main challenge when trying to
achieve these high frequencies is getting enough hydraulic fluid into the pumping chambers; often,
specially design check valves are required [17, 19]. Another design technique that is used to
improve efficiency is the addition of mechanical springs to allow energy recovery and improve
performance. Research thus far has experimentally validated system efficiencies at 80 percent and

optimizations have shown the potential for 85 percent overall efficiency [17], [19 — 21].
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FIGURE 1.10: LINEAR ELECTRIC-HYDRAULIC CONVERSION MACHINE [20]

The work done to directly integrate hydraulic pumps with electric motors is still in its infancy
but has shown several potential benefits, such as compactness, reduced noise, reduced external
leakage, and improved dynamic control. The applications that have been explored include hydraulic
power units of various size, a hybrid motor for electric vehicles, and a flow control unit. Each
proposed integration thus far has utilized a different hydraulic architecture: vane, gerotor, internal
gear, and radial piston. However, each design has used a radial flux machine with three of the four
mentioned above being permanent magnet machines. Only one of the designs highlighted the
ability to directly cool the electric machine and none of the designs pushed the speeds of the system.
As mentioned in the background, Section 1.1, the HECM being studied will utilize a radial ball
piston pump with an oil cooled axial flux electric motor. The next section reviews the previous

modeling work associated with the radial ball piston architecture.

1.2.2 Radial Ball Piston Architecture
The radial ball piston architecture is a commercially available pump that has found success in

light duty hydrostatic transmissions [9]. The architecture benefits from its simplicity; the ball
13



pistons function as the pumping element and rolling element on the cam. This creates a highly
robust and compact design. The biggest challenge with the architecture is its limited pressure
capabilities, which reduces its number of feasible applications. Leakage losses dominate at high
pressure operating conditions because the ball piston seal is inherently less effective than the seal
achieved with a cylindrical piston, Figure 1.11. Possibly because of this limited market exposure,
the modeling and research surrounding ball piston pumps is less developed than axial piston, radial

cylindrical piston, gear pumps, and other architectures.

Minimum
clearance

l I Minimum

clearance

Line Contact Rectangular Contact

FIGURE 1.11: COMPARISON OF BALL PISTON AND CYLINDRICAL PISTON SEALING
CONTACTS

Some of the earliest modeling work related to radial ball piston pumps was a dissertation titled
“Study of Losses in a Ball Piston Pump” by Fereydoon Jamzadeh, awarded by the Mechanical
Engineering Department at the University of Wisconsin-Madison in 1983. The dissertation focused
on modeling the piston-cylinder interface and the fluid mechanics that occurred around the ball
under steady state conditions [10].

Jamzadeh developed equations for the pressure, shear, and leakage that occurs around the ball
for two distinct cases. The first was at zero speed when the ball simply acts as a seal preventing
leakage. In this static situation, two equilibrium positions exist and were analyzed, the ball being
centered and the ball being against a cylinder wall. The other case analyzed a rotating ball piston.
To solve this situation, an iterative approach was used to determine the quasi-static location of the

ball in the cylinder. The three situations that were considered are shown in Figure 1.12 [10].
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FIGURE 1.12: DIFFERENT PHYSICAL SITUATIONS MODELED BY JAMZADEH [10]

Experimental work was also done by Jamzadeh to validate the models he developed. Figure
1.13 shows the custom built setup that Jamzadeh used to test his models. The setup is comprised of
three main features which are highlighted: a cam ring, a pressurized cylinder, and two ball pistons.
The pressurized cylinder replaces the cylinder block of a typical radial ball piston pump. These
cylinders were stationary and remained pressurized during the entirety of the tests. Jamzadeh
machined four cylinders to different inner diameters which created four diametral clearances when
coupled with the ball pistons: 4.6, 8.0, 9.2, and 12.2 microns. The setup also measured the leakage
during the test runs to experimental validate his model predictions. To validate the rotating ball
model, the cam ring was attached to a dynamometer that would spin the cam ring at a selected
speed and measure the torque. The spinning cam provided the relative motion necessary to rotate
the ball [10].
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FIGURE 1.13: EXPERIMENTAL SETUP USED TO VALIDATE JAMZEDEH'S MODELS
[10]

An important distinction between the experimental setup and an actual ball piston pump is that
the cam ring was not in an eccentric position. Therefore, spinning the cam ring only created ball
piston rotation and not translation. Without eccentricity no changes in pressure occurred within the
cylinder and the cam surface was perfectly normal to the axis of the piston, resulting in no pressure
angle on the ball. Another difference between was that most pumps use a flooded case which could
not be simulated using this setup [10].

The results that Jamzadeh presented showed good agreement — correct trend and relative
magnitude — for the leakage predictions of his model. The model did underpredict the leakage
slightly for the non-rotating ball which was attributed to uncertainty in the temperature of the oil.
As expected, the leakage increased with larger pressure or larger clearance [10].

The study of the rotating ball was more complex, and the predictions were less accurate. The
leakage predictions were underpredicted, but still showed acceptable agreement in magnitude and

trend. Increasing pressure, clearance, or speed resulted in increased leakage. Torque predictions
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were made for the rotating ball and these also showed the correct trend, however, only 50 percent
of the experimental torque was predicted by the model [10].

Jamzadah highlighted several uncertainties and assumptions within his simulation that could
contribute to the inaccurate predictions. First, the isoviscous assumption was likely invalid. The
ball piston moved to an eccentric position within the cylinder during the experiment which resulted
in heat (shear losses) added to the oil that varied spatially. Not only were there different amounts
of heat added to the oil, but the eccentric ball position created unequal fluid volumes. This would
result in viscosity that varied around the ball. The oil temperature would vary with time as well.
The second assumption that was likely invalid was the uniform cylinder expansion. Jamzadeh
assumed that the fluid always remained in the hydrodynamic lubrication regime and ignored any
localized deformation or elastohydrodynamic effects. This was likely an inaccurate assumption
because the ball shifts very close to one wall. The last issue was the alignment between the ball
centerline and the race centerline. If these were not perfectly aligned, there would be a side load on
the ball piston forcing it into one of the walls perpendicular to its direction of rotation. The
misalignment could be extremely small and still create interference because of the micron
clearances [10].

The primary contribution of Jamzadeh’s thesis was his theoretical modeling approach. His
work showed that analytical models could accurately predict losses at the ball-cylinder interface
despite multiple simplifying assumptions. His approach was necessary in 1983 because computers
did not have the computational power to run more complex simulations. Similar models of radial
ball piston pumps have been developed to study the contact stresses, kinematics, and lubrication
characteristics of water as a working fluid [22 — 25]. This modeling strategy, of simplifying the
fluid mechanics to develop analytical solutions, has been adopted for mineral oil [26, 27] with
success and was extended to include more complicated phenomena by this thesis in order to develop
a design optimization framework.

Today, the state-of-the-art approach to simulating the physics around the ball piston is 2D
computational fluid mechanics coupled with FEA for the solid deformation. This strategy is more
accurate but requires longer computation times [28]. Jing et al. from the Beijing Institute of
Technology used this numerical approach to study the lubrication characteristics of pumps by
creating models for the ball-cylinder, ball-cam ring, and pintle-rotor interfaces, as shown in Figure
1.14. Their work was presented in three separate papers with each paper focusing on a different
interface [29 — 31].

17



outer ring Lall-ring pair

ball-cylinder
B pair

/

cylinder
valve pair

cylinder

FIGURE 1.14: MAIN FRICTION INTERFACES WITHIN A BALL PISTON PUMP

The Beijing Institute performed an experimental test of the input torque required by a radial
ball piston pump. The simulation included models for the three interfaces shown in Figure 1.14 and
the results matched the experiments well. There were some discrepancies between the simulation
and experimental torque; however, one challenge of pump level testing is that individual loss
mechanisms cannot be validated. Instead, the total losses are validated, and the hope is that the
individual loss contributions will be approximately correct. This makes it difficult to identify the
root cause of discrepancies between the experiments and the simulation [30].

The Beijing Institute only presented information on modeling the mechanical losses (torque)
which ignores the other major pump loss contributor, leakage. A model of the leakage losses would
have to be built for them to predict the overall efficiency of a given design. The models developed
are a great analysis tool though, allowing the performance of a machine to be understood at different
operating conditions without running experiments. However, the computational complexity which
provides this accuracy also increases the computation time to a point that makes the model

infeasible to use for design optimization.
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1.2.3 Electric Hydraulic Actuators

This thesis also contributes to the progression of high speed hydraulic pumps, which today is
dominated by Electro-Hydraulic Actuators (EHAS). Typical hydraulic pumps and motors do not
reach speeds above 5,000 rpm, with 3,600 rpm as a common maximum; however, aerospace EHAS
often reach 10,000-20,000 rpm. These speeds are required in aerospace applications because
keeping the overall mass low is critical. Another feature of an EHA that helps keep mass low is
that it is a distributed hydraulic system. Instead of one main pump with hydraulic lines running to
actuators, EHAs are fully self-contained and only need electrical wiring to provide power. This
feature also improves the maintainability of the system because broken EHAs can easily be
swapped out [32]. An EHA is shown in Figure 1.15 and is made up of four major components. An

electric motor, a hydraulic pump, a hydraulic reservoir, and a hydraulic actuator.

Linear Actuator

Electric Motor | /

Hydraulic Pump / ‘

and Reservoir

FIGURE 1.15: EXAMPLE EHA [33]
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The electric motor is connected via a shaft to the hydraulic pump, which creates the flow
required to control the actuator. This design has the advantage of using pre-existing modular
components, but redundancies arise because of the two shafts. A review of EHAs for aerospace
applications was done by Chao et al. [32] who explored the main difficulties when pushing
hydraulic units to high speeds. The primary challenges discussed for EHAs were cavitation, flow
and pressure ripples, tilting of the rotating group, and excessive temperatures [32]. Fortunately for
the HECM, the tilting of the rotating group is not an issue because of the decision to use a radial
piston architecture instead of an axial one. Also, the excessive temperature and heat generation is
a concern in EHAs because of their self-contained nature. The HECM is part of a larger hydraulic
system allowing conventional cooling techniques to be utilized.

However, the other issues, cavitation, flow ripples, and pressure ripples, do need to be
considered. Cavitation is when the localized pressure of the oil drops below the vapor pressure
resulting in small bubbles forming within the oil. When the pressure increases again, the bubbles
collapse (burst) and release enough energy to damage surfaces within the pump. This damage
reduces the life and efficiency of the pump [34]. The HECM architecture always operates between
pressurized rails that are above atmospheric pressure, eliminating cavitation concerns [35 — 39].

The other issue with high speed operation is the pressure and flow ripple which tends to
increase with speed [40 — 43]. It has been found that reverse flow is the largest contributor to the
dynamic flow and pressure ripples [44 — 46]. Fortunately, good valve timing can reduce or even
eliminate this phenomenon [32]. Therefore, optimizing the valve timing is considered the best
method for reducing both the pressure and flow ripples. This is the approach that will be taken

within this thesis.

1.3 Overview

This thesis is concerned with the design of an integrated hydraulic-electric machine that is
compact and efficient. It focuses on the development, validation, and utilization of a radial ball
piston pump/motor model. The model will be designed to be both fast and accurate. Experimental
tests were performed to validate the model and ensure confidence in its results. The validated model
was then utilized in a design optimization framework to develop a four quadrant radial ball piston
unit capable of high speed operation.

Chapter 2 deals with the development of a radial ball piston model. It focuses on determining
the losses and efficiency of the unit at different operating conditions. The model begins by

determining the pressure dynamics within the cylinder which allows the valve timing to be

20



evaluated. This information provides a baseline for the efficiency of the unit before mechanical and
volumetric losses at the interfaces are included. The thesis presents detailed models for the ball-
cylinder and pintle-rotor interfaces. As mentioned previously, the model is used for design
optimization and therefore needs to be relatively fast and accurate. The computational speed
constraint drove the decision to use an approach similar to the one used by Jamzadeh (Section
1.2.2), but the accuracy constraint led to the use of empirical elastohydrodynamic lubrication (EHL)
relationships for the ball-cylinder pair. The pintle-rotor interface utilizes journal bearing theory
which was adapted from Hamrock [47]. The interface losses are then incorporated into an efficiency
prediction for both pumping and motoring operating cases.

Chapter 3 presents experimental work that was done to validate the model. The chapter
describes the Eaton radial ball piston pump that was tested. Several experimental circuits are
presented and their use in the validation process is explained. Sensitivity studies are used to show
the impact of different physical parameters on the simulation results. Experimental data is then
shown alongside simulation data to establish the accuracy of the model.

Chapter 4 considers the optimization of the radial ball piston pump. The chapter presents a
simplified model and explains why that model is used to optimize the size of the machine. A genetic
algorithm framework lays out the optimization parameters and the geometric constraints that are
considered to ensure a valid geometry. Next, the objective function is defined along with a
description of the process used to select the operating conditions. The chapter then describes the
one-dimensional optimization that is used to determine the clearance between the ball and cylinder.
Lastly, the results of the optimization are shown, and the finalized design is analyzed to demonstrate
the overall hydraulic machine performance.

The final chapter gives a summary of the presented model, validation, and optimization results.
It discusses the implications of this work and the value it creates. Finally, it concludes by suggesting

future work and further areas of study.
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2 Radial Ball Piston Model

2.1 Introduction

The desire to electrify hydraulics has necessitated the need for a compact, energy efficient
hydraulic pump/motor unit that can operate in four quadrants. As discussed in Section 1.1, the
radial ball piston design was selected as the most promising architecture given its application within
the Hybrid Hydraulic Electric Architecture (HHEA). Unfortunately, there has been limited work
on radial ball piston units in academia and no information exists for designing one for high speed
applications. In order to generate a design that meets all the operating requirements, an optimization
framework is needed. Utilizing models for design optimizations requires a tradeoff between
computational speed and accuracy. Speed is required because thousands of designs need to be
analyzed, and the knowledge gained from previous simulations needs to be leveraged to
continuously improve performance. Perfect accuracy is not required, but the model needs to predict
the correct trends and relative losses to drive the optimization in the correct direction. The following

chapter presents a radial ball piston model that accomplishes these goals.

2.1.1 Literature Review

Research in hydraulic pump modeling has been revolutionized by the development of modern
computers. Many complicated and interconnected phenomena occur within hydraulic units,
particularly at sealing surfaces where an understanding of tribology is required. Today, numerical
techniques are often used to predict the behavior at these critical interfaces [29 — 31, 47]. This
method makes few simplifying assumptions, resulting in extremely accurate predictions. However,
the lack of assumptions creates a slow model that is not capable of performing design optimization.
A high degree of accuracy can be maintained, and the computation speed improved by selecting
realistic assumptions; this was the approach used in early tribology work done throughout the 1970s
[47] and in the work by Jamzedeh on the radial ball piston pump in 1983 [10]. This is the approach
utilized within this chapter.

The fluid mechanics at hydraulic pump interfaces fit within lubrication theory and are therefore
governed by Reynold’s equation [47]. Reynold’s equation applies the conservation of mass and
momentum to fluid volumes where pressure and viscous forces dominate. This occurs in lubrication
theory, which is when the length scale of one dimension is significantly smaller than the others.
For the radial ball piston unit, the ball-cylinder and pintle-rotor interfaces both meet the criteria

since the clearance length scale (microns) is dwarfed by the size of the ball and rotor (centimeters).
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Even though the Reynold’s equation simplifies fluid flow by ignoring inertial effects, it is still too
complicated in most situations to be solved analytically without further assumptions.

The ball-cylinder interface model makes several assumptions to make an analytical solution
possible. This was an approach originally proposed by Jamzedeh [10] which has been expanded
upon within this thesis to included more complicated behavior. These assumptions are described
within the modeling section of the chapter; however, the model assumptions are only valid when
the ball is within the hydrodynamic lubrication regime, which is characterized by a full fluid film
between the two surfaces and moderate (megapascal) localized pressures. During certain operating
conditions, the ball piston is forced into the cylinder wall and hydrodynamic lubrication transitions
into the elastohydrodynamic lubrication (EHL) regime. EHL is characterized by gigapascal
localized pressures that deform the solids and increase viscosity. The EHL effects are accounted
for using piezo-viscous relationships and empirical models as proposed by Hamrock [47].

The pintle-rotor interface does not transition into the EHL regime at the pressures and speeds
analyzed throughout this thesis. The pintle acts as a journal bearing for the rotor block making
journal bearing theory applicable [47]. All the assumptions used by Hamrock to simplify the fluid
mechanics and develop an analytical expression are still valid for the pintle-rotor interface;
however, the pintle contains pressure ports which complicates the selection of boundary conditions
within the model.

2.1.2 Overview

The chapter begins by describing the cylinder pressure dynamics and the approach used to
determine the valve timing. After this, the losses at the pintle-rotor and ball-cylinder interface are
considered. The forces acting on the rotor block are considered and the journal bearing behavior of
the pintle is analyzed quasi-statically. A simple heat transfer model is also developed to account
for the impact of temperature on the viscosity, thus improving the leakage and shear predictions.
The ball-cylinder model describes the geometry, kinematics, and dynamics of the ball before a
detailed breakdown of the fluid mechanics is presented. The heat transfer model is applied to the
new geometry to improve predictions. An empirical EHL model is then presented to account for
the limitations of the original fluid mechanic assumptions. The chapter concludes by highlighting

interesting model predictions and analyzing various results.
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2.2 Methods

The radial ball piston model is broken down into three main sections: pressure dynamics, ball-
cylinder interface, and pintle-rotor interface. Figure 2.1 shows each section within the architecture.
These pieces account for most of the losses within the hydraulic unit. The figure includes two losses
that are not included within the model, the ball-cam interface and churning losses. The ball-cam
interface does not need to be modeled because it is assumed that the ball always rolls on the cam

ring. The churning losses were determined experimentally, creating an empirical model.
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FIGURE 2.1: RADIAL BALL PISTON ARCHITECTURE OVERVIEW

2.2.1 Pressure Dynamics
The cylinder volume being analyzed is dependent on the position of the piston, which is
approximately a sinusoidal profile due to the eccentric cam ring. Referring to Figure 2.1, the

rotation angle of a cylinder, 6., is zero at bottom dead center (BDC) and rotates counterclockwise
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to top dead center (TDC) at 6., equals = radians. The ball position is shown at these two rotation

angles in Figure 2.2; the figure also defines the dead volume, V.4, Which is the unswept fluid

volume within the cylinder.

Bottom Dead Center (6., = 0)

Top Dead Center (8., = m)

Zp Zp

epump Xp Xb

Vdead HT;

FIGURE 2.2: CYLINDER POSITION AND GEOMETRY

Using the geometry and local reference frame of Figure 2.2, the kinematics of the ball piston
can be described.

Zp = €pyump COS Ocyy (2.1)
Zp = ~epumpWpump SiN ey (2.2)

where z,;; is the position of the ball and z,,,; is the velocity of the ball. Knowledge of the

piston position allows the volume to be determine for any pump angle, eg. (2.3).

Veyr = g (epump + €pump €05 Ocyt) + Vaeaa (2.3)

where 1y, is the radius of the ball piston. Equation (2.4) gives the change in volume with respect
to time.

dVC}'l chyl dgcyl )
dt  db., dt = —TU7 €pump Wpump SIN Oyt (2.4)
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The definition of bulk modulus is used to calculate the change in cylinder pressure, eq. (2.5).

dpcyl= ﬁ
dt Ve

dv,
(QA + 0B — dtﬂ) (2.5)

where S is the bulk modulus, and @, and Qg are the flowrates from ports A and B to the
cylinder. Any leakage into or out of the cylinder will impact the pressure dynamics, but this effect
is minimal, and the losses can be captured accurately through post processing. The bulk modulus
of the fluid is a function of pressure with the relationship determined using eq. (2.6) [11]. This
model considers the amount of entrained air in the oil and the subsequent impact on the

compressibility.
1 »
R+ (ﬂ + 1)7/ e Po
Do
B =B, R B 1 v (2-6)
n o) ﬂ Y “Bo
1y o+ o +(po +1)" o]

where S, is the bulk modulus at atmospheric pressure, R is the percent of entrained air within
the fluid, p is the cylinder pressure, p, is the atmospheric pressure, and y is the ratio of specific

heats for air. The flow rates Q4 and Q are modeled using the orifice equation.

_ 2

Qa = sign(pa — Pey1) * CaAa /;(pA — pcyl)| 2.7)
_ 2

Qp = sign(ps — Pey1) * CaAp ;(pB - pcyl)| (2.8)

where A4 and Ap are the orifice areas for port A and B respectfully, C; is the coefficient of
discharge, and p is the density of the oil. The orifice areas are functions of the rotation angle, and
the area profile for an entire rotation is referred to as the valve timing. The valve timing is
considered a critical design feature for hydraulic pumps/motors. Figure 2.3 is a cross section view
of the pintle and the two machined ports. The angles 6, , 6, , 85 , and 65_are the opening and
closing angles for ports A and B as measured from bottom dead center (BDC). The angle 6.,

measures the rotational position of the cylinder valve being considered.
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FIGURE 2.3: PINTLE GEOMETRY AND VALVE TIMING ANGLES

The pintle geometry and valve timing can also be viewed by unwrapping the pintle into a
rectangle as shown in Figure 2.4. A single cylinder is shown for simplicity and because the pressure
dynamics are analyzed once, but in reality, the total number of pistons would be evenly spaced
across the unwrapped pintle. Port ramps are shown in Figure 2.4 at the end of each rectangular port,
these create a more gradual transition near top and bottom dead center®. The counterclockwise

% Valve timings can also include silencing grooves (small slits) at the ends of the ports to improve transitions.
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rotation of the pump corresponds to the cylinder valve moving left to right across the unwrapped

pintle. As the valve moves, its circular cross section overlaps with ports A and B by varying

amounts.
BDC Ocyi
-_f_'
: Bramp
1 11 H
1 H
i 1(PortA) : E (Port B)
Wi i !
i 1 Wport .
1 1 ~
I A ¥ A A [ A
i PR 1
: S (Cylinder) H
| HAD (rb?"amp QAC By i JP QBC
: ;
i i
o = o e e e e e e e e e e e e  — m——————— -

FIGURE 2.4: GEOMETRIC FEATURES OF UNWRAPPED PINTLE FOR VALVE TIMING

The area profile can be calculated using analytical integrals that describe the intersection of the
valve’s circular cross section with the ports of the pintle. The total valve area is broken into three
components: opening port ramp, main port, and closing port ramp. The equations that describe
these intersecting areas are defined in Appendix B. An example valve timing (area profile) is shown

in Figure 2.5 with the intersection area of the port ramps and main port separated.
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FIGURE 2.5: VALVE ORIFICE AREA

2.2.2 Pintle-Rotor Interface

The pintle not only determines the valve timing as discussed in the previous section, but it also
acts as a journal bearing for the rotor. The interface has a complicated pressure distribution acting
between the surfaces that creates an unbalanced force on the rotor. A piece-wise pressure
distribution is established to predict the dynamics and journal bearing theory is used to determine
the rotor’s eccentricity around the pintle. Knowing the eccentricity allows the leakage and shearing
losses to be accurately calculated at the interface. This modeling section begins by approximating
the rotor expansion, so the clearance is known. The static pressure distributions are analyzed to
determine the net force on the rotor, and then, a quasi-static journal bearing approach is used to
calculate the eccentricity. Finally, the losses at the interface are found, and the model used to predict

the change in oil temperature is presented.

2.2.2.1 Pintle Expansion

The expansion of the inside radius of the rotor can be described using a thick walled pressure
vessel assumption. This expansion is critical to the rest of the pintle-rotor analysis since the
clearance impacts the fluid mechanics, dynamics, kinematics, and heat transfer. Figure 2.6 shows

the pressure distribution acting on the rotor block. To simplify the calculations, the piston bores are
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ignored, and the rotor is treated as a solid ring. This will underpredict the expansion, but the model
is still considered acceptable.

FIGURE 2.6: PRESSURE DISTRIBUTION ACTING ON THE ROTOR BLOCK

The governing equation for the change in radius of a thick walled pressure vessel with only
internal pressure is defined in eq. (2.9).
_ R} (1 —v)p; + (1 +v)p;RR,

AR
E(REO - R?i)

(2.9)

where p; is the average pressure at the internal radius, E is the elastic modulus, and v is
Poisson’s ratio. Simplifying the expression yields eq. (2.10).
_ PiRri (R% — REv + RZ, + RZ,v)

AR
E Rrgo - Rrgi
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Ry R?, + R%
AR =Py o T (2.10)

E RTO - er

The clearance between the pintle and rotor is then calculated.
H, = (R, + AR) — R, (2.11)

2.2.2.2  Rotor Dynamics — Cylinder Pressures

As shown in Figure 2.6, the cylinders, port A, and port B apply pressure to the rotor block. The
force created by these distributions is unbalanced and shifts the rotor into an eccentric position
around the pintle, changing the gap height between the two features. The eccentricity coupled with
the relative motion between the two surfaces causes the pintle to behave like a journal bearing and
support the resultant load. Figure 2.7 depicts this situation. Note that the clearance is greatly
exaggerated.
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FIGURE 2.7: PINTLE-ROTOR INTERFACE GEOMETRY AND COORDINATES

The pressure found for a single cylinder is shifted based on the number of pistons allowing the

dynamics of the rotor block to be analyzed. Each cylinder applies force into the rotor, and the net
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force in the x% and z directions is given by eq. (2.12) and (2.13)*. As seen in Figure 2.7, x? is

perpendicular and z? is parallel to the line through BDC and TDC respectfully.

0 2 :” 2 }
c)g/l = -1 Ty (pcyll- - pcase) Sin ecyli (2-12)
1=

0 n 2
cZyl = z L Ty (pcyll- - pcase) cos ecyli (2.13)
iz

where n is the number of ball pistons, p.,,;, is the pressure in the i" cylinder, and Hcyli is the

angle of the i*" cylinder from BDC.

2.2.2.3 Rotor Dynamics — Piecewise Pressure Distribution

To calculate the resultant force acting on the rotor, a piecewise solution to the pressure
distribution between the pintle and the rotor is developed. Figure 2.8 shows the pintle geometry
used for the force balance calculations and the name for the pressure distribution in each region of
the interface. Note that the geometry of the valve timing has been simplified. The relative motion
between the pintle and rotor for counterclockwise rotor rotation is also shown in the figure and

defined by eq. (2.14). The pressure distributions are assumed to be symmetric about the midline of
the pintle, 1/2 W,.;, and the pressure above and below W,; is P.,¢.. Another assumption is that the

pressure distribution resulting from the rotation of the rotor can be decoupled from the distribution
caused by the pressure sources at port A and B. Because the pressure sources are static, the net

force produced by them will be independent of time.
Urotor = RpWpump (2.14)

4 Physically, the area of the rotor that the cylinder pressures act on is n(rr? — wr2) and the area of the rotor
that the pintle pressure acts is 2nR,W,; — nmr,?, see Figure 2.6 - Figure 2.8 for geometric definitions. The
pressures acting on the valve cross sections, nmr,2, are equal and opposite, thus canceling each other.
Therefore, in the model, mr is the area for the cylinder pressures and 2R, W, is the area at the inside of
the rotor.
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Legend: Piecewise Pressure Distribution

[ ] Constant Short Width Journal Bearing Couette-Poiseuille

! 2mR,, '

FIGURE 2.8: PINTLE-ROTOR INTERFACE PRESSURE DISTRIBUTIONS

2.2.2.4 Rotor Dynamics — Couette Poiseuille Distribution

The constant pressures at port A and B are given as p, and pg respectively. The pressure
distribution occurring between port A and B assumes a Couette-Poiseuille flow profile. This
implies unidirectional flow with a pressure differential and relative velocity acting in one
dimension. Under these assumptions, the Navier-Stokes equation reduces to eg. (2.15) and the

pressure distribution is given by eq. (2.16) and (2.17).

d’u 1 dp (2.15)
dz?  uR,do '
Pa — P
_p(@)=———(60—-106

Pa-p(6) %6_9%( 4.) + Da (2.16)
Pp — DPa

_400) = 0—065 )+

pp-4(0) 936—(9A0+27T)( BC) (4] (2.17)

2.2.2.5 Rotor Dynamics — Short Width Journal Bearing Distribution

The next pressure distribution analyzed is outside of the ports where the short width journal
bearing assumptions are applied. The geometry for these regions uses the coordinates defined in
Figure 2.7 and Figure 2.8. In Figure 2.7, the line of centers goes through the center of the pintle
and the center of the rotor, and ¢ is defined as positive in the direction of rotation. The difference

between the pintle and rotor radii has been greatly exaggerated with the actual radial clearance is
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in the micron range. From these figures, several variables are defined. Cylindrical to cartesian

position.
x? =R,¢ (2.18)
The nominal radial clearance.
H, = (R, +AR) —R, (2.19)
The eccentricity ratio.
€= €pintle 29
- Hp ( . 0)
The gap height at any point.
He = Hy(1 + ecos¢) (2.21)

The governing equation for the short width journal bearing starts with Reynold’s Equation,
then, using a series of assumptions, Hamrock [47] arrives at eq. (2.22) for a steadily loaded short
width journal bearing.

0H,

9 9
2 (Hg —p) = 6Ly = (2.22)
ay?\"“ ay® d¢p

Integrating the equation twice with respect to y? yields eq. (2.23).

3uw J0H, 2 (C;
Py =—— 5oy + G (223)
€

H? 0¢
where C; and C, are constants of integration. Notice that this integration only works if the rotor
is aligned parallel to the pintle so that H, is not a function of y?. The boundary conditions p = p,
at y¥ =0 and p =p.g. at ¥ = 8, are selected, where p, is the piecewise function defined

in eq. (2.24).
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( Da 04, <0 <0,

Pa — DB
6—6
GAC - 930 ( AC) * pA QAC < 9 < 930
Po(0) = A s 0p, <6 < 0p, (2.24)
Pp — DPa
60—05 )+
05, — (64, + 27r)( ) s 05, <0 < (64, +27)

Notice that 8 is used instead of ¢ in the definition of p, because the line of centers is not
known, and it is assumed that the static pressure distributions do not depend on the eccentricity.

Applying the boundary conditions to eq. (2.23) allows the constants of integration to be determined.

0H, H3(p, —
c, = _3#5pwpump a(; _ e(po(S Pcase)
14

(2.25)

C, =p, (2.26)

Substituting these into the expressions yields the short-width journal bearing pressure

distribution.

BUWpump OHe [ 2 o v\ v
p(¢,y9) =——=——= (¥ =6y’ )+ |(1—F— |+ P (2.27)
HE3 a¢ ( 14 ) o 6p 6p case

2.2.2.6  Rotor Dynamics — Static Pressure Distributions
Now that the pressure distributions between the pintle and the rotor are defined, the net radial
force from the static pressure distributions is determined. The forces produced by the pressure ports

are given in eq. (2.28) and (2.29).

Om,

Fgcfrtm = —PmHportRp f sin 6 do (2.28)
0 Ome

szortm = pmeOTtRp f sin 6 d6 (2.29)

where m denotes the port of interest, A or B. The force generated by the static portion of the
short-width journal bearing distribution, eq. (2.27), is defined in eq. (2.30) and (2.32), simplifying

the expressions leads to eq. (2.31) and (2.33).
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X component:

o 8p r2m ye ye
e =-2 f f [po <1 — —) + —pcase] R, sin6 dody® (2.30)
o Jo 617 519
6_
0 27T y92 yez y7=6p
ijf) = _ZRP f pO O + _pcase Sln9 d9
0 26, 26, o
yf=0
21
6 .
Fpgf) = _61)Rp f (Po — Pease) Sin6 do (2.31)
0
Z component:
8p r2m 2] 2]
L =2 f f [po <1 - ?—) + g—pcase] R, cos 6 d9dy® (2.32)
o o p p
6_
0 21 y92 yez y _5p
FpZo = ZRPf Po ( o — X) + ﬁpcase cos 6 do
0 14 14 y9=0
6 2w
Ey =8pRp |  (Po — Pcase) cos 6 d6 (2.33)

0

Solving the integrals in eq. (2.31) and (2.33) requires accounting for the piece-wise nature of

Do, €xpanding the integrals.

6

02,
pro = _SPRP f (P4 — Dcase) Sin B dO

04,

0B, _
+ f ( Pa—Pe (9 - HAC) +Ppa— pcase) sin6 do
) 04, — OB

(2.34)

+ f (P — Pcase) SIn 6 dO
0p

o

27T+9A0 pB _ pA
* 0 —0p,)+pp— sin 0 d6
'LBC <QBC - (9,40 + ZTT) ( BC) Ps pcase> ]
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04
6 c
szo = 6PRP f (pA - pcase) cos 6 d6
%]

Ao

0B, _
+ f (M (9 - 9Ac) +p4— pcase> cos6do
04, \Oa.— 05,

(2.35)
OB,
+ f (pB - pcase) cos 6 do
7]

Bo

2TL'+9AO pB _ pA
* 0 -0, )+pp— cos 0 do
LBC <QBC - (QAO + 27T) ( BC) Ps pcase) ]

Solving the integrals in eq. (2.34) and (2.35) for the constant pressures (ports) is
straightforward. When transitioning between the ports, p, is a linear distribution, and it can be
written generally as p, = a(6 — y) + B between 6, and 6,, where «, y, and 8 are constants. The
sine and cosine integrals are evaluated according to eq. (2.36) and (2.37) respectfully.

92 9
f [a(@ —y) + B]sinfdb = [Bcosf —a(ycosB + sinf — 6 cos )] 92 (2.36)
1

61

92 6
f [a(@ —y) + B]lcosOdB = [Bsinf + a(cosB + Osinf — y sin6)] 92
6

1 1

(2.37)

The forces from the Couette-Poiseuille regions are given in eq. (2.38) - (2.41). These have the
same linear pressure distributions as the short-width journal bearing and can be solved using the

previously defined integrals.

0B, _
FE%5 = —HoonR,, f <% (6-0,)+ pA> sin6 do (2.38)
GAC AC By
40 %80 ( s — pg
FZlp = HporRy R (6 —64,) +pa|cos6 do (2.39)
9AC AC BO

X — g R -[ZTHHAO( Ps — Pa (6—-65)+p >Sin9d9 (2.40)
B-A porti‘p GBC QBC _ (9,40 + 277.') B¢ B .
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27T+9A0 ( Pp —

_ (QA n 2”) (6 —05,) + p3> cosfdf  (2.41)

6
Fg_4 = HportRpf

0B,

Once the forces from the static pressures are known, eq. (2.42) and (2.43) calculate the net
force on the rotor caused by the static pressure distributions between the pintle and rotor. Equations
(2.44) and (2.45) give the magnitude, Fg, and direction, @y, of the net radial force generated by the

static pressure sources and the pumping cylinders.

6 6

Jmne = é‘om + portB + Fx + FA BT FB A (2.42)
pziiltle = szoertA + FpZortB + Fpig + FAZE)B + Flng (2.43)
Fr = \/(chgzgl ngitle) —(F& - Fgg@tle)z (2.44)
®p = tan™ (M) (2.45)

F& = Feintie

2.2.2.7 Rotor Dynamics — Journal Bearing Eccentricity
A quasi-static assumption is used, implying that the resultant force, Fg, is balanced by the
change in eccentricity of the rotor and the pressure that this creates. The eccentricity dependent

pressure force is a subset of eq. (2.27) and is explicitly stated in eq. (2.46).

3uw JH,
pe(®.¥%) —% 5 £ (v - 6,5°) (2.46)

Using the definition of H, from eq. (2.21), taking its derivative, and substituting.

2 .
— 3.uwpump6(5py9 - ye ) [ Sln¢ ] (247)
Pe Hj (1 + ecos )3

A Half-Sommerfeld condition is assumed which means eg. (2.47) applies for 0 < ¢ < m and
pe =0 for m < ¢ < 2m. This condition removes the unrealistic negative pressure from the

distribution that would arise in a Full-Sommerfeld solution, but this is at the expense of mass
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conservation. In this analytical model, the Half-Sommerfeld was considered the best tradeoff
between increasing complexity and accuracy. This problem is well documented in Hamrock [47].
Using the technique presented by Hamrock [47], the load components the bearing supports

parallel, wZ, and perpendicular, w*, to the line of centers are calculated according to eq. (2.48) -
(2.51).

Sp

Vi
= 2]] PeR, sing dy?d¢ (2.48)
00
x :“RP‘SS“’ZP“W = (2.49)
2H 2
p (1 — 62)2
A 617
w? = —fo PeR, cos ¢ dydep (2.50)
00
ZMR 5 w
z pump
w [(1 —y ] (2.51)

Now that the perpendicular and parallel load carrying capacity of the eccentric rotor is known,
the total load carrying capacity can be calculated.

R,83w
wg = /(W92 + (W22 = Hip Zszpump( 2)2\/1662 + 12 (1 —€?) (2.52)
p

Because it is assumed that wg = Fjy, the eccentricity is the only unknown. Therefore, eq. (2.52)
can be rearranged as a polynomial of €.

6A + 1% — 16 4\ + 12

8 _ 4¢6 4 _ 241=0 2.53
€ €’ + A € n €°+ ( )
2FRrH3 2
where A = (3—1”)
HRp Sy @pump

The roots of € can be found numerically, and then, keeping only the non-imaginary root
between zero and one provides the physically significant eccentricity ratio. Once the eccentricity

ratio is known, the only other parameter that needs to be determined is the attitude angle, @4, which
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is the angle the force vector needs to be rotated in the direction of motion to reach the line of centers.
Its value is given by eq. (2.54) and its geometric relationship to the other forces is shown in Figure
2.9.

w* 17r\/1—€2

than

@, =tan"?! (2.54)

4e

FIGURE 2.9: ECCENTRIC ROTOR GEOMETRY AND FORCE COMPONENTS

From Figure 2.9, the relationship between 6 and ¢ can be written according to eq. (2.55).

9¢ = (pcyl + T+ d)A (255)

With this relationship, the gap height can be written in terms of 6.
HS = Hp[l + e cos(6 — 94,)] (2.56)
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2.2.2.8 Pintle-Rotor Losses

Now that the gap height is known in terms of 0, the leakage and shear at the pintle-rotor
interface can be calculated. From Navier-Stokes, the equations for the leakage and shear in the 6
and y? directions per unit width are given according to eq. (2.57) - (2.60).
(HE)® Op  HERywpump

1= "12uR, 00 2 (2.57)
Gy =~ fgﬁi% (2.58)

Tg = — szp Z—Z +u U;;;‘” (2.59)

T, = —%gg—z (2.60)

It is assumed that no losses occur at the constant pressure ports because leakage does not apply
within the port and the gap height is considered infinite implying there is no shear. The losses from
the Couette-Poiseuille are only in the 8 direction with leakage and shear occurring between the
ports. Lastly, the short-width journal bearing region experiences leakage in the y? direction and
torque in the @ direction from shear. These integrals are solved for each region numerically in each

timestep.

2.2.2.9 Pintle-Rotor Interface Heat Transfer

An important physical parameter when calculating the losses between the pintle and rotor is
the viscosity which is temperature dependent. Therefore, a heat transfer model was built to predict
the temperature of the oil in the thin gap between the pintle and rotor. The general geometry and

control volume boundary are shown in Figure 2.10.
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FIGURE 2.10: CONTROL VOLUME DEFINITION FOR HEAT TRANSFER AT THE
PINTLE-ROTOR INTERFACE

The model is formed from the first law of thermodynamics where the change in energy in the
control volume (E,) is equal to the change in incoming energy minus the change in outgoing

energy (Ein - Eout)-

dE . .
d;v = Ein — Eout (2.61)

Also from the first law of thermodynamics, E;,, and E,,,; can be rewritten.

E.y — T N 1 N KE 4 PE
= my, | c — —
dt w in \ Cplbuik pruzk T | g,
KE PE (2.62)
+

- mout CpTout + —Pout T B
P out Mout

The assumptions are made that there is no significant change in kinetic or potential energy, that
the outgoing pressure is case, and that the fluid is incompressible in the thin gap. This last
assumption implies that m;,, = m,,; = m. Using these assumptions, eq. (2.62) simplifies to eq.
(2.63).

ECU

dt

1
= Tw+m Cp (Touik — Toue) + ; (Pbuik — Pcase) (2.63)
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The energy in the gap is described according to the first law of thermodynamics.

EC‘I] = mchpch + I/C‘VpC‘U + KEC‘I] + PECU (264)

where m_,, is the mass, V,, is the volume, p,,, is the mean pressure, KE_,, is the kinetic energy,

and PE_,, is the potential energy. Taking the derivative.

dEcy _ d(mchpch) + d(VeyPev) + d(KE) + d(PE) (2.65)
dt dt dt dt dt
dEC‘I] dmcv dTCU d]/cv deU
2t = o [Teo g mer g P G Vg (259

Plugging eq. (2.66) into eq. (2.63) and solving for the time derivative of temperature yields eq.
(2.68).

dm dT, dav. dp,
T o U B S

1 (2.67)

aT,, 1 ) 1 v,

dt = CpMey Tw +m p (Tpuik — Tout) + E (Poutk — Pease) | — Pev 7
(2.68)

dp dm
- ch d;‘v Cpch dtcv]

Equation (2.68) applies to any control volume where there is no heat generation, no significant
change in kinetic or potential energy, and the inlet and outlet flow rates are equal. The following
assumptions are made to apply the equation to the pintle-rotor interface.

1. There is one control volume that uses average properties. This is effectively assuming
the rotation of the rotor thoroughly mixes the oil.

2. The top and bottom of the control volume seen in Figure 2.10 are symmetric.

3. Torque and leakage between ports is not considered in the heat transfer model. Ports
A & B are considered temperature sources of sufficient thermal mass to maintain a

constant temperature, Ty, k-
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The variables in eq. (2.68) are defined as follows. First, the torque can be found according to

ed. (2.59) and (2.60). The mass flow rate is from the center of the pintle to the case.
m = pQieak (2.69)

where Q;.4« is found according to eq. (2.58). The volume and mass of the fluid within the
control volume are given by eq. (2.70) and (2.71) respectfully.
Vop = 28,mt(R% — R3) (2.70)

Mey = PV (2.71)

The volume does not change with time, so the derivatives of eq. (2.70) and (2.71) are both zero.
Next, a linear temperature distribution is assumed through the control volume in the direction of
leakage. This means that the temperature out of the control volume can be written in terms of the

temperature in the control volume.

1
Tey = E (Tout + Touik) = Tout = 2Ty — Tpuik (2'72)

The pressure in the control volume, p.,,, can be found numerically by averaging the pressure
distribution given in eq. (2.27). The derivative of the control volume pressure with respect to time,
d(psy)/dt is found numerically. Lastly, the bulk pressure, ppuk. 1S found using the weighted
average of the pressure ports and the Couette-Poiseuille pressure distributions.

These variable definitions are applied within each timestep of the simulation. The differential
equation, (2.68), is solved by assuming an initial temperature and numerically integrating through
time. This temperature is then used to calculate the fluid viscosity before the rotor position is found
using the method presented in Sections 2.2.2.2 - 2.2.2.7. The full procedure for analyzing the pintle-

rotor interface is presented in Figure 2.11.

45



pcy!(‘g)

Port Pressures and

Geometry
l !
Calculate F;y,;(6) Calculate constants
and ngl(g) ngntle and Fﬁintle
»  Fr(0)and Pr(0)
!

Cylinder Expansion:
AR

Start Loop (6 = 0)

}

Y

Calculate €

F

h 4

Get CI}A

3

k.

Calculate 64 and H,?

Numerically Integrate
fqydye and [ qpd@

A 4

Numerically Integrate

[ tgdy®ae
Calculate T,,
Calculate u
No: 8 =0 + A0
b = 2m>—0o i

Yes: Continue
Simulation

FIGURE 2.11: PINTLE-ROTOR INTERFACE CODE DIAGRAM
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2.2.3 Ball-Cylinder Interface

The next interface that is modeled is between the ball piston and the cylinder wall. The model
begins by assuming that the pump rotates at a constant speed, and therefore, the ball piston
kinematics can be defined. Next, the dynamics needed to achieve the kinematics are analyzed and
the position of the ball within the cylinder is modeled. The ball position along with the cylinder
expansion model is used to determine the clearance at each point around the ball. After the
clearance is known, the hydrodynamic fluid mechanics model is presented to find the pressure,
shear, and leakage at the ball piston. Next, this information is used within the heat transfer model
to determine the oil temperature. The section concludes by discussing the limitations of the
hydrodynamic lubrication assumption and presenting an empirical elastohydrodynamic model that

is used when the original assumptions are not valid.

2.2.3.1 Ball-Cylinder Interface Kinematics

The geometry of the radial ball unit is defined in Figure 2.12. It shows the pump eccentricity
between the cam ring and rotor block. A single ball piston and cylinder wall are shown for
simplicity. The pressure angle, ¢y, denotes the angle between the normal force and the linear
velocity of the piston; note that the direction of the velocity is towards the center of the rotor, O,
and the normal force direction is towards the center of the cam, O.. From the law of sines, the

pressure angle is given in eq. (2.73).

e
Ppump = sin~: (—p;mp sin 9) (2.73)
o
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Rotor Block

FIGURE 2.12: BALL PISTON KINEMATICS

To calculate the kinematics of the ball piston, a reference frame needs to be selected. From
Figure 2.12, polar coordinates are used with origin at Og, 6 sets the angular position, and R;, sets
the radial position of the ball piston. Within this reference frame, the angular velocity is constant,

Wpyump- The radial position is found using the law of cosines, eq. (2.74).

RZ = R} + epymp — 2Rpepymp COS O

0 = R — Ry(2epymp c0s 0) + (eymp — R3)

1
Rp = E(Zepump cosf + \/4e§ump cos2 0 — 4(eZump — RS))
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Ry = epymp cos 6 + \/Rg + efymp(cos? 6 — 1) (2.74)

where R, = R.qm — 7p. Next, because a constant angular velocity of wy,,,, is known in

advance, angular kinematics can be used to determine the ball piston acceleration in the r and 6
directions with unit vectors é, and éq respectfully. Equation (2.75) and (2.76) give the known
kinematic relationships for polar coordinates [49].

U =716, +16é, (2.75)

a=(F—r8%)é. + (r +270)éy (2.76)

Using the physical situation shown in Figure 2.12, the expressions (2.77) - (2.81) are known.

0 = Wpump (2.77)
Gd=0 (2.78)

Utilizing the fact that R2 > ez%ump: eq. (2.74) can be simplified.

7 =Ry = R, + epymp COs 0 (2.79)
7 = Rp = —€pympWpumyp Sin 0 (2.80)
i =Ry ~ —€pympWhymp c0S 0 (2.81)

Substituting eq. (2.77) - (2.81) into eq. (2.76).
a = [—epump@aump 050 — (R, + epymp €0S 0)0aymp|ér

) _ R (2.82)
+ [—Zepumpa)pump sin 9]6’9

2.2.3.2 Ball-Cylinder Interface Dynamics

The kinematic analysis is necessary to determine the forces acting on the ball piston; these are

shown in Figure 2.13. The normal force, F acts towards the center of the cam, O., while the
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traction force, Fr, acts perpendicular to the normal. Also shown are the pressure distribution,

p(9, @), and the shear distribution, t(J9, ¢)5.

Pouimp

FIGURE 2.13: BALL PISTON DYNAMICS

The traction force can be found using a moment balance.
XMy, = Frry + B, =0

Fp = —F, (2.83)

59 and ¢ are spherical coordinates that define positions on the ball piston’s surface.
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where F, is the force from the shear distribution. The normal force can be calculated using the

acceleration from eq. (2.82) in the r direction, Newton’s second law gives eq. (2.84).

Fy, = mb(_zepumpwzgump cos — Rowlz)ump) - FpTA — B, — Fr; (2.84)

where F,, is the force from the pressure distribution. Finally, the force balance can be solved in
the 6 direction using the acceleration from eq. (2.82).

mb(—Zepumpwgump sinf + ag) =FEy, + I, + Frg + Fy, (2.85)

where agp is the ball’s acceleration within the cylinder and is the only unknown. Solving for

this acceleration.

1 .
ag = — (Fpg + Fp, + Frg + FN@) + 2€pumpWpymp Sin 6 (2.86)

ag accounts for the fact that the ball can freely move within the cylinder; however, the possible
movement is on the order of magnitude of microns making the constant angular velocity
assumption still valid. The small angular deviation also means that a local reference frame at the
ball piston can be represented in cartesian coordinates. The local reference frame is shown with the
dynamics in Figure 2.14 with z, always in the r direction and x; always in the 6 direction. Note
that the clearance between the ball and the cylinder wall is greatly exaggerated. The ball kinematics

in this local coordinate frame can then be solved, where €hy, defines the ball eccentricity of the ball

during the k" timestep.

&y, = —0g,, (2.87)
ébk = ébk—l + ebkAt (288)

1
ebk = ebk_l + ébkAt + EébkAtz (289)
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FIGURE 2.14: LOCAL BALL PISTON REFERENCE FRAME AND DYNAMICS

The moment and force balances can be solved if the pressure and shear distributions are known.

The following sections walk through the fluid mechanics at the ball-cylinder interface.

2.2.3.3  Cylinder Expansion

First, to calculate the fluid mechanics at the ball-cylinder interface, the clearance between the
ball piston and the cylinder wall must be known. The initial clearance can be measured, but the
pressure during operation will elastically deform the cylinder. Therefore, a rough model of the
cylinder expansion was created to approximate the change in clearance between the two surfaces.

The geometry is shown in Figure 2.15.
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Rotor Block

FIGURE 2.15: BALL-CYLINDER PRESSURE VESSEL GEOMETRY

The expansion was modeled using a thick walled pressure vessel assumption with only internal
pressure. Note that this change in radius and the clearance will be a function of time because the
cylinder pressure changes throughout operation.

Peyie
Ar, = Y

(2.90)

where E is the elastic modulus, and v is Poisson’s ratio. The radial clearance between the parts
is given in eqg. (2.91).
ho =7, +Ar, — 1, (2.91)

The change in radius calculated by eq. (2.90) overpredicts the expansion because %Wm is the

thinnest value of the wall. However, this provides a conservative estimate for the power loss since

the leakage is more sensitive to the clearance than the shear rate.
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2.2.3.4 Ball-Cylinder Interface Fluid Mechanics

Work by Jamzedeh [10] calculated the ball’s eccentric position in the cylinder based on a static
operating pressure and determined the equilibrium position of the ball. Jamzedeh did not consider
the cylinder pressure dynamics or the side load arising from the cam pressure angle. The following
model predicts the fluid mechanics at the ball piston throughout operation. Figure 2.16 and Figure
2.17 show the geometry of the ball-cylinder.

Cam

Wpump

Cylinder Wall

FIGURE 2.16: BALL PISTON X-Z CROSS SECTION
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€p

FIGURE 2.17: BALL PISTON X-Y CROSS SECTION

The clearance is greatly exaggerated in the figures with the actual difference between r;, and .
being in the micron range. Jamzedeh showed that for this geometry the distance between the ball
piston and the cylinder at any location can be found using eq. (2.92) [10].

h=h,+1, —1,sinY — e, cos@ (2.92)

where h, is defined in eq. (2.91). The change in nominal radial clearance, h,, is considered
approximately constant, so the ball eccentricity is the only part of eq. (2.92) that changes with time.

Equation (2.93) gives the time derivative of the gap height.

dh

P —ép, cos @ (2.93)

The extremely thin gap between the ball and cylinder means that lubrication theory is
applicable, and Reynold’s equation governs the fluid mechanics. The full Reynold’s equation can

be written using the cartesian coordinates defined in Figure 2.16 and Figure 2.17.
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A L A T (L A WLy
9z, \ 1210z, ) ) T (2.94)

Using the geometry defined in Figure 2.16 and applying eq. (2.94) to the thin gap (where z;,, =

0), then there is no significant velocity or pressure differential in the y, direction. Applying this
assumption.

0 h3 op

h
E<_HH6_ZI,+ (U1 + UZ)E) +

dh

— = 2.
=0 (2.95)

Converting from Cartesian to spherical coordinates can be done using the following

relationships.

Xp = Tp sind cos @ (2.96)
Yp = 1, Sindd sin @ (2.97)
Zp =1, cos VY (2.98)

Writing Reynold’s equation with spherical coordinates.

-1 0 h® -1 dp
1, sinv 89\ 12ur, sind 09

h\ dh

where 9 is the polar angle and ¢ is the azimuthal angle. Using spherical coordinates, the

tangential velocity at each point on the ball surface can be determined.

Uy = 1,wp+/cos2 9 + sin2 9 cos2 ¢ + epump Wpump SiN B¢y (2.100)

Equation (2.100) is simplified because only the thin gap region is considered.

Up = 1pwp COS @ + €pymp Wpump SIN Oy W =m/2) (2.101)

Rearranging the equations and integrating by 9.
h3 op
12ury, sind 09

Substituting the expression for %, eq. (2.93), and letting C; = 12r,C,.

h dh
+ Ub§+rb cosﬁa =C, (2.102)
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dp usind @ cosdY sind usind

—=0—= PE + 12r2é, cos @ PE — 671y bz

2.103
35 (2.103)

To determine the pressure at each point around the ball, two boundary conditions are needed
so that eq. (2.103) can be integrated:
=0 - P =Dcase
V=m = P=Dcy
u and h both are functions of 9 so integrating the equation is done numerically.

Pcyl
nJ wcosdsind
f dp = le 3 d19+12rbebcos<prd19
Pcase 0 (2104)
usind
— 6TbUb j h—dﬁ

0

The integrals are definite and can be evaluated. Equations (2.105) - (2.108) define their values

to form an expression for the constant C;.

Ap = Peyt — Pease (2.105)

T
wcosd sind
S1 = f—dﬁ

3 (2.106)
0
T
usind
S, = f 7 a9 (2.107)
0
T
usind
Sy = f PERRLE (2.108)
0
2 1
¢, = (Ap — 12r2é, cosp Sy + 6rbub52)5— (2.109)
3

Substituting these equations into eq. (2.103) gives an expression for the change in pressure.
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a_p = —Ap,u sin? — 12r£é, cos psin? (ﬁ - cosﬁ)
99 " S;h3 b COSP T s, ) 110
psind (S, (2110)
+ 6TbUbT<S—3—h)
But9 = m/2 socosd = 0.
dp Apusind usind S; usind (S,
— = — 12176 ——+6 —(——h) 2111
39 E T €p COS P —3 s, + 61, U o \s, ( )

Next, to find the pressure at any point of the ball, integration is done again, but this time from

0 to an arbitrary polar angle, 9.

s { usi 9 ; Jsind {usi 9
usin . pcosd sin usin
f dp = le 3 dy + 12r2é, COS(prdﬁ —6r,U, f Tdﬁ (2.112)
Pcase 0 0 0

Defining the integrals.

9
cosJ sind
Ro= [ R (2.113)
0
9 9
Sin
R, = f MTdﬁ (2.114)
0
9 in o
Sin
R, = f o 5 do (2.115)

The expression for the pressure at any point of the ball is given by eq. (2.116).

R3 2. R; R3
p(9) = Pease + ApS— — 12r5é, cos @ (51 5. Rl) + 61,U) (52 5. R2> (2.116)
3 3 3

Equation (2.116) shows that the pressure distribution contains three separate physical

contributions. A pressure differential term:

R3
Pp ®) = Pcase T ApS_
3
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A normal squeeze term:

2. R3
pn(9) = —=12r5é, cos @ (515_ - Rl)
3

And a velocity, or Couette term:

Ry
pe(®) = 613Uy (S, 52— R
3

Once the pressure distribution is known, the leakage and shear that occur at the ball piston can
be determined. It is assumed that in the gap, there is not significant leakage circumferentially
around the ball so only the polar direction (cylinder to case) is considered. The general expression
for the leakage in the 9 direction is given in eq. (2.117).
h3 op U +U, L

= — 2.117
Qo 12ury, sind 09 2 ( )
Substituting the expression found for dp /9.
_ Bp : S1,UpS,
Qy = 12,5, —1pép cosgoS—3 + 75—3 (2.118)

The same process can be done for the shear distribution on the ball where the general form is
givenineq. (2.119).
h Op U, - U,

Tpau(¥) = " 2ry5in0 39 th— (2.119)

Again, substituting the expression found for dp/d9.
9) = —+ [ B 6rye Sy ay (352 h)] 2.120
Tpau(9) = 2 [2r,S, Th€b C05§053 b 45, (2.120)

The shear on the ball creates a resistive torque acting on the ball piston that must be overcome

to keep the ball from skidding.

2w 0,
Tpau = f J Tpau(®, @) - 1 sind \/cos2 9 + sin2 9 cos? ¢ - sign(cos p)ddde  (2.121)
0 191
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The sign(cos ¢) term is necessary to determine the direction of the torque. A positive Ty,
implies that it is assisting the ball in rotating. The square root term gives the correct distance from
the axis of rotation to the point on the ball surface.

An important note is that the fluid mechanics derivation applies to a given azimuthal angle, ¢,
and that to determine the pressure, shear, and leakage distributions around the ball, each azimuthal

angle must be analyzed.

2.2.3.5 Ball-Cylinder Interface Heat Transfer

Just like the pintle-rotor interface discussed in section 2.2.2.9, the fluid mechanics at the ball-
cylinder interface are highly dependent on the viscosity, which means that a heat transfer model is
necessary to accurately predict the interface behavior. Figure 2.18 shows the general geometry for

the heat transfer model around the ball.

ylinder Wall

1
-

C

FIGURE 2.18: GENERAL BALL CYLINDER HEAT TRASFER CONTROL VOLUME
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The governing equation, (2.122), applies the first law of thermodynamics to a control volume
assuming the kinetic and potential energy are negligible. However, a single control volume can no
longer be selected as the temperature will vary spatially around the ball.

ECU

i Tw + my, (Cprulk + %pbulk> — Moyt (CpTout + %pout) (2.122)
The following assumptions are made to apply the equation to the ball-cylinder interface.
1. No leakage in the azimuthal direction means multiple control volumes are needed to
determine the temperature change circumferentially around the ball, see Figure 2.19.
2. Leakage from cylinder to case implies the fluid is thoroughly mixed for a given
circumferential position allowing the temperature to not vary with changing 9.
3. The movement of the ball piston changes the amount of mass within a control volume;
therefore, the inlet and outlet mass flow rate are not equal.
4. The cylinder and case are considered temperature sources of sufficient thermal mass

to maintain a constant temperature, Ty k-

FIGURE 2.19: EXAMPLE CONTROL VOLUME DISTRIBUTION

The energy in the gap is described according to the first law of thermodynamics.
Ecy = MeyCpTey + Veylew + KEey + PEy (2.123)
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where m,,, is the mass, V,, is the volume, p,,, is the mean pressure, KE_,, is the kinetic energy,
and PE_, is the potential energy. Taking the derivative.
dEy _ d(mevpTey) | dVenPer) | d(KE)  d(PE)

_ (2.124)
dt dt dt dt dt
dECV dmCV dTCU dI/CU de‘U
dcr P [TC” dt T Mey dt ]+pw dt Ve dt (2.125)

Plugging eq. (2.125) into eq. (2.122) and solving for the time derivative of temperature yields
eq. (2.127).

dm dT, dv, dp
olov=gy oMo =gp +Pevge Voo g 0126
. 1 kg .
= Tw +my, (Cprulk + ;pbulk) — Moyt (CpTout + ;pout
dT,, 1 . 1 . 1
dt = Cp ey [Tw +my, (Cprulk + ;pbulk> — Moyt (CpTout + l_)pout) (2 127)

aV, dpcy T dme,
e gy~ Voo gy ol gy

Equation (2.127) is the governing equation for each control volume. The control volumes can
be defined by specifying the bounds in the ¥ and ¢ directions. The polar direction is a single control
volume, but the heat transfer analysis is limited to the thin gap (+m/12 from the minimum gap).

Therefore, the control volume bounds in the polar direction are:

St 7w

== = 2.128
v [12 12 ( )

The control volume bounds in the azimuthal direction are:
Pev = [q’cvl Pcv, Pcv, "'(pC”chH] (2.129)

where
2n(k — 1) )
Pooe =N withk=1..N,, +1 (2.130)
cv

Note that this means ¢¢,,, = 0 and ¢y, = 27
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The variables in eq. (2.127) are defined as follows. The torque in the k" control volume.

Pr+1 92
Tev, = f f Thau(®, @) - 1 sin¥ y/cos? 9 + sin2 Y cos? ¢ - sign(cos p)ddde (2.131)
Pr 91

The volume for the k" control volume.

Pr+1 02
Vew, = f f hsind rfd9de (2.132)
Pk 91
Pk+1 V2
Vew, = f ] (ho + 1, — 1, SinY — e, cos @) sin I r2d9dg (2.133)
Pk 1

Tp
Vew,, = 18 {(@r1 = 91 | (o + 1) (cos 9y — cos ) == (8 — 01)
T,
+ Zb (sin 29, — sin 2191)] (2.134)

— ep(cos9; — cosI,)(sin @y41 — sin gok)}

Once the volume is known the mass of the fluid within the control volume is found according
to eq. (2.135).
Mey, = PVev, (2.139)

Taking the derivative of the control volume with respect to time.

v,
dC:k = —12¢é,(cos9; — cos ;) (sin @y 41 — sin @) (2.136)

Once the time derivative of the volume is known, the change in mass is found.

dmcvk d]/C‘Uk
= 2.137
i P Ta (2.137)

The leakage in the k" control volume needs to be known to determine the inlet and outlet mass

flow rates.

Pr+1
Qcv, = f Qorde (2.138)
Pk
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where Qy is found according to eq. (2.118) from the fluid mechanics. This leakage corresponds
to the flow rate passed the minimum clearance as shown in Figure 2.20. Using the figure, the

expressions for the flow rate in and out of the control volume can be determined.

1dm
ine =55 T Plev (2.139)
1dm
Mout, = PQevye =5 d;”" (2.140)

Moyt

Cylinder

FIGURE 2.20: CONTROL VOLUME MASS FLOW RATES
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Next, a linear temperature distribution is assumed through the control volume in the direction
of leakage. This means that the temperature out of the control volume can be written in terms of
the temperature in the control volume.

Tey, = %(Toutk + Toui) = Tout, = 2Tev, — Thuik (2.141)

The pressure in the control volume, p.,, , can be found numerically by averaging the pressure
distribution given in eq. (2.116). The derivative of the control volume pressure with respect to time,
d(pcy,)/dtis then found numerically. Lastly, the bulk pressure, pp, is simply the cylinder
pressure, pey;.

Once the temperature in the control volume is known, the viscosity can be calculated. Walther’s
equation is used to describe the relationship between the temperature and viscosity.

logyo(log1o(vi +0.7)) = A — Blogy Ty, (2.142)

where v, is the kinematic viscosity in the k" control volume. The dynamic viscosity is

calculated using eq. (2.143).
e = pVi (2.143)

To solve the differential equation presented in eq. (2.127) the integration through time is done

numerically. An initial temperature is assumed, and the cylinder pressure and time data has already

been solved. Figure 2.21 shows the code chart for the ball-cylinder interface.
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Peyi(6) Cylinder and Ball
Geometry

Cylinder Expansion J

Pdist

Start Loop
@ =0, ch,:.r pd:’stﬂ} Teyt
»| Calculate Viscosity
Pdist "

h 4

Fluid Mechanics —

Tdist

T Pdistr Ldist

¥

Ball Dynamics €y, €p

E

¥

Ball Kinematics

€p

k4

Ball Heat Transfer

No: 8 =0 + A0

Yes: Continue
Simulation

FIGURE 2.21: BALL-CYLINDER INTERFACE CODE DIAGRAM
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2.2.3.6  Model Limitations and Elastohydrodynamic Lubrication

The ball-cylinder fluid mechanics presented in the previous section are valid through most of
the simulation, but when the ball becomes too close to the cylinder wall, modifications are required
to maintain a physically realistic situation. The model presented above assumes that the ball is in
the hydrodynamic lubrication regime, but as the ball nears the wall, the physics are described using
elastohydrodynamic lubrication theory, or EHL.

The main feature of EHL is the high localized pressure spikes that occur due to the minimal
clearance between the two surfaces. The localized pressure is very similar to Hertzian contact
pressure that describes dry contacts. It is not uncommon for pressure values to reach the GPa range.
Two important physical phenomena happen due to this pressure spike, localized deformation of the
surfaces and localized increasing of viscosity. The viscosity-pressure (piezo-viscous) relationship
used is given in eq. (2.144):

= p, exp(a,p) (2.144)

where a,, is a coefficient typically in the 15-30 GPa™ range. A representative situation showing
the localized deformation is presented in Figure 2.22 with the gap height to length greatly
exaggerated. In the figure, the dotted lines show the undeformed surfaces of the two solids, which
also are exaggerated to aid in understanding.

67



\\ I
v |
v
v
(1
\l
|
hcent l.
E Load | :‘l
ﬁ I
XEHL
I
i
& Iy hiin
Pcyl

FIGURE 2.22: ELASTOHYDRODYNAMIC LUBRICATION EXAMPLE GEOMETRIC
FEATURES

To rigorously solve an EHL problem requires simultaneously solving the fluid mechanics,
localized deformation, and a load balance. Calculating accurate solutions involves nontrivial
computation time and sufficient knowledge of numerical techniques to succeed. However,

empirical models do exist, and these were leveraged when the model detected that the ball had
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entered the EHL regime. The empirical models as presented by Hamrock and Dowson [47] are
shown in eq. (2.145) and (2.146).

h..;
;un = 3.63U0%68GO4%1/ ~0.073(1 — exp(—0.68k)) (2.145)
X
h
_;;”f = 2.69U%67 G053 ~0067(1 — 0.61 exp(—0.73k)) (2.146)
X

where k is the ellipticity parameter:

0.636
k ~ 1.0339 (—y) (2.147)
Ry
W is the dimensionless load parameter:
FLoad
W = 2.14
U is the dimensionless speed parameter:
HoUop
U=
E'R, (2.149)
G is the dimensionless materials parameter:
G = a,E’ (2.150)

The rest of the variables needed for these definitions are given below. R, and R, are the

effective radii of the interface.
1 1 1 1 1

= & @ —=—

1
+— — (2.151)
Rx Rx1 sz Ry R)ﬁ Ryz

where Ry, is the radius of curvature in the é-direction for surface i. The effective elasticity, E'.

1 1 1—v12+1—v22 5 152
E' 2\ E E, (2.152)

where v; and E; are Poisson’s ratio and the modulus of elasticity for surface i. The mean

velocity at the interface, u,.
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1
U =5 (u; +uy) (2.153)

where u; and u, are the velocities of surfaces 1 and 2 in the x-direction. See Figure 2.22 for
reference. u, is the inlet viscosity. And «a,, is the same value that was used in eq. (2.144). The value
of Fioaq, €d. (2.154), comes from the previous timestep and is a subset of the dynamic equations
presented earlier in eq. (2.85).

Fioaa = Fry + Frg + Fy, +my (2epump @aump Sin6) (2.154)

The empirical models for the minimum and central film thickness provide a physically realistic
limit to the ball position. Now that a limit has been placed on the clearance, that bound needs to be
implemented in the ball position kinematics. Based on the geometry in Figure 2.22, it is seen that
heene @and hy,;, correspond to multiple points between the ball and the cylinder, which is a
characteristic of EHL. In fact, the surfaces within the contact region typically deform in such a way
that the gap height stays relatively constant. Therefore, if the contact region is known, the local
deformation can be considered.

The EHL contact region is approximated using contact mechanics and the Hertzian contact
ellipse. The geometry of the situation is shown in Figure 2.23. The ellipticity parameter from eq.

(2.147) is related to the semi-major axis, a, and semi-minor axis, b, by definition.

k=-— .
. (2.155)

where a is calculated from contact mechanics.

<6k2§FLoadR>1/3
a=\—m—m—7——

nE’ (2.156)
where € is the second elliptic integral.
/2
&= f J1—(1 -k 2)sinydy (2.157)
0
After a is calculated, b is found using the ellipticity parameter.
b=alk (2.158)
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FIGURE 2.23: GEOMETRIC RELATIONSHIP BETWEEN BALL PISTON COORDINATES
AND THE HERTZIAN CONTACT ELLIPSE

Once a and b are known, the process for determining the localized deformation can begin. An
iteration is done over the discretized ball surface to determine if the point is within the contact
ellipse. The inequality in eq. (2.159) will be true for any points within the contact ellipse.

ino si 2 91\ 2
(rbsm ;smqok) _l_(TbCZS 1) <1 (2.159)

The amount of deflection for a point that satisfies the inequality is using eq. (2.160)

hay, = henr — (hot + 1, —1psind; + e, coOs (pk) (2.160)

1

where hgy, = 2 min + %hcent. In actual EHL, the surface deflection is not one value, so the

coefficients of 1/4 and 3/4 were selected arbitrarily to approximate the situation. Because the ball
is moving dynamically in the simulation, there is the potential for its minimum clearance of a point
to be greater than hgy; . In this case, eq. (2.160) will have negative values. Negative deflections are
removed before calculating the fluid mechanics.

Another possible numeric pitfall is if the ball dynamically moves too close to the wall and a

point outside the contact ellipse is less than hgy; . In this case the ball position needs to be corrected
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so that no point on the ball is closer than hgy,,. The correction factor, e, is found according eq.
(2.161).
e, = min(min(hot +1, —1psind —e, _ cosg+ he)) —hem, e, <0  (2.161)

Equation (2.161) finds the minimum gap height when the deflection is considered and
compares it to hgy, . If the ball is not close to the wall, then e;, will be set to zero due to the limits
on its value. If the ball was too close to the cylinder and a point outside of the contact zone was
less than hgy;, e, would shift the ball center to correct the gap height. Combining the correction
factor, eq. (2.161), with the localized deformation, eq. (2.160), gives the final gap height around
the ball.

h=hy, +1, —1,sin9 — (ep,_, +ep)cosp + hy (2.162)

A code diagram for the EHL behavior is shown in Figure 2.24. The EHL section is modular
allowing the user to determine if EHL behavior should be considered during the simulation. If
EHL is modeled, it is implemented between the “Calculate Viscosity” and “Fluid Mechanics”

blocks of Figure 2.21.
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FIGURE 2.24: EHL CODE DIAGRAM

2.2.4 Unmodeled Losses

The pintle-rotor and ball-cylinder interfaces are the most critical interfaces to consider when
modeling the energy losses in a radial ball piston unit. However, other, less critical energy losses
that are not modeled need to be considered. Notable among these losses are the churning losses,
the bearing losses, and the unmodeled ball-cam interface. In this work, these losses are determined

empirically from experiment results.

2.3 Results and Discussion
The following section highlights trends and insights that the model provides. It will be broken

into two subsections; the first considers the pressure dynamics and valve timing, while the second
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considers energy losses at the interfaces. A set of initial parameters that was used to produce these

results is given in Table 2.1, these parameters were then optimized in Section 4.3.2.

TABLE 2.1: MODEL PARAMETERS

Parameter | Value Unit Description
n 5 [unitless] | Number of pistons
R, 35 [mm] Outside radius of the rotor block
» 14 [mm] Outside radius of the pintle

6, 10 [mm] Distance from the pintle ports to case
T, 5 [mm] Radius of the valve opening

Tp 9 [mm] Radius of the ball piston

Bo 1.65 [GPa] Bulk modulus of the oil at atmospheric pressure
Po 876 [kg/m3] | Density of the oil

T, 310 K] Temperature of the oil

Cp 1960 | [J/(kg-K)] | Specific heat of the oil

R 0.005 [unitless] | Entrained air of the oil

To improve coherence between results, all the results will correspond to two operating
conditions, which are shown in Table 2.2. Note that the geometry and performance for this section
has not been optimized but is meant to show model utility. Optimized parameters and performance
will also be shared in Chapter 4. Figure 2.25 shows the architecture with the key interfaces
highlighted.

TABLE 2.2: SIMULATION OPERATING CONDITIONS

Operation Speed Port A Pressure Port B Pressure
Pump 5000 RPM 8.10 MPa 2.45 MPa
Motor 5000 RPM 2.45 MPa 8.10 MPa
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FIGURE 2.25: RADIAL BALL PISTON MODEL SECTIONS

2.3.1 Hydraulic Performance — Cylinder Pressure Dynamics

The cylinder pressure dynamics are fundamental when attempting to capture the performance
of the pump or motor. Figure 2.26 shows the pressure in a single cylinder during one full pump and
motoring cycle, BDC and TDC are located at 0 and 6 milliseconds respectively. These points in the
cylinder cycle, where the piston changes direction and the cylinder switches between ports, are the

most interesting portions of the pressure dynamics.



Cylinder Pressure Trace versus Time
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FIGURE 2.26: CYLINDER PRESSURE DYNAMICS

Consider the pressure dynamics in the pumping case, there is pressure overshoot following
BDC because the cylinder volume is decreasing faster than the fluid can leave the cylinder. For the
same reason, there is a pressure undershoot right after TDC in the pumping cycle. These pressure
spikes create small amounts of reverse flow (negative values) for both ports in the pumping case,

which can be seen in the flow rate plots of Figure 2.27.
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FIGURE 2.27: PUMP FLOW RATES

In the motoring case (see Figure 2.26) there is a large spike in pressure following BDC. This
sharp rise in pressure happens because the cylinder is still connected to high pressure while the
volume begins to decrease. Next, the cylinder, still at high pressure, reaches the low pressure port
and a rush of flow from the cylinder to the port occurs. This behavior can be seen in the port A flow
rate of Figure 2.28, with a similar phenomenon occurring in the flow of port B due to the pressure
drop immediately after TDC.
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FIGURE 2.28: MOTOR FLOW RATES

Another way of analyzing the pressure dynamics is considering the P-V diagram for the
cylinder as shown in Figure 2.29. The figure shows the transitions around BDC and TDC very well,
providing insight into how quickly the pressure rises and falls with very little change in cylinder
volume. Understanding why the pressure spikes during motoring becomes evident when looking at
the P-V diagram. From the motoring start position, the pressure increases rapidly as the volume
decreases. Then the cylinder connects to the low pressure port, and at that point, just after BDC,
the pressure drops rapidly to the port pressure. This process is easy to notice because the lines cross

at the transitions of the P-V diagram.
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FIGURE 2.29: CYLINDER P-V DIAGRAM

2.6

The pressure dynamics are sensitive to the valve timing, which determines when the cylinder

is connected to each port. The optimal of the valve timing is dependent on port pressures, rotation

speed, and rotation direction, which makes designing the timing difficult if the hydraulic

pump/motor operates across a wide range of conditions. To determine the quality of the valve

timing, throttling losses can be calculated to see how much power is lost throughout the cycle.

Throttling losses can be found using eq. (2.163).

Py =0Q - (Ap)

(2.163)

where @ is the flow rate across the valve, and Ap is the pressure drop across the valve. The

throttling loss for the pump and motor case can be seen in Figure 2.30. From the figure, the valve

timing is better for pumping then motoring with much smaller losses during the transitions.
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FIGURE 2.30: PUMP AND MOTOR THROTTLING LOSSES

The pressure dynamics can be used to predict the flow ripple and torque ripple of the pump and
motor respectively. The output flow ripple of the pump can be found by summing the output flow
of each cylinder. To determine the torque ripple of the motor, eq. (2.164) is used.

Npistons
1 .
Tout = o Z nrf (pcyll. - pcase) " EpWp SiN chli (2.164)
Pz

The flow ripple and torque ripple are shown in Figure 2.31 and Figure 2.32 respectively. This
shows the dynamic behavior of the output of the hydraulics. Generally, it is desirable to minimize
torque and flow ripple in hydraulics to reduce vibrations and noise. Minimizing ripple is even more

important when the system is being used for control purposes to avoid jerky behavior.
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2.3.2 Hydraulic Inefficiencies — Interface Losses

The pressure dynamics provide information on the general hydraulic performance but does not
capture most of the energy losses within the pump/motor. Referencing Figure 2.33, most of the
losses come from the pintle-rotor and ball-cylinder interfaces because these have relative motion
and small clearances. In both cases, there is a tradeoff between the viscous shearing and the leakage,
making them interesting interfaces to model, study, and design. The ball-cam interface is not
modeled so it is assumed that the ball remains rolling on the cam surface. The churning losses are
also not modeled but capture experimentally. The losses are examined for the pumping operating

condition from Table 2.2.
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FIGURE 2.33: RADIAL BALL PISTON MODEL SECTIONS
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2.3.2.1 Pintle-Rotor Losses

The pintle-rotor interface is solved quasi-statically for each timestep making it easier to analyze

since the kinematics do not have to be considered. For review, the geometry of the rotor is shown

in Figure 2.34. A detailed description is provided in Section 2.2.2.

BDC !

Line of

Centers
w

*

pintle

T
'TDC
FIGURE 2.34: PINTLE-ROTOR GEOMETRY

The dynamics of the pintle-rotor interface are shown in Figure 2.35. The forces acting on the

rotor are periodic, with a frequency equal to the number of pistons times the pump’s angular speed.

Therefore, the figure shows one cycle of the forces, in this case, a fifth of a revolution. The force
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results use the geometry shown in Figure 2.34 with high pressure at port A. In the x direction, the
force is dominated by the pressure difference between the ports, so the net force is relatively
constant and always to the left (negative) direction. The port pressures are balanced in the z°
direction causing the cylinder positions to determine the net force’s direction. When a cylinder has
high pressure just after BDC, the net force is downward (negative), and when a cylinder has high

pressure just before TDC, the net force is upward (positive).
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FIGURE 2.35: NET FORCE ACTING ON THE ROTOR TO BE COUNTERED BY THE
JOURNAL BEARING BEHAVIOR

The resultant force showed in Figure 2.35 is balanced by the rotor moving to an eccentric
position. The geometry of this situation is shown in Figure 2.36. The load holding components w*
and w? act perpendicular and parallel to the line of centers. The resulting eccentricity ratio and
attitude angle that are needed to balance the resultant force are shown in Figure 2.37. Again, a fifth
of a revolution is shown due to the periodic nature. Because the rotor force is balanced in each
timestep, the eccentricity ratio changes in phase with the resultant force’s magnitude and the
attitude angle adjusts based on the direction of the resultant force, @5. To check the quasi-static
assumption, the inertial force of the rotor block was examined. The inertial term was approximately
a tenth of the resultant force, making the quasi-static assumption valid for this operating condition.

If the operating speed was increased, the rotor inertia would have to be taken into consideration.
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Next, the losses at the pintle with and without eccentricity are compared. Figure 2.38 and Figure
2.39 show the torque and leakage at the pintle-rotor interface, again for the first fifth of a revolution.
The eccentricity impacts both the leakage and torque. The leakage increases significantly, roughly
doubling, when the eccentricity is taken into consideration. The torque is slightly affected, dropping
about 15 percent once the eccentricity is considered. Also, the torque is considered negative
because it acts against the pump block rotation. As derived, the pintle eccentricity model requires
care if it is applied to high speed operating conditions where the quasi-static loading assumption
would become invalid. A detailed discussion of when this assumption is appropriate can be found
in Hamrock [47].

The Impact of Rotor Eccentricty on Pintle Leakage
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FIGURE 2.38: COMPARISON OF THE LEAKAGE AT THE PINTLE-ROTOR INTERFACE
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0.24 The Impact of Rotor Eccentricty on Pintle Torque
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FIGURE 2.39: COMPARISON OF THE TORQUE AT THE PINTLE-ROTOR INTERFACE

2.3.2.2 Ball-Cylinder Interface Losses

Solving for the ball position in the cylinder yields the result shown in Figure 2.40 for the full
dynamic model and one without heat transfer and EHL. At the start of the cycle, the ball moves
quickly from a centered position towards the right wall (grey dashed line), which corresponds to
the start of the pump’s discharge stroke. As the pump switches from discharge to suction, around
7 radians, the ball moves back towards the center, but does not get as close to the other wall as it
did during discharge. This happens because the normal force, along with the pressure angle, creates
a side load on the ball that drives it towards the wall. The pressure is higher during the discharge
stroke and thus a higher normal force is experienced. These trends are independent of whether the
model considers heat transfer and EHL behavior.
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Comparing the results of the heat transfer and EHL versus the no heat transfer and EHL model
shows that the two results are similar, particularly at the start of the discharge stroke. The heat
transfer and EHL model takes longer to leave the side of the wall, as the elevated temperatures in
the heat transfer model decrease the Couette contribution to the pressure distribution. In general,
the model with heat transfer and EHL appears to have more damping near the cylinder wall then
its isothermal counterpart. The real value of the model that includes EHL is its robustness. When
heat transfer and EHL are not considered, the model is sensitive to the assumed viscosity and
operating condition. Without EHL, the model has no mechanism for preventing the ball from hitting
the cylinder wall, particularly at low speeds where hydrodynamic lubrication is less reliable.

The entirety of the ball piston kinematics are shown in Figure 2.41 to compare the heat transfer
and EHL model to one without those features. An interesting result is that the EHL model has more
numerical noise, which is a direct consequence of the stiff behavior of the differential equation that
governs the physics. The EHL’s exponential piezo-viscous relationship is physically realistic but
does create a complicated system of equations requiring very small timesteps to prevent numerical
noise. Fortunately, the numerical noise from the EHL quickly dissipates and does not impact the
ball position which is a critical value when calculating losses. Despite the numerical noise, the EHL

model comes with a major advantage, it provides a physically realistic method for bounding the
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ball position during low speed, high pressure operating conditions. Figure 2.42 shows what happens
during a low speed, high pressure operating condition when EHL affects are not considered. The
ball position predicted by the model without EHL crosses the cylinder wall creating an unrealistic
situation (upper right). This happens because the hydrodynamic lubrication is not capable of
maintaining a fluid film at this operating condition. There is still some numerical noise that occurs
in the EHL model (lower right), but it at least maintains physical coherence. Note that the zoomed
out plot (left) is for the model without EHL considered, the image is intended to show the realistic

position bound created by the EHL model.
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The position of the ball changes dramatically during a pump revolution, which impacts the
shear and leakage predictions at the ball-cylinder interface. Figure 2.43 and Figure 2.44 show the
difference in the leakage and torque predictions for a ball that stays centered in the cylinder and
one that is free to move based on the dynamics. In both cases there is an increase in losses when
the ball piston is very close to one side of the cylinder, but the effect is significantly more
pronounced in the torque prediction. To make a fair comparison, the dynamic model used does not

include heat transfer or EHL because the centered model did not consider heat transfer.
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These results show that the ball dynamics cannot be ignored when trying to determine the
losses, especially the torque, at the ball-cylinder interface. The next question is whether the heat
transfer model is required to capture the full extent of the losses. The thermal control volumes used

for the results are shown in Figure 2.45 for reference and the temperatures around the ball are shown

91



in Figure 2.46. The figure is broken into two subplots, showing the right side of the ball piston and
the left. In each half there are four evenly spaced control volumes. Note that the right side of the
ball is where the piston approaches the cylinder wall during the high pressure discharge. Many
interesting features can be seen from Figure 2.46. First, the oil temperature can vary widely during
the cycle, particularly when the ball moves to one side of the cylinder and the control volume size
decreases resulting in less thermal mass. Even though the temperature increases and decreases in
each control volume, it never drops below the bulk temperature of 310 K. Due to the symmetry of
the analysis, control volumes 1 and 8, 2 and 7, 3 and 6, and 4 and 5 should be equivalent. This is

indeed the case according to the thermal model.

FIGURE 2.45: THERMAL MODEL CONTROL VOLUMES
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FIGURE 2.46: CONTROL VOLUME TEMPERATURES AROUND THE BALL PISTON

According to the model, the temperature around the ball piston changes significantly during
operation. However, Figure 2.47 and Figure 2.48 show that the losses do not change significantly
whether heat transfer is considered or not. The total losses do not change much, but the loss
mechanism does. As expected, the higher oil temperatures in the heat transfer model results in less
shearing loss but more leakage loss. The overall losses calculated by the heat transfer model do not
tend to increase at high pressures because the ball does not stay centered. Most of the temperature
rise occurs at the thinnest gaps where the height limits the leakage; also, EHL behavior occurs
preventing the viscosity from dropping too low. The shearing losses do experience some of the
noise that was seen in the kinematics, but the average value through the noise is approximately

correct making it insignificant to the model.
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FIGURE 2.48: HEAT TRANSFER AND BALL PISTON TORQUE

Both dynamic models increase the predicted losses and improve the accuracy of the simulation.
Figure 2.49 shows the power loss amount for one cylinder using the full dynamic model. From the
figure, the ball piston losses are the most significant contribution and will be multiplied by the
number of pistons making it a crucial interface. For reference these losses are relative to a pump

output power of 3,955 Watts, or roughly 790 Watts per cylinder. The simulation results shown are
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based on an unoptimized design that is being developed for experimental validation. The model
requires 1 hour to run on the Minnesota Supercomputer with 1 core and 52gb of memory. This time
is longer for slower operating conditions and shorter for faster ones.
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FIGURE 2.49: FULL MODEL CYLINDER POWER LOSS DURING PUMPING OPERATION

2.4 Conclusion

This chapter demonstrated that a radial ball piston pump/motor model can be developed that
encapsulates all the necessary physics while maintaining computational efficiency. The model
provides physically realistic behavior for the pressure dynamics, pintle-rotor interface, and the ball-
cylinder interface. The model can predict the overall efficiency of the unit, as well as the individual
loss mechanisms.

Analytical techniques were used as often as possible to improve the computational efficiency.
For example, analytical expressions were used for the valve area profile in the pressure dynamics
solver to improve the speed of evaluation. The pintle-rotor interface assumed a piece-wise pressure
distribution that was analytic and captured the fundamental dynamics. The interface also
implemented a short-width journal bearing model [47] to determine the rotor position and improve
the accuracy of the loss predictions without sacrificing speed. The ball-cylinder interface assumed
hydrodynamic lubrication to make it as simple as possible without losing realistic behavior, and
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empirical models were utilized for elastohydrodynamic behavior whenever the original
assumptions were violated. Both the pintle-rotor and ball-cylinder interfaces involved simple heat
transfer models to avoid having to use an unrealistic isothermal assumption.

These model features predict interface torques, leakage losses, and throttling performance, but
the validity of these results is unknown. Their trends and magnitudes appear physically realistic,
but without experimental confirmation, confidence in the model is not verifiable. Therefore, the
next chapter examines an off-the-shelf radial ball piston pump and compares experimental data that
was collected to simulations.
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3 Experimental Results and Model Validation

3.1 Introduction

The radial ball piston model developed in Chapter 2 describes many of the phenomena that
occur within the unit. The qualitative trends and results appear reasonable, but without experimental
results, the quantitative accuracy of the model predictions is uncertain. Therefore, the simulation
needs to be compared to experimental data to provide confidence in its predictions. This is
especially important because the model will be utilized in an optimization framework driving
design decisions. If the model accuracy is poor, then it could miss optimal solutions and generate
an inefficient design. Another reason why validating the model is important is to determine possible
limitations. Assumptions had to be made during the modeling section (Chapter 2) to maintain fast
computation speed. This created a model that is inherently less accurate than computationally
intensive CFD and FEA simulations. By validating the model against experiments, limitations can

be identified if they exist.

3.1.1 Overview

The chapter begins by describing the off-the-shelf radial ball piston pump that was used for the
experiments. It then describes the experimental setups and processes that were used to ensure
accurate and repeatable data, such as calibrations and repeatability measurements done across
several weeks. The chapter breaks down the various hydraulic circuits that were implemented and
the benefits of each one. It describes how the total efficiency, leakage, and ball torque were all
captured using the various circuits. The role of system temperature is also described through
measurement and sensitivity studies. Sensitivity studies are leveraged throughout the results to
understand how uncertainties within the experimental setups can impact the model performance.
The chapter concludes by quantifying the accuracy of the simulation predictions and analyzing

various qualitative trends.

3.2 Methods

3.2.1 Radial Ball Piston Pump
The radial ball piston model was validated using Eaton’s Light Duty Hydrostatic 720-001 radial
ball piston pump. The pump is a bi-directional variable displacement unit with a maximum speed

of 3600 rpm. Its recommended applications include industrial settings and mobile equipment,
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especially tasks that require variable displacement in both directions, such as hydrostatic
transmissions [9]. The peak flow rate through the unitis 27.4 Lpm at 8.62 MPa continuous pressure,
making it capable of 4 kW at a corner operating power. An image of the pump from Eaton’s data

sheet can be seen in Figure 3.1.

FIGURE 3.1: EATON RADIAL BALL PISTON MODEL 7 PUMP [9]

Other features of the pump can be seen in Figure 3.2, which shows the internal fluid passages
in a schematic. From the schematic, port A and port B function as inlet and outlet ports depending
on the pump displacement and input shaft rotation direction. Ports C and D are case drains, and
port E is a fluid expansion reservoir. Other components shown in the schematic are the check valves
and dump valve. The check valves allow fluid from the case to be drawn to the input port if the
inlet pressure drops, thus avoiding cavitation. The dump valve manually opens the check valves,
allowing the pump to freely rotate, which is useful within its application as part of a hydrostatic

transmission.
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The parameters required for the simulation of the pump were determined based on drawings
and direct measurements. The ball-cylinder clearance was measured during assembly using air
gauges to get micrometer precision. The pintle-rotor clearance was measured to micron precision
with a micrometer and bore gauge. The other values were incorporated into the model using part
drawings provided by the manufacturer. These drawings included specifications for the overall size,

valve timing angles, valve areas, and dead volumes.

3.2.2 Experimental Setup and Data Collection
3.2.2.1 System Efficiency

After acquiring the pump geometric parameters, the values were inputted into the model to
simulate the specific pump that was being tested. The pump came assembled and was incorporated
into Circuit A; the experimental test shown in Figure 3.3. The setup tests the overall efficiency of
the pump and was utilized as the baseline experiment. The following discussion regarding the
hardware and sensors for this experimental setup also apply to the other setups presented later in

this section.
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FIGURE 3.3: EFFICIENCY EXPERIMENTAL TEST SETUP (CIRCUIT A)

The motor driving the radial ball piston pump was a Rexroth bent-axis motor (A6VM 28 EP1
/ 63W-VABO10A). The motor was bi-directional and used a proportional solenoid valve along with
a hard stop to control the displacement. The bent-axis motor was driven hydraulically by a
hydraulic power unit within a separate circuit.

The input torque and angular velocity were acquired from a Futek Torque Sensor — model
TRS605 50 Nm — with nonlinearity +0.2%, hysteresis +0.1%, and non-repeatability of +0.2% of
the rated output. The torque sensor also comes with a 2 x 360 encoder to measure leading and
trailing counts, this allows the rotation speed and direction to be measured experimentally. The
output flow rate was measured using an AW Lake Gear Meter model JV#-30KG that has a
resolution of 1.7 cc/pulse and +0.5% accuracy with changes in viscosity. The outlet pressure was
measured with an Ashcroft model T2 3000 psi pressure transducer with +0.25% accuracy
considering non-linearity, hysteresis, and non-repeatability. This is a resolution of 0.052 MPa. The
pressure at the inlet port was assumed to be atmosphere.

The flow rate and rotational speed used counts to measure the experimental values, therefore,
no calibration was required. However, calibration was needed for the pressure and torque
transducers. A dead weight tester was used to calibration the pressure transducer and the results are

shown in Figure 3.4 below. The calibration of the torque transducer was performed by coupling the

100



transducer’s shaft to a pulley and then hanging known masses on the outer radius of the pulley. The
calibration for the torque transducer was done in both the counter-clockwise and clockwise
directions with the data shown in Figure 3.5.

Pressure Transducer Calibration
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FIGURE 3.5: TORQUE TRANSDUCER CALIBRATION DATA
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From Circuit A (Figure 3.3), the output flow rate and input torque were measured using the
aforementioned flow meter and torque transducer. This information allowed the experimental

efficiency to be calculated according to eqg. (3.1).

tend A
n :f TPACH (3.1)
0

mputwinput

To compare the simulation to the experiments, the pressure differential across the pump and
the input angular velocity were measured, and these values were entered into the simulation as
known operating conditions. The oil temperature from the experiment was also inputted to
determine the oil viscosity. The simulation then predicts the output flow rate and required input
torque. These predictions were compared against the measured outlet flow rate and input torque.
This technique allows for the model to be validated at the system level making predictions that are

useful when considering an overall pump design.

3.2.2.2 Leakage Measurement

The goal of the model is to predict the pump efficiency, however, there are both volumetric
and mechanical losses to consider. It is important that both losses are understood when moving into
the design stage of the project. There is also compressible energy that is carried by the high pressure
hydraulic oil, but this term was ignored due to the relatively low operating pressures of this unit.

Leakage is a major contributor of volumetric losses and is particularly important to predict
when designing the integrated hydraulic-electric unit. The leakage from the pump determines the
mass flow rate across the electric machine for cooling; an essential parameter when determining
the power density that the machine can safely reach.

A second experimental setup, Circuit B, was implemented to validate the leakage predictions
of the model. As shown in Figure 3.2 and discussed in section 3.2.1, the Eaton pump was designed
with check valves from the case back to the pump inlet to ensure that inlet cavitation does not occur.
If the inlet pressure ever becomes lower than the case pressure, which is often one atmosphere, then
the check valve opens, and additional flow is pulled from the case to inlet. However, this means
that a significant portion of the pump’s leakage is often being recirculated within the body of the
pump. Therefore, a charge pump was added to the inlet of the Eaton pump to ensure that the inlet
stayed above case pressure and no leakage recirculated within the case. The charge pressure was
set to 0.34 MPa during the experiments by adjusting the needle valve in parallel with the charge

ump outlet. This setup is shown in Figure 3.6.
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FIGURE 3.6: LEAKAGE EXPERIMENTAL TEST SETUP (CIRCUIT B)

Figure 3.6 shows the radial ball piston pump case-drain emptying back to a separate
atmospheric pressure reservoir, which was a beaker for this experiment. The beaker collected the
leakage from the pump for a fixed input speed and outlet pressure. The mass of the beaker was
measured before and after the leakage was collected, and then, using the oil’s density, the volume
of the oil was determined. Thermal effects on the oil density were considered when calculating the
volume. This volume was averaged over a 20 or 30 second period to determine the leakage flow

rate.

3.2.2.3 Unmodeled Torque Estimation

Mechanical losses consist of any friction or throttling that occurs within the pump and are the
second category of inefficiencies in hydraulic power units. These losses manifest themselves as a
resistive torque that needs to be overcome. The required input torque follows eq. (3.2) in the general

case.
ApD

Tinput = T + Tioss (3.2)
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where ApD /2 is the required torque for an ideal machine and T;, s, can be broken down further
according to eqg. (3.3).
Tloss = Tball + Tpintle + Tcam + Tchurn + Tbearing + Tseal (3-3)

where Tj; is the torque at the ball-cylinder interfaces, Ty, is the torque at the pintle-rotor
interface, T, is the torque created on the ball-cam interface, T,;,, iS the torque from churning
fluid in the flooded case, Tpeqring and Tseq; are the torques created at the shaft by the bearing and
seal respectfully. From the modeling chapter, Tyq;; and T, are significant contributors to the

torque and are the losses that are modeled. T,,,,, is assumed to be approximately zero because the
ball is assumed to remain rolling on the cam, resulting in little power loss at that interface. The
churning, bearing, and seal losses were all unmodeled.

It was desired to isolate the torque losses, which, according to eq. (3.2), can be done by setting
the pressure differential to zero. Therefore, an experimental setup was constructed that connected
the inlet and the outlet port together. This setup is shown in Figure 3.7 and will be referred to as
Circuit C. Note that the displacement could also be set to zero, but this is done via a manual
adjustment while the pump is running. Without a locking feature on the displacement, it was
decided that creating zero pressure differential would be more repeatable then tuning the
displacement for each run.
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The input torque for these experiments were measured and because the pressure differential is
approximately zero, the required input torque should be solely to losses. Circuit C offers another
advantage as well. Most of the leakage is driven by a pressure differential from the pump to the
case, if the pump’s inlet and outlet are both connected to tank pressure then there is minimal leakage
due to pressure differentials. This allows the magnitude of the other volumetric losses to be
estimated.

The final setup, Circuit D, was designed to experimentally determine the churning, bearing,
and seal losses. The experiment involved disassembling the pump, removing the ball pistons, and
then reassembling the unit. The circuit rotated the pump without ball pistons so no pumping could
be done, and eq. (3.3) simplified to eq. (3.4).

Tloss = lpintle + Tchurn + Tbearing + Tseal (3-4)
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Tjoss Was measured experimentally and Ty;,.. Was found using the simulation predictions.
Therefore, an estimate for Tepyrn + Thearing T+ Tsear COUlD be found and utilized to approximate

the unmodeled losses.

3.2.3 Test Procedures

The tests were run by setting the pressure differential and input speed of the pump. A
combination of a pressure relief valve and a needle valve bypass were used to adjust the pressure
differential. A rough value for the pressure was set using an analog gauge that provided visual
feedback of the setting. Once the value was approximately correct, an oscilloscope recording data
from a pressure transducer was used to fine-tune the setting. The inlet pressure was assumed to be
at atmospheric pressure for Circuit A. A second pressure gauge was used to visually record the inlet
pressure for Circuits B and C.

Setting the input speed was cumbersome because it involved tuning different experimental
system parameters. The hydraulic power unit’s (HPU) flow rate could be changed secondarily by
adjusting the output pressure of the unit. This had to be done because the HPU was pressure
controlled and had no flow control feedback or capability. Therefore, to get better control of the
pressure at the HPU, a needle valve was added between the HPU and the Rexroth bent-axis motor.
By adjusting the pressure setting and the needle valve, the flow and thus the speed of the motor
could be controlled. The speed was set iteratively along with the pressure in the radial ball piston
circuit because as the pressure increased, the HPU flow rate would be impacted by the increased
torque at the Rexroth motor. The takeaway from this process was that setting the pressure
differential and speed input was difficult to repeat precisely. The desired pressure and speed settings

for the experiments are shown in Table 3.1.

TABLE 3.1: PRESSURE DIFFERENTIAL AND SPEED FOR EXPERIMENTAL TESTING

Experimental Operating Conditions
Pressures [MPa] | 1.03 | 3.45 | 5.17 | 6.89 | 8.27
Speeds [rpm] 500 | 1000 | 1500 | 2000

Despite the inputs being difficult to precisely repeat, several tests were run at each operating
condition to check the repeatability of the measurements. The standard amount was three tests at
each operating condition to provide a robust procedure. These three tests were not done in order,
instead the tests for a given day were randomized to improve confidence that the ordering was not
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impacting measurements. Also, the repeatability was checked across multiple days to ensure that
there were not significant changes due to time. Three examples are given below in Figure 3.8 -
Figure 3.10. The results show that the setup is repeatable with the trends between speed and flow
rate, and pressure and torque being linear as expected. The deviations from the linearity for the
flow rate is explainable by considering the temperature differences and pressure differences
between runs. The same phenomena hold true when considering the differences in torque values,

but these are harder to notice because the range of input pressure differentials is higher than input

speeds.
Experimental Repeatability - 500RPM and 6.89 MPa
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FIGURE 3.8: MEASUREMENT SETUP REPEATABILITY — 500 RPM AND 6.89 MPA
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Experimental Repeatability - 1000RPM and 1.03 MPa
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FIGURE 3.9: MEASUREMENT SETUP REPEATABILITY — 1000 RPM AND 1.03 MPA

Experimental Repeatability - 2000RPM and 3.45 MPa
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3.2.4 Thermal Considerations

As mentioned in the repeatability discussion, the end of section 3.2.3, the temperature of the
fluid impacted the results. This is largely due to the temperature dependence of viscosity. As the
temperature increases, the viscosity of the oil decreases, resulting in more leakage and reduced
torque, assuming a full lubrication film is maintained. The load carrying capacity of the fluid drops
with decreasing viscosity as well, so higher temperatures make it more likely that metal to metal
contact will occur. For these reasons, it is very important to know the experimental oil temperature
to match with simulation.

A thermocouple was used at the outlet of the pump to ensure the temperature was consistent
between runs. The hydraulic circuit was run without collecting data until the outlet oil temperature
reached approximately 311 K. Data was typically collected for runs when the temperature was
between 311 — 313.7 K which improved the repeatability of the experiments. The temperature was
recorded manually for each run.

This temperature was measured using a temperature probe near the outlet of the hydraulic unit
for Circuit A, B, and C (Figure 3.3, Figure 3.6, and Figure 3.7 respectively). When the ball pistons
were removed and no pumping was performed, Circuit D, then the temperature was measured using
an IR thermometer. Comparisons were done that showed the temperature probe and the IR
thermometer were consistent with each other.

Lastly, the electronic circuit was on for 30 minutes before data was collected. This allowed the

circuit to reach a steady state temperature and avoid any thermal drift in the electronics.

3.2.5 Sensitivity Studies

The last method used when validating the model was parameter sensitivity studies. This
technique served two purposes: explaining the variation between simulation and experiment and
providing insight into the relative importance of different parameters. The studies were done within
the pressure dynamic portion of the model. This section of the model uses eq. (3.5) to determine
the pressure in the cylinder throughout the pump revolution. For a detailed description, see section
2.2.1.

dPcyr _ B dVey
dt Vg, Qat Qs =5 (39
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The studies were done by varying the parameters and recording the flow rate and throttling

losses. Note that the power loss from throttling was converted into a torque by dividing by the

rotation speed. The parameters that were studied are as follows:

1.

3.

Entrained air (air content dissolved in oil). This parameter was varied from 0.3 percent to
5 percent. Entrained air of 5 percent is considered high for hydraulic systems; however, the
analyzed results are from the leakage experiment where oil was constantly having to be
added back into the reservoir causing air to be regularly added to the system. This also
implies that the entrained air may not be constant across all the runs.

Dead volume. This parameter was varied by +25 percent of the value from the technical
drawings.

Valve timing. This parameter was varied by +5m/180 radians of the value from the
technical drawings. Due to the machining of the pintle, it is expected that the largest
uncertainty is the valve timing’s relationship with bottom and top dead center. Therefore,
all timing angles were shifted by the same offset.

Pump eccentricity. The value was varied from 85 percent to 100 percent of the value given
from the technical drawings. The variable displacement mechanism made it impossible to
measure the actual eccentricity during operation. Also, the method for setting the cam
displacement experienced greater deflection at higher pressures and uncertainty arose at

higher speeds to the increased vibration.

3.3 Results and Discussion

33.1

Introduction

This section compares the results of the model described in Chapter 2 with the data produced

from the experiments described in this chapter. The experimental data used throughout this section

is from Circuit B (Figure 3.6) because the exact leakage amount was known. If data comes from a

different experimental setup, it will be noted upon presentation. The results are also compared with

the flow rate and torque from an ideal pump as defined in eq. (3.6) and (3.7).

wD

Qiar = o (3.6)
ApD

I 3.7
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Quantitative representation of the model accuracy is also presented throughout this chapter
using boxplots; therefore, a brief description of interpreting boxplots is discussed here. Boxplots
break data into quartiles, Q1 is the smallest 25 percent of the data, Q2 is data from 25 percent to
50 percent, Q3 is from 50 percent to 75 percent, and Q4 is from 75 percent to 100 percent (the
largest 25 percent). The box within figures represents Q2 and Q3, and is called the interquartile
range (IQC). The red line within the 1QC is the median value of the data. Q1 and Q4 are shown as
“whiskers” below and above the IQC respectfully. Some graphs have a red plus sign outside of
the whiskers. These represent outliers and, by defintion, are not included within any quartile.
Outliers are found according to eg. (3.8) and (3.9).

outlier- < Q2 —-15x1QC (3.8)

outlier™ > Q3+ 1.5 X IQC (3.9)

where the IQC is calculated using eq. (3.10).
1QC = max(Q3) — min(Q2) (3.10)

The results of this chapter are presented in three sections: baseline parameters, parameter
sensitivity, adjusted parameters. Within these sections, the volumetric and mechanical efficiency

predictions are studied.

3.3.2 Empirical Coefficients

Before the experimental results and the simulation could be compared, empirical relationships
needed to be developed for the unmodeled physics of the pump. Referencing section 3.2.2.3, the
unmodeled torque created by the churning, bearing, and seal were determined experimentally. This
was done by rotating the pump without ball piston, Circuit D. This experimental data included the
torque created at the pintle-rotor interface; therefore, to avoid double counting, the pintle-rotor
torque was simulated and subtracted from the experimental results. The simulation was done based
on four operating speeds: 500 rpm, 1000 rpm, 1500 rpm, and 2000 rpm.

Again, this was done by removing the pistons from the pump and rotating it. This experimental
data included the torque created at the pintle-rotor interface. Therefore, to avoid double counting,
the pintle-rotor torque was simulated and subtracted from the experimental results. Note that this
simulation was done based on four operating speeds: 500 rpm, 2000 rpm, 1500 rpm, and 2000 rpm.

The results are shown in Figure 3.11.
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FIGURE 3.11: EMPIRICAL TORQUE VALUES FOR UNMODELED LOSSES

A linear regression was used to determine the lines of best fit. It was determined that the linear
fit accurately represented the data shown and the empirical model was only used for interpolation.
Without extrapolating the model to higher speeds, it is acceptable to ignore the quadratic behavior
of the churning losses. The resulting experimental torque and simulated pintle torque are given in
eq. (3.11) and (3.12).

Tompiricar = 0.000262 X RPM + 0.03511 (3.11)
Tyint,y, = 0.00003724 X RPM + 0.04449 (3.12)

Subtracting (3.12) from (3.11) gives the unmodeled torque that can be used when comparing
results.
Tenurn+bearing+seal = Tunmodetea = 0.00022476 X RPM — 0.0096 (3.13)

These methods worked well for characterizing the unmodeled torque, however, there are some
situations where it should be used with caution. From eq, (3.13), there exists a low speed limit
where the prediction breaks down. The hydrodynamic film breaks down at low speeds and the
lubrication regime will transition on the Stribeck curve [50]. However, since the equation is never
used below 400 rpm, it is expected be valid throughout its use cases.

The more difficult question is whether pressure plays a significant role in the unmodeled torque

predictions. The lack of pistons forced all the experimental data to be collected under a no load
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operating condition. The churning losses are fundamentally viscous drag and are theoretically only
speed dependent. The bearing torque is proportional to the normal force at the shaft. This could be
pressure dependent since the single lobe cam creates an unbalanced force on the rotor block, but it
is unclear how much of that force is reacted by the pintle-rotor journal bearing and how much is
countered by a moment at the bearings. In the model, it is assumed that the journal bearing reacts
the entirety of the force, which results in no pressure dependence at the bearing and seal. Even if
the bearing does experience a changing load, the torque amount is expected to be negligible

compared to the viscous drag.
3.3.3 Simulation with Baseline Parameters

The parameters that were originally selected for the simulation are shown in Table 3.2. These

were considered good baseline values to begin the experimental and simulation comparison.

TABLE 3.2: BASELINE PARAMETER VALUES

Parameter Value
Temperature ~ 311 K (Experimental Value)
Clearance Nominal Value
Entrained Air 0.5%
Eccentricity Nominal Value

3.3.3.1 Volumetric Efficiency

The volumetric efficiency compares the flow rate produced by the pump with the flow rate
predicted by the model simulations. Leakage and compressibility are two mechanisms for
inefficiencies to arise in the output flow rate. The first, leakage, is the loss of useful flow due to
clearances and can be directly measured experimentally. Inefficiencies in compressibility are
predicted within the pressure dynamics and are dependent on factors such as oil stiffness, valve
timing, and dead volume. A comparison of the experimental, simulated, and ideal flow rates is
shown in Figure 3.12. The predictions from the simulation follow the experimental trends;
however, the model does a poor job predicting the magnitude of the losses. It is evident that the
simulation’s predictions are closer to the ideal case than to the experimental data. The inaccuracy
appears to be intensified at high pressure.
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Experiment and Simulation Flow versus Pressure
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FIGURE 3.12: SIMULATION VOLUMETRIC FLOW RATE PREDICTIONS

The boxplot in Figure 3.13 quantifies the trends seen in Figure 3.12. using two measurements
of error. The first is referred to as the accuracy of the simulation and is found according to eq.
(3.14).

Qsim — Qexp

Q% —
Qexp

x 100 (3.14)

Note that the accuracy is positive if the simulation overpredicts the flow rate and is negative if
the simulation underpredicts the flow. The second type of error is referred to as the loss error
throughout the chapter and is found using eq. (3.15).

% Qsim — Qexp

Q.. = x 100 3.15

foss Qidl - Qexp ( )
The loss error quantifies the relationship between the experimental, ideal, and simulated data.

If Q5 = 0% then the simulated data equals the experimental case, and if Q;%; = 100% then the

simulated data equals the ideal values. With these definitions in mind, Figure 3.13 shows that the

accuracy and loss error become worse with increasing pressure. There does not appear to be a
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strong correlation between speed and the errors since the median speed, 1000 rpm, has the best
accuracy. Also clear from the figure is that the accuracy is reasonable, between 5 percent and 30

percent, but the loss predictions are poor. The average loss error is about 75 percent or only 25
percent better than using the idealized model.

Simulation Flow Rate Accuracy - Pressure and Speed Dependence
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FIGURE 3.13: SIMULATION ERROR FOR FLOW RATE PREDICTIONS

Next, the leakage is compared to analyze the volumetric predictions of the model in more detail.
Figure 3.14 shows that the leakage is underpredicted; however, the relationships between
neighboring points is predicted correctly by the model. Using the values around 3 MPa as an
example, the smallest, middle, and largest simulation values correspond to the smallest, middle,

and largest experimental values. The magnitude and slope of the predictions is too low causing the
discrepancy to increase at high pressures.
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Experiment and Simulation Leakage Comparison
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FIGURE 3.14: BASELINE SIMULATION LEAKAGE COMPARISON

3.3.3.2 Mechanical Efficiency

In hydraulic pumps, the mechanical efficiency accounts for losses from friction and throttling
which require additional input torque to overcome. The simulation predicts these losses and Figure
3.15 shows the model’s agreement with experiment. Overall, the predictions are relatively good,
but trends in the data are not obvious. Qualitatively the predictions behave as expected with the

simulated result somewhere between the ideal and experimental value.
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Experiment and Simulation Torque versus Speed
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FIGURE 3.15: SIMULATION TORQUE PREDICTIONS

The trends are easier to determine using the quantitative information in the boxplots of Figure

3.16. The torque accuracy and torque loss error are given in eq. (3.16) and (3.17) respectfully.
T% — Tsim — T,

=P % 100 (3.16)
Texp

% Texp — Tsim
loss —

x 100 3.17
Texp - Tidl ( )

The accuracy is typically less than zero, denoting that the simulation is underpredicting losses.
The loss error positive, with T,%.; = 0% occurring when the simulation matches experiment and
T,%. = 100% corresponding to the simulation matching the idealized case. Referring to Figure
3.16 and eq. (3.16) and (3.17), the accuracy increases with pressure, which is expected because a
greater percentage of the torque is due to the pressure differential instead of the losses. The loss
error does not have a consistent trend with the pressure differential, but it does seem to improve

with speed. One explanation is that at higher speeds the ball piston stays closer to the hydrodynamic
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lubrication regime. Another takeaway is that the torque loss prediction varies significantly between
runs, spanning 75 percent to 0 percent torque error loss.

Simulation Torque Accuracy - Pressure and Speed Dependence
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FIGURE 3.16: SIMULATION ERROR FOR TORQUE PREDICTIONS

3.3.3.3 Total Efficiency

The total efficiency for the hydraulic pump is defined as the ratio of output power to input
power and is found using eq. (3.18).

tend A
n= f T}?Adt (3.18)
0

lnputwinput
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where Ap and w;y,,,; are the pressure differential and pump rotation speed respectively, these
values come from the experimental operation conditions. @y ¢py: IS the flow rate and T,y IS the
torque; these values come from experiments or simulation depending on which is being analyzed.

The definition in eq. (3.18) shows that an increase in output flow or a decrease in input torque
will increase the efficiency. Therefore, based on the results from sections 3.3.3.1 and 3.3.3.2, which
showed the flow rate was overpredicted and the torque was underpredicted, it is expected that the
simulation overpredicts the efficiency. This result is demonstrated in Figure 3.17. The figure shows
good agreement between the simulation and experiment for the trend. The efficiency increases and
then levels off for the simulation like the experiments, the only difference, like the previous
sections, is the magnitude of the values. Another feature that the simulation predicts is the
relationship between points. This means if one experiment is more efficient than another, the

simulation captures this relationship 69 percent of the time (9 out of 13 data points).

Experiment and Simulation Efficiency Comparison
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FIGURE 3.17: SIMULATION EFFICIENCY PREDICTIONS

3.3.4 Parameter Sensitivity Studies
The results presented using the baseline parameters, section 3.3.3, did not predict the magnitude
of the losses accurately. However, there were several variables that could not be measured
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effectively during the experiments creating a lack of confidence in the model’s predictions. This
section considers the parameters with the most uncertainty and potential to impact the model

results.

3.3.4.1 Effect of Thermal Conditions on Performance

As stated in section 3.2.4, the temperature was measured using a probe placed in the hydraulic
circuit. The value measured at this probe was typically 311 K, but no measurement was taken in
the pump or near the thin gap regions. These regions could have localized heating of the oil and
surrounding material given that most of the heat is generated there. The thermal model presented
in section 2.2.2.9 and 2.2.3.5, does not consider heat transfer to or with the surroundings; instead
this phenomenon is lumped with the bulk oil temperature. Therefore, to determine the impact of
localized heating near the thin gaps, the bulk oil temperature was varied.

The temperature was increased from the port’s measured bulk temperature by 44 K. This is a
nontrivial temperature increase, but detailed FEA analysis and experimental data of an axial piston
pump has shown that the temperature of the piston and cylinder can increase by 10 — 20 K compared
to the oil temperature at the ports. The operating conditions tested had viscous power loss at the
piston-cylinder interface similar to the experimental work for the radial ball piston [48]. Also, the
piston-cylinder in an axial piston pump is a conformal surface which distributes the viscous losses
relatively evenly, but the ball-cylinder interface is a nonconformal contact that concentrates these
losses. It is not uncommon for nonconformal contacts to have high localized heating in a
phenomenon known as flash temperature [51, 52].

Figure 3.18 shows that as the temperature increases so does the leakage, with the effect
becoming more noticeable at higher pressures. Therefore, it is possible to fit the leakage data by
increasing the temperature to 355 K. However, this requires the localized surface and oil
temperatures near the ball piston and pintle to be significantly higher that what was measured later
in the circuit. This is possible, but without developing a more accurate heat transfer model it is hard

to evaluate the validity of this idea.
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Impact of Temperature on Leakage Predictions
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FIGURE 3.18: TEMPERATURE DEPENDENCE OF THE LEAKAGE

The temperature has a significant impact on the leakage from the pump; therefore, the overall
flow rate should show a strong correlation with the temperature as well. Figure 3.19 shows that the
higher the temperature the smaller the error in the flow rate with the median loss error reducing
from 77 percent to 40 percent (right). One insight is that 20 to 70 percent of the overall losses are
accounted for at 355 K, when the simulation and experimental leakage are almost equal. This
implies that compressibility losses are also underpredicted by the model and that the operating
condition has a major impact on the primary loss mechanism. This is expected because of the
leakage’s dependence on both temperature and pressure. As shown in Figure 3.18, the increasing
temperature does little to the leakage at low pressures, but significantly impacts the amount when

the pressure is high.
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Increasing the temperature is known to decrease the viscosity of the fluid which is why leakage
increased when looking at volumetric efficiency. Assuming hydrodynamic lubrication is
maintained, this decrease in viscosity is expected to decrease the viscous drag at interfaces and
therefore, decrease the torque loss. This will cause the model predictions to become worse with
increasing temperature. This trend is seen in Figure 3.20. The overall accuracy is not sensitive to
temperature with the accuracy dropping by less than 5 percent, but the median torque loss prediction
goes from 40 percent to 55 percent. The torque loss predictions improve slightly from 344 K to 355
K which could be caused by a transition in lubrication regimes.

Torque Accuracy Torque Loss Predictions
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It was shown that the volumetric efficiency decreases as the temperature increases (less flow
rate), but the mechanical efficiency improves (less torque). Therefore, the effect of temperature on
the overall efficiency should be minimal if the magnitude of these changes is similar. Figure 3.21
shows the result of this study. As anticipated, the temperature plays an insignificant roll in the total
efficiency, particularly below 6 MPa. A feature that is interesting is that at low pressure, the
efficiency improves slightly with temperature, but at high pressure, the efficiency gets worse with
increasing temperature. This happens because at low pressure the increase in leakage is more than
offset by the decrease in torque, but at high pressure the opposite occurs. The leakage starts to

dominate, and the efficiency begins to decrease.

Efficiency Predictions After Parameter Adjustment
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3.3.4.2 Effect of Clearances on Performance

One other factor that could greatly impact the leakage is the clearances at the interfaces. Small
differences in the clearance can result in noticeable differences to the leakage due to the cubic
relationship shown in eq (3.19)%.

B h3 op U, +U,
"~ 12ur, sind 99 2

Qs (3.19)

This uncertainty can arise in two areas, the initial measurements and the expansion due to high
pressure. The clearances were calculated by measuring the ball piston and the cylinder diameters.
The ball piston measurements used a micrometer with an accuracy of £2.54um, and the cylinders
used an air gauge, also with an accuracy of £2.54um. Therefore, the diametric clearance could vary
by +5.08um to -5.08um from the nominal.

The other uncertainty is the expansion at high pressure. The current model uses a thick walled
pressure vessel approximation to calculate the expansion of the cylinder, but it doesn’t consider
any effects on the piston. With the current pressures, the thick walled pressure vessel gives
expansion up to a couple microns. It is currently unknown how different this simplified model is
from the physical system; however, it is expected that the piston would reduce slightly in radius
due to the compression created by the pressure. Therefore, the current model likely is
underpredicting the clearance value.

With this in mind, Figure 3.22 and Figure 3.23 shows the flow rate and torque for three different
radial clearances: nominal, +1pum, and +2um. As expected, the flow rate accuracy improves due to
the increase in leakage with the losses becoming approximately 25 percent more accurate.
Interestingly, the torque is not sensitive to the clearance, which is due to the ball piston dynamics
and eccentricity during operation. This phenomenon is explored in more detail during section
4.3.2.2. The important result for this chapter is that the uncertainty in the clearance would increase

leakage but have little effect on the torque.

6 See section 2.2.3.4 for the derivation of this equation.
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Flow Rate Accuracy Flow Rate Loss Predictions
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FIGURE 3.23: TORQUE SENSITIVITY TO CLEARANCE

3.3.4.3 Effect of Pressure Dynamics on Volumetric Performance

The previous two sections, 3.3.4.1 and 3.3.4.2, have focused on the sensitivity of the leakage
and shear losses at interfaces. The following sections consider the pressure dynamics and how the
pump efficiency changes with the dead volume, valve timing, entrained air, and pump eccentricity.
These four factors were used in sensitivity studies; the values were varied within a reasonable range
to see how the model performance changed. This allows the importance of each parameter to be

studied and helps to identify possible root causes for the discrepancy between simulation and
experiment.
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Boxplots are used to show how the flow predictions change with changing parameters. The
boxplots show the accuracy of the predictions when leakage is removed from consideration. This
allows the compressibility affects to be isolated based on eq. (3.20).

0 Qi — Qreax — Q
Qc/gmpress == Qe:xp 2 x 100 (3.20)

where Q; is the simulated flow rate from the i" parameter in the sensitivity study. The
sensitivity to dead volume, valve timing, and entrained air are presented in Figure 3.24, Figure
3.25, and Figure 3.26 respectfully. Referencing the figures, the dead volume percent is multiplied
by the nominal design value and acts as a tolerance for the value. The valve timing parameter was
varied by +5m/180 radians of the value from the technical drawings. Due to the machining of the
pintle, it is expected that the largest uncertainty is the valve timing’s relationship with bottom and

top dead center. Therefore, all timing angles were shifted by the offset.
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Impact of Valve Timing on Flow Simulation Accuracy
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FIGURE 3.26: FLOW RATE SENSITIVITY TO THE PERCENTAGE OF ENTRAINED AIR

From these three figures some trends start to emerge. First the dead volume and valve timing
have little effect on the flow rate for the operating conditions that are being analyzed. This implies
that the simulation is not sensitivity to these parameters and that these likely are not root causes of
the discrepancy between the simulation and experiments. In contrast, the simulation seems sensitive
to the entrained air percentage. The simulated flow rate quickly starts to decline near 2 percent
entrained air. The original simulation was run with an entrained air of 0.5 percent. These results
are from the leakage experiments, Circuit B (Figure 3.6), which required fluid to be added back to

the reservoir regularly. Adding oil to the reservoir through a filter increases the entrained air within
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the system making it plausible that the entrained air was in the 2 to 4 percent range. Based on Figure
3.26, this accounts for a significant portion of the error.

One other variable that was considered in a sensitivity study was the eccentricity of the pump.
As shown in Figure 3.27, the flow rate is extremely sensitivity to the eccentricity. This is expected
because the flow rate is proportional to the pump displacement which is proportional to the
eccentricity. An eccentricity that’s 95 percent of the original value used could completely resolve
the discrepancies between the simulation and experiment. Note that the eccentricity of the
assembled pump could not be accurately measured. Another issue with the eccentricity is that the
pump was variable displacement. At high pressures and speeds, the displacement mechanism
experienced the greatest deflection and vibration; therefore, it is likely that the eccentricity was
different between individual runs. A smaller eccentricity at high pressures would also explain why

the flow rate predictions become significantly worse as the pressure increases.
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FIGURE 3.27: FLOW RATE SENSITIVITY TO PUMP ECCENTRICITY

3.3.4.4 Effect of Pressure Dynamics on Mechanical Performance

The pressure dynamics sensitivity studies presented for the flow rate also impact the
mechanical efficiency. The following analysis only considered the pressure dynamics model
because the friction at the interfaces is not affected by the studies presented here. The pressure
dynamics model predicts throttling losses within the pump, but these values were converted to a
torque using eq. (3.21).

tend

TlOSS = ?t dt (321)

winputtend J;)
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where P, is the total throttling power loss during operation. The boxplots in this section use the
metric defined in eq. (3.22) to evaluate the sensitivity to a parameter change. The definition is also
shown on the y-axis of each figure.
Loss;

0w T
Tigy = =5 > 100 (3.22)
l

where T, is the torque calculated from eq. (3.21) for the it" parameter in the sensitivity
study. This metric was used to normalize the losses. The impact on the torque loss from varying
the dead volume, valve timing, and entrained air are given in Figure 3.28, Figure 3.29, and Figure

3.30 respectfully.
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Impact of Valve Timing on Torque Loss Percentage
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FIGURE 3.30: TORQUE SENSITIVITY TO THE PERCENTAGE OF ENTRAINED AIR

Exactly like the volumetric sensitivity, the dead volume and valve timing have little impact on
the amount of torque predicted. The entrained air does impact the torque with it increasing
significantly after about 2 percent. This matches the results of the flow rate sensitivity and would
result in improvements for the simulation predictions. As stated previously, the original value of
0.5 percent was likely too low because oil was being added back to the reservoir during the leakage
experiments, Circuit B, increasing the entrained air content.

The last variable that was studied was the eccentricity. The torque is proportional to the
displacement, which is proportional to the eccentricity, so reducing the eccentricity will reduce the
torque. Figure 3.31 shows this trend. The torque is already underpredicted, so this relationship is
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not ideal for matching the simulation to the experimental results. As stated previously, the
eccentricity is most likely to fall below 100 percent at high pressure because of the deflection of
the mechanism. High pressure is also where the confidence in the empirical relationship for the
churning, seal, and bearing breaks down because it could only be measured at atmospheric pressure.
The unmodeled ball-cam interface is also likely to increase the torque. For these reasons, it’s
expected for the simulation torque to be lower than the experimental torque, making it plausible

that the eccentricity reduces slightly at higher pressures.
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3.3.5 Simulation with Parameter Adjustments
3.3.5.1 Volumetric Efficiency

The knowledge that was gained from the thermal, clearance, and sensitivity analyses was used
to rerun the simulation with new input parameters. The baseline and adjusted parameters are
showed in Table 3.3. The eccentricity for the adjusted parameters corresponds to a 1 percent drop
in eccentricity per 1.38 MPa after 5.52 MPa, with the pressure differential in megapascals. This
function attempts to model the increase in deflection of the displacement mechanism as the pressure

differential increases.
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TABLE 3.3: PARAMETER ADJUSTMENT

Parameter Baseline Simulation Adjusted Simulation
Temperature ~ 311 K (Experimental Value) 325K

Clearance Nominal Nominal + 2um (Radial)
Entrained Air 0.5% 3.25%

Eccentricity Nominal Nominal x min(1, — 0.00734p + 1.04)

The comparison of the simulation flow rate to the experimental and ideal is shown in Figure
3.32. The results show good trends in the data and the loss prediction has improved from the
baseline parameters, but there is still an increasing discrepancy as the pressure increases. The
improvement between the original and adjusted parameters is quantified in Figure 3.33. The figure
shows that adjusting a couple of parameters was able to significantly change the predictions and
improve the loss predictions drastically. This provides insight into the importance of understanding

the oil properties, in this case, temperature, clearance, and entrained air percentage.

Experiment and Simulation Flow versus Pressure
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Flow Rate Accuracy Flow Rate Loss Predictions
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SIMULATIONS

Looking at the leakage predictions in Figure 3.34, it is seen that the adjusted parameters
improve the accuracy of the leakage. This improvement is due to the increased temperature and

increased clearance. It is still underpredicted, but significantly better than the original parameters
that were used.
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3.3.5.2 Mechanical Efficiency

The parameters were redefined using the definitions in Table 3.3, and the impact it has on the
torque is shown within this section. The higher temperature should decrease the simulated torque,
but the increase in the entrained air increases the mechanical losses due to throttling. The simulation
predictions are shown in Figure 3.35. The torque values agree with experiment and appear to be an
improvement over the initial simulation parameters. Figure 3.36 shows the quantitative comparison
between the parameter selections. The accuracy of the predictions improves by a couple percent on
average, but the more interesting improvement is the torque loss predictions. The upper bound of
the torque loss for the adjusted parameters is very close to the median value from the first set of
simulations. However, the maximum pressure and speed simulation (upper right of Figure 3.35) is

an outlier in the torque loss predictions. This value is the only one that noticeably overpredicts the
losses.

Experiment and Simulation Torque versus Speed
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Torque Accuracy Torque Loss Predictions
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FIGURE 3.36: TORQUE ACCURACY AND LOSS COMPARISON BETWEEN
SIMULATIONS

As stated previously, overpredicting the torque is unexpected because there are unmodeled
losses within the pump. The empirical losses (churning, bearing, and seal) that had no pressure
dependence and the ball-cam interface were not modeled. In particular, the ball-cam interface
would provide clarity into the behavior of the ball piston especially regarding if the ball skids on
the cam. Other works [29, 30] have shown that [there are complicated dynamics at the ball piston;
the friction at the ball-cam interface and ball-cylinder interface trade-off between each other
causing the ball to both roll and skid on the cam surface depending on the operating conditions.

When the ball skids this increases the mechanical losses and more input torque is required [30].

3.3.5.3 Total Efficiency

The parameter adjustments (Table 3.3) improved the flow rate and torque agreement between
simulation and experiment. Figure 3.37 shows that the efficiency predictions also improve as
expected. Adjusting the parameter improved the magnitude of the predictions, with most results
being off by only 5 to 10 percent (see Figure 3.38). The relationship between neighboring points
also improved, with the simulation matching experiments 92 percent of the time (12 out of 13).
This is significant improvement and well within the reasonable bounds for the parameters. Based
on the results presented in this chapter the model is considered to be validated with reasonable

agreement between the experiments and the simulation.
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Efficiency Predictions After Parameter Adjustment
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3.4 Conclusion

This chapter showed that the model presented previously can accurately characterize the
efficiency of a radial ball piston pump, but that the model is sensitive to several parameters. The
initial parameters poorly predicted the volumetric and mechanic efficiency. However, the model
performance drastically improved after uncertainties were considered and several realistic
parameter adjustments were made. The predictions from the parameter adjusted model matched the
trends of the experiment, and the relationship between neighboring points was exceptional, 92
percent. Even the magnitude of the overall efficiency was accurate, with most points off by only 3
to 10 percent.

Several methods were utilized to create this good agreement, such as sensitivity studies,
breaking down the losses, and collecting empirical relationships. The sensitivity studies were an
iterative process where physical parameters were studied to determine the model’s sensitivity to
each of them. This process helped to identify which inputs had the biggest impact on the
performance of the hydraulic pump. The studies also provide insight about allowable tolerances for
different design variables and physical parameters. For example, it was shown that knowing the
physical parameters of the oil during operation, temperature and air entrainment, is crucial.
However, the valve timing and dead volume could vary within a reasonable range without much
performance degradation.

Breaking the losses into mechanical and volumetric components also helped isolate differences
between the simulation and experiment. Validating the torque and flow rate predictions not only
results in a good model for the efficiency, but it is fundamental to understanding the tradeoffs when
designing a hydraulic pump. Separating the losses provides confidence that the model can be
leveraged to predict not just the magnitude of losses, but where they occur.

The confidence in the model comes from the fact that it was able to be compared to an off-the-
shelf pump. The experimental setups allowed the torque at the shaft to be experimentally
determined, the leakage to be directly measured, and the efficiency to be calculated. These setups
were shown to be repeatable and reliable across time based on calibrations and multiple
experiments over the span of several weeks.

This chapter showed that the model from chapter 2 is valid and can predict pump performance.
Now that there is confidence in the model, it can be used to make predictions and generated new
radial ball piston designs. The next chapter will show how the model was adopted to drive critical

design decisions in a genetic algorithm optimization framework.
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4 Design Optimization

4.1 Introduction

The two previous chapters have developed a model of a radial ball piston pump that balances
accuracy with computational complexity and demonstrated that the model describes the
experimental results of a physical unit. Now, the model can be leveraged to determine the optimal
design parameters of the hydraulic unit. This is particularly valuable because the pump design needs
to be optimized outside of the operating conditions of conventional pumps driven by an IC engine.
Drive cycle information for the HECM was gathered so multiple operating points could be selected
to account for the most frequent operating conditions’. The multiple operating points are a
requirement to create a design that works efficiently at various speeds and in all four quadrants.

The design space for hydraulic pumps is complicated with many interconnected and competing
physical phenomena. The parameters that describe the hydraulic unit design are numerous with
several clearances, multiple valve timing angles, and various size decisions to be optimized. This
creates a solution space that cannot effectively be explored using a gradient descent optimization
method due to the multiple local minima. Therefore, a single objective genetic algorithm is used to

optimize the design parameters in an efficient manner.

4.1.1 Literature Review

Leveraging the model to design the radial ball piston machine involves adjusting the geometry
and determining the impact on the efficiency. There are many variables that are interconnected
making it difficult to explore the design space via gradient methods or through designer intuition.
Care must be taken to ensure that the geometry is physically realizable before it can be considered
as a potential solution.

A genetic algorithm was used because of its robustness against converging on local minima.
The algorithm was inspired by evolution and its ability to optimize species for survival. The
algorithm generates “chromosomes” which define the characteristics of the radial ball piston
design. Each “chromosome” belongs to an “individual”, and each individual is evaluated to
determine its “fitness”. After the fitness for each individual is known, the best ones are “bred” to

form a new generation of designs. The breeding process involves randomly selecting traits from

" HECM drive cycle data courtesy of Jacob Siefert
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two chromosomes to generate a new individual. Mutations are also incorporated when breeding to
randomly shift the population. Like mutations in biology, some may not be helpful, but others may
result in an advantageous change. This equates to the optimization exiting a local minimum. This
breeding process continues for multiple generations, gradually improving the overall fitness of the
population [53]. The single objective genetic algorithm used for this thesis concludes once a certain
number of generations are evaluated or if the fitness plateaus. This genetic algorithm was originally
built for Matlab by researchers from the University of Sheffield [54, 55].

The chromosomes define the parameter values, which for a radial ball piston pump includes
design decision such as bore-to-stroke ratio, clearances, valve timing, etc. The parameters can be
physical dimensions or can encode the information using ratios. It is difficult to set appropriate
limits on physical dimensions to guarantee the inclusion of the optimal value. This leads to bounds
often being larger than required, hurting the efficiency of the optimization. Ratios are preferred
because their bounds often arise naturally from the definition of the ratio. It is easy to include every
physically realistic value when using ratios ensuring that the optimal value exists within the limits
[56]. Despite the use of ratios, it is possible for dimensions to be selected that create interference
between parts leading to an invalid design. Therefore, a constraint function is implemented that
checks for interference.

In optimizations, evaluating the performance is done using objective functions. Objective
functions take the parameter values as an input and returns the value that is being minimized or
maximize. The objective function in this case is the dynamic simulation and energy loss model
presented in the previous two chapters. It takes the geometry selected by the optimization and
evaluates the pressure dynamics, throttling losses, and interface losses to predict the design
performance. For the radial ball piston unit, the objective is to minimize the power loss. The
constraint function that checks for valid geometry is enforced by setting the objective function’s
value to infinity when constraints are violated. Note that the output power is equivalent for each
design, which means minimizing power loss also maximizes efficiency. Optimizing the hydraulic
architecture within a genetic algorithm framework is a popular technique within the hydraulic
academic community [20, 57, 58], but this thesis represents the first optimization study of the radial

ball piston architecture.

4.1.2 Overview
The following chapter explains the techniques used to optimize the radial ball piston hydraulic

unit. First, the simplified models for the ball-cylinder interface and pintle-rotor interface are
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presented. Then the details of the genetic algorithm are explained and the process for determining
the physical significance of optimization parameters is shown. Design validity is considered before
determining the expected power loss of the machine. Next, a one-dimensional optimization
technique for refining the ball-cylinder clearance value is described. The method that was used to
determine the operating conditions is shared and lastly, the results of the optimization are presented

and analyzed.

4.2 Methods

The radial ball piston model that was described in Chapter 2 and validated in Chapter 3 is faster
than numerical FEA solutions but is still too slow to run within a design optimization framework.
A genetic algorithm simulates hundreds to thousands of designs to navigate complex design spaces;
therefore, each individual design needs to be evaluated quickly (minutes) for the entire optimization
to run in a reasonable amount of time (hours). This time constraint forces further model
simplifications for optimizations to be realistic.

The ball-cylinder interface is the most computationally intensive piece of the model by a
significant margin. This is because of the repeated numerical integrations that are needed to
determine the ball eccentricity within each timestep. The amount of time required can be decreased
from several hours per simulation to less than a minute if the ball-cylinder interface is ignored.
However, ignoring the losses at that interface means there is no penalty for adjusting the design of
the ball pistons. To address this, a simplified model of the ball-cylinder interface is developed to
capture the trends of the original model in a time efficient manner.

Similarly, the pintle-rotor interface also becomes a bottleneck to the computation speed after
the ball-cylinder interface is simplified. Simplifying the fluid mechanics at this interface by
ignoring the dynamics and assuming concentricity between the pintle and the rotor greatly reduces
the computational speed required. Fortunately, the HECM design utilizes a bearing between the
pintle and rotor which keeps the two elements concentric; justifying the simplification of removing

the dynamics. Therefore, a simplified pintle-rotor model is also presented.

4.2.1 Simplified Ball-Cylinder Interface

The simplified ball-cylinder interface makes two additional assumptions compared with the
model presented earlier: the ball piston stays centered, and fluid temperature is constant. These two
assumptions simplify the computations immensely because centering the ball piston removes the

need to calculate the pressure distribution and net force acting on the ball piston. The
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elastohydrodynamic lubrication approximations can also be removed, and the full heat transfer
model is removed due to the isothermal assumption. The simplified ball-cylinder interface model

as used in the optimization is now presented.

4.2.1.1 Cylinder Expansion

To calculate the losses at the ball-cylinder interface, the clearance between the ball piston and
the cylinder wall is fundamental to understanding the behavior. The initial clearance can be
measured, but the pressure during operation will elastically deform the cylinder. Therefore, a rough
model of the cylinder expansion was created to approximate the change in clearance between the

two surfaces. The geometry is shown in Figure 4.1.

Rotor Block

FIGURE 4.1: BALL-CYLINDER PRESSURE VESSEL GEOMETRY

The expansion was modeled using a thick walled pressure vessel assumption with only internal
pressure. Note that this change in radius and the clearance will be a function of time because the

cylinder pressure changes throughout operation.
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(4.1)

where E is the elastic modulus, and v is Poisson’s ratio. The radial clearance between the parts
is givenin eq. (2.91).
hyo =1.+Ar, — 1, (4.2)

The change in radius calculated by eq. (2.90) overpredicts the expansion because %Wm is the

thinnest value of the wall. However, this provides a conservative estimate for the power loss since
the leakage is more sensitive to the clearance than the shear rate. The radial expansion is typically

about a micron with the specific value depending on the operating condition.

4.2.1.2 Ball-Cylinder Interface Fluid Mechanics
The leakage and shear between the ball pistons and cylinders is a primary source of energy loss
in radial ball piston pumps. Figure 4.2 and Figure 4.3 show this geometry. The clearance is greatly
exaggerated in the figures with the actual difference between r, and r, being in the micron range.
Jamzedeh showed that for this geometry the distance between the ball piston and the cylinder at
any location can be found with eq. (4.3) [10].
h=h,+r,—r1r,sind — e, cos¢p (4.3)

where
hy =7.—1 (4.4)

Assuming the ball stays centered.
e, =0 (4.5)

h=h,+1r, —1,sind (4.6)
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The extremely thin gap between the ball and cylinder means that lubrication theory is needed
to describe the fluid mechanics in the gap, therefore Reynold’s equation is used. The full Reynold’s

equation can be written using the coordinates defined in Figure 4.2 and Figure 4.3.

G L A T (L A WL
0z \ 12udz, ] y rrre t (47)
Assuming the ball stays centered and assuming the cylinder expansion results in negligible
changes in gap height with time further simplifies the fluid mechanics.
dh
— = 4.8
dt 0 (4.8)
Using the geometry defined in Figure 4.2 and applying eq. (4.7) to the thin gap (where z;, =
0), then there is no significant velocity or pressure differential in the y, direction. Applying this

assumption with eq. (4.8) simplifies the Reynold’s equation.

o [ h® ap h
(-ma + (Ul + Uz) E) =0 (49)

aZb

Converting from Cartesian to spherical coordinates can be done using eq. (4.10) - (4.12).

Xp = 1 sind cos @ (4.10)
Yp = 1pSind sing (4.11)
Zp =1, cosV (4.12)

Writing Reynold’s equation with spherical coordinates.

R ap+(U +U)=)=0 4.13
1 sin 9 39 1z - (4.13)

where 9 is the polar angle and ¢ is the azimuthal angle. Using spherical coordinates, the

tangential velocity at each point on the ball surface can be determined.

Uy = 1pwpy/c0s2 9 + sinZ 9 cos? ¢ + epump Ppump SiN Oy (4.14)

Equation (4.14) is simplified because only the thin gap region is considered.
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Up = 1pwp COS @ + epympWpump SN Oy, W =mn/2) (4.15)

Rearranging the equations and integrating by 9.
h3 op h

12ury, sind 89 T U7 =0Co (4.16)
Letting C; = 12r;,C,.
dp usind usind
% = C1 —h3 - 6Tb b —hz (417)

To determine the change in pressure at each point around the ball, two boundary conditions are
needed so that eq. (4.17) can be integrated:
V=0 = P =DPcase
V=m = P=Dpcy

u and h both are functions of 9 so integrating the equation is done numerically.

Pcyl T . 19 T . 19
MU Sin MU Sin
Pcase 0 0

The definite integrals are computed using eg. (4.19) - (4.22), which then are used to form an

expression for the constant C;.

Ap = Pcyt — Pcase (4.19)
Vs
s, = [H50Y b 4.20
2= h2 (4.20)
0
T
s, = [F50Y 4 421
3 h3 (4.21)
0
1
€= (0p +61,UpS,) (4.22)
3
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Substituting these equations into eq. (4.17) gives an expression for the change in pressure.

dp Apusind usind /S,
— =t Uy ——— ——h) 4.2
99~ s;p3 T OUr T3 (53 (4.23)

Once the change in pressure distribution is known, the leakage and shear that occur at the ball
piston can be determined. It is assumed that in the gap, there is not significant leakage
circumferentially around the ball so only the zenith direction is considered. The general equation
for the leakage in the 9 direction is given in eq. (4.24).

R op U +U,

= — 4.24
Qo 12ur, sin® 89 2 (4.24)
Substituting the expression found for dp/a9.
_ bp Up Sz
Qo = 121r,S; 2 S; (4.25)

The same process can be done for the shear distribution on the ball where eq. (4.26) is the
general form.
h 6p Ul — U2

=——— —_— 4.2
Thal 213, sin9 09 HE— (4.26)
Again, substituting the expression found for dp/a9.
i [ 40 521
=—— 4U, (— - :
Thall 2 [ZT‘bS3 + Ub 453 h (4 27)

The shear on the ball will create a resistive torque acting on the ball piston that must be

overcome to keep the ball from skidding.

2T 192
Tpan = f f Tpau (9, @) - 1 sin¥ /cos? 9 + sin2 9 cos? ¢ - sign(cos p)dddp  (4.28)
0o Jo,

The sign(cos ¢) term is necessary to determine the direction of the torque. A positive Ty,
implies that it is assisting the ball in rotating. The square root term gives the correct distance from

the axis of rotation to the point on the ball surface.

146



An important note is that the fluid mechanics derivation applies to a given azimuthal angle, ¢,
and that to determine the pressure, shear, and leakage distributions around the ball, each azimuthal

angle must be analyzed.

4.2.2 Simplified Pintle-Rotor Interface

The pintle-rotor interface was simplified to improve the computational efficiency and to more
accurately represent the physical design. The original model presented in section 2.2.2 was
developed to represent the Eaton radial ball piston pump, which used the pintle as a journal bearing
to support the rotor block. The HECM requires near zero speed operation making a journal bearing
infeasible for load support; therefore, the HECM uses ball bearings to support the pintle-rotor
interface. The bearings maintain concentricity between the pintle and the rotor block, allowing the
journal bearing dynamics and kinematics to be ignored. The heat transfer at the interface is also
assumed to be negligible during the optimization, further improving the computation speed and
simplifying the fluid mechanics.

The loss calculations at the interface are simplified by assuming the ports are rectangular in
geometry. To create a conservative model for the losses, the cylinder valve openings are ignored
when determining the area where shearing occurs. Figure 4.4 shows the pintle-rotor geometry
where the circumferential clearance is unwrapped, as used to perform the simplified torque
calculations. The torque can be found by assuming the Couette component of the flow dominates
the shear.

Rp Wpump

Hp

T, = u [2mRyWri — HporeRp(6a, — 6a, + 05, — 05)] - Ry (4.29)

where H,, is the clearance between the pintle and the rotor, u is the viscosity, and the rest of

the variables are given in Figure 4.4.
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FIGURE 4.4: SIMPLIFIED PINTLE-ROTOR INTERFACE GEOMETRY

The geometry of Figure 4.5 was used to calculate a conservative estimate of the leakage while
still maintaining computational speed. Instead of assuming a linear pressure profile between the
ports, the port pressures are extended into the transition region. This is a reasonable assumption
because the transition region usually contains a cylinder valve whose pressure is approximately one
of the port pressures. Note from the figure that the midpoint between the ports can wrap around the
pintle depending on the specific geometry. Equation (4.30) determines the leakage to the case. It

assumes the Poiseuille component of the flow profile dominates.

Q _ (pA - pcase)Hg ‘R HAC + 930 _ er + HBC — 27
Case 6/16;) 4 2 2
(4.30)
+ (pp — pcase)HS R (93c + 04, + 21 B 0g, + HAC>
6ub, P 2 2
The leakage power loss from the ports to case can be found using eq. (4.31).
P _ (pA - pcase)zHg ‘R GAC + 930 _ er + HBC —2m
Qpintle 6M6p 14 2 2
(4.31)
4 (PB — Pease)*Hy B Op, + 64, + 21 B 0g, + 04,
6us, p 2 2
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FIGURE 4.5: SIMPLIFIED PINTLE-ROTOR INTERFACE PRESSURE DISTRIBUTION

4.2.3 Optimization Strategy

After the simplification to the ball-cylinder interface, the model can evaluate a design in less
than a minute, which makes optimizations possible. This allows various operating points to be
evaluated to create a hydraulic unit that functions well as both a pump and a motor. The
optimization is broken up into two steps. The first determines the optimal size and proportions of
the pump using the simplified model. The second step refines the ball-cylinder clearance using the

more accurate dynamic model.

4.2.3.1 Size Optimization Parameters

The genetic algorithm was used to determine the primary geometric features of the radial ball
piston machine. When selecting variables, it is useful to use ratios where possible because that
creates natural bounds on the parameters. The variables that were used for the optimization are
given in Table 4.1 and further defined in the paragraphs below. These variables define the geometry
of the pump and directly influence the performance of the hydraulic unit. Below are rules for
variable names:

1. All genetic algorithm parameters are denoted with a superscript apostrophe, ' .

2. R isreserved for ratios.

3. Variables other than R correspond to physical values.
4. Subscript b is a variable related to the ball piston.
5

Subscript p is a variable related to the pintle.
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TABLE 4.1: OPTIMIZATION PARAMETERS
Parameter Description

ny, Number of ball pistons
Rays Bore to stroke ratio
hyp, Ball-cylinder clearance (in microns)

qb;,umpmax Maximum pressure angle during rotation (in radians)

R, Ratio for pintle radius
Hy, Pintle-rotor clearance (in microns)
4 Leakage distance from the ports to the case (in microns)
Ry, Ratio for cylinder valve opening radius
R, Ratio for cylinder valve height
Vhdc Primary bottom dead center (BDC) valve timing angle (in radians)
Shdc Secondary bottom dead center (BDC) valve timing angle (in radians)
Vige Primary top dead center (TDC) valve timing angle (in radians)
Sidc Secondary top dead center (TDC) valve timing angle (in radians)

The first step to determining the geometry of the pump is knowing the maximum speed, w;, g
and flow rate, Q4. that the unit will support. This allows the displacement of the machine to be
determined.

2
p = 2M0max (4.32)

T]U wmax

where n,, is an assumed volumetric efficiency. The displacement of the unit is determined by
several geometric features.

D = 2ny,mri epyumyp (4.33)

where n,, is the number of pistons, 7, is the radius of the ball piston, and ey, is the
eccentricity of the pump. Notice that 2e,,,,,, is the stroke of the ball piston during a revolution.
The parameter n;, sets the number of pistons and for most optimizations is a constant of 5, 7, or 9
pistons.
n, =nj, (4.34)
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The bore to stroke ratio is an optimization parameter and is given below.

R’ . ZT'b _ Ty (4 35)
afs 2epump  Cpump '

Therefore, after the bore to stroke ratio is defined, the pump eccentricity and the ball radius can
be found according to eq. (4.36) and (4.37).

= D v (4.36)
epump N Znand/s 2 .
Ty = Rd/sepump (437)

The ball cylinder clearance optimization parameter value is in microns. Equation (4.38) and
eq. (4.39) are used to set the physical clearance and the cylinder radius respectfully.
hy, = hy, - 107 (4.38)

Te =1p + hp, (4.39)

The pressure angle, ¢p,mp, can be determined geometrically from Figure 4.6 using the law of

sines.

e
Sin(¢pump) = %5“1(9) (4.40)
o

where R, = R.qm — 1p- The maximum pressure angle occurs when sin(6) is one and after
the optimization selects ¢y ymp, .. the cam radius is calculated.
Epump

Ream =— +7 4.41
sih (d)pumpmax) ( )

In Figure 4.6, Oy, is the center of the rotor block, O is the center of the cam, O, is the center
of the ball, and R, is the distance from Oy to 0,. The radial position is found using the law of
cosines, eq. (2.74).

RZ = R} + eZymp — 2Rpepymp COS O

0 = R — Ry(2epump c0s 0) + (eymp — R3)
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1
Ry = E(Zepump cosf + \/4e§ump cos2 0 — 4(eZump — Rg))

Rp = epymp cos O + \/Rg + efymp(cos? 6 — 1) (4.42)

Rotor Block

FIGURE 4.6: PRESSURE ANGLE AND DISTANCE TO THE CENTER OF THE BALL

Solving eq. (2.74) for the maximum and minimum values of R}, gives the value for the ball
piston position at bottom dead center (BDC) and top dead center (TDC). These values occur at
6 = 0 and 6 = m respectfully.
Ry =Ry +epump  (6=0) (4.43)

Ry =R, — €pump (0 =m) (4.44)
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The outside radius of the rotor block, R,.,, needs to be selected so that there is not a conflict
with the rest of the geometry. Clearance is designed between the cam ring and the rotor block to
ensure the two parts do not collide or wear on each other. The clearance, denoted as H,.,, is

calculated using eq. (4.45). Selecting R&/s > 2.22 ensures the clearance will be positive®.

Hyo = 0.97, — 2€pump = (0.9R4/s — 2)epump (4.45)

Based on the geometry in Figure 4.7, once the clearance is known, the outside radius of the
rotor block can be found using eq. (4.46).

Ryo = Ream — €pump — Hyo (4.46)
0. |
/*I Epump
Rotor Block '-/OR
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FIGURE 4.7: ROTOR BLOCK AND CAM CLEARANCE AT TOP DEAD CENTER

The fifth optimization parameter, aegp sets the radius of the pintle.

Rp = :R;i’p ' Rro (447)

80.9Ry;s —2>0 = Ry, >2/09 = Ry, >2.22
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The pintle-rotor clearance, H,,_, and pintle leakage length, &,,, determine the tradeoff between
leakage and shear losses at the interface. These two values are found using eq. (4.48) and (4.49).
H,, =H, -107° (4.48)

8, =6,-107° (4.49)

The clearance value then defines the inside radius of the rotor block.
Ry =Ry, + H;,o (4.50)

The optimization parameter R;. sets the valve radius according.

r, =R 1, (4.51)

The seat angle, Wq, is a constant determined by the machining bit used to make the ball cylinder.
A bit with a tip angle, W,;;, determines the seat angle using the geometry in Figure 4.8 and eq.
(4.52).

1 1
Wy = 180° — > (180° — Wyyr) — 90° = > Wy, (4.52)

The height of the seat is also known after W is found.
=1
H. =
* tan(¥,)

(4.53)
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FIGURE 4.8: SEAT ANGLE GEOMETRY
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The geometry of the dead volume occurs at TDC as shown in Figure 4.9. The figure simplifies
the geometry by ignoring the curvature of the rotor block and cam; however, the cylinder bores are
machined perpendicular to the outer rotor block surface making the dead volume unaffected by the
curvature. The figure relates several different variables: cam radius, R4, rotor block outer radius,
R,.,, rotor block inner radius, R,;, ball piston center, R, ball piston radius, r;,, valve radius, r,,
cylinder radius, ., rotor block clearance, H,,, Seat angle, ¥, seat height, H, and valve opening
height, H,,. The value for the valve height is found with eq. (4.54), but it does not ensure a geometry
without interference.

Hy, =Ry, - (R — Ryi — 1y — Hy) (4.54)

Cam

=
o
8
g
=

Rotor Block

|
s S

Ry

Center of the Pump

FIGURE 4.9: DEAD VOLUME GEOMETRY
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The dead volume is found by calculating the volume of different regions using eq. (4.55) to eq.
(4.58). The regions are shown in Figure 4.10 for clarity.
V; = nrZ(Rp — Ryy) (4.55)

V, = T[(TCZ - Tvz)(Rb — Ry —H, — Hs) (4-56)

The third volume can be found using the equation for the volume of a conical frustum and then

subtracting the inner cylinder volume.
_ THq

V.
37 3

(Tcz + e + T'vz) - nrvsz (4-57)

mH
V3= TS (17 + 1.1, — 217) (4.58)

The dead volume can be found by summing these three volumes together and removing the

space that the ball occupies. The remaining volume is the dead volume, V, assuming R,, is at BDC.

2
VD = V1 + V2 + V3 - ng’Tg’ (459)

Vp = TTT‘UZ(Rb - Rri) + T[(rcz - rvz)(Rb — Ry —H, — Hs)

nH 2 (4.60)
+—= (2 + 17, = 2r2) —=nrd
3 3
where R, is at TDC.
Ry = Regm — €pump — Tp (0 =m) (4.61)
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The final four optimization parameters from Table 4.1 (vp4c, Shac Viaer and siq.) determine
the valve timing of the hydraulic unit. These variables were selected because their definition is
directly applicable to the manufacturing process that is used to machine the pintle ports. However,
the model requires the timing angles for opening and closing the ports from BDC: 6, , 0,_, 05,
and 8_. Therefore, the optimization parameters need to be converted to the model’s timing angles.

The geometric relationships between the parameters are shown in Figure 4.11.
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FIGURE 4.11: RELATIONSHIP BETWEEN OPTIMIZATION PARAMETERS AND VALVE
TIMING ANGLES

From Figure 4.11 the geometric relationships for the valve timing angles are determined.
64, = Vbac (4.62)

Using the fact that an isosceles triangle is formed.

LA = Vpgc + Spac
LB = 180° — 224 = 180° — 20}, 4. — 25h 4
QAC = vl,)dc + LB - 1800 - vl,,dc - ZSIIJdC (463)

Similar logic is used to determine the timing angles for Port B from BDC.
O, = 180° + vi4, (4.64)
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O, = 360° — Ve — 25{4 (4.65)

4.2.3.2 Size Optimization Constraints

The use of ratios for the optimization parameters helps to create a valid geometry. However,
there are still parameter combinations that can lead to invalid results or other edge cases that should
be avoided. Therefore, constraints were added to the optimization to check the validity of the
geometry before evaluating the performance of the design.

The first check is that the rotor block clearance (see Figure 4.7) is not too small. This check is
because the churning losses are not included in evaluating the performance of the pump. These
losses increase in magnitude as the clearance decreases. Therefore, a minimum clearance of 300um
was set for the rotor block clearance, H,,.

The next constraint is that the ball cannot exceed the lip of the cylinder. This could occur at

bottom dead center (BDC) and therefore inequality (4.66) must be valid.
Ream + €pump — T < Ry (4.66)

At top dead center (TDC), it is necessary to check that the ball does not interfere with the pintle

as illustrated in Figure 4.12. Equation (4.67) must hold to ensure no interference between the parts.

Ream — €pump — 21p > Ry (4.67)
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At TDC the ball could hit the seat at the bottom of the cylinder as shown in Figure 4.13. The

general formula for the distance between a point and a line is given in eq. (4.68).

e lar, + bz, + |

JZ 1 b

(4.68)

where the equation for the line is written as ar + bz + ¢ = 0 and (r,, z,) is the point of interest.

In this case, the equation for the line is given in eq. (4.69) and the point of interest is the center of

the circle, (0, 0p).

f e
Tz = r—r,
S TC _rv v
H H.r,
fir 0=—"— 1 —z——7
Te—h Te—1h

Therefore, combining eq. (4.68) and (4.69) to calculate the distance at TDC.

160

(4.69)



Hsmy

-0 -
d = Te— Ny
U2 (4.70)
S 2
(7=5) +1
Checking the constraint, eq. (4.71) needs to be satisfied.
d—r1,>0 (4.71)
where at TDC, 0y, is measured as the distance above the bottom of the seat.
Op =Ry — Ry — H,
Op = Ream — €pump — 1o — Rri — Hy (4.72)
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FIGURE 4.13: DISTANCE BETWEEN BALL CENTER AND SEAT AT TOP DEAD
CENTER
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The last constraints that need to be considered ensure the cylinders fit within the cylinder block.
The geometry is shown in Figure 4.14 and the angular span for the valves and the seat can be
calculated using eq. (4.73) to eq. (4.76).

Py =sin~" (Rr—") (4.73)

ri

To ensure there is not interference between neighboring cylinders the following inequality
needs to hold.
2y,ny, < {21 (4.74)

where ¢, is the percentage of the inside rotor surface that can have a valve opening. Similar
equations can be found to make sure the seat regions of the cylinders do not overlap with each
other.

P = tan~! ( e ) (4.75)
$ R,; cos(y,,) + H, + Hy '

To avoid interference.
2Py, < {21 (4.76)

where (, is the percentage of the rotor block that will not have material through the cross

section.
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FIGURE 4.14: ANGULAR SPACING CONSTRAINTS

4.2.3.3 Ball-Cylinder Clearance Optimization

The genetic algorithm described in the previous sections optimizes the pintle-rotor interface
and the valve timing; it determines the size of the pump, pistons, valve opening, and ensures a valid
design. An important assumption needed to make the computation time of the model feasible for
an optimization is that the ball piston remains centered in the cylinder, as described in Section
4.2.1, which results in a non-optimal ball-cylinder clearance. Therefore, the clearance needs to be
reevaluated using the complete ball-cylinder model that includes the fluid mechanics, heat transfer,
dynamics, and kinematics. This is the model described in section 2.2.3. Due to the significant
computation time of the dynamic model, a grid search method is used to determine a desirable ball-
cylinder clearance. This also avoids the problem of convergence on local minima, as can occur for

a gradient optimization method.
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4.2.4 Operating Conditions

The operating conditions to evaluate the hydraulic unit in the optimization were selected using
drive cycle data for the HECM unit. The data is based on the bucket actuator of a 22 tonne
excavator. Three different drive cycles were analyzed to capture the full operating range of the
HECM. Work by Siefert identified a maximum flow rate of 185 Lpm and a maximum pressure
differential of 7 MPa, which is a corner power just over 20kW. Figure 4.15 is a contour plot of the
total energy associated with an HECM operating point. The data within the contour plot was found
using eq. (4.77).

Eop = Pop X fop (4.77)

where E,p is the energy of the operating point, P,p is the power of the operating point, and
fop is the frequency the operating point occurs within the drive cycle. The red circles show the four

operating points that were selected for the optimization.

Operating Condition Powers
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o
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FIGURE 4.15: ENERGY OF OPERATING POINTS

Four operating conditions were selected using this information. However, for computational
speed, only two torque values are represented within those four points. Therefore, the pressure

differentials had to be selected with care to ensure the operating conditions only had two electric
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machine torques. This is done because the electric machine model created by Nishanth simulates
the torque using time consuming FEA calculations [8]. The relationship between torque and
pressure can be determined for both pumping and motoring operating conditions, eq. (4.78) and eq.
(4.79) respectfully.

DA
p=>—C  (pumping) (4.78)
27N,
DA
Ty = % (motoring) (4.79)

where T is the torque, Ap is the pressure differential, D is the displacement, 7, is the
mechanical efficiency, and the subscripts P and M corresponds to pumping and motoring
respectively. Equation (4.80) sets the two torques equal and solves for the relationship between

pressures.
App = Nialpy (4.80)

The operating points presented in Figure 4.15 are laid out in detail in Table 4.2 and the
equivalent electric operating conditions are in Table 4.3, for completing the table, an assumption is
made of n,,, = 0.9. The hydraulic operating conditions are constant for each design, but the electric

machine conditions will change based on the maximum speed that is being studied.

TABLE 4.2: HYDRAULIC OPERATING CONDITIONS

Weight Ap Q
1 50% Ap, = n4Ap, = 4.05 MPa Qmax = 185 Lpm
2 25% Ap, = 5.00MPa —0.45Qmax = —83.25 Lpm
3 15% Ap; = n4Ap, = —2.43MPa —0.2Qmax = =37 Lpm
4 10% Ap, = —3.00 MPa 0.75Qmax = 138.75 Lpm
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TABLE 4.3: ELECTRIC OPERATING CONDITIONS

Weight T w
1 50% T. = QmaxAp1 Wmax
! NHWmax
2 25% T, = N1 QmaxD2 —0.45Wmax
g Wmax
3 15% T, = QmaxAp3 —0.20mqax
’ H Wmax
4 10% T, = N1 QmaxAPa 0.75wimax
* Wmax

The values within the weight column were selected to ensure that the design would work in all
four quadrants. Despite this condition not appearing in Figure 4.15, extra emphasis was placed on
running at high speeds because this is the operating condition that is unique to the research project.
Also, adding emphasis to the high speed condition should ensure that the ball piston in the final

solution does not seize within the cylinder.

4.2.5 Full Optimization Definition
The goal of the optimization is to minimize power loss subject to the parameter bounds. A full

optimization definition is given to summarize the information presented throughout the method

section.
minwTv
(4.81)
s.t. CiB <x< CuB
where w is a vector of the weights for each operating condition.
w = [0.5,0.25,0.15,0.1] (4.82)

v is a vector of the power loss for each operating condition and is a function of the optimization

parameters, x.

v(x) = [:Plossl:?10552:?10553:?10554] (4.83)
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The power loss is calculated from eq. (4.84) using the simplified model and the appropriate

operating condition from Table 4.2.
np

tend
Pross = t_f {Tballwball + Qball(pcyl - pcase) +
end J0

1
+ n_printle (ppintle - pcase) + |QA (pA
+[Q5(ps = pey)| J e + 1

where I1 is a piece-wise penalty function given by eq. (4.85).

{ 0, valid geometry
1= . ]
o, invalid geometry

1
— Tpintle Wyyump
Np

— Pcyl)l (4.84)

(4.85)

Section 4.2.3.2 is used to determine the geometry’s validity. The variables x, ¢, and cyp are

the optimization parameters, lower bounds, and upper bounds respectively. Their values are given

in Table 4.4. This example is a 7 piston design but can be adjusted to a different number of pistons.
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TABLE 4.4: OPTIMIZATION PARAMETER CONSTRAINTS

x Units Description Cip Cup
ny unitless | Number of ball pistons 7 7
Rays unitless | Bore to stroke ratio 2.25 5
hp, microns | Ball-cylinder clearance 5 40

$pump. . | radians | Maximum pressure angle during rotation 3m 107

180 180

R}ep unitless | Ratio for pintle radius 0.25 0.75
Hy, microns | Pintle-rotor clearance 5 40

5y microns | Leakage distance from the ports to the case 200 3000
Ry, unitless | Ratio for cylinder valve opening radius 0 1
Ri, unitless | Ratio for cylinder valve height 0 1

Vhac radians | Primary bottom dead center valve timing angle 10 | 30m

180 180

Shdc radians | Secondary bottom dead center valve timing angle | 57 | Sm

180 180

Vigc radians | Primary top dead center valve timing angle 107 30m

180 180

Stde radians | Secondary top dead center valve timing angle B 5_7T 5_7T

180 | 180

4.3 Results and Discussion

The optimization results are presented in two sections, a parameter analysis and a design

analysis. The first part looks at the optimal parameter results for the 5 piston, 7 piston, and 9 piston

optimizations. Trends are discussed between these optimizations, and how the parameters evolve

between generations is analyzed. Then, the preferred design is presented, and a detailed look at the

valve timing and ball-cylinder interface is shared.

4.3.1 Genetic Algorithm Parameter Analysis

The genetic algorithm optimization was run with 300 individuals per generations for 100

generations for three separate numbers of pistons: 5,7, and 9. The optimizations were done four

separate times for each of the pistons resulting in 12 total optimization runs. Each run took between

10 and 11 hours on the Minnesota supercomputer. Multiple runs were used to improve confidence
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that the solution had converged on the global optimal. Another feature that was included in the
optimization was that the initial population had to have at least 50 valid designs before continuing
to the next generation. This improved the variety within the initial population, again improving
confidence in the optimality of the final design. The optimal parameters found for the 5 piston, 7
piston, and 9 piston hydraulic units are given in Table 4.5. The optimization results shown use the

simplified ball-cylinder model presented in Section 4.2.1, therefore, the ball-cylinder clearance and

total power loss do not consider the ball piston’s eccentricity.

TABLE 4.5: GENETIC ALGORITHM OPTIMAL PARAMETERS

Parameter 5 Piston 7 Piston 9 Piston
ny, [unitless] 5 7 9
Rqs [unitless] 2.54 2.49 2.44
hy,, [microns] 39.99 40.00 39.99
qb;,umpmax [radians] 5.70m/180 4.997/180 4417 /180
R};p [unitless] 0.45 0.48 0.48
Hy, [microns] 21.25 20.51 26.04
&y, [microns] 869.94 807.05 1155.10
Ry, [unitless] 0.79 0.73 0.68
Ry, [unitless] 0.17 0.39 0.52
v} 4c [radians] 23.231/180 18.541/180 14.421/180
shac [radians] —0.027/180 —0.651/180 0.127/180
vl 4. [radians] 21.857/180 18.307/180 14.2871/180
st 4c [radians] 0.347/180 —0.441/180 0.117/180
Valve Timing Losses 500.35 381.07 386.86
[Watts]
Ball-Cylinder Losses 1177.59 1528.73 1973.17
[Watts]
Pintle-Rotor Losses 313.18 327.37 351.04
[Watts]
Total Power Loss 1991.12 2237.17 2711.07
[Watts]
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The most important trend found in Table 4.5 is that the power loss decreases with a decreasing
number of pistons. This is expected because the ball-cylinder interface accounts for the largest
portion of the losses as seen in Table 4.5. Therefore, for a given displacement, decreasing the
number of pistons typically decreases the losses. Another physical way to rationalize this reduction
in losses is to consider that fewer pistons requires larger pistons to achieve the same flow rate.
Increasing the radius of ball piston increases their cross-sectional area when compared to their
circumference. This ratio of area to perimeter is important because power output scales with the
cross-sectional area and losses scale with the circumference. Thus, increasing the ratio increases
the power output per loss. Also, from Table 4.5, the pintle-rotor losses increase with the number of
pistons. This happens because the pintle radius increases to fit the valve openings, which also
increases torque and leakage losses.

The next obvious result is that the ball-cylinder clearance for all three designs converges to 40
microns of radial clearance. This is the upper bound placed on the parameter. The upper bound was
not increased because the simplified model was used at this stage, and it was known from
preliminary studies with the complete model that the ball-cylinder interface would be a major
contributor to losses within the pump. Therefore, the upper bound was selected so that the interface
contributed about 60 to 70 percent of the losses at maximum speed even in the simplified case.
Having a similar magnitude of losses at the interface forces the optimization to size the unit
correctly even when using the simplified model. This allows the ball-cylinder clearance to be
optimized after the genetic algorithm has finished without losing confidence in the near-optimality
of the design parameters.

A few other trends are that the bore to stroke ratio and maximum pressure angle decrease as
the number of pistons increases. The ball piston diameter decreases with decreasing bore to stroke
ratio, making it easier to package the larger number of pistons. Decreasing the maximum pressure
angle increases the radius of the cam and overall size of the hydraulic unit, eq. (4.86). The increased
radial size is another compensation to fit the extra pistons.

e
Ream = —7 =241, (4.86)

sin ((»bpumpmax)

The height of the valve opening, Ry, , which determines the distance between the piston seat

and the pintle, is another variable that changes to account for the increase in number of pistons. As
the number of pistons grows, it becomes more difficult to fit features near the inside radius of the

rotor block and the valve height ratio increases to account for this.
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These trends in optimization results show that with fewer ball pistons the radial size and power
loss of the hydraulic unit decreases. The primary advantage of hydraulic units with more pistons is
the reduction of flow ripple, but this was not an objective in this optimization. Therefore, the rest
of the chapter focuses on the optimal 5 piston design because reducing power loss is the primary
goal of the HECM hydraulic unit.

4.3.1.1 Parameter Evolution

The parameter evolution of the optimal 5 piston design (referred to as optimal design from this
point forward) can provide insights into how the genetic algorithm works and how the design was
selected. Figure 4.16, Figure 4.17, and Figure 4.18 show the evolution of individual parameters
versus total power loss across generations 1, 10, 30, 65, and 100. The figures limit the x-axis (power
loss) from the minimum power loss to three times the minimum power loss. This is done so
differences near the minimum power loss are clearly visible. Also, the black horizontal lines on
each figure are the bounds for each parameter. The ball-cylinder clearance is the only value that

appears constrained by the choice of limits, which was done intentionally as mentioned previously.
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Optimization Paramter Evolution
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Optimization Paramter Evolution
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Optimization Paramter Evolution
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Analyzing the figures provides a few key insights into the optimization and the parameters

themselves. First, consider variables like maximum pressure angle, ¢1”umpmax’ and valve radius,

Ry, Where very clear limits form. For example, ¢pyump,, . Never exceeds roughly 67/180 even

within the first generation. This implies that any design outside of this range either was invalid, or

the losses increased sharply as the parameter neared the limit. It is expected that ¢pymp,, . has

strict limits because generating valid design outside of this region is extremely difficult. In contrast,
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the lower limit for the valve radius, R;. is because throttling losses increase rapidly as the valve

size decreases, pushing small values of the valve radius outside of the x-axis (power loss) limits.
Another feature is the relationship between different parameters. Good examples of this are:

the bore-to-stroke ratio and maximum pressure angle, R /s and dpump,...» Pintle clearance and

pintle leakage length, Hpo and 6,

and the valve timings. In the early generations, such as
generation 10, high density horizontal lines form in the figures indicating a preferred parameter
value. These dense lines of individual designs form for both coupled parameters because the
parameter combination is a low power loss state. As the generations continue to increase, the
optimization selects one of these parameter combinations as a preferred optimal solution eventually
forcing all the individual designs to one parameter value by the final generation.

The final insight gained from the parameter evolution figures is the rate of convergence for
different parameters. Several of the parameters appear converged by the 30" generation while
others are not converged by generation 65 or even 100. The parameters that appear nearly

converged by generation 30 are: Ry s, qb;,umpmax, hl’f’o’ Rﬁ;p, Ry, and Ry . The values that do not

seem converge even by generation 100 are the valve timing parameters, vgpe, S’ gpc, Vrpe, and
stpc- The pintle clearance and length appear to converge sometime between generation 30 and 65.

There are several reasons why some parameters converge faster than others. If the power loss
is extremely sensitive to a parameter, then it is easy for the optimization to converge to an optimal
value. In the case of the ball-cylinder clearance, the optimal was also at a boundary simplifying the
convergence process. In contrast, the valve timing may have several good designs but no clear
optimal. The optimization is left with solutions that do not dominate each other and reducing the
power loss becomes a slow process of many small advances.

Another reason for the differing convergence rates is the use of ratios. Every ratio converged
before the 30" generation. Ratios allow two geometric values to be coupled and reduced to a single
parameter. Also, the power loss is typically strongly related to the ratio instead of the individual
values, the bore-to-stroke ratio is a good example of this. The convergence rate for the pintle
clearance and length likely would have been faster if one of the values become a ratio instead of

two decoupled geometric parameters.

4.3.2 Detailed Analysis of the Selected Optimal Design
This section analyzes the optimized 5 piston design in two parts. First, the dimensions for the

hydraulic unit and the valve timing angles are presented. The impact of the valve timing on the

175



pressure dynamics and the throttling losses is shown for each operating condition. Next, the ball-
cylinder clearance optimization is presented. The kinematics and heat transfer at the interface are
presented, and the shear and leakage trends are examined.

4.3.2.1 Optimized Valve Timing

The optimal five-piston solution is presented in Figure 4.19, which shows all dimensions to
scale except for the ball-cylinder and pintle-rotor clearances. The constraints within the
optimization ensured a valid and well packaged design, with the outside diameter of the 20kW
machine being approximately 100 millimeters. Even though the optimization did not consider
minimizing size as an objective, the packaging still became as small as possible given the
constraints. This makes sense because the objective was to minimize losses and reducing the radial
size reduces the torque loss. Another takeaway from the design is that the valve timing is nearly

symmetric.

Valve Timing Detail
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FIGURE 4.19: OPTIMAL DESIGN DIMENSIONS AND VALVE TIMING

It is understood that the optimal valve timing of a pump or motor varies for different operating
conditions [59]. Four operating conditions, one in each operating quadrant, were used in the

optimization to help balance the different tradeoffs and create a valve timing that worked well
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everywhere. The area profile for the valve timing when rotating in the counterclockwise (positive)
direction is shown in Figure 4.20. Notice at bottom dead center (BDC) and top dead center (TDC)
there is a short period where the cylinder is connected to port A and port B, this is known as cross
porting®. The area profile opens gradually, but the maximum area is relatively large compared to
the peak flow rate into and out of the cylinder. At maximum operation speed, there is only 90 kPa'®

of pressure drop.
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FIGURE 4.20: VALVE TIMING AREA PROFILE

The valve timing directly impacts the pressure dynamics, which are shown in Figure 4.21, for
each of the operating conditions. There are two pressure traces shown in the figure. The cylinder
pressure is the pressure at the bottom of the ball piston, and the transition pressure is the pressure
at the inside radius of the rotor block. The transition pressure is the value used when calculating
the flow transitioning between the ports and the cylinder. There is a pressure gradient created by
the rotating cylinder block that increases with radius that needs to be considered when calculating

flow rates into and out of the cylinders. The small radial size limits the centripetal effects, thus the

% Cross porting is considered a bad design practice in typical hydraulic units because high pressure fluid can
easily flow to the low pressure side resulting in a power loss. However, as operating speed increases, the

power lost due to cross porting becomes less significant.
2
90 kPa = Ap =p/2- (nrbzepumpwpump/CdAmax )
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deviation between the two traces is clear only in quadrants 1 and 4 where the rotation speed is
higher. Each plot starts at bottom dead center, which means the first half of the simulation is when
the unit is discharging fluid from the cylinder. When pumping, quadrants 1 and 3, the discharged
fluid pressure is approximately equal to the high pressure port and when motoring, quadrants 2 and
4, the discharged fluid is equal to the low pressure port.
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FIGURE 4.21: OPTIMAL DESIGN PRESSURE DYNAMICS

Overall, the pressure dynamics in Figure 4.21 look well behaved with minimal pressure spikes.
However, to determine the quality of the valve timing, the throttling losses need to be considered.
The throttling losses for both the A and B port are presented for the four operating conditions in

Figure 4.22. For each operating condition, there is a spike in losses at bottom dead center (start and
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end of cycle) and top dead center (middle of cycle) because the valve is transitioning between the

ports and there is cross porting in this valve timing design. The next feature to notice in Figure 4.22

is the relatively constant magnitude of throttling loss during much of the cycle for operating

conditions 1 and 4. These are the two highest speed operating conditions and require the greatest

flow rate across the valve. This increased flow rate creates a greater pressure drop and an overall

less efficient valve timing. Increasing the valve size would reduce the resistance and improve the

throttling losses but doing so requires the unit to grow radially. Therefore, the optimization has

struck a balance between the valve size and the overall size of the unit.
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4.3.2.2 Optimized Ball-Cylinder Interface

The optimization results presented thus far have considered the simplified ball cylinder model,
but to be accurate, the more complicated dynamic model needs to be run. Figure 4.23 shows the
normalized eccentricity of the ball piston for each operating condition for two different radial
clearances, 20 and 100 microns. Note that values of 1 and -1 correspond to the ball piston moving
next to the cylinder wall in the positive and negative directions respectively. The ball piston can
move freely within the cylinder and this is true for each operating condition. The lag in response

of the 100 micron ball position is because it has a greater distance to travel to reach the wall.
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FIGURE 4.23: NORMALIZED BALL ECCENTRICITY DURING OPERATION
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Even with the normalized ball positions being nearly identical, the amount of radial clearance
should make a difference for the thermal conditions at the ball. For example, it is true that the 20
micron radial clearance will have about 40 microns clearance on the side away from the wall and
the 100 micron radial clearance will have about 200 microns of clearance. This creates a large
difference in fluid volume that should cause temperature differences around the ball. The region
around the ball piston is broken into eight control volumes as shown in Figure 4.24. Note that the
figure exaggerates the clearance between the cylinder wall and the ball piston. A positive ball
eccentricity reduces the size of control volumes 1 and 8, while a negative eccentricity reduces
control volumes 4 and 5. Due to the geometric symmetry, control volumes 1 and 8 have similar

temperatures and the same is true for control volumes 2 and 7, 3 and 6, and 4 and 5.

FIGURE 4.24: HEAT TRANSFER CONTROL VOLUMES AT BALL-CYLINDER
INTERFACE

The temperature in each of these regions is calculated using the heat transfer model presented
in section 2.2.3.5. It is known from Figure 4.23 that during HECM operation, the ball piston moves
between positive and negative eccentricity, which means control volumes will shrink and grow
based on the ball position. The shearing adds heat to the oil increasing the temperature while
leakage carries energy out of the control volume in the mass. Figure 4.25 shows the dynamic
temperature within control volumes 1 and 4 for each operating condition and two radial clearances,

20 and 100 microns. These control volumes were selected because their temperatures vary the most
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and impact the fluid viscosity at the points of minimal clearance. As expected, the temperature
increases when the eccentricity of the ball piston reduces the fluid mass in the control volume. For
each operating condition, the temperature for the 100 micron radial clearance lags the 20 micron
one and never reaches the same peak values. This is caused by the larger thermal mass and because
the ball reaches the wall sooner in the 20 micron design. Figure 4.25 shows that smaller radial
clearances tend to have higher fluid temperatures.
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FIGURE 4.25: CONTROL VOLUME TEMPERATURE AROUND BALL PISTON

182



Now that the kinematics and thermal conditions of the ball piston are known, the shearing and
leakage losses can be examined in detail. A grid search of radial clearances from 10 microns to 100
microns was performed to analyze these trends. Figure 4.26 highlights the shearing losses and the
complexity of the ball-cylinder interface due to the slightly different trends appearing for each of
the different operating conditions. The quadrant 1 operating condition has the highest torque loss,
which is expected since the operating speed is the highest. The loss increases with clearance which
is contrary to the general expectation. In quadrant 2 the losses also increase with clearance.
Quadrant 3 has the slowest operating speed and therefore the least torque losses, but the torque loss
does appear to reach a minimum around 70 microns. Quadrant 4 is the only operating condition
where the torque loss clearly decreases with increasing clearance. This results in the losses for
quadrants 2 and 4 at 100 microns being approximately equal despite quadrant 4’s operating speed
being over 65 percent faster. The relatively constant torque with increasing clearance is a result of
the ball nearing the wall and the fluid mechanics entering the elastohydrodynamic lubrication
(EHL) regime, which is characterized by localized pressure spikes which create localized
deformations and viscosity increases. The combination of the ball moving close to the walls, the
ball rotation creating high relative velocity, and the increased fluid viscosity of the EHL regime all
tend to increase the shearing losses and cannot be avoided by increasing the clearance.
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Figure 4.27 shows the torque acting on the ball piston throughout the cycle. The plots show
dynamics that arise after the ball piston reaches the cylinder wall. This behavior has physical origins
created by the ball rebounding off the cylinder wall with minimal damping due to the low fluid
viscosity. The plots also demonstrate the complicated nature of the ball-cylinder interface. The
operating condition impacts the trace and magnitude for the torque. The clearance also impacts the
torque, but because of the interconnected nature of the fluid mechanics, kinematics, and heat

transfer a relatively consistent magnitude of torque is maintained as clearance changes.
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FIGURE 4.27: BALL PISTON TORQUE DURING OPERATION
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The second component of the losses at the ball-cylinder interface is the leakage. Figure 4.28
shows how the leakage power loss changes for each operating condition with increasing clearance.
As expected, increasing the clearance rapidly increases the leakage power loss at the interface. An

increase in operating pressure also increases the losses.

Leakage Power Loss Versus Clearance
T T T

4000 { . \ [ .
*  Quadrant 1: 12500rpm + 4MPa o
O Quadrant 2: 5625rpm + 5MPa
3000 - Quadrant 3: 2500rpm + 2.5MPa |
— O Quadrant 4: 9375 + 3MPa
§ o x
%)
3
— 2000 - o * 8
o
2 o *
o
o ® j:l
1000 3 o
9 =]
@ ¢ v :
=]
Oﬂ—ﬂ = | a I I I | |

10 20 30 40 50 60 70 80 90 100
Clearance [pm]

FIGURE 4.28: BALL-CYLINDER CLEARANCE AND LEAKAGE POWER LOSS

The leakage trends are much easier to characterize then the torque ones, but the kinematics do
create important behavior that should be analyzed in more detail. The interesting results are the
differences between pumping and motoring. To study this the same operating speed and pressure
differential were simulated for a pumping and motoring case. These results are presented in Figure
4.29. The figure shows the leakage from the cylinder to case, the pressure in the cylinder, and the
power loss at each instant from this leakage. The leakage for the pump operating condition varies
greatly even becoming negative during the suction portion of the stroke. A negative leakage is when
the net flow is from the case to the cylinder. For motoring the leakage is more consistent, but it
does decrease during the latter half of the simulation. This is counterintuitive because the cylinder
pressure increases during this portion of the stroke and an increase in pressure should drive more
flow to the case. The last figure shows the power loss, and for these operating conditions, the overall

energy loss is greater when pumping compared to the motoring.
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FIGURE 4.29: PUMPING AND MOTORING LEAKAGE COMPARISON

The leakage at the ball cylinder interface is caused by two physical phenomena. The first is the
pressure driven flow, which is the primary driver of leakage in most hydraulic pumps and motors.
The second is the Couette driven flow created by the ball piston rotation. In a cylindrical piston
pump, especially at low speed, the pressure driven flow greatly exceeds the velocity driven flow.
The ball piston rotation and high speeds of the HECM make both flow profiles significant
contributors to the leakage.

The fundamental difference between the pumping and motoring operating conditions is the ball
eccentricity when the cylinder pressure is high and the impact that has on the flow profiles. The
physical situation is shown in Figure 4.30. When pumping, the ball eccentricity at high pressure is
such that the clearance is greatest when the pressure driven flow and velocity driven flow act in the
same direction. This drastically increases the leakage going to the case because the clearance is
roughly twice the size of the nominal radial clearance. In contrast, the ball eccentricity during
motoring forces the pressure driven flow and velocity driven flow to act in opposite directions when

the pressure is highest. During the second half of the pumping cycle the leakage becomes negative
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because the ball moves to a position where the pressure driven flow and velocity driven flow are in
opposite directions, but the low pressure results in the velocity profile creating net flow into the
cylinder.

Pumping Motoring

—
——

Peyr = High peyt = High

FIGURE 4.30: FLOW PROFILES DURING PUMPING AND MOTORING OPERATION

Figure 4.31 shows the total losses for each operating condition as the clearance is increased by
combining the shearing and leakage power losses from Figure 4.26 and Figure 4.28 respectfully.
The strictly increasing behavior shown in Figure 4.31 is not typical of hydraulic clearance
optimizations. The losses increase as the clearance grows because the leakage increases while the
shearing stays relatively constant; therefore, a small radial clearance is optimal. However, it is
known that at a small enough clearance, the model assumptions break down and the torque will
increase to the point where the ball piston seizes within the cylinder. When the ball stops spinning,
excessive wear occurs, and the life of the unit is reduced. The simulation at a radial clearance of 10
microns found that the temperature became exceedingly high, which reduces the viscosity. The low
viscosity reduces the load carrying capability of the fluid and shrinks the minimum distance
between the ball and the cylinder wall. This is when an elastohydrodynamic lubrication regime will
start to transition to a mixed regime and metal to metal contact can occur. There is also limited
reduction in power loss as the clearance becomes smaller. For these reasons, 20 microns was

selected as the lower bound for the radial clearance.
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FIGURE 4.31: RADIAL CLEARANCE GRID SEARCH

The analysis of the ball-cylinder interface provides insight into what clearance should be
selected. Selecting a smaller clearance reduces the power loss for each operating condition, but it
is known that the model becomes invalid at extremely small clearances. The smallest trusted radial
clearance is 20 microns, so it is selected as the optimal value. This choice finalizes the optimal
design allowing the overall performance to be calculated. Table 4.6 shows the efficiency and power
loss for each of the operating conditions that were tested. Quadrants 1 and 4 had the fastest
operating speeds at 12500rpm and 9375rpm respectively. Also, quadrant 1 has the second worst

efficiency, despite its power loss accounting for 50 percent of the optimization weighting.

TABLE 4.6: OPTIMIAL DESIGN PERFORMANCE

Quadrant 1 Quadrant 2 Quadrant 3 Quadrant 4
Efficiency [%0] 83.14 88.99 88.14 82.87
Power Loss [W] 5397 1794 305 2511

The losses can be broken down into components to determine how each loss mechanism
contributes to the overall total. Figure 4.32 does this graphically for each of the four operating
conditions. The torque acting on the ball piston is the largest loss contributor for each of the

operating conditions, even quadrant 3 where the speed was 2500rpm. Combining the ball piston
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leakage and torque, this interface accounts for about 75 percent of all the losses for each operating
condition. Unfortunately, there is no way to reduce these losses by changing the clearance since
the torque power loss does not reduce with increasing clearance and the leakage power loss only

increases.
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FIGURE 4.32: LOSS BREAKDOWN

The pintle-rotor interface and throttling losses evenly make up the last 20 to 35 percent of the
losses. The throttling losses for ports A and B are similar which, as mentioned previously, is a
consequence of the symmetric valve timing. Whether the torque or leakage power losses at the
pintle-rotor interface is greater depends on the specific operating condition. Under high-speed
operation, quadrants 1 and 4, the torque dominates over the leakage, while the reverse is true under

low speed, quadrant 3.
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4.4 Conclusion

This chapter explained how the model developed in Chapter 2, which was validated in Chapter
3, was used to formulate an optimization framework for the radial ball piston unit. The final design
packaged a 20kW hydraulic machine within a 100mm outer diameter and determined critical
dimensions such as piston size, clearances, and valve timing. The predicted performance was also
impressive with efficiency between 80 and 90 percent across four quadrants of operation.

The optimization required searching a complex multi-variable design space that contained
several local minima. This meant a typical gradient method would be ineffective, so a genetic
algorithm was used to handle the unknowns of the design space. The cylinder spacing, ball piston
stroke, and overall size of the unit were optimized and checked within the framework to ensure a
valid design. The operating conditions were selected by considering drive cycle data for an HECM
and a set that spanned the full range of operating points was found. This selection was successful
at creating a design that worked well at all operating points as demonstrated by the consistent
efficiency across four quadrants.

For the genetic algorithm to be successful, hundreds of individuals needed to be analyzed over
several generations. Due to the number of simulations required to generate a quality design, the
model was simplified to increase the computation speed. The ball-cylinder interface was simplified
by ignoring the kinematics and assuming the ball stayed in the cylinder center. This simplification
keeps losses in the correct order of magnitude but does not preserve the expected relationship
between clearance and losses. Therefore, after the size of the pump was determine, a grid search of
the clearance was performed with the validated ball-cylinder interface model. The pintle-rotor
interface was also simplified to improve the computation speed.

This chapter is the culmination of all the previously presented work. The development of a
mathematical model allowed for a radial ball piston unit to be quickly and accurately analyzed
using analytical and numerical techniques. This model was experimentally validated against an
existing radial ball piston pump providing confidence that it could predict the behavior of different
designs. This model was then implemented into an optimization framework to allow for hydraulic
pump and motor design outside of the typical operating conditions. This demonstrated that radial
ball piston units can be used for high speed applications across pumping and motoring operations

while maintaining acceptable efficiency.
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5 Conclusion

5.1 Review

This thesis developed a radial ball piston pump model that was both computationally fast and
accurate by utilizing analytical, numerical, and empirical techniques. Confidence in the model was
established by experimentally validating the model using an off-the-shelf radial ball piston pump.
Finally, the model was implemented within an optimization framework to develop a design that
worked at high speeds and across four quadrants.

Chapter 1 looked at electric and hydraulic integration research and the growing interest it is
receiving due to the emphasis placed on improving efficiency and reducing emissions. Multiple
attempts have been made within industry and academia to completely integrate electric motors and
hydraulic pumps with limited commercial success. Two takeaways from the previous efforts are
that a preferred hydraulic pump architecture has not been identified and the system speed has not
been pushed. Increasing the speed allows the electric machine to be more efficient and improves
the overall power density. The chapter briefly summarizes electrohydraulic actuators (EHAS),
which are the current state-of-the-art for high-speed hydraulic pumps. For this thesis, a radial ball
piston unit was selected to be studied, and the chapter reviews the research surrounding this
architecture. The radial ball piston architecture is not new but is somewhat uncommon in
commercial hydraulics. It was considered a promising candidate for integration because it
addressed many of the current limitations seen in EHAs when increasing rotation speed. This thesis
represents, to the best of the author’s knowledge, the first detailed analysis and optimization of a
radial ball piston unit for high-speed operation.

Chapter 2 presented the mathematical model that was developed to simulate a radial ball piston
pump. The model used analytical approaches when appropriate to improve the computation speed
and numerical ones for more complicated phenomena. The combination of methods led to a model
that was relatively fast computationally, but also detailed enough to describe a wide range of
operating conditions. The developed model consisted of three main components, the first was the
cylinder pressure dynamics. This section of the model utilized the valve area profile to describe the
power output and losses incurred by filling and discharging the piston cylinder. The second
component of the model calculated the losses at the ball-cylinder interface during operation. This
was the most complicated section requiring the dynamics, kinematics, heat transfer, and fluid
mechanics of multiple lubrication regimes to be analyzed. The final section considered the losses

at the pintle-rotor interface using a quasi-static assumption for the kinematics, heat transfer, and
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fluid mechanics. These were then summed to determine the overall power loss and efficiency of
the radial ball piston unit.

Chapter 3 described the experimental system to test the Eaton radial ball piston pump and the
experimental results that were collected to validate the previously presented model. Multiple
experimental setups were used, and multiple operating conditions were tested to determine the
accuracy of the developed model. Sensitivity studies were also done to determine which design
variables influenced the losses most. The results showed that after refining the parameters, the
model could predict the overall pump performance, including the volumetric and mechanical
subcomponents of the losses. This provided confidence that the model was accurate and capable of
driving design decisions.

Chapter 4 leveraged the validated model to create a design optimization framework. This
process required careful consideration of the design parameters to be optimized, the geometric
constraints that needed to be checked, and the operating conditions to be analyzed. Model
simplifications were used to improve the computation efficiency of the pump analysis. These
simplifications allowed a genetic algorithm to quickly identify valid geometries and push the design
to a near optimal value. Then, a grid search was used with the fully developed model from Chapter
2 to generate the final design. The optimization used operating points in four quadrants, which
created a final design with efficiency between 80 and 90 percent in all four quadrants and across a

wide pressure and speed range.

5.2 Conclusions

The goal of this thesis was to study the feasibility of integrating a radial ball piston pump with
a high-speed electric motor as a component within the Hybrid Hydraulic-Electric Architecture
(HHEA) [2]. This objective was accomplished by developing a radial ball piston pump model,
validating the model experimentally, and utilizing the model within a design optimization. The
following statements can be made as a conclusion of this work:

e There s little research on radial ball piston pumps, with the majority of the work produced
in the last 10 — 15 years. None of the work thus far has involved optimization of ball piston
pumps; instead, the work has focused on the tribology of the interfaces and analyzing
specific losses.

o Few researchers have focused on integrating electric motors and hydraulic pumps. Several

interesting questions remain to be answered, such as: what hydraulic pump architecture
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should be used, what maximum speeds can be achieved, and what cooling performance is
feasible with the hydraulic oil.

The HHEA architecture offers several benefits for high-speed electric motor and hydraulic
pump design. The pressure rail system results in smaller pressure differentials, limiting the
torque the electric machine needs to produce, and it boosts the inlet pressure of the
hydraulic pump, preventing cavitation at higher operating speeds.

The centripetal force in a high-speed radial piston pump creates a nontrivial pressure
distribution within the pumping chamber that needs to be considered when analyzing the
pressure dynamics. A 220 kPa change in pressure was observed within the cylinder at an
operating speed of 12,500 rpm for the optimal radial ball piston design. However, this
pressure differential would be higher if not for the radial compactness of the design.
Models of the thin fluid film gaps are critical for understanding the losses within the
hydraulic pump. The ball-cylinder interface is particularly important and accounts for a
significant portion of the losses within the pump, because of this, designs with fewer
pistons tend to be more efficient.

The temperature within the thin film regions can vary greatly (10-30 K) from the bulk fluid
temperature due to localized heating due to fluid shearing. This temperature variance
effects the load carrying capacity of the fluid, which can change the lubrication regime at
the interface. Knowing the lubrication regime and temperature in the thin film is necessary
to determine the leakage and shearing at these surfaces.

The forces on the ball piston move it to an eccentric position in the cylinder with the
position stabilizing once the ball is next to the cylinder wall. Reaching this equilibrium
often involves the fluid mechanics transitioning from the hydrodynamic to
elastohydrodynamic lubrication regime. The transition depends strongly on the operating
conditions; increasing pressure, increasing oil temperature, or decreasing rotation speed all
increase the likelihood of elastohydrodynamic effects occurring. This transition
significantly increases the shearing losses at the interface, and because the ball always
moves close to the cylinder wall, increasing the clearance has little to no effect on the
shearing losses. Finally, the rotation of the ball piston creates high relative velocity between
the ball and the cylinder further increasing the shearing losses.

As expected, adjusting the ball-cylinder clearance increases the leakage at the interface.
Interestingly, there is less leakage power loss at the interface when motoring versus

pumping because of the eccentric ball position and its interaction with the pressure driven
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and velocity driven flow profiles. This phenomenon could be exploited to optimize the
volumetric efficiency of a radial ball piston motor.

e If ball bearings are not used to support the rotor, then the pintle-rotor interface needs to
assume journal bearing behavior to accurately account for the losses. When accounting for
rotor eccentricity, the gap height is largest near the high pressure port resulting in a
significant leakage increase compared with a concentric pintle-rotor interface.

e After parameter adjustment, the radial ball piston model predicts the performance of an
off-the-shelf pump with acceptable accuracy (3 — 10 percent).

e The pump design is sensitive to the ball-cylinder clearance and the pump eccentricity,
making them critical dimensions when attempting to optimize a design. The fluid
temperature and entrained air percentage are critical testing conditions that impact pump
performance as well.

e Optimization of the radial ball piston architecture demonstrated that 80 — 90 percent
efficiency was possible across four quadrants of operation and at speeds up to 12,500 rpm.
The power density of the optimized unit was also impressive with a 20 kW machine fitting
within a 200mm outside diameter. However, the maximum efficiency of the architecture is
limited by the ball-cylinder interface and the inability to decrease the shearing losses at
high speeds.

o The radial ball piston architecture is a promising candidate for integration with high-speed
electric motors, but it is not ideal for the proposed HHEA [2]. The ball-cylinder interface
is particularly problematic when attempting to design for efficient operation at both high
and low speeds. The ball-cylinder clearance must be large, so the ball does not seize and
stop rolling at high speeds, but this results in excessive leakage when operating at low
speeds. Therefore, it is expected that a radial cylindrical piston pump will perform well
within the HHEA because it retains the benefits of a radial topology, while allowing greater
design freedom when optimizing the piston-cylinder interface for high and low operating
speeds. Future work by other researchers on the project are investigating this pump

architecture.

5.3 Future Work

The recommended next steps are completing the detailed design and building a prototype of
the optimized solution. The dimensions and oil properties need to be closely measured to ensure an
accurate comparison. Also, the work in this thesis represents the hydraulic component of the
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integrated hydraulic-electric machine. Parallel work at the University of Wisconsin — Madison has
optimized a preferred electric machine. Current research, which extends this thesis, incorporates
the thermal and mechanical interactions of the electrical motor and the hydraulic pump. Developing
a robust test setup that can decouple the electric and hydraulic interactions within the prototype
would allow for validation of the hydraulic model presented here, the electric model developed by
UW-Madison, and the combined model that is being developed.

The validation of the hydraulic, electric, and integrated models creates an opportunity to extend
this work and electrify other hydraulic fields. Utilizing this hydraulic model, other operating
conditions can be analyzed, and this work can be extended to an increasing number of applications.
The operating conditions presented here are for a 22 ton excavator with 5 pressure rails, but other
mobile hydraulic applications could benefit from the electrification presented here. However, it is
important to consider the pressure requirements for different applications because the radial ball
piston pump does not perform well at high pressure differentials due to leakage. Outside of mobile
hydraulics, aerospace applications value compactness and robustness over efficiency, making the
radial ball piston architecture a perfect fit. Also, switching to a radial ball piston pump eliminates
several of the challenges associated with increasing the speed. Future work to determine the
maximum operating speed of the radial ball piston architecture would be valuable for aerospace
and other applications that require extreme power density.

Despite the robustness and care taken in developing the ball-cylinder model, the assumption
that the ball piston always rotates on the cam ring is a limiting one. The ball-cam ring interface has
been modeled previously [30] and involves point contact elastohydrodynamic lubrication. This
work also showed that the ball can skid on the cam under certain operating conditions. Before
pushing the model developed here to optimize higher speed applications, a model of the ball-cam
ring interface would need to be developed to accurately determine the conditions when the ball is
skidding versus rolling on the cam surface.

Other assumptions can be relaxed in future versions of the model. The ball-cylinder interface
uses a thin gap approximation allowing for one-dimensional fluid flow. This is a good assumption
when the ball position is relatively stable, but when the ball moves rapidly towards the cylinder
wall, the normal squeeze component of the fluid flow is not expected to be one dimensional.
Similarly, the heat transfer model assumed that the heat is absorbed by the oil with no convection
to other control volumes or to the surrounding metal surfaces. Relaxing this assumption dissipates
energy between neighboring regions and reduces the overall energy contained within the oil.

Finally, if the final design does not use a ball bearing to maintain concentricity between the pintle
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and rotor, then the quasi-static assumption for this interface should be relaxed or testing to identify
when it is no longer valid.

These possible improvements do not detract from the work presented here, in fact, many of the
model assumptions that could be relaxed were made purposefully to improve the overall
computation speed. The model development in Chapter 2 extends the work done previously by
Jamzedeh and provides an example of how to effectively trade-off between model speed and
accuracy. The integration of this model within the genetic algorithm framework of Chapter 4 is
particularly valuable for radial ball piston design, where the current work focuses on analysis of
existing designs instead of the optimization of new ones. Such a framework opens the possibility
for the radial ball piston architecture to expand to a more prominent role, especially in mobile and

high-speed hydraulic applications.
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Appendix A: Architecture Selection

The decision to study the radial ball piston pump for the Hybrid Hydraulic-Electric

Architecture (HHEA) was a non-trivial one that required careful consideration of different

hydraulic pump/motor architectures and their tradeoffs. This appendix walks through the design

criteria and tradeoff analysis that was performed to determine that a radial ball piston pump should

be studied. The hydraulic architectures that were considered are: external gear, internal gear,

gerotor, vane, axial piston, and radial piston. The design criteria are given in Table A.1.

TABLE A.1: DESIGN CRITERIA

Criteria

Description

Low pump displacement
scalability

As the pump displacement gets smaller, how does the pump perform

High pump displacement
scalability

As the pump displacement (size) gets bigger, how does the pump perform

Maximum speed capability

Does the pump have the potential to run at high speeds

Displacement density

How much fluid is displaced for a given packaging mass (mass can't
become too large for most mobile applications)

Cost

Dollar amount

Volumetric eff @ high
pressure

How volumetrically efficient is the system at high pressure

Mechanical eff @ low
speed

How mechanically efficient the system is at low speed

Mechanical eff @ high
speed

How mechanically efficient the system is at high speed

Ease of integration

How easy can the pump become electrically integrated

Ease of valves

How easy can the pump have active valves

Stick-Slip @ low speed

How noticeable is the stick-slip behavior of the pump at very low speeds

Wear and reliability

How much wear occurs within the pump

Noise

How loud is the pump/motor

The evaluation was performed by assigning each design a score for each criterium. Also, each

criterium was assigned a weight based on its importance for the application. Finally, the score for

each criterium is multiplied by its weight, and those values are summed to determine the overall

performance value. The overall performance matrix and final scores are shown in Table A.2.
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TABLE A.2: HYDRAULIC ARCHITECTURE EVALUATION MATRIX

Criteria Weight | External | Internal | Gerotor | Vane | Axial | Radial
(0-10) Gear Gear Piston | Piston

Low pump 8 8 7 9 6 8 5
displacement
scalability
High pump 3 6 7 3 9 7 10
displacement
scalability
Maximum speed 8 7 7 7 8 2 6
capability
Displacement 6 7 6 8 9 6 5
density
Cost 4 8 6 10 6 5 4
Volumetric eff @ 8 6 7 3 6 9 10
high pressure
Mechanical eff @ 8 7 8 7 3 5 9
low speed
Mechanical eff @ 8 7 8 7 8 8 9
high speed
Ease of integration 10 2 5 7 7 7 7
Total Score 392 427 431 423 403 458

As can be seen from Table A.2, the ordering of the preferred architectures are as follows:
1. Radial Piston
2. Gerotor

3. Internal Gear
4. Vane

5. Axial Piston
6. External Gear

The primary detriment for the external gear was the difficulty of tightly integrated the electrical
motor to the unit. A shaft would likely have been required between the electric machine and the
gear pump defeating the primary goal of a tight integration.

The axial piston unit was not ideally suited for this research because of the side loads arising
from the centripetal force under high speed operation. This issue requires significant engineering
to overcome especially as the pump displacement increases. Also, the axial piston is popular as a

variable displacement unit, but that is not desirable for this application.
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The hydraulic architectures described after this point were all considered reasonable options
and could possibly be preferred for a different high speed application. The vane pump had the
potential to package well within a radial flux electric machine, had good pressure capability, and a
smooth flow rate. It also could be balanced to reduce the dynamic forces acting on it, but that would
decrease the maximum operating speed. The key concern was the pump performance at low speed,
when stick-slip behavior is likely, and the components tend to wear, reducing overall life.

The next reasonable solution was an internal gear pump. It could package well with a radial
flux electric motor, has good displacement density, and has shown the ability to reach high speeds
and reasonable pressures. Internal gear pumps are currently being made that can reach 10,500 rpm
and 28 MPa. Unfortunately, the efficiency of this architecture is limited as there is a large sliding
surface area. This large area creates a tradeoff between shearing and leakage losses that is difficult
to optimize for efficient performance, especially across the wide set of operating speeds seen in the
HHEA.

The gerotor is similar to the internal gear but offers better displacement density, packaging,
and cost. However, the efficiency is even more limited than the internal gear. The first concern is
that as the pump displacement increases, filling the ports becomes increasingly difficult at high
speeds. Another deterrent is poor volumetric efficiency at high pressures as there is limited sealing
surface. Fortunately, the pressure rail spacing reduces the pressure differential at the pump and that
limits the expected amount of leakage.

The radial piston design was selected as the best option for the HHEA application. It packages
well, can reach high pressures, has good mechanical efficiency, and can reach high speeds. If the
design is inside impinged, then the centripetal forces help with filling the cylinders at high speeds.
A Dball piston was preferred over a cylindrical piston because it simplifies the design, reduces the
cost, and improves the compactness of the unit. Also, the ball piston can take advantage of the
reduced pressure differentials created by the pressure rail system of the HHEA. Lastly, the ball
pistons can roll on the cam allowing good tribological performance at both high and low speeds.

This limits concerns regarding excessive wear.
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Appendix B: Valve Timing — Area Intersections

The area profile can be calculated using analytical integrals that describe the intersection of the
valve’s circular cross section with the ports of the pintle. As the valve moves along the pintle from
bottom dead center, it intersects with three distinct geometric features of the ports: the opening
ramp, the main port, and the closing ramp. Figure B.1 shows the geometry.
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FIGURE B.1: UNWRAPPED PINTLE GEOMETRY AND VALVE TIMING

The opening ramp is the first piece the valve cylinder intersects, and its geometry is shown in
Figure B.2. When calculating the intersection, the geometry always defines the cylinder center as
the origin, and the port ramp bound, x; and xj, are shifted to this reference frame. To convert
between the cartesian coordinates in Figure B.2 and angular positions of the pintle, the definition
for arc length is used, eq. (B.1).

x =Ry(0 — Ocy1) (B.1)
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FIGURE B.2: VALVE CYLINDER INTERSECTING OPENING RAMP AREA

Utilizing this local reference frame, the circle and the port ramp equations are given in (B.2)
and (B.3), respectively.

Ycircle = 7,.172 — x? (B-Z)

Yramp = (x — xint) tan ¢p (B.3)

where x;,,; is the x-intercept of the function.

Xint = XR — Xpase (B-4)

where x4 1S the total length of the port ramp triangle.

X _ 1 Wport
base 2 tan ¢R

(B.5)

Setting eq. (B.2) and (B.3) equal to each other allows the x-value for the intersection of the port

ramp and the valve to be calculated, eq. (B.6).
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/ 1y —x% = (X = Xine) tan Py

0 = (1 + tan? ¢pg)x? + (—2x;y tan? P )x + (x2,; tan? ¢ — 12)

2Xine tan® ¢p + \/4xi2nt tan* ¢ — 4(1 + tan? ¢p)(x2,, tan? ¢pp — 12) (B.6)
2(1 + tan? ¢g)

+ - —
X, X =

This information allows a piece-wise definition for the area profile, eq. (B.7), to be established.

Each bound of the piece-wise function corresponds to a case from Figure B.3.
( Case A:

0
Tv<xL

Ty 5 5 Case B:
_[ Xt dx X <x; <r
X 1 L v

L

xf o Case C:
— / 2 _ 2 ~
fx (x — xipe) tan g dx + L+ Ty —x4dx X <x, <xt<rm,
L

1
xt xR Case D:
f (x — Xin¢) tan g dx + f+ ,’Tvz_xzdx xp < xp <xf <xg
XL X1
XR Case E:
A(x) =4 (X — Xine) tan ¢g dx (B.7)
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XL
xr XR Case F:
2 2
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FIGURE B.3: VALVE CYLINDER AND OPENING RAMP INTERSECTION CASES

G
O

The integrals for the area under a circle and area under a line are solved for generic bounds in

eq. (B.8) and (B.9), respectively.

b 1 ) b ) a
-[ 12 —x%2dx == |rZsin! (—) +x |12 — b2 —12sin! (—) +x |12 —a? (B.8)
a 2 Ty Ty

b b2 a2
f (x — Xjpt) tan ¢pp dx = tan ¢y [7 — Xipt b — > + Xipt a] (B.9)
a
The next geometric feature that the valve intersects is the main port. The geometry is shown in

Figure B.4 with the valve again shifted to the origin of the local reference frame and x; and xg

defining the left and right position of the port ramp.
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FIGURE B.4: VALVE CYLINDER INTERSECTING MAIN PORT

Utilizing this local reference frame, the circle and the main port equations are given in (B.10)

and (B.11), respectively.

r2 — x2 (B.10)

Ycircle =

1
Yport = EWport (B.11)

Setting eq. (B.10) and (B.11) equal to each other allows the x-value for the intersection of the

port ramp and the valve to be calculated, eq. (B.12).

’ 1
rvz —x% = EWport

210



(B.12)

This information allows a piece-wise definition for the area profile, eq. (B.13), to be

established. Each bound of the piece-wise function corresponds to a case from Figure B.5.
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FIGURE B.5: VALVE CYLINDER AND MAIN PORT INTERSECTION CASES

v

The integral for the area under a circle is given in eg. (B.8) and for under the main port, eq.

(B.14) is used.

b1 1
[ 3 Woore dx = 5 Wyore - @ (B.14)
a

The last geometric feature that the valve intersects with is the closing ramp. Repeating the

procedure, the geometry is shown in Figure B.6 with the valve again shifted to the origin of the

local reference frame and x; and xp defining the left and right position of the port ramp.
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FIGURE B.6: VALVE CYLINDER INTERSECTING CLOSING RAMP

Utilizing this local reference frame, the circle and the main port equations are given in (B.15)
and (B.16), respectively.

Yeircie = [Ty — X? (B.15)

Yramp = (Xine — x) tan ¢p (B.16)

where x;,,; is the x-intercept of the function.

Xint = X1 T Xpase (B-17)

where x4 1S the total length of the port ramp triangle.

X _ 1 Wport
base 2 tan ¢R

(B.18)
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Setting eq. (B.15) and (B.16) equal to each other allows the x-value for the intersection of the

port ramp and the valve to be calculated, eq. (B.19).
/n? —x% = (Xine — X) tan g

0 = (1 + tan? ¢g)x? + (—2x;y tan? P )x + (x2,; tan? ¢ — 12)

2Xine tan® ¢p + \/4xmt tan* ¢ — 4(1 + tan? ¢p)(x2,, tan? ¢ — 12) (B.19)
2(1 + tan? ¢g)

+ o= —
X, x; =

This information allows a piece-wise definition for the area profile, eq. (B.20), to be

established. Each bound of the piece-wise function corresponds to a case from Figure B.7.
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FIGURE B.7: VALVE CYLINDER AND CLOSING RAMP INTERSECTION CASES

The integral for the area under a circle is given in eq. (B.8) and for under the closing ramp, eq.

b
f (xint
a

(B.21) is used.
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