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Abstract
Valve timing is critical to the performance of hydraulic piston motors and pumps. With
non-optimal valve timing, the pressure differential across the valve during a valve opening
or closing can be significant, causing transitional throttling loss and reducing the energy
efficiency. The goal of this thesis is to provide a fundamental understanding of the role of
valve timing and propose a viable active valve solution for better efficiency of hydraulic
pumps and motors.

Previously, researchers have proposed a variety of valve timing models based on analytical
modeling, numerical simulation, and optimization. However, many critical questions, such
as the relationship between the valve timing and throttling energy loss, the meaning of the
valve timing optimality, and the influence of the fluid compressibility with entrained gas,
have not been fully answered. Prior work on valves with active timing have focused on
reducing the valve transition time, leakage, and dead volume. The cylindrical rotary valve
architecture has been found to be a promising solution, provided that the leakage issue is
solved.

In this research, a new two-phase analytical valve timing solution, a complete active motorvalve numerical model, a prototype cylindrical rotary valve, and a novel fluid
compressibility experiment have been developed. Results have shown that the analytical
valve timing solution is capable of capturing the trade-offs between throttling energy loss
and output piston work. A full model of a motor was used to optimize valve timing for a
iii

specific operating condition. The numerical model was validated experimentally, where a
prototype active rotary valve was integrated into a commercial pump. A rectified bulk
modulus model was derived from a novel mass transfer experiment to determine the
compressibility of oil with entrained gas based on an optical bubble size measurement.

The contributions of the thesis are: (1) the validated analytical and numerical models that
allow finding the optimal valve timing as a function of the operating conditions, (2) a new
active valve architecture that enables variable valve timing motor/pump, and (3) a rectified
fluid compressibility model based on a lumped interfacial mass transport equation that
predicts the effective fluid bulk modulus dynamically.
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Chapter 1 Introduction
1.1. Background
Fluid power systems are power dense, compact, and flexible. Due to these advantages, fluid
power is widely implemented in agriculture, earth moving, manufacturing, and mining
industries. However, the low efficiency of the fluid power systems has a negative impact
on the overall energy consumption and the operating costs. According to a survey done by
Department of Energy in 2012, fluid power systems have an average efficiency of merely
22 % and consume 6 billion dollars’ worth of energy nationwide each year [1]. This annual
energy consumption translates into burning 418 million metric tons (MMT) of fossil fuel
each year, creating 300 MMT of CO2 emission. Out of the 418 MMT of burnt fossil fuel,
only 92 MMT is used to do actual work and the rest is wasted as a result of the energy
inefficiency at a cost of more than 4 billion dollars yearly. Even if the energy efficiency of
the fluid power system is to improve by only 1%, the resulting financial incentive and
environmental impact from fuel savings would be more than 260 million dollars.

The heart of a fluid power system is a motor or pump, which converts energy between the
shaft and flow work. While a number of motor/pump architectures exist, this research
focuses on improving the efficiency of the piston motor/pump. The most common
configurations of piston pumps or motors are axial piston, bent axis, or linkage. A typical
axial piston pump is shown in Figure 1.1 [2]. The valve plate is held fixed while the angled
swash plate forces the piston to reciprocate in the axial direction as the piston block rotates,
1

creating alternating flow to a tank or a high pressure line. On many valve plates, silencing
grooves are implemented. These narrow and short slots, located right before the intake or
exhaust port, create a temporary leakage passage between the piston chamber and the
supply lines, reducing the pressure differential across the opening valve. Other pump
configurations use a linkage to drive the pistons. For example, Cat Pumps manufactures
triplex four-bar crank-slider piston pumps for high pressure commercial applications, such
as car washing, agriculture, food processing, etc [3]. A more sophisticated and efficient
linkage pump design is proposed by Wilhelm et al., which is a six-bar variable
displacement linkage pump [4]. As shown in Figure 1.2, the piston is driven by an
adjustable linkage with a constant top dead center, allowing displacement variation to
match the load efficiently. Instead of a valve plate, the intake and delivery flow passages
are controlled by passive check valves.

Figure 1.1. The general configuration of an axial piston pump [2].

2

Figure 1.2. The configuration of a variable displacement linkage pump [4].

To understand the influencing factors of the piston motor/pump efficiency, a generalized
hydraulic piston motor is created in Figure 1.3. During a complete two-stroke motoring
cycle, the crank rotates from 0 to 2π radians, driving the piston to move from the top dead
center (TDC) to the bottom dead center (BDC) and back to TDC. In total, there are four
valve transitioning events. As the baseline valve timing of the research, all four
transitioning events are timed at the dead centers. During the power stroke, the pressure
valve (P valve) transitions to open at the TDC and to closed at BDC, while the tank valve
(T valve) is closed, allowing the pressurized fluid to do boundary work. During the exhaust
stroke, the T valve transitions to open at the BDC and to closed at TDC, while the P valve
is closed, allowing the piston cylinder to empty and be ready for the next cycle. For a pump,
the previous processes are reversed.

3

Figure 1.3.The two strokes operation of a generalized hydraulic motor.

During motor/pump operation, the energy losses can be categorized as volumetric or
mechanical. The former determines the volumetric efficiency between the displaced
volume and the swept volume of the piston, where leakage is the dominant form of loss.
The latter determines the efficiency of the energy conversion between the flow and shaft
work, where the loss could come from the inefficiencies of the mechanism, friction effects,
or throttling. The throttling loss, defined as the time integral of the pressure difference
across a valve multiplied by the volumetric flow rate, is more directly influenced by the
valve timing than by a particular motor/pump structure or dimension. Also, the throttling
loss is the dominant form of the mechanical loss due to valve transition [5], causing heat,
noise, and vibration. Due to these considerations, a study on the influence of the valve
timing on the throttling loss enables more efficient piston motors and pumps.
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Consider the following thought experiment on the relationship between the valve timing
and the energy loss of a piston motor with sinusoidal piston trajectory and baseline valve
timing. For incompressible fluid, baseline valve timing functions efficiently. However, in
the presence of entrained gas in the hydraulic fluid, the compressibility of the cylinder
volume influences the energy loss. For example, during motor exhaust stroke, the cylinder
volume initially at high pressure discharges to the reservoir at low pressure, when the T
valve opens at BDC. Similarly, when the P valve opens at TDC, the high pressure fluid
from the supply compresses the low pressure dead volume in the cylinder. The first case
loses compressible energy, the second costs extra compression work. The compressible
energy loss in either case will convert to throttling energy loss if the flow is choked due to
valve transition.

The compressible energy is determined by the pressure when the compressibility of the
fluid is constant. During either power or exhaust stroke, the piston cylinder is at the same
pressure of the supply or return line, where the pressure difference across the valve is low,
resulting in low compressible energy loss. However, when the motor is transitioning
between the strokes, the pressure difference across the opening valve is high,
compressibility effect becomes significant. Table 1.1 summarizes the relationship between
the valve timing and the compressible loss for the baseline timing case. It is obvious that
high pressure differential across the opening valve causes high compressible energy loss.

5

Table 1.1. The impact of baseline valve transitioning events on the hydraulic motor.
Motor stroke

Valve transition

Timing

Δp across valve

P valve opening

TDC

High

P valve closing

BDC

Low

−

T valve opening

BDC

High

High compressible loss due to
decompression of cylinder volume

T valve closing

TDC

Low

−

Power stroke

Exhaust stroke

Energy loss remarks
High compressible energy loss due
to compression of dead volume

To reduce the compressible energy loss, the valve timing must be manipulated. Under
given pressure, displaced volume, and fluid compressibility, the timing of the valve
determines the final pressure of the cylinder before transitioning events between strokes.
For instance, the P valve should be closed before the piston reaches the BDC, allowing the
fluid in the cylinder to expand as the cylinder volume increases. As a result, the cylinder
pressure reduces. When the T valve transitions to open near BDC, the reduced pressure
difference across the valve will create lower throttling energy loss. A similar valve timing
strategy can be applied to advance the T valve closing timing, such that when the piston
reaches TDC, the dead volume is compressed to a higher pressure before the P valve opens
at TDC. Researchers have named the events of advancing the closing timing of T or P valve
of a motor, the ‘precompresssion’ or the ‘decompression’ [6] [7]. (Note: the definitions for
a pump are swapped, where precompression and decompression are created by delaying
the opening time of the P and T valves, respectively.)

During the motor/pump operation, the pressure, the displaced volume, and the fluid
compressibility can vary across a wide range, resulting in varying throttling energy loss if
a fixed valve timing is used. In order to maintain high energy efficiency, the challenges are
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how to achieve the ideal valve timing in an actual motor/ pump, and how to model the ideal
valve timing based on the given operating condition. Current motors and pumps rely on
fixed valve timing or passive valves. To have variable valve timing, new motor/pump valve
designs are required. A general solution is proposed as the ‘steer-by-wire’ hydraulic
motor/pump architecture. As shown in Figure 1.4, the mechanical link between the crank
shaft and the valve in a traditional pump/motor is replaced with an electronic drive. As a
result, the actuation of valve becomes independent of the crank angle, enabling variable
valve timing. In addition, it is equally important to have a model that calculates the optimal
valve timing based on the operating conditions, guiding the ‘steer-by-wire’ motor or pump
to function efficiently.

Figure 1.4. A comparison between the traditional hydraulic motor (left) and the proposed
‘steer-by-wire’ hydraulic motor (right) architectures.

In summary, fluid power systems are widely used in the industry and mobile applications,
but the efficiency can be improved. In this research, a ‘steer-by-wire’ hydraulic motor
architecture is proposed, and a model that can predict the optimal valve timing is derived.
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The contributions of this research are: (1) a new motor/pump valve architecture with
variable valve timing capability, (2) a comprehensive hydraulic motor dynamic model that
describes the relationship between valve timing and motor performance under different
operating speed, volume, supply pressure, and fluid compressibility, (3) an optimally
designed prototype rotary valve and the related actuation methods, making the variable
timing hydraulic motor possible, and (4) a rectified bulk modulus model that accounts for
the mass transfer between oil and entrained gas, predicting the compressibility of the fluid
accurately.

1.2. Literature Review
The keys to reduce transitional throttling energy loss are a model that predicts the optimal
valve timing under a given set of operating conditions and an active valve that is capable
of varying the valve timing. A two-part literature review is presented to show the progress
of the reported research with these regards. The first half of the review focuses on the
impact of the valve timing on energy efficiency, including the available valve timing
models and the optimization approaches to find the ideal valve timing for a specific
operating condition. The second half of the review is dedicated to the realization of active
valve function, including experimental validated active valve solutions and a performance
comparison of existing valves in terms of transition time and leakage.
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1.2.1. Valve Timing Models
Similar to how variable valve timing has been an important enabling technology for
internal combustion engines, the author believes actively controlled hydraulic valve timing
can deliver similar efficiency improvements. In the study of valve timing, researchers have
developed a number of solutions in an attempt to improve the efficiency by pressure
equalization across the transitioning valve, as functions of supply pressure, fluid
compressibility, and dead volume [5−14]. The reported valve timing solutions to equalize
pressure include the volumetric precompression and decompression method and the
designed leakage method based on the silencing grooves on the valve plate.

Axial piston pumps have existed for a long time and there have been attempts to manually
shift the phase angle of the valve plate to compensate for operating condition variations,
but a mathematical relationship between the valve timing and performance was missing.
In 1974, Helgestad et al. first published the results of ‘ideal precompression timing’
computed for an axial piston pump. The method is based on the volumetric precompression
of the cylinder volume to match the delivery pressure, by delaying the opening of the high
pressure valve [6]. This ideal precompression eliminates the reverse flow that would
otherwise occur if fixed valve timing is used. This idea has influenced the modern axial
piston pump port plate design.

Four years later, Martin et al. first calculated the complete ‘ideal valve timing’ for both
precompression and decompression as a function of the pressure and dead volume of the
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cylinder to guide the axial piston pump design [7]. For the ideally timed port plate, the high
pressure and low pressure ports have retarded opening timing to precompress or
decompress the cylinder volume appropriately, such that the pressure differential across
the transitioning valve is minimized, resulting in less throttling and more efficient
operation. Despite the potentially superior performance with variable valve timing, Martin
still concluded that fixed valve timing should be used for a range of operating conditions
instead of variable valve timing, due to the limitations in viable active valve options at that
time.

Ehsan et al. presented a valve timing strategy for digital hydraulic motors based on the
volumetric precompression and decompression method [8]. Ehsan qualitatively discussed
that both the high pressure and low pressure valves should be closed early to take advantage
of pressure equalization. Shown in Figure 1.5, as the high pressure valve closes early, the
cylinder is decompressed before BDC. As the low pressure valve closes early, the cylinder
is precompressed before TDC. This valve timing strategy could allow for the pressure
equalization across the transitioning valve, reducing the throttling loss.
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Figure 1.5. Valve timing strategy for hydraulic motor operation [8].

Manring et al. numerically investigated the valve plate design of an axial piston pump, and
proposed an analytical valve timing model based on the volumetric precompression and
decompression method (the trapped volume design) [2]. Manring derived an analytical
timing model that predicts the amount of angle advancement needed for pressure
equalization. The model was derived from the integration of the bulk modulus definition
with respect to the cylinder volume, assuming the fluid bulk modulus as a constant. The
integration result correlates the cylinder volume and pressure, where the amount of volume
change is the valve timing. Simulation results show reduction of reverse flow at both the
beginning of the intake stroke and delivery stroke, shown in Figure 1.6. As pointed out by
Manring, the volumetric method can achieve higher efficiency than the traditional silencing
groove design, due to the recovered compressible energy from the fluid decompression.
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Figure 1.6. The reduction of reverse flow by pressure equalization: Equation (28):
without precompression or decompression; Equation (37) with precompression and
decompression [2].

Merrill et al. established analytical valve timing models for both pump and motor using a
similar volumetric methodology that takes advantage of precompression and
decompression [9]. In that timing model, a tangential bulk modulus model is used instead
of a constant coefficient, improving the timing accuracy. A key finding from Merrill’s
research is the importance of valve transition time. A seven-piston pump model was
simulated at 3000 rpm and 300 bar. Results show that the throttling loss increases three to
eight times if the valve timing is off by 2 ms.

The previous timing models solve the required pressure equalization problem by
volumetric precompression and decompression of the cylinder volume, without the
consideration of the impact from the flow interacting with the cylinder. For piston pumps
utilizing valve plates, silencing grooves (Figure 1.7) are often used to equalize the pressure
during valve transitions [9−12]. This approach can reduce noise during the operation and
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allow for acceptable performance across a wider range of conditions even with a fixed
valve timing. But, due to the leakage through the silencing groove, this method induces
more volumetric loss than the previous one. Researchers have tried to model the groove
arc length and the valve timing more accurately, in order to take advantage of the design,
while maintaining reasonable volumetric efficiency.

Figure 1.7. The approximated pressure profile with silencing grooves [10]. Note the
silencing grooves are the narrow and short slots on the end of the port slots.

Manring modeled the valve timing angles (the pressure carryover angle) for axial piston
pumps using the silencing grooves [10]. The model was derived from the integration of the
bulk modulus definition with respect to the leaked volume through the groove. The model
output is the resultant silencing groove arc length for pressure equalization. From the
model, Marning found that the valve timing is more sensitive to the change of the crank
speed (volumetric flow rate) than the delivery pressure, and the valve timing would go to
zero if the fluid is incompressible. Also, it was pointed out that since the timing model does
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not include the variation of cylinder volume, if the rate of the volume change is greater
than that of the flow variation in the actual system, the predicted valve timing for pressure
equalization will be off.

Wang developed a new valve timing parameter based on Manring’s pressure carryover
angles [11]. The approach uses a single valve timing parameter to include both pressure
carryover angle at TDC and BDC, which is formulated as the difference between the
inverse of the timing angle at TDC and the inverse of the timing angle at BDC. The
advantage of this approach is that this timing parameter also appears in the volumetric
efficiency equation, offering the designer the ability to use a single parameter to balance
the volumetric efficiency and the pressure equalization at the same time, greatly
simplifying the valve plate design routine.

Besides direct calculation of ideal valve timing, optimization is also popular in valve timing
studies. In a multi-objective optimization, Seeniraj et al. optimized valve timing of an axial
piston pump that minimizes flow ripple and maximizes volumetric efficiency [12]. The
numerical model simulates a constant cross-port leakage path during the valve transition—
a compromise of the valve plate design to reduce the operating noise. Results show the
volumetric efficiency of the optimized valve plate is 94.9% at 100% displacement, and
74.9% at 20% displacement.
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Mandal et al. numerically optimized an axial piston pump based on a hybrid approach,
utilizing both the volumetric and the silencing groove methods [13]. In the numerical
model, Mandal considered different valve transition angles, the variation of
compressibility, and the density of the fluid. In the objective function, the pressure ripple
and the cavitation probability were penalized based on the timing angles of the
precompression and decompression and the dimensions of the silencing groove, resulting
in reduced silencing groove length and leakage. Mandal’s hybrid approach brings about a
new perspective in valve plate design, combining the advantages from both the volumetric
and the silencing groove methods.

In summary of the valve timing literature, multiple numerical models were reported to
equalize the pressure differential across the transitioning valve, including the
precompression and decompression of the cylinder volume and designed leakage through
silencing grooves. The trade-offs between the two methods were discovered. The
volumetric method can be the more efficient, but comes at a cost of reduced power density.
Using silencing grooves can achieve the same pressure equalization effects, but sacrifices
volumetric efficiency.

1.2.2. Realization of Active Valve Timing
To realize different valve timing profiles in a motor, active valves are required. Prior works
have found it challenging to vary the valve timing of existing motor/pump valve
architectures. Martin discussed the limitation of varying the valve timing by simply phase
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shifting the valve plate [7]. As the overall shape of the valve plate is fixed, rotating the
valve plate adjusts the timing of all four valve transitions. Edge et al. also qualitatively
investigated the trade-offs by simply advancing or retarding the valve plate with respect to
the crank shaft position [14]. If the valve plate is advanced, the pressure spikes and the
chance of cavitation will reduce during the intake stroke, but increased throttling loss and
momentum loss will occur during the delivery stroke due to the increased reverse flow. If
the valve plate is delayed, the fluid trapped in the cylinder will be over-expanded, causing
cavitation, and larger pressure undershoot during the intake stroke will be observed.
However, reverse flow and throttling losses will be reduced since the fluid is fully
compressed before meeting the delivery pressure in the delivery stroke.

To avoid the limitation of simply advancing or retarding the valve plate, an alternative
solution is to have computer controlled active valves fully decoupled from the crank shaft.
There are multiple approaches to achieve such function, including the implementation of
off-the-shelf solenoid valves, or custom in-house designs. From the experimental
validation of the prototypes, researchers have recognized the importance of the valve
transition time, the valve tolerance, the pressure balance, the dead volume, and the seal
options, to the performance of the system [14−26].

In digital displacement motors/pumps, off-the-shelf solenoid valves have been directly
used to control the flow rate into and out of the cylinder of a pump. A representative digital
motor/pump architecture was developed at Purdue University, shown in Figure 1.8 [15].
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By directly replacing the stock check valve manifold in a triplex crank-slider pump with a
custom cartridge solenoid valve manifold, the digital pump can achieve arbitrary valve
timing profiles, offering significantly better performance. Holland [15] and Merill [9] both
conducted experimental validations on this architecture, and confirmed the functionality of
the digital pump. Unfortunately, it was found out that the slow transition performance of
the solenoid valve limits the digital pump operation above 11.6 Hz.

Figure 1.8. A typical setup of digital pump based on solenoid on-off valves and custom
piston block [15].

Rannow et al. experimentally studied the viability of using an on-off commercial solenoid
valve to create a virtually variable displacement pump [5]. From the experiment results,
Rannow pointed out that the 20 ms transition time of the solenoid valve significantly
limited the pump efficiency above 10 Hz.
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Active valve controlled pump/motor has also attracted attention from industry due to the
flexibility in valve timing and individual cylinder control. Artemis Intelligent Power is an
industrial leader in digital displacement pump/motor, which technology is based on active
control of valves in individual piston cylinders, as shown Figure 1.9 [16]. Solenoid
operated latching check valves are installed on the low pressure line, which operate as
regular intake check valves but can stay open to circulate the flow back to tank if energized.
The Artemis digital pump achieves variable displacement with the active valves and can
operate at as fast as 30 Hz.

Figure 1.9. Artemis digital displacement pump [16].

A number of custom valves for digital displacement pump/motors have also been reported.
Winkler et al. developed a pilot-operated two-stage on-off valve [17]. As illustrated in
Figure 1.10, the pilot stage is a custom three-way two-position solenoid spool valve. The
main stage is a poppet style on-off valve, which is also designed to house the pilot stage.
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During the valve switching, the pilot stage creates a biased pressure force across the main
stage poppet, actuating the valve. Winkler reported an experimentally observed 2 ms
switching on. It was also found that the valve transition time depends on the pressure force
acting on the main poppet, where switching the valve off takes longer (>5ms) due to the
lower pressure differential.

Figure 1.10. Schematics of the first stage (left), and the second stage (right) of the poppet
valve. For the second stage: 1-poppets, 2-poppet housing, 3-valve housing, 4-spring, 5center ring, and 6-first stage pilot valve [17].

Mahrenholz et al. reported a high speed on-off valve using a tilting poppet and two
electromagnetic coils [18]. The flow passages of valve are controlled by the poppet
position, as shown in Figure 1.11. As the poppet tilts to one side, the port on the same side
opens. Compared to traditional solenoid valves, a dedicated magnetic coil on each side can
energize faster, enabling faster valve transition. A 1 ms transition time was reported from
a dry test when 140 V was applied. Lumkes et al. demonstrated that the prototype valve
can operate a pump between 20 and 60 Hz [19]. The experimental valve transition time
was not reported, but a 5 to 10 ms pressure transition time can be estimated from the
experimental pressure profiles. Several important conclusions for the active valve design
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were drawn from the experiment study. It is found that the clearance determines the leakage
loss. The prototype valve was manufactured with a 70 µm tolerance; if tighter tolerance
was used, the leakage loss can be drastically reduced. Also, the dead volume influences the
pressure dynamics. If the dead volume is reduced from 70 mL to 20 mL, the pressure
response of the system is much faster.

Figure 1.11. Active on-off valve based on electromagnetic actuated poppet [18].

Rømer et al. presented a high speed on-off valve for the return line switching in digital
dispalcement pumps [20]. Similar to Mahrenholz’s design, the prototype valve also
features two separated coils for detached on and off actuation. The two coils are arranged
coaxially with poppet, which energize faster and allow for faster switching. In the dynamic
test, 3 ms to 5 ms valve transition times were measured.
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Figure 1.12. Dual coils solenoid on-off valve [20].

Hansen et al. developed and experimentally studied a bi-directional check valve for high
speed on-off applications [21]. Shown in Figure 1.13, the valve features two stages, the
main stage is a pilot operated check valve, and the pilot stage is a 2/3-way solenoid valve.
The on-off valve was designed for wave energy recovery, and only the off-switching
performance was considered important in the design. The prototype was measured to have
an off transition time of 15 ms.

Figure 1.13. Bi-directional check valve for on-off applications [21].
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Cui et al., developed a rotary spool on-off valve actuated by the combination of direct
motor shaft input and the pressure forces [22]. As seen in Figure 1.14, the on-off function
of the active valve is achieved by axial translation of the spool. An external torque motor
directly drives the spool to rotate back-and-forth over an acute angle, so that the internal
port on spool lines up with the pressure or tank port to create a reversing pressure force in
the axial direction of the spool, resulting in reciprocating motion. The benefit of the
constant reversing rotation direction is that the velocity profile is sinusoidal, allowing for
highest angular velocity to occur during the valve transition.

Figure 1.14. Cui’s rotary on-off valve schematics [22].
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Royston et al. designed a continuously rotating pneumatic valve driven by a shaft [23]. As
shown in Figure 1.15, the inner shaft rotates to create periodic flow paths between either
the load and pressure or the load and return. The single direction rotation eliminates the
kinetic energy loss due to the reversal of the spool motion. By offsetting the phase angle
between outer rotor and fixed stator, the duty ratio can also be adjusted. A 2.5 ms valve
transition time was reported. However, due to the two hydrodynamic seals, substantial
discrepancies between the predicted and actual pressure profiles were found, which was
attributed to unaccounted leakage.

Figure 1.15. Royston’s rotary pneumatic valve concept [23].

Tu et al. presented a self-propelled cylindrical rotary spool [24] [25]. The valve utilizes an
on-spool turbine, which enables the valve to be propelled by the working fluid. The valve
rotates in a continuous manner as seen in Figure 1.16. By shifting the spool up or down
relative to the rhombus shaped orifice, the duty ratio can be continuously varied. 2.8 ms
transition was achieved. In the prototype valve, the leakage was controlled by setting a
clearance between 13 and 20 µm, and 98.5% volumetric efficiency was reported. It was
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discovered that the fluid compressibility and dead volume affect valve performance. When
the operating speed was high, the effect of fluid compressibility tends to slow down the
system response, causing increased deviation in the pressure profile compared to the model
prediction. When the supply pressure is high, the fluid compressibility causes increased
transitional throttling. The dead volume was found to determine the overall system
efficiency. Tu estimated the overall system efficiency would increase from 62% to 84% if
the dead volume between the valve and the pump were reduced from 72.4 mL to 19.3 mL.

Figure 1.16. The schematic of a variable duty ratio self-propelled cylindrical rotary spool
valve [24] [25].

Katz et al. developed a two-tier valve plate driven by a DC motor for switch-mode
applications [26]. The design had two valve plates stacking together, demonstrated in
Figure 1.17. One of the valve plates constantly rotates to generate flow pulsation, and the
other only shifts phase when the duty ratio needs variation. Katz reported a 2 ms valve
transition from experiments. Leakage was again identified as one of the major issues,
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resulting from valve plate alignment difficulties. The experimental efficiency was
measured to be 38%, due to the un-expected leakage.

Figure 1.17. The schematic of a two-tier valve plate [26].

Beyond solenoid and rotary actuation, active valves can also work on piezoelectric or
magnetorheological (MR) principle. The limitations of piezoelectric valves are the high
actuation voltage requirement (usually several kV/mm), low displacement output (100-200
µm for industrial leading performance in ring benders), and considerable hysteresis [27].
The MR active valves are limited to the specific application of the hydraulic system using
MR fluid, and there is a time delay between viscosity change and applied magnetic field
[28]. For these reasons, these kinds of active valves are excluded from the scope of this
research.

In summary, active valves are required to realize optimal valve timing in a motor, where
the valve transition time and leakage are important. Slow valve transition time limits the
bandwidth of the active valve and significantly affects the throttling loss, while leakage
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dominates the volumetric efficiency. It was also found that the fluid compressibility and
dead volume affect the overall system efficiency. Table 1.2 summarizes all the reviewed
active valves. Among all the solutions, commercial solenoids on-off valves can transition
between 10 and 20 ms. There are faster commercial solenoid valves, such as the Parker
D1FP series, which is capable of 3.5 ms step pressure response time. But since it is a
directly operated proportional valve, it is not the suitable valve type for digital pump
operation. Among the custom valves, two stage designs can have fast response time, but
the performance of the main stage depends on the working pressure. Single stage valves
can operate as fast as they are actuated. Regarding the leakage performance, the poppet
and seat type seals provide the best leakage control (SV08, Rømer, Hansen), compared to
the spatial poppet and seat (Mahrenholz) or the hydrodynamic seals (Cui, Royston, Katz,
Tu). Among the hydrodynamic seals, the film thickness is critical to volumetric efficiency.
It is also found that the cylindrical hydrodynamic seals are much easier to machine and
maintain than the planar types.

Table 1.2. Comparison of performance among the reviewed active valves.

Author
/Serial No.
HF SV0820
Winkler
Mahrenholz
Rømer
Hansen

Valve type
Poppet
solenoid
Piloted
solenoid
Disc
solenoid
Dual-coil
solenoid
Piloted
solenoid

No. of
stages

Transition
time (ms)

Flow range
(L/min)

1

40-46(a)

0-23

2

2-5

0-6

1

1(b)

0-40

1

3-5

0-27

2

15

0-125
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Leakage
control
method
Poppet and
seat
Positive Oring
Spatial disc
and seat
Poppet and
seat
Poppet and
seat

Cui
Royston
Katz
Tu

Rotary
reversing
Rotary single
dir.
Rotary single
dir.
Rotary single
dir.

2(c)

2-3

0-18

1

2.5

n/a

1

2

0-38

1

2.8

0-40

Cylindrical
clearance
Cylindrical
clearance
Planar
clearance
Cylindrical
clearance

Note:
(a)
Manufacturer’s data. Actual transition time can be faster, depending on the actuation method.
(b)
The valve transition time was measured in a dry test.
(c)
The valve has a single spool, but it acts as a two-stage valve.

1.2.3. Literature Summary
To reduce the transitional throttling energy loss, the motor/pumps valves should be
accurately modeled and actively controlled. In the study of valve timing and efficiency,
previous works have used pressure equalization methods by volumetric pre-compression
and decompression or by leakage through the silencing grooves. The former is more
volumetrically efficient than the latter but has reduced power density as the valves close
early. The accuracy of the valve timing model depends on the bulk modulus model, the
cylinder volume, the system pressure, and the flow interacting with the cylinder.
Additionally, the accuracy of the valve timing is critical for the mentioned methods to be
effective.

From the reported prototype active valves, it is found that dead volume, pressure balance,
transition time, and seal options are most important to efficiency. Dead volume should be
reduced on a system level to reduce compressibility loss. Pressure balance valve
architectures, such as a spool, have the same performance when the working pressure
changes, in contrast to unbalanced designs such as poppets. Regarding the valve transition
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time, custom solenoids could be an effective option if two coils are used and the pressure
balance on the valve poppet is achieved. The rotary valve approaches can also be a good
candidate for fast valve transition. However, rotary valves can create challenges with the
leakage being difficult to model and control if valve components are not ideally aligned,
due to the hydrodynamic clearance seal. With respect to these problems and opportunities,
in this thesis, a valve timing model considering both volume change and cylinder flow with
an accurate bulk modulus model is derived and a novel single stage rotary valve with
controllable leakage is proposed as the solutions to a highly efficient hydraulic
motor/pump.

1.3. Overview
1.3.1. Research Goal
This research is focused on creating a better understanding of hydraulic motor valve timing
and delivering a viable variable timing solution. There are two goals: the first is to
formulate an optimal valve timing model as a function of cylinder pressure, angular
velocity, fluid compressibility, and cylinder volume. The second goal is to validate the
theory with a working ‘steer-by-wire’ hydraulic motor prototype, where hydraulic motor
efficiency improvement can be demonstrated through implementing ideal valve timing as
the operating condition changes.
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1.3.2. Research Approach
The research goals were attained with the following approach: (1) derive an analytical
valve timing solution that provides insights on the interaction between the valve timing and
transitional throttling loss, (2) develop a comprehensive numerical model that simulates a
full active motor-valve system under various operating conditions, predicting the energy
efficiency of a hydraulic piston motor, (3) design a proof-of-concept prototype valve that
realizes the active valve function based on optimal design, (4) validate the variable valve
timing models experimentally, and (4) study the compressibility of fluid with entrained gas
experimentally.

1.3.3. Chapter Layout
In this chapter, a literature review on the valve timing model and the active valve solutions
were presented. In Chapter 2, an analytical valve timing solution is derived considering the
two phase polytropic process of hydraulic oil with entrained gas, resulting timing angles as
a function of pressure, dead volume, and fluid compressibility. The associated throttling
energy and compression work are also derived. In Chapter 3, a comprehensive activevalve-motor model is developed. A numerical study of the influence of valve timing on
energy efficiency is performed considering variation in pressure, fluid compressibility, and
dead volume. In Chapter 4, the design of an active rotary valve is presented. The valve
geometry is optimized for transition time, leakage, pressure balance, and dead volume. In
Chapter 5, the prototype valve fabrication and active-valve-motor test bed assembly are
presented and used to validate the model developed in Chapter 3. In Chapter 6, the optimal
29

valve timing is studied experimentally using an angle domain repetitive controller. In
Chapter 7, the absorption and released of entrained gas in the hydraulic fluid is studied
experimentally to understand the influence of entrained gas on the fluid compressibility.
Concluding remarks and future plans are presented in Chapter 8.
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Chapter 2 Analytical Valve Timing Model

2.1. Introduction—Critical Timing Angles
Valve timing determines the transitional throttling loss of a hydraulic motor or pump. To
design a motor or pump operates efficiently, a valve timing model is required. To
understand the role of valve timing, consider the generalized hydraulic motor shown in
Figure 2.1. During a cycle, there are four valve transition events. At the start of the power
stroke, the pressure valve transitions from closed to open and the pressurized fluid performs
boundary work on the piston, while the tank valve is closed. By the end of the power stroke,
the pressure valve transitions to closed. At the beginning of the exhaust stroke, the tank
valve transitions from closed to open to vent the fluid back to the reservoir, while the
pressure valve stays closed. By the end of the exhaust stroke, the tank valve transitions to
closed. During the valve opening, poor timing of the valve events causes the valve to open
with a large pressure differential between the piston chamber and the supply or tank
pressure. This results in compressed fluid discharging across a partially open valve, causing
significant throttling energy loss.
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Figure 2.1.The two strokes operation of a hydraulic motor.

To reduce the transitional throttling loss, both the closing of the pressure valve and the tank
valve should be advanced. In this research, these critical timing angles are identified as the
angles of decompression (𝜃𝑑𝑒 ) and precompression (𝜃𝑝𝑟𝑒 ), respectively, as shown in Figure
2.2. The decompression angle is defined as the angle between the BDC and the moment
when the P valve is closed. The precompression angle is defined as the angle between the
TDC and the moment when the T valve is closed. The two timing angles determine the
amount of expansion or compression due to P or T valve closing timing advancement. For
the baseline motor timing, 𝜃𝑑𝑒 and 𝜃𝑝𝑟𝑒 are both zeros. The baseline valve timing is ideal
if the fluid is incompressible, implying the fluid only does boundary work on the piston.
Under non-ideal conditions, due to the existence of dead volume and fluid compressibility,
the compressible energy of the fluid column needs to be taken into account by appropriate
amounts of 𝜃𝑑𝑒 and 𝜃𝑝𝑟𝑒 .
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Figure 2.2. Definition of critical timing angles on the crank shaft.

To find the critical timing angles, there are analytical and numerical approaches [5−14].
Two representative analytical approaches are separately proposed by Manring [2] and
Merrill [9]. Those reported models calculate the critical timing angles needed to reach the
targeted cylinder pressure, from a volumetric integration of the fluid bulk modulus
definition. Unfortunately, these formulations do not directly include the influence of the
entrained gas, or the impact of the timing on the transitional throttling energy loss. There
are comprehensive numerical and optimization approaches [12] [13], but these require
complicated numerical solvers and typically take longer to solve. For fast design iterations,
an analytical solution is preferred, where the simplicity and calculation efficiency are
important.

The goal of this chapter is construct an analytical model that predicts the values of 𝜃𝑑𝑒 ,
𝜃𝑝𝑟𝑒 , and the associated throttling energy as a function of pressure, dead volume, and fluid
compressibility. In section 2.2, the mathematical model for optimal precompression and
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decompression angles are established from a two-phase polytropic processes of oil with
entrained gas. In section 2.3, the valve timing and the associated throttling energy loss
under different operating conditions are solved based on the derived model. Followed by
the concluding remarks in section 2.4.

2.2. Mathematical Model
In this section, an analytical model of the critical timing angles is developed for a piston
motor (and pump), when supply pressure, dead volume, and fluid compressibility change.
Also, the model predicts the compressible energy associated with the timing choices. The
key assumptions are instantly switching valves, a polytropic process, and no mass transfer
between the oil and the entrained gas. More complex computational models without these
limitations are presented in Chapters 3 and 7.

2.2.1. Oil with Entrained Gas
When gas is entrained in the hydraulic fluid, the compressibility of the mixture depends on
the compressibility of each phase. For a given amount of entrained gas, the volumetric
compression and expansion processes of the mixture can be modeled as two separate
polytropic processes of the oil and of the entrained gas, provided the mass transfer between
the two phases can be neglected. The amount of gas is expressed by a volumetric ratio (𝛼)
of gas to the oil in the mixture at ambient pressure and temperature:
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𝑉𝑔 = 𝛼𝑉𝑓 =

𝛼
𝑉
1 + 𝛼 𝑐𝑦𝑙

(2.1)

where 𝑉𝑐𝑦𝑙 is the overall cylinder volume, 𝑉𝑔 and 𝑉𝑓 are the volume of gas and oil portions
at ambient pressure.

2.2.2. Decompression Timing
The decompression timing angle, 𝜃𝑑𝑒 , determines the initial cylinder volume before
decompression and the final cylinder pressure when the piston reaches BDC. The
decompression process can be modeled as two separate processes of the pure oil and the
pure gas of the mixture. In Figure 2.3, a typical decompression process for the two phases
of the hydraulic fluid goes from initial state 3 to final state 4 as the piston moves towards
the BDC. The steep line represents the decompression process of pure oil, while the other
represents the polytropic process of ideal gas.

Figure 2.3. P-V diagram of decompression for oil and air (perfect gas).
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When decompression timing for a motor results in complete pressure equalization, the
closing timing of the pressure valve is advanced by the volumetric decompression ratio,
𝛼𝑑𝑒 , such that the pressurized mixture of oil and gas in the cylinder is expanded to the
ambient pressure at BDC, and the final volume is the cylinder volume. Under such timing,
the compressible energy of the fluid is totally recovered. The mixture volume at the
beginning of the decompression, 𝑉𝑑𝑒 , can be calculated using the linear combination of the
initial volume of each phase before the expansion.

𝛼𝑑𝑒 =

𝑉𝑑𝑒
𝑉𝑐𝑦𝑙

(2.2)

𝑉𝑑𝑒 = 𝑉𝑔∗ + 𝑉𝑓∗

(2.3)

where 𝑉𝑔∗ is the initial volume of the compressed gas, and 𝑉𝑓∗ is the initial volume of the
pressurized oil.

For the gas phase, the volumetric decompression ratio, 𝛼𝑑𝑒 |𝑔𝑎𝑠 , can be obtained from the
polytropic process of ideal gas:

1

𝛼𝑑𝑒 |𝑔𝑎𝑠

𝑉𝑔∗
𝑝𝑡 𝛾
=
=( )
𝑉𝑔
𝑝ℎ
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(2.4)

where 𝑝ℎ and 𝑝𝑡 are the initial and final pressures of the gas, 𝛾 is the heat capacitance ratio,
𝑉𝑔 is the final volume of the gas after decompression.

For the oil phase, the volumetric decompression ratio, 𝛼𝑑𝑒 |𝑜𝑖𝑙 , can be obtained by
integrating the definition of the bulk modulus.

𝛼𝑑𝑒 |𝑜𝑖𝑙 =

𝑉𝑓∗
= 𝑒 (𝑝𝑡−𝑝ℎ )/𝛽
𝑉𝑓

(2.5)

where 𝛽 is the constant bulk modulus of oil as a pure substance, 𝑉𝑓 is the final volume of
the oil after decompression.

By substituting the initial volumes from Eqn. 2.4 and 2.5 into Eqn. 2.3, the decompression
volume at the beginning of the process is found:

1

𝑉𝑑𝑒

𝑉𝑐𝑦𝑙
𝑝𝑡 𝛾
=
(𝛼 ( ) + 𝑒 (𝑝𝑡−𝑝ℎ )/𝛽 )
1+𝛼
𝑝ℎ

(2.6)

A domain transformation (Eqn. 2.7) converts the volume ratio into crankshaft angular
position under the assumption of an ideal valve, which has an infinitely large orifice and
zero transition time. The piston trajectory is assumed to be sinusoidal, which is very close
to the piston trajectory of a slider crank mechanism with a long connecting rod.
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𝜃𝑑𝑒 = 𝑎𝑐𝑜𝑠(𝛼𝑑𝑒 )

(2.7)

For the mixture of oil with entrained gas, the combined decompression angle, 𝜃𝑑𝑒 , is
bounded by the decompression angles of pure oil (𝜃𝑑𝑒 |𝑜𝑖𝑙 ) and pure gas (𝜃𝑑𝑒 |𝑔𝑎𝑠 ), after the
same domain transformation applied to Eqns. 2.4 and 2.5:

𝜃𝑑𝑒 |𝑜𝑖𝑙 < 𝜃𝑑𝑒 < 𝜃𝑑𝑒 |𝑔𝑎𝑠

(2.8)

To achieve decompression, the P valve must close early. Using the decompression timing
for complete pressure equalization results in no compressible energy wasted to throttling
during the exhaust strokes. However, any advance of the P valve timing beyond 𝜃𝑑𝑒 is not
desirable, because then the fluid inside the piston chamber is over-expanded and the
pressure will drop below the ambient pressure, possibly causing cavitation.

2.2.3. Precompression Timing
The precompression timing angle, 𝜃𝑝𝑟𝑒 , determines the initial cylinder volume before the
compression and the final cylinder pressure when the piston reaches TDC. Similar to
decompression, this process can also be modeled as two separate processes of the pure oil
and the pure gas of the mixture. In Figure 2.4, a typical precompression process going from
initial state 1 to the final state 2 for pure hydraulic oil and ideal gas are the reverse of
decompression, where Eqns.2.4 and 2.5 from previous section can be reused. The only
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differences are the initial and final volumes, which are the cylinder volume at the moment
the T valve closes and the dead volume of the system, respectively.

Figure 2.4. P-V diagram of pre-compression for oil and air (perfect gas).

When precompression timing for a motor results in complete pressure equalization, the
volumetric precompression ratio, 𝛼𝑝𝑟𝑒 , is defined as the ratio between the initial cylinder
volume to the overall cylinder volume, when the final pressure is at supply pressure and
the final volume is dead volume. A linear combination of the gas and oil volume can be
used to find the initial volume before precompression (𝑉𝑝𝑟𝑒 , Eqn. 2.10).

𝛼𝑝𝑟𝑒 = 1 −

𝑉𝑝𝑟𝑒
𝑉𝑐𝑦𝑙

𝑉𝑝𝑟𝑒 = 𝑉𝑔 + 𝑉𝑓 − 𝑉𝑑
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(2.9)

(2.10)

where 𝑉𝑑 is the dead volume.

The initial volume of gas and oil at the beginning of the precompression is found based on
the fact that the final volume after compression is the dead volume:

1

𝑝𝑡 𝛾
𝑉𝑑 = 𝑉𝑔∗ + 𝑉𝑓∗ = 𝛼 ( ) 𝑉𝑓 + 𝑉𝑓 𝑒 (𝑝𝑡−𝑝ℎ )/𝛽
𝑝ℎ

(2.11)

Compare 𝑉𝑓 term in Eqns. 2.10 and 2.11, the precompression volume is found.

𝑉𝑝𝑟𝑒 =

1+𝛼
1

𝑝 𝛾
𝛼 (𝑝 𝑡 ) + 𝑒 (𝑝𝑡−𝑝ℎ )/𝛽
ℎ
(

− 1 𝑉𝑑

(2.12)

)

To convert the volume ratio into crankshaft position ratio, Eqn. 2.13 is used, where a
sinusoidal piston trajectory is assumed.

𝜃𝑝𝑟𝑒 = 𝜋 − 𝑎𝑐𝑜𝑠(1 − 𝛼𝑝𝑟𝑒 )

(2.13)

Similarly, 𝜃𝑝𝑟𝑒 is bounded by the precompression angles of pure gas and pure oil cases
(Eqns. 2.14, 2.15 and 2.16).
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𝜃𝑝𝑟𝑒 |𝑜𝑖𝑙 < 𝜃𝑝𝑟𝑒 < 𝜃𝑝𝑟𝑒 |𝑔𝑎𝑠

(2.14)

1

𝜃𝑝𝑟𝑒 |𝑔𝑎𝑠

𝑉𝑑
𝑝𝑡 −𝛾
= 𝜋 − acos (1 −
(( ) − 1))
𝑉𝑐𝑦𝑙 𝑝ℎ

𝜃𝑝𝑟𝑒 |𝑜𝑖𝑙 = 𝜋 − acos (1 −

𝑝ℎ −𝑝𝑡
𝑉𝑑
(𝑒 𝛽 − 1))
𝑉𝑐𝑦𝑙

(2.15)

(2.16)

Under complete precompression timing, the closing timing of the tank valve is advanced
such that the left over volume in the cylinder will be compressed to the supply pressure.
When the pressure valve opens, the transitional throttling loss will be low due to the low
pressure differential. However, over-compression of the dead volume beyond 𝜃𝑝𝑟𝑒
increases the required compression work and induces reverse flow and extra throttling loss
as the motor is transitioning from exhaust stroke to power stroke.

2.2.4. Related Compressible Energy
During a decompression event, the compressible potential energy is converted into
boundary work on the piston. During the precompression event, additional shaft work is
required to compress the dead volume to a higher pressure. In either event, the total energy
of the mixture, 𝑤, is the linear combination of the work of the gas portion, 𝑤𝑔𝑎𝑠 , and that
of the oil portion, 𝑤𝑜𝑖𝑙 .
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𝑤=

𝛼𝑤𝑔𝑎𝑠
𝑤𝑜𝑖𝑙
+
1+𝛼 1+𝛼

(2.18)

The maximum amount of energy associated with decompression or precompression of the
gas phase, 𝑤𝑔𝑎𝑠 , is found by integrating the pressure-volume (P-V) trajectory.

𝑉0 𝛾
1
(𝑝 𝑉 − 𝑝0 𝑉0 )
= ∫ 𝑝0 ( ) 𝑑𝜈 =
𝜈
1−𝛾 1 1
𝑉0
𝑉1

𝑤𝑔𝑎𝑠

(2.19)

where 𝑉0 and 𝑝0 are the initial volume and pressure before the precompression or
decompression process, and 𝑉1 and 𝑝1 are the final volume and pressure after the process.

Similarly, the maximum amount of energy associated with the oil phase, 𝑤𝑜𝑖𝑙 , can also be
found.
𝑉1

𝑤𝑜𝑖𝑙 = ∫ (𝑝0 − 𝛽 ln
𝑉0

𝜈
) 𝑑𝜈
𝑉0

= (𝑝0 + 𝛽)(𝑉1 − 𝑉0 ) + 𝛽𝑉1 ln

(2.20)
𝑉0
𝑉1

2.3. Results and Discussion
2.3.1. Valve Timing Solutions
The valve timing solutions resulting in minimum compressible energy loss under different
pressure, dead volume, and entrained gas fraction situations are solved based on the
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analytical models developed previously. Shown in Figure 2.5, the optimal precompression
and decompression angles of a given motor with 3 mL displaced volume and 3 mL dead
volume are solved under different supply pressures and volumetric percentages of
entrained air at atmospheric pressure. The results show that the delay in valve closing time
increases as the entrained air amount increases. Similarly in Figure 2.6, both timing angles
increase as the dead volume of the system increases, when the volumetric fraction of the
entrained air is held constant at 1%vol. These results are expected, since a greater amount
of volumetric piston displacement is needed to equalize the pressure, when the system is
more compressible.
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Figure 2.5. Calculated valve timing as a function of supply pressure and volumetric
percentage of entrained gas, with 𝑉𝑑 /𝑉𝑐𝑦𝑙 = 1.
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Figure 2.6. Calculated valve timing as a function of supply pressure and dead volume,
with 1%𝑣𝑜𝑙 of entrained gas.

2.3.2. Related Compressible Energy
The benefits and costs of different critical timing angles can be studied via the following
compressible energy analysis. The decompression process recovers the compressible
energy from the system, which is otherwise wasted as throttling energy loss in the baseline
timing. The precompression process requires boundary work input in order to compress the
system to the supply pressure. As shown in Figure 2.7 and Figure 2.8, when the system is
more compressible, either due to increased entrained air amount or dead volume, both the
recoverable compressible energy from decompression and the required precompression
work increase. The benefits of having recovered compressible energy by decompression is
obvious, as the transitional throttling loss is reduced and the overall efficiency of the system
can be increased. The drawback is the P valve needs to close early, reducing the energy
44

output. Similarly, precompression requires extra work to compress the cylinder to the dead
volume, but reduces the transitional throttling energy loss when the P valve opens.
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Figure 2.7. Calculated energy per cycle as a function of supply pressure and dead volume,
with 1%𝑣𝑜𝑙 of entrained gas.
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Figure 2.8. Calculated energy per cycle as a function of supply pressure and volumetric
percentage of entrained gas, with 𝑉𝑑 /𝑉𝑐𝑦𝑙 = 1.

2.3.3. Pareto Optimality
The valve timing angles influence the performance of the motor. Different combinations
of the precompression and decompression valve timing angles can have different effects
on the transitional throttling loss and the compression work needed. In fact, the calculated
valve timing angles form a Pareto optimal operation space for a given motor under given
pressure, dead volume, and fluid compressibility. The conflicting quantities in this solution
space are the compressible energy loss, the compression work required, and the power
(energy) density. For example, by advancing the closing timing of the P valve, the
compressed fluid in the cylinder is expanded and the potential energy is harvested.
Additionally, the T valve opens at BDC without a pressure differential. However, closing
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the P valve early reduces the fluid intake and the power density subsequently. Similarly,
closing the T valve early allows the fluid in the cylinder to be compressed to the supply
pressure before the P valve opens at TDC, eliminating transitional throttling energy loss.
However, additional compression work is required. In summary as shown in Figure 2.9,
there is a rectangular region representing the Pareto optimal solution space of the valve
timing. The coordination of the four corners of the rectangle are the extreme choices of 𝜃𝑑𝑒
and 𝜃𝑝𝑟𝑒 , as summarized in Table 2.1. Any operating point within the space can be selected,
as appropriate for the particular requirements or needs.

Figure 2.9. The Pareto Optimal region of valve timing choices on 𝜃𝑑𝑒 and 𝜃𝑝𝑟𝑒 .

Table 2.1. The gain and trade-off of each corner on the Pareto Optimal region.
(𝜃𝑑𝑒 ,𝜃𝑝𝑟𝑒 )

Gain

Trade-off

(0, 0)

Maximum power output.

Highest compressible energy loss.

(0, max)

No compressible energy loss at P
valve opening.

Compression work is needed.
The precompression work is more
than the compression of dead
volume without precompression.

(max, 0)

No compressible energy loss at T
valve opening.

Power output is reduced.
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(max, max)

Compressible energy recovered.
Highest efficiency.
No compressible energy loss at
either P or T valve opening.
Lowest compressible energy loss
overall.

Power output is reduced.
Efficiency is reduced due to
precompression.

2.4. Conclusion
In this chapter, an analytical valve timing model was developed from a polytropic process
of oil with entrained gas. Based on the model, the valve timing angles for minimum
compressible energy loss have been computed as a function of supply pressure, dead
volume, and fluid compressibility. The recovered compressible energy and the required
compression work for the decompression and precompression processes were also
estimated. The key finding of this chapter is a rectangular Pareto optimal timing region,
where the four corners are determined by the two timing angles. From the solution space,
the total throttling energy loss, the energy density, and the compression work required can
be evaluated and selected based on a specific requirement. Besides, the analytical nature
of the equation offers extremely fast calculation, allowing quick design iterations.

The limitations of the analytical formulation in this chapter are the assumptions of instantly
switching valves, a purely volumetric compression-expansion process, and no mass
transfer between the oil and the entrained air. The mass transfer in real applications are
usually non-dominant. However, the valve transition characteristics and no flow condition
can potentially impact the valve timing solution. In the next chapter, the assumptions and
limitations of the analytical model are addressed by a comprehensive numerical model that
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takes real valve transition characteristics, leakage, and flow interacting with the cylinder
into account.
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Chapter 3 Numerical Hydraulic Piston Motor Model
3.1. Introduction
In the previous chapter, an analytical solution was derived to find the optimal
precompression and decompression angles that result in minimized compressible energy
loss of a piston motor. In this chapter, a numerical model will be constructed for a complete
motor system that eliminates the simplifying assumptions of the previous model and
includes the real valve transition characteristics, dynamic pressure and flowrate, and other
common hydraulic components.

In prior work, multiple authors have published numerical models that have successfully
simulated the volumetric precompression or decompression or the silencing groove method
to achieve pressure equalization [5−14]. However, critical questions such as the impact of
valve timing on the cylinder pressure dynamics, the effect of flow on the pressure
equalization, and the fluid compressibility on the motor efficiencies, still exist. Moreover,
application of active valve timing allows for compressible energy recovery [2]. So far, little
is known about the impact of the recovered compressible energy on the system efficiency.

In this chapter, the goal is to model a general piston motor numerically, derive a piston
efficiency model that includes the effect of compressible energy, and perform a numerical
study on the relationship between the valve timing and motor performance, as pressure,
dead volume, and fluid compressibility change.
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To achieve the goal, in the section 3.2, a comprehensive lumped parameter mathematical
model for a hydraulic piston motor with an active valve is developed. A new efficiency
model that captures the fluid compressibility and benchmarks the impact of valve timing
is also derived. In section 3.3, the cylinder pressure and flow dynamics are simulated,
where the accuracy of the numerical results are supported by a convergence study. In
section 3.4, the effects of operating conditions and valve timing on the piston efficiency
are studied numerically.

3.2. Mathematical Model
3.2.1. Cylinder Pressure Dynamics
In the analytical valve timing study in Chapter 2, the cylinder pressure is modeled quasistatically from a polytropic process. To model the cylinder pressure dynamically, the
effects of valve timing, piston motion, fluid compressibility, and commonly used hydraulic
components, need to be modeled. The system is shown in Figure 3.1.
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Figure 3.1. System diagram of a single piston hydraulic motor with active valves. Note:
valve leakage is not shown on figure.

To keep the work general, the following conditions are satisfied. During the motor
operation, the piston cylinder volume is a function of the crank shaft angle, determined by
the piston displacement. The flow interacting with the piston cylinder is controlled by two
generic on-off active valves, which have a linear and finite time valve transition
characteristic. A check valve is used as a safety measure, designed to discharge the cylinder
to the supply in the event of excessive pressure created by poor valve timing. An
accumulator is modeled at the intake of the motor, allowing the assumption of constant
supply pressure. The return line is considered to have minimum length, maintaining
constant reference pressure. The fluid inertia and viscous friction effects on the cylinder
wall are assumed negligible.

Following these assumptions, the pressure dynamic model of the system in Figure 3.1 can
simply be developed from the conservation of mass:
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𝑑
(𝜌 𝑉 ) = 𝜌𝑖,𝑜 𝑞𝑖,𝑜
𝑑𝑡 𝑐 𝑐

(3.1)

where 𝑉𝑐 and 𝜌𝑐 are the cylinder volume and density, respectively, 𝜌𝑖 and 𝑞𝑖 are the fluid
density and the volumetric flow rate to the piston cylinder during the power stroke, 𝜌𝑜 and
𝑞𝑜 are the flow density and the volumetric flow rate back to the reservoir during the exhaust
stroke.

Since 𝑉𝑐 and 𝜌𝑐 are both time varying, the left hand side of Eqn. 3.1 can be differentiated
by parts, which then becomes:

𝜌𝑐̇ 𝑉𝑐 + 𝜌𝑐 𝑉𝑐̇ = 𝜌𝑖,𝑜 𝑞𝑖,𝑜

(3.2)

Applying the equation of states (Eqn. 3.3), Eqn. 3.2 then becomes a function of cylinder
pressure (𝑝𝑐 , Eqn. 3.4), effective bulk modulus (𝛽𝑒 ), and mass flow rate (𝜌𝑖,𝑜 𝑞𝑖,𝑜 ).

𝑝̇
𝜌̇
=
𝛽𝑒 𝜌

𝑉𝑐̇ +

𝑝𝑐̇
𝜌𝑖,𝑜
𝑉𝑐 −
𝑞 =0
𝛽𝑒
𝜌𝑐 𝑖,𝑜

(3.3)

(3.4)

Rearranging Eqn. 3.4, the compressible cylinder pressure dynamics is found:
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𝑝𝑐̇ = −

where 𝑐 =

𝜌𝑖,𝑜
𝜌𝑐

𝛽𝑒
(𝑉̇ + 𝑐𝑞𝑖,𝑜 )
𝑉𝑐 𝑐

(3.5)

is the compressibility ratio between the density of cylinder volume and the

density of fluid from the upstream or downstream.

The effective bulk modulus (𝛽𝑒 ) of oil with entrained air can be modeled using a two phase
polytropic model by Cho et al. [29]:

1

𝛽𝑒 =

𝑝
𝛾
𝛼 + (𝑝𝑐 + 1)
0

1
𝛾

𝛼 𝛽0
𝑝𝑐
𝛾 𝑝𝑐 + 𝑝0 + (𝑝0 + 1)

𝛽0

(3.6)

The assumptions of the model are a constant mass ratio between the gas and liquid phase,
no vaporization, no dissolving of the entrained air, and no release of the dissolved air. The
corresponding density of the fluid in the piston cylinder is:

𝜌𝑐 = 𝜌0 (1 +

𝑝𝑐 − 𝑝0
)
𝛽𝑒 (𝑝𝑐 )

(3.7)

where 𝑝0 is the atmospheric pressure, 𝛾 is the heat capacity ratio, 𝛼 is the volumetric
fraction of entrained air at 𝑝0 pressure, and 𝛽0 is the bulk modulus of oil without air.
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Alternatively, the pressure dynamic equation can be developed directly from the definition
of bulk modulus, as commonly seen in many work [5−14]:

𝛽 = −𝑉

𝜕𝑝
𝜕𝑉

(3.8)

By rearranging Eqn. 3.8, the pressure variation becomes a function of volume variation
and fluid compressibility. If cylinder pressure is assumed lumped, the partial derivative
operator can be dropped:

𝑝𝑐̇ = −

𝛽𝑒
𝑉̇
𝑉𝑐

(3.9)

where the volumetric time derivative, 𝑉̇ , is determined by both the volumetric compression
or expansion of the fluid in the cylinder and the volumetric flow. Then the pressure dynamic
equation becomes:

𝑝𝑐̇ = −

𝛽𝑒
(𝑉̇ + 𝑞𝑖,𝑜 )
𝑉𝑐 𝑐

(3.10)

Comparing Eqns. 3.10 and 3.5, it is noticed that the pressure dynamic equation developed
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from the bulk modulus definition takes 𝑐 = 1, which suggests incompressible flow. It is
noticed all the reviewed work are based on Eqn. 3.10 [5−14]. At the common pressures of
industrial hydraulic systems and low amounts of entrained gas, the variation of oil density
is usually less than 5%, and thus Eqn. 3.5 and Eqn. 3.10 can be used interchangeably.
However, under conditions of a large amount of entrained gas or very high pressure, the
density variation is significant and Eqn. 3.10 will no longer be accurate.

3.2.2. Active On-off Valve Model
The active valve is the essential component that enables variable valve timing. In Chapter
1, many approaches and architectures of active valves were presented, including
commercial solenoids, custom solenoids, or rotary spools [14−26]. In this section, a generic
active valve was modeled, assuming a linear orifice area transitioning profile and leakage
through a clearance seal. It is reasonable to choose this particular profile, as the valve
transitioning profiles of various active valve designs can be approximated linearly. A
clearance seal was selected as it is commonly seen in the designs containing spools and
discs, which require thin film lubrication. A more rigorous analysis and discussion of the
trade-offs for different valve geometries is presented in Chapter 4.

3.2.2.1. Orifice Discharge Flow Model. To correlate the pressure and flow relationship, the
flow through the active valve was modeled using the discharge flow equation. The
discharge flow equation is derived from the Bernoulli’s equation, where adiabatic and
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incompressible fluid assumptions apply. The volumetric flow rate through the valve can be
modeled as:

2∆𝑝𝑡
𝑞𝑖,𝑜 = 𝑐𝑞 𝐴(𝜃)√
𝜌𝑖,𝑜

(3.11)

where the discharge coefficient, 𝑐𝑞 , is assumed a constant, ∆𝑝𝑡 is the instantaneous pressure
difference between the cylinder and the supply or return line, 𝐴(𝜃) is the valve area profile,
which is a function of the crank shaft angle 𝜃. A sample profile of 𝐴(𝜃) is shown in Figure
3.2.

P valve
T valve
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1
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0.6
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Crank shaft angular positon (rad)
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6

Figure 3.2. Valve open area as a function of crank angle.
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3.2.2.2. Leakage through Hydrodynamic Surfaces. In active valve designs the two parts in
relative motion are lubricated and sealed by a hydrodynamic surface. To model the pressure
and flow characteristics as the flow travels through small clearances, the theory of parallel
plate flow was used. The leakage flow rate between two ports separated by a hydrodynamic
film of width 𝐵, height ℎ, and port-to-port distance 𝐿 is:

𝑞𝑙𝑘

𝛥𝑝𝑙 𝐵ℎ3
=
12𝜇𝐿

(3.12)

where 𝛥𝑝𝑙 is the pressure differential across the leakage path, 𝜇 is the dynamic viscosity of
the fluid, and ℎ is the hydrodynamic clearance.

3.2.3. Bypass Check Valve Model
A check valve was used in the circuit (Figure 3.1) to prevent excessive pressure in the
cylinder by discharging the fluid back to the supply as a safety measure in case of bad valve
timing. As shown in Figure 3.3, the check valve was modeled as a spring-mass-damper
system, predicting the actual check valve open area 𝐴𝑐𝑘 from the poppet displacement.
Then the instantaneous volumetric flow rate through the check valve can be calculated
using Eqn. 3.13:
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Figure 3.3. Check valve geometry.

𝑞𝑐𝑘 = 𝑐𝑞 𝐴𝑐𝑘 √2(𝑝 − 𝑝𝑖 )/𝜌

(3.13)

where the open area of the check valve 𝐴𝑐𝑘 , and the spring-mass-damper dynamics are
described by:

𝐴𝑐𝑘 = 2𝜋𝑟𝑑cos𝛼

(3.14)

𝑚𝑑̈ + 𝑐𝑑̇ + 𝑘𝑑 = 𝐹𝑒𝑥𝑡 = 𝛥𝑝𝑐 𝜋𝑟𝑝2 − 𝐹𝑐

(3.15)

In the simulation of Eqn. 3.15, the mass and the spring coefficients, 𝑚 and 𝑘 can be found
from commercial check valves. The oil damping coefficient, 𝑐, can be determined by
simulating the check valve dynamics alone and tuning the damping coefficient until the
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settle time of the poppet is less than half of the cycle time. The external force, 𝐹𝑒𝑥𝑡 , modeled
for the poppet dynamics is the pressure force caused by the pressure difference (𝛥𝑝𝑐 )
across the poppet of the check valve, minus the check valve preload force, 𝐹𝑐 . 𝐹𝑐 can be
calculated based on the valve area (𝜋𝑟𝑝2) to resemble a given cracking pressure. In the
simulation, a rigid seat for the poppet was assumed, limiting the poppet trajectory to the
positive direction only.

3.2.4. Energy Conservation and Piston Efficiency
The traditional motor efficiency definitions take the ratio between the output shaft work
and the input flow work over a certain period of time, where the compressible energy of
the fluid is not accounted for. As pointed out by Manring, the pressure equalization strategy
based on volumetric decompression could recover the compressible energy from the fluid
[2]. If the pressure equalization valve timing is used, the recovered compressible energy of
the fluid inside the piston cylinder should be considered as an input.

To develop a general energy efficiency model that captures the compressible work and
decouples the influence of the motor kinematics, the ‘piston efficiency’ of a piston motor
can be defined as the ratio between the output piston boundary work and input fluid work,
shown in Eqn. 3.16.
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𝜂𝑝 =

𝑤𝑜𝑢𝑡
𝑤𝑖𝑛

(3.16)

where 𝑤𝑖𝑛 and 𝑤𝑜𝑢𝑡 are the overall input fluid energy and output piston work per cycle,
respectively.

The input energy can be defined as the summation of the integral of the input flow work
and the compressible potential energy, as shown in Eqn.3.17.

2𝜋

2𝜋

𝑤𝑖𝑛 = ∫ 𝑝𝑖 𝑞𝑖 𝑑𝜃 − ∫ 𝑝𝑜 𝑞𝑜 𝑑𝜃 + 𝑤𝑐𝑝
0

0

(3.17)

𝑉𝑐 +∆𝑉

𝑤𝑐𝑝 = ∫

𝑝𝑑𝜐 |𝑝≥𝑝0

𝑉𝑐

(3.18)

where 𝑤𝑐𝑝 is the compressible potential energy per cycle, a measure of the ability of the
compressed fluid to do boundary work at ambient pressure. 𝑉𝑐 is the total piston chamber
volume. ∆𝑉 is the change of volume after the virtual expansion. An analytical solution to
Eqn. 3.18 exists in Eqn. 2.18. For motors with baseline valve timing, the compressible
potential energy is often dissipated by throttling across the opening tank valve near bottom
dead center. By actively changing the closing timing of the pressure valve as pressure and
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compressibility of the oil change, this energy can be recovered.

The output boundary work of the piston can be defined as the integration of the pressure
force acting on the moving piston, for a 2𝜋 crank rotation:

2𝜋

𝑤𝑜𝑢𝑡 = ∫ (𝑝 − 𝑝0 )𝐴𝑝 𝑣𝑑𝜃
0

(3.19)

where 𝐴𝑝 is the piston area, 𝑣 is piston velocity. Note that this definition neglects piston
friction and inertial effects.

Besides the input fluid energy and output piston energy, the energy loss terms are identified
as throttling, leakage, and viscous energy. The throttling energy per cycle can be defined
as the integration of the product of the flow rate through the valve and the pressure drop
across the valve:

2𝜋

𝑤𝑡 = ∫ ∆𝑝𝑡 𝑞𝑖,𝑜 𝑑𝜃
0

(3.20)

where ∆𝑝𝑡 is the measured pressure drop between the cylinder and the supply or tank, and
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𝑞𝑖,𝑜 is the flow rate across the valve.

The leakage energy loss per cycle can be defined as the integration of the leakage flow rate
(Eqn. 3.12) multiplied by the pressure difference between the cylinder and ambient:

2𝜋

𝑤𝑙 = ∫ ∆𝑝𝑙 𝑞𝑙𝑘 𝑑𝜃
0

(3.21)

where the leakage flow rate, 𝑞𝑙𝑘 , is calculated based on the hydrodynamic theory shown in
Eqn. 3.12 and ∆𝑝𝑙 is the instantaneous pressure difference between the cylinder and the
case. The leakage energy loss depends on the working condition and valve design.

Another dissipative term is the viscous energy loss, which can be calculated based on the
hydrodynamic surface area between the valve rotor and sleeve as the valve rotor rotates,
integrated from 0 to 2𝜋:

2𝜋

𝑤𝑣 = ∫
0

2
𝜇𝑣𝑟𝑡
𝐴𝑖 (𝜃)
𝑑𝜃
ℎ

(3.22)

where 𝑣𝑟𝑡 is the angular velocity of the rotor, 𝐴𝑖 (𝜃) is the hydrodynamic surface area
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between the valve rotor and sleeve.

There are two significant benefits of using ‘piston’ efficiency. First, the input energy term
in Eqn. 3.17 includes the compressible work, 𝑤𝑐𝑝 , which is more complete than the
traditional definition. Neglecting this term is reasonable if the stiffness of the fluid is high.
However, it is no longer valid when a significant amount of entrained air is present. If the
compressible energy is not accounted for, the overall fluid input work will be underpredicted. Second, this definition isolates the impact of the piston driving mechanism,
allowing more general consideration of the impacts from valve timing.

3.3. Simulation Settings
To study the effects of valve timing on the piston efficiency as the motor operating
conditions vary, the pressure dynamics in piston cylinder and the piston efficiency were
simulated. The cylinder parameters were obtained from a commercial pump (model: CAT
5CP3120). The single piston motor has a displaced volume of 3.4 mL/rev and a rated
maximum operating pressure of 24 MPa. To obtain parameters for orifice flow, leakage,
and viscous loss calculation, a 3-way rotary valve was used shown in Figure 3.4. The valve
features rectangular ports on the unwrapped valve spool and sleeve, allowing a linear valve
transition profile. The valve has two system ports spaced π radian apart on the rotor, the
system port is switched between the P and T ports twice per 2 π rotation. The fully opened
valve orifice area is 4.7×10-5m2. The instantaneous valve open area, 𝐴(𝜃), was calculated
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based on Eqn. 3.23. The active valve has a hydrodynamic clearance seal. The leakage paths
and the hydrodynamics surfaces to calculate leakage and viscous friction can be found in
the arrowed region in Figure 3.5, which are constantly updated as the orifice angle, 𝜃𝑟 , is
sweeping from 0 to π. The port lengths and angle constants can be found in Table 3.1.

Figure 3.4. The rotary valve for simulation.

Figure 3.5. The unwrapped valve geometry at given crank angle. The arrows mark the
possible leakage paths and the hydrodynamic surfaces across the ports.
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0
𝜃 + 𝜃𝑟 − 𝜃𝑝𝑠
𝜃𝑟
𝜃𝑝𝑒 − 𝜃
𝐴(𝜃) = 𝑙𝑝 𝑟𝑣 ∙
0
𝜃 + 𝜃𝑟 − 𝜃𝑡𝑠
𝜃𝑟
𝜃
𝑡𝑒 − 𝜃
{

𝜃𝑡𝑒 + 𝜃𝑟 ≤ 𝜃 < 𝜃𝑝𝑠 − 𝜃𝑟
𝜃𝑝𝑠 − 𝜃𝑟 ≤ 𝜃 < 𝜃𝑝𝑠 + 𝜃𝑟
𝜃𝑝𝑠 + 𝜃𝑟 ≤ 𝜃 < 𝜃𝑝𝑒 − 𝜃𝑟
𝜃𝑝𝑒 − 𝜃𝑟 ≤ 𝜃 < 𝜃𝑝𝑒 + 𝜃𝑟
𝜃𝑝𝑒 + 𝜃𝑟 ≤ 𝜃 < 𝜃𝑡𝑠 − 𝜃𝑟
𝜃𝑡𝑠 − 𝜃𝑟 ≤ 𝜃 < 𝜃𝑡𝑠 + 𝜃𝑟
𝜃𝑡𝑠 + 𝜃𝑟 ≤ 𝜃 < 𝜃𝑡𝑒 − 𝜃𝑟
𝜃𝑡𝑒 − 𝜃𝑟 ≤ 𝜃 < 𝜃𝑡𝑒 + 𝜃𝑟

(3.23)

where 𝑙𝑝 and 𝑟𝑣 are a valve orifice height and the valve spool radius, 𝜃 is the valve rotor
position, 𝜃𝑝𝑠 , 𝜃𝑝𝑒 , 𝜃𝑡𝑠 , 𝜃𝑡𝑒 are the angular positions when P valve opens, P valve closes, T
valve opens, and T valve closes, respectively. 𝜃𝑟 is the arch angle of the orifice on the
spool.

Table 3.1. The valve geometry parameters for simulation.
Variable
Description
Value Unit
System port width
0.29 rad
𝜃𝑟
𝜃𝑝𝑒 − 𝜃𝑝𝑠
Pressure port width
1.39 rad
Tank
port
width
1.44 rad
𝜃𝑡𝑒 − 𝜃𝑡𝑠
Valve spool radius
7.00 mm
𝑟𝑣
𝑙𝑝
Pressure/tank port height 6.37 mm
Hydrodynamic clearance 10.5 μm
ℎ

In the simulation, there are also scalar inputs summarized in Table 3.2 below. The bulk
modulus of pure oil was measured from an in-house compressibility tester presented in
Chapter 7, the density of the oil was found from DTE 25 manufacture’s data, the discharge
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coefficient was estimated from the valve orifice design, and the safety check valve was
designed to have cracking pressure of 5 bar.

Table 3.2. Simulation parameters.
Simulation parameter
Value Unit
0.68
−
Discharge coefficient 𝑐𝑞
Chamber volume
3.1
mL
Bulk modulus
1.4
GPa
Hydraulic fluid density
874 kg/m3
Check valve cracking pressure
5
Bar

To obtain the cylinder pressure dynamics, Eqns. 3.5 to 3.15 were simulated using a Matlab
ODE15s solver. The tolerance for solver was set to be 1 µPa; the solver time step was set
at 10 µs. An in-depth discussion on the solution techniques and a convergence study to
determine the tolerances and time step sizes can be found in Appendixes A and B. The
dissipative terms and the piston efficiency were evaluated using Eqns. 3.16 to 3.22 based
on the simulated pressure dynamics. To have a realistic transition between the
hydrodynamic leakage and the orifice flow, a transitional zone was set by the port edges
where orifice equation was used when the predicted 𝑞𝑙𝑘 was greater than that of the orifice
flow.
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3.4. Results and Discussion
3.4.1. Numerical Model Function Validation
The effect of valve timing on the motor performance is directly reflected by the cylinder
pressure and flow dynamics. To validate that the derived numerical model is capable of
capturing the valve timing differences, the numerical model was solved under four
distinctive valve timing settings: (1) the zero decompression valve timing, shown in Figure
3.6 (a), (2) the optimal decompression timing, resulting in optimal decompression of
cylinder volume, shown in Figure 3.6 (b), (3) the zero precompression timing, shown in
Figure 3.6 (c), and (4) the optimal precompression timing, resulting in optimal
precompression of cylinder volume, shown in Figure 3.6 (d). The timing angles in four
cases are summarized in Table 3.3. As shown in Figure 3.6 (a, c), significant flow spikes
exist during the valve transition, where in Figure 3.6 (b, d), the flow spikes were greatly
reduced. Initial results confirm that the numerical model captures the valve timing
differences and the precompression or decompression valve timing strategy reduces the
flow spikes.

Table 3.3. The P and T valve angles for four precompression or decompression settings.
P valve
P valve
T valve
T valve
open (rad) closed (rad) open (rad) closed (rad)
Zero decompression
−
π
π
−
Optimal decompression
−
2.85
π
−
Zero precompression
2π
−
−
2π
Optimal precompression
2π
−
−
6.13
Test Settings
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Figure 3.6. Demonstration of the capability of the numerical model with different valve
timing settings.

3.4.2. Effect of Dead Volume
A simulation study was done to investigate the impact of dead volume on the performance,
when the valve timing was set to the baseline and the piston trajectory was set to sinusoidal
with 2%vol entrained air (Figure 3.7). For comparison purpose in this section and section
3.4.3, the reported flowrate was normalized to the peak exhaust flow rate of the case with
10% dead volume and 2%vol entrained air. The throttling energy loss was normalized to the
intake throttling energy loss of the same case. It was found that the peak flow rate during
valve transition increases with the dead volume, as shown in Figure 3.8. Consequently,
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more throttling energy loss occurs during the valve transition due to the increased dead
volume, as shown in Table 3.4.

P valve
T valve
Piston displacement

Normalized axis

1.2
1

TDC

0.8
0.6
0.4
0.2
BDC

BDC

0
0

1

2
3
4
5
Crank shaft angular positon (rad)

6

Figure 3.7. Valve timing and piston trajectory used in the analysis. Note the P and T valve
both timed at the dead centers.
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Figure 3.8. Flow rate at the beginning of the exhaust and intake stroke as a function of
dead volume, normalized to the peak flow rate of 10% dead volume and 2% air fraction.
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Table 3.4. Throttling energy loss as a function of dead volume with fixed entrained air
amount, normalized to the throttling energy of 10% dead volume and 2% air fraction.
Dead volume Exhaust throttling energy Intake throttling energy
10%
0.28
1.00
100%
2.68
1.90
200%
5.34
2.91

3.4.3. Effect of Entrained Air and Fluid Compressibility
A simulation was done to study the transitional throttling flow and energy as the entrained
air amount changes. In the study, the baseline valve timing was used, as in Figure 3.7, and
the dead volume was set to be 100% of the displaced volume. It was found that the
entrained air fraction also has a profound impact on the magnitude of the flow and the
throttling energy loss during valve transition. As shown in Figure 3.9, both the intake and
exhaust peak flow rate increased with the volumetric entrained air percentage. As a result,
more throttling energy loss was observed with higher amount of entrained air in Table 3.5.
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Figure 3.9. Flow rate at the beginning of the exhaust and intake stroke as a function of
entrained air fraction, normalized to the peak flow rate of 10% dead volume and 2% air
fraction.
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Table 3.5. Throttling energy loss as a function of entrained air fraction with 100% dead
volume, normalized to the peak flow rate of 10% dead volume and 2% air fraction.
%vol of air Exhaust throttling energy Intake throttling energy
0.5%
2.68
1.90
2%
8.05
2.90
4%
15.08
4.10

3.4.4. Effect of Valve Transition Characteristics
A simulation was done to study the impact of valve timing on piston efficiency, piston
output work, and throttling energy loss as the transition percentage was changed. The valve
transition percentage represents the ratio of a single transition event, i.e. P valve opening,
to the overall angle of 2π. Three sample valve transitions percentages are demonstrated in
Figure 3.10. The simulation condition was set at 2% air fraction, 100% dead volume, and
7 MPa.
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Figure 3.10. Valve timing profiles with 0.1% 10% and 23% transitions.
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The output piston work was found to be directly related to the valve transition profile while
the piston efficiency was not, as shown in Figure 3.11. The output piston work reduced
with higher valve transition values expectedly, since the reduced valve opening limited the
flow across the valve. It is also discovered the total throttling energy loss and piston
efficiency stayed relatitvely constant as the valve transition percentage was changed, as
shown in Figure 3.12. This is also expected, since the maximum amount of throttling
energy loss is determined by the maximum amount of compressible energy of the system,
which is fixed for a given system pressure, compressiblity, and volume. It is also worth
noting the throttling energy loss due to the transitional flow spikes dominates.

21.2

Output piston work (J)

21.18
21.16
21.14
21.12
21.1
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21.06
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0.2
Percentage of single side valve transition over 2

Figure 3.11. Output piston work as a function valve transition.
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Figure 3.12. The throttling energy loss and piston efficiency as a function valve
transition.

There is one important discovery drawn from this numerical analysis: since the maximum
throttling energy loss is determined by the flow spikes during valve transition, reducing the
valve transition time alone cannot significantly improve the energy efficiency of the
baseline timing case, unless optimal valve timing is used to recover the compressible
energy. It is concluded that for compressible energy recovery, the design of valve timing
is more important than valve transition (for valves with resonable orifice sizes). However,
valve transition should be kept as short as possible for minimizing flow restriction and
maximizing piston output work. A grid search to find the optimal valve timing angles is
presented next, where the valve transition profile is assumed to be fixed. A valve timing
optimization using a genetic algorithm includes the effect of valve transition, the optimized
results can be found in the next chapter.
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3.4.5. Efficiency Map
The results from previous sections demonstrated that the compressible energy loss during
valve transitions increases with the dead volume size and the amount of entrained air. To
reduce the throttling energy loss, the author has proposed the variable valve timing scheme.
To review, the critical timing angles are the precompression and decompression angles, as
found in Figure 3.13. By advancing the closing timing of P and T valves, the cylinder
volume decompresses before opening the tank valve and precompresses before opening the
pressure valve, such that the reduced pressure differential across the valve will reduce the
compressible energy loss.

P valve
T valve

Normalized axis
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Decompression
Angle

0.8

Precompression
Angle

0.6
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Figure 3.13. The definitions for pre- and de-compression angles.
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employed to map the piston efficiency of a hydraulic motor with variable
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timing. The valve transition profile was fixed at 10% in this numerical study. The results
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in Figure 3.14 are contour plots of piston efficiency as a function of the timing angles,
entrained air fraction, and dead volume. The analytical Pareto optimal rectangle was also
calculated based on the same conditions and overlapped on the contour plots. There are
four unique findings from analyzing the results.
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Figure 3.14. Piston efficiency map as a function of valve timing, motor dead volume, and
fluid compressibility, compared to analytical results (in white).
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First, Figure 3.14 demonstrates that the precompression or decompression angles should
be positive. As for pure research purposes, in the grid search, negative timing angles were
investigated. A negative precompression angle means the T valve remains open during the
power stroke, and a negative decompression angle means the P valve remains open during
the exhaust stroke. Neither is desirable, as it will either create a cross-port leakage passage
or an opposing pressure force on the piston, reducing the efficiency.

Secondly, the efficiency map is consistent with the results from the dead volume and
entrained air studies. The precompression and decompression angles for minimizing the
compressible energy loss increase as the fluid compressibility and dead volume increase,
meaning valve timing needs to be advanced more to reduce the throttling energy loss.

Additionally, it was found the efficiency map coincides with the Pareto rectangle solved
analytically. In Chapter 2, the analytical Pareto optimal valve timing solution space was
found, which is a rectangle with the horizontal and vertical side having the length of the
analytical maximum decompression and precompression angles.

To study the trade-offs of the Pareto optimal rectangle, Figure 3.15 and Figure 3.16 were
created, which are the cross-sectional efficiency plots as a single function of
precompression or decompression angle when the other one is fixed at the center of the
Pareto optimal region. In Figure 3.15 (a), the piston efficiency starts high then gradually
reduces as the precompression angle increases. In Figure 3.15 (b), the piston efficiency
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peaks near 6 degree. Similar trends were observed in Figure 3.16 (a) and (b). It was found
that the maximum efficiency point changes as the dead volume or fluid compressibility
changes, requiring variable valve timing in order to capture the maximum efficiency when
operating conditions change.

Within the optimal region, it is a designer’s choice to make. For example, a trade-off
between the effects of throttling energy loss and the complexity of valve actuation can be
studied. If the reduction of the negative effects of throttling loss is of most concern, the
timing angles on the right limits in Figure 3.15 and Figure 3.16 should be picked. However,
the trade-off is the complexity of the hardware to realize a changing timing angle, as a
valve timing angle is advanced further, more valve actuation efforts are required. For
another example, a trade-off between output work and efficiency can also be studied. The
zero precompression and decompression angles to the left limits offer maximum energy
output, but at a cost of the compressible energy loss.
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Figure 3.15. Piston efficiency at 50 bar, 2% entrained air and 100% dead volume, when
(a) 𝜃𝑑𝑒 = 5° and (b) 𝜃𝑝𝑟𝑒 = 5°. The dotted region represents the optimal timing.
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Figure 3.16. Piston efficiency at 50 bar, 0.5% entrained air and 10% dead volume, when
(a) 𝜃𝑑𝑒 = 4° and (b) 𝜃𝑝𝑟𝑒 = 1.5°. The dotted region represents the optimal timing.

Furthermore, a disparity between the factors influencing the precompression and
decompression angles was observed. The results demonstrate that the precompression
angle is particularly sensitive to the dead volume, whereas the decompression angle is less
sensitive to the same variation. This is expected since the precompression work is
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determined by the size of dead volume, which is usually small compared to the cylinder
volume. When the dead volume increases, the precompression angle needs to be delayed
more to compensate. However, the decompression angle is less affected since the initial
volume is usually much greater than the dead volume. The disparity in the sensitivity
provides an important insight: when the dead volume is small, the precompression angle is
less important and can be held fixed; while the decompression angle is more important and
should be kept variable in order to reduce throttling energy loss for the specific
combination of dead volume and fluid compressibility.

3.5. Conclusion
The performance of a hydraulic motor is determined by the pressure, the dead volume, and
the fluid compressibility. In this research, a comprehensive numerical model was
developed for a hydraulic piston motor. The focus was on finding the impacts of the
operating conditions on the throttling loss when the valve is transitioning. Initial pressure
and flow rate results verified that the developed numerical model is capable of capturing
the effects of valve timing. From two cases studied, the throttling energy loss is found to
increase with dead volume and fluid compressibility. On the effects of valve transition, it
is concluded that varing the valve transition alone under the baseline timing cannot improve
the piston efficiency unless optimal valve timing is used. There are four major conclusions
from the numerical study of efficiency maps. First, a high efficiency region is found
enclosed by positive precompression and decompression angles, where negative angles
cause cross-port leakage and opposing piston force. Second, the high efficiency region
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increases with the amount of dead volume or entrained gas fraction. Third, the high
efficiency region is coincide with the Pareto optimal region obtained analytically. Last,
disparities in the sensitivity to dead volume variation were discovered between the
precompression and decompression angles. It was found that the decompression angle is
more important and should be carefully controlled to reduce the throttling energy loss when
dead volume is small.
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Chapter 4 Optimal Active Valve Design
4.1. Introduction
A hydraulic motor with variable valve timing requires active valves. To design an active
valve that enables the proposed ‘steer-by-wire’ motor, a valve architecture needed to be
selected, valve dimensions should be optimized, and a prototype should be designed and
fabricated.

4.1.1. Active Valve Architectures
To design an active valve, an architecture of the valve should be decided first. The existing
active valve architectures include the valve plate, translational spool, poppet, and rotary
spool. To find a valve architecture for this research, four candidates are compared and
ranked in terms of machining complexity, the actuation effort, and the ability to prevent
leakage through a decision matrix in Table 1.

Table 4.1. Decision matrix for active valve architectures comparison.
Architecture
Translational
spool
Poppet

Valve plate

Complexity

Actuation

Seal

Precision shaft and
bore
3
Precision seat and dart,
multiple sets required
2

Variable speed
linear drive
1
Variable speed
linear drive
1

Precision planar
surfaces in parallel

Variable speed
rotary drive

1

2

Hydrodynamic
clearance
1
Contact, positive seal
elements
3
Hydrodynamic
clearance, selfcentering
2
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Score
5

6

5

Rotary spool

Precision shaft and
bore

Variable speed
rotary drive

3

2

Hydrodynamic
clearance, selfcentering
2

7

In the decision matrix, a score was assigned to each item. A higher score suggests a better
option in that category. For example, it is known that a precision shaft and bore are easier
to manufacture and tolerance than planar mating surfaces. To make a three way valve, two
sets of poppets need to be machined, compared to a single valve spool required for the
same function. Also, from the selection of off-the-shelf drivers, it is more conventional and
inexpensive to drive a machinery by a rotary machine element than a translational one.
Additionally, positive seal elements achieve more effective leakage control than using
hydrodynamic clearances. After assigning a score between one and three to each item and
summing all the item scores for each candidate, the candidate with the highest score in the
last column was selected for design and prototype.

4.1.2. Proposed Active Valve
The selected valve architecture is a single-stage rotary valve, as shown in Figure 4.1. The
valve features a 2-degree conical rotor and a mating sleeve, forming an adjustable clearance
hydrodynamic surface by axially locating the valve rotor. The adjustable clearance allows
controlling the viscous friction and leakage trade-offs. The effective orifice area between
the system port (S) and the pressure port (P) or tank port (T) is determined by the angular
position of the rotor. All of the ports have a rectangular shape when unwrapped onto a
plane, allowing a linear orifice area transition. There are two pairs of ports, resulting in two
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switching cycles per rotor revolution. The rotor can be driven actively, enabling decoupled
valve timing from the motor crank shaft.

Figure 4.1. The proposed active rotary valve and the hydraulic symbol.

In this chapter, an optimal design approach is applied to the active valve. In section 4.2,
the objective functions for the optimization are defined. A geometric optimization of the
motoring efficiency is conducted based on the throttling energy loss across the transitioning
and fully open valve ports, viscous friction, and leakage. In section 4.3, the optimization
results are obtained and a valve timing sensitivity study is carried out. In section 4.4, a
prototype is designed based on the optimized dimensions. The detailed design includes
bearing arrangement, material selection, tolerance and fit, and the compatibility with the
motor. Finally, the fabricated and assembled prototype is presented.
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4.2. Timing and Geometry Optimization
The valve geometry and the valve timing was optimized for a 12 mL/rev motor operating
at 21 MPa and 1200 RPM, with 2%vol air entrained at atmospheric pressure. The steps in
achieving this goal include: formulating the optimization objective functions, identifying
the valve timing and geometry parameters, constructing the optimization algorithm,
analyzing the results of the optimization results, and performing a parameter sensitivity
study.

4.2.1. Objective Functions
The optimal valve timing and valve dimensions were determined through a multi-objective
optimization shown below:

min 𝑓(𝑥) = [𝑓1 (𝑥), 𝑓2 (𝑥)]𝑇
{
𝑠. 𝑡.
𝑥∈𝑋
𝑋 ⊆ 𝑅𝑚

(4.1)

The objective functions, 𝑓1 and 𝑓2 , were designed to maximize the piston efficiency and
output piston work per cycle, which were defined as:

𝑓1 (𝒙) = 1 − 𝜂𝑝
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(4.2)

𝑓2 (𝒙) =

1
𝑤𝑜𝑢𝑡

𝒙 = {𝜃𝑝𝑠 , 𝜃𝑝𝑒 , 𝜃𝑝𝑠 , 𝜃𝑟 , 𝐿1 , 𝐿2 , 𝐿3 , 𝐿𝑠 , ℎ, 𝐻, 𝑑𝑟 , 𝑊}

where 𝑓1 is the complementary piston efficiency, 𝜂𝑝 is the piston efficiency, 𝑓2 is the inverse
of output piston work, 𝑤𝑜𝑢𝑡 , and x is the optimization parameter vector, including the valve
timing parameters and the valve dimensions, defined in the next section.

4.2.2. Parametrization
The key parameters in this optimization were the valve timing profile and the dimensions
of the valve. First, to account for the valve transition profiles, the valve timing parameters
were identified as 𝜃𝑝𝑠 , 𝜃𝑝𝑒 , 𝜃𝑡𝑠 , 𝜃𝑡𝑒 , and 𝜃𝑟 , which are the positions of the pressure valve
opening and closing, the tank valve opening and closing, and the orifice width,
respectively. Compared to the assumption of zero valve transition in Chapter 2 or fixed
valve transition in Chapter 3, the five identified valve timing parameters offers greater
flexibility in exploring an arbitrary valve timing profile. Figure 4.2 shows the
parameterized orifice area as a function of angular position of the valve rotor.
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Figure 4.2.Valve timing parameterization.

The dimensions of the valve determines orifice size, leakage, dead volume, and viscous
friction. The valve rotor was parameterized as shown in Figure 4.3. The rectangular orifice
of length 𝐻 and the adjacent annulus with radial depth of 𝑑𝑟 and width of 𝐿𝑠 , determine
the orifice area and the dead volume. The rest of the dimensions, 𝐿1 , 𝐿2 , 𝐿3 , and 𝑊,
determine the viscous and leakage performance of the hydrodynamic surface between the
valve rotor and the sleeve with a clearance of ℎ. The dimensions of the sleeve have the
same dimensions (𝐻, 𝐿1 , 𝐿2 , 𝐿3 , and 𝑊) as that of the rotor, except the pressure port and
tank port locations, which are determined by the valve timing parameters.
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Figure 4.3.The geometry parameterizations of the proposed rotary valve.

4.2.3. Optimization Algorithm
In order to maximize the efficiency and the mechanical energy output, an optimal solution
that satisfies Eqn. 4.2 is needed. For an optimization problem, a simple genetic algorithm
(SGA) was applied. While a more detailed description of the operation principle of the
SGA is presented in literature [30], the basic idea of SGA is to mimic the evolution process
in nature. By constructing a virtual ‘DNA’ string that represents a set of randomized
optimization parameters, an individual is created. Through mating, mutating, and selecting
the fittest of a population containing multiple individuals for several generations, the
‘DNA’ of most fit individual passes on and the optimization parameters converge, where
the fitness selection is done by evaluating an objective function.

Since a SGA can only solve a single objective problem, a classic approach to solve the
multi-objective problem defined in Eqn. 4.2 is to use weighting coefficients to linearize
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multiple objective functions as a single scalar function [30]. In this case, the SGA was used
with different combinations of weighting coefficients. By defining different weighting
coefficients, the solution space can be searched in different directions to form the Pareto
optimal space:

𝑔(𝒙) = 𝑊1 𝑓1 (𝒙) + 𝑊2 𝑓2 (𝒙)

(4.3)

where 𝑔(𝒙) is the new objective function that linearly combines 𝑓1 and 𝑓2 , with the
weighting coefficients 𝑊1 and 𝑊2 .

To formulate the optimization problem, 𝑊1 and 𝑊2 need to be defined. Chang et al.
presented a sub-population genetic algorithm (SPGA) that estimates the weighting
coefficients 𝑊1 and 𝑊2 [31]. For the SPGA, the total population is divided into N equally
sized groups and the new objective function, 𝑔(𝒙), of nth sub-population is then assigned
with unique weights based on the following equation suggest by Chang et al. in Eqn. 4.4.
The major benefits of the SPGA is that the nature of the semi-isolated sub-population
makes it natural for parallel computation schemes.

{𝑊1 , 𝑊2 } = {

𝑛
𝑛
,1 −
}
𝑁+1
𝑁+1

89

(4.4)

Applying the SPGA is a six-step optimization procedure: (1) an initial total population is
randomly generated between the upper and lower bounds, (2) the initial population is
divided into N equally sized sub-populations, for which weighting coefficients are defined
by Eqn. 4.4, (3) individuals of each sub-population go through the objective function and
the qualified individuals are selected based on their fitness level, (4) selected individuals
are involved in the crossover and mutate processes, the results of which will become the
initial population of the next generation, (5) then, the generation counter is checked and
the process is terminated if the maximum number of generations is met, (6) finally, the
optimal individuals of each sub-population form the Pareto Optimal solution. A flow chart
demonstrating the SPGA optimization process in a given direction (𝑊1 = 𝑊2 = 0.5) using
the SGA is shown in Figure 4.4.
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Figure 4.4. Flow chart of the SPGA optimization in a selected direction (𝑊1 = 𝑊2 =
0.5).

4.2.4. Optimization Settings
In this research, the SPGA and SGA were both used. The SPGA was used to find the Pareto
optimal solution set by searching the solution space using sub-populations with different
combinations of 𝑊1 and 𝑊2 ; the SGA was then used to determine the optimized parameters
for equally weighted (𝑊1 = 𝑊2 ) scenario for maximum accuracy with a larger population
size. Ten weighting groups of 30 individuals were used for the SPGA and a total population
size of 200 individuals was used for SGA. For both methods, the number of generation was
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30. To keep genetic diversity in the GA, both algorithms start from randomized initial
populations. The upper (UB) and lower bounds (LB) of the optimization parameter vector
x were the same for the SGA and SPGA, defined in Table 4.2 and Table 4.3.

Table 4.2. Optimization boundaries for valve timing angles.

LB
UB

𝜃𝑝𝑠 (°)
1
50

𝜃𝑝𝑒 (°)
50
120

𝜃𝑡𝑠 (°)
100
200

𝜃𝑟 (°)
1
50

Table 4.3. Optimization boundaries for the valve dimensions.

LB
UB

𝐿1 (mm) 𝐿2 (mm) 𝐿3 (mm) 𝐻(mm) ℎ(mm) 𝑑𝑟 (mm) 𝑊(mm) 𝐿𝑠 (mm)
0.8
0.8
0.8
5
0.005
0.1
30
1
10
10
10
30
0.05
8
160
8

The optimization objectives are functions of the cylinder pressure dynamics, which was
solved using the numerical approach described in Chapter 3. The rest of the system
parameters for calculating the objective functions can be found in Table 4.4. The choice of
the parameters were made based on a prototype pump under development by another
colleague at that time. Besides the optimization constants, the volumetric piston
displacement is a time-series input. For simplicity, the piston trajectory of the motor is
assumed to be sinusoidal, the upper and lower bounds are defined by 𝑉𝑚𝑎𝑥 and 𝑉𝑑 ,
respectively. From the previous inputs and system settings, the optimization problem was
fully defined and the objective functions could be solved.

92

Table 4.4. Optimization constant inputs.
Physical meaning
Value
Unit
Supplied pressure
Pa
6.9×106
𝑝ℎ
5
Tank pressure
Pa
1.01×10
𝑝0
Dynamic viscosity
0.04
Pa∙s
𝜇
Fluid density
874
kg/m3
𝜌
Cylinder volume at BDC
12
cm3
𝑉𝑚𝑎𝑥
Dead volume
0.6
cm3
𝑉𝑑
Volumetric ratio of air to oil
2%
−
𝛼
f
Motor frequency
20
Hz

4.3. Optimization Results
4.3.1. Pareto Optimal Solution
To find the Pareto optimal solution, the SPGA was implemented. Figure 4.5 shows the
convergence of best results within each sub-population for the SPGA, where each ridge
represents a search direction (a different combination of weighting coefficients). After 30
generations, the result variation was small enough to be considered converged to the
optimal solution. The fitness of Pareto Optimal sets of 30th generation for objective
functions 1 against 2 are shown in Figure 4.6.
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Figure 4.5. Convergence of the subpopulation based on the objective function g(x).

(b) Pareto Optimal solution
0.016

Obj 2

0.014

Sub pop 1

0.012
0.01

Sub pop 10

0.008
0.006
0.016

0.018

0.02

0.022

0.024

0.026

0.028

0.03

Obj 1

Figure 4.6. Pareto optimal solution: Obj 1—complementary piston efficiency, Obj 2—
inverse of energy output.

From analyzing the Pareto front in Figure 4.6, there are two findings. First, there are
obvious trade-offs between the piston efficiency (Obj 1) and the output energy per cycle
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(Obj 2). This is expected as the results of Chapters 2 and 3 demonstrated that the
precompression and decompression timing could increase the recovered compressible
energy and efficiency, but at the cost of reduced power density. Second, it is also worth
noting that the scales between the two objectives are different. On the horizontal axis, the
Obj 1 varies from 0.016 to 0.03, suggesting the piston efficiency is changing from 98.4%
to 97%. On the vertical axis, the Obj 2 varies from 0.006 to 0.016, implicating the output
piston work is ranging from 63 J to 167 J per cycle.

To select a solution from the Pareto front, the efficiency and energy trade-offs should be
considered based on a particular design requirement. For example, the solution to the upper
left corner has the highest efficiency, which could be the best solution if only efficiency is
desired. However, for balanced efficiency and energy output, the solution with equally
weighted coefficients is a better choice. By sacrificing less than 1% of piston efficiency,
the equally weighted solution improves the energy output from the highest efficiency
solution by 144%. For the selected result, the optimized timing and dimensions are shown
in Figure 4.7 and Table 4.5.
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Figure 4.7. Optimized valve timing.

Table 4.5. Optimized critical dimensions for the rotary valve.
𝐿1 (mm) 𝐿2 (mm) 𝐿3 (mm) 𝐻(mm) ℎ(mm) 𝑑𝑟 (mm) 𝑊(mm) 𝐿𝑠 (mm)
2.659
1.529
3.859
6.373
0.011
5.000
47.000
1.600

4.3.2. Optimized Performance
The performance of the optimized result for 𝑊1 = 𝑊2 = 0.5 is presented. The effects of
decompression by early closing the P valve and precompression by early closing the T
valve are reflected on the simulated pressure profile in Figure 4.8. As shown in the cylinder
pressure plot, near BDC (π on the horizontal axis) the cylinder pressure starts to drop as a
result of the decompression, and near TDC (2π on the horizontal axis) the cylinder pressure
starts to rise as a result of the precompression. However, it was noticed that throttled flow
still exists near BDC. This is a result of the trade-offs between the throttling energy loss
and the piston output work.
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Figure 4.8. Optimized in-cylinder performance of the motor valve system for 𝑊1 = 𝑊2 =
0.5.

4.3.3. Frequency Sensitivity
The optimization was performed at 20 Hz, yet operating at other frequencies is often
required. A parameter sensitivity study was performed to find the solution sensitivity to the
operation frequencies. In two additional simulations, the motor with the optimized timing
and geometry was numerically studied under the same conditions of the optimization, but
with the operation frequency changed to 10 Hz or 30 Hz. The percentage change of
efficiencies and the output energies for these alternate frequencies are presented in Table
4.6. The results showed that the maximum variations of efficiency and output work per
cycle are within ±2% for a ±50% variation of rotational speed. The results confirmed
findings in the numerical study, where the compressible energy loss is more directly
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influenced by valve timing than by speed. For the valve timing sensitivity, the effect of
timing angles and trade-offs were already established in Chapter 3.

Table 4.6. Rotation frequency sensitivity.
Frequency Change of Efficiency Change of Output Energy
(Hz)
Δηp (%)
Δ𝑤𝑜𝑢𝑡 (%)
10
+0.45%
+1.2%
20
0
0
30
−1.33%
−1.8%

4.4. Prototype Design
This section documents the design of the prototype motor with active valve. There were
three objectives. First, the active valve needed to be designed based on the optimization
results, including valve spool dimension, bearing arrangement, and material selection.
Secondly, a tolerance and fit analysis needed to be performed to determine the dimensions
needed to achieve the desired clearance after valve assembly. Last, the valve manifold
needed to be designed to be compatible to a commercial pump body. Design decisions were
also influenced by secondary effects, including the thermal expansion during startup and
operation and hydrodynamic clearance, presented in Appendix C.

4.4.1. Active Valve Function Design
To design the prototype rotary valve, the dimensions, materials, and bearings needed to be
properly selected. First, the dimensions of valve rotor and sleeve were designed. Based on
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the optimized results, 3D models of a pair of cylindrical rotating spool and sleeve were
created using Solidworks®, as shown in Figure 4.9.

Figure 4.9. The CAD model of the optimized valve rotor and sleeve.

In the next step, materials were selected for the valve to satisfy bearing surface longevity,
lubrication properties, and machinability. The valve utilizes hydrodynamic clearance
between the rotor and sleeve to provide the seal and lubrication conditions for the system.
In case of extreme operating conditions where the fluid film lubrication could break down,
the rotor and sleeve materials needed to be chosen to continue to operate without severely
impacted service or life. Furthermore, the valve rotor and sleeve have complex features
and are designed to be lapped into place, which requires good machinability.

The materials selected for the rotor and sleeve was similar to what is used in journal
bearings designed for traditional machines. Type 410 Stainless steel was chosen as the rotor
material, which allows good machinability and resistance to corrosion. CDA 932-SAE 660
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bronze was selected as the sleeve material, which has a relatively low elastic modulus to
prevent seizing of the rotor and can be impregnated with oil to have excellent lubrication
property. Type 304 stainless steel was chosen for the valve manifold for high strength to
sustain a maximum system pressure around 21 MPa, which has good machinability and
relatively low cost. 6061-T1 aluminum alloy was selected for the rest of the parts
experiencing no high pressure, which has excellent machinability and good anti-corrosion
properties.

To axially and radially locate the rotor during operation, a pair of angular contact ball
bearings were selected based on the dimensions, rated operation frequency, grade, and
corrosion resistance performance, while the static load rating should be greater than the
preload force. For the rotor shoulder diameters of 32 mm and 35 mm, a nominal 20 Hz
operation, a maximum 20 µm radial clearance, and corrosion resistance, ABEC-5 stainless
steel with ceramic ball bearings were selected. The mounting method was back to back,
shown in Figure 4.10.

17x35x10 6003ZZENR Nachi
Bearing/S7003-2RS Stainless

15x32x9 6002ZZ Bearing
/S7002-2RS Stainless

Figure 4.10. Bearing selection and arrangement on the valve rotor.
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To have better clearance and axial position control, the bearings on the rotor were
preloaded. The minimum preload of ball bearing is given in the following equation by
SKF® [32]:

𝐹𝑝𝑟𝑒 = 0.01𝐶

(4.5)

where based on product catalogue, the maximum C values of the bearings selected above
is 10.4kN. Based on Eqn. 4.5, the preload required for both bearings is 100.4 N. The static
load rating of the bearings is 2.85kN, which could offer over 200 hours of service life at
90% probability. Since the prototype valve is only operating intermittently and
infrequently, the calculated life satisfies the bearing requirements.

4.4.2. Tolerance and Fit
The hydrodynamic surface between the rotor and the sleeve formed through a lapping
process during the valve assembly. To ensure the prototype valve achieve the optimized
valve clearance, appropriate axial and radial tolerances were selected for each component.

A radial interference fit was selected. To mitigate the manufacturing difficulty, IT7
(international tolerance level 7, see details at [33]) was selected instead of IT6 (common
choice for shafts) to relax the manufacturing difficulty and related cost. The actual fit
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values were calculated based on the tolerance chain demonstrated in Figure 4.11 using Eqn.
4.6.

𝐷𝑖
𝐷1

𝐷2

Figure 4.11. Tolerance chain in radial direction.

𝐷𝑖 = 𝐷2 − 𝐷1

(4.6)

where 𝐷1 is diameter of the sleeve, 𝐷2 is the diameter of the spool, and 𝐷𝑖 is the interference
between the spool and sleeve.

For a hole tolerance of H7, according to Eqn. 4.6, the interference values were calculated
for different shaft tolerances ranging from k6 to r7 with a 12 mm diameter base dimension
(Table 4.7). The results are shown in Table 4.8. It was found that H7/r7 was appropriate to
guarantee the desired interference.
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Table 4.7. Maximum and minimum diameter for a 12 mm hole.
Diameter (mm)
k6
k7
p7
r7
Maximum
0.012 0.019 0.036 0.041
Minimum
0.001 0.001 0.018 0.023
Table 4.8. Resulted interference for different tolerance selection for a 12 mm H7 shaft.
Interference (mm) H7/k6 H7/k7 H7/p7 H7/r7
Maximum
0.012 0.019 0.036 0.041
Minimum
−0.017 −0.017
0
0.005

Then the axial clearance was designed. The goal of the axial clearance design was to find
the base dimension and tolerance of 𝐴1 , such that the tolerance band of 𝐴𝑐 was negatively
biased to make sure the rotor could be assembled and have enough room during lapping.
The axial tolerance chain of the valve is shown in Figure 4.12. A linear relationship of the
chain can be found in Eqn. 4.7.

𝐴1
𝐴2
𝐴𝑐

Figure 4.12. Tolerance chain in axial direction.
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𝐴𝑐 = 𝐴1 + 𝐴2

(4.7)

where 𝐴1 is the depth from the edge of the manifold to the bearing seat, 𝐴2 is the axial
dimension of the rolling element bearing, and 𝐴𝑐 is the distance between the rotor tip to
the first bearing shoulder. The base dimension of 𝐴𝑐 is 31.02 mm.

The tolerance band of 𝐴1 was selected first. According to SKF catalog [32], the axial
tolerance (𝐴2 ) of the selected bearing with 9 mm diameter is
trial, the tolerance of 𝐴1 was selected to be
tolerance band of 𝐴𝑐 was calculated to be

0.050
0

0.050
−0.060

0
−0.1

mm. As a first design

mm based on IT7. Using Eqn. 4.7, the

mm, which did not satisfy the requirement.

However, by changing the tolerance band of 𝐴1 to
achieved for 𝐴𝑐 , which was

0
−0.060

0
−0.050

mm, the desired tolerance was

mm.

To leave room for the rotor to move forward during lapping process, the base dimension
𝐴1 was then selected. For a 2 degree taper (a 28.7:1 ‘amplification’ factor), the necessary
axial travel distance for the lapping process (according to H7/r7 interference) was 1.152
mm. As a result, the corresponding 𝐴1 was found to be 23.170−0.050 mm.

4.4.2. Manifold Design
A custom valve manifold was designed to mount to the 3.4 mL/rev/cyl commercial water
pump, model Cat Pumps 5CP3120. The stock pump has a cast bronze manifold bolted to
the piston cylinder block, which houses the plunger and positive seals. The Cat pump
104

manifold was reverse engineered to house the custom rotary valve, while incorporating the
original plunger and seals. The final design is shown in Figure 4.13.

(1)
(3)
(3)

(2)

(2)

Figure 4.13. CAD model of the final valve design: (1) piston-cylinder block, (2) valve
manifold, (3) CAT pump body.

Additionally, dead volume in the manifold was kept to a minimum as it directly affects the
valve timing advance needed to precompress or decompress. It is important to reduce the
dead volume, since larger dead volume requires further angle delay, increasing the
requirement and complexity of the valve actuator. To reduce the overall dead volume, the
valve manifold was designed to enclose part of the piston. As shown in Figure 4.14, the
head of the piston travels into the valve body, reducing dead volume. From the CAD model,
the predicted dead volume of the motor was 2.35 mL.
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(1)

(3)

(2)

Figure 4.14. Dead volume reduction by occupying of space using the piston: 1—piston,
2—valve manifold, 3—piston-cylinder block.

Due to a mid-project change in direction, there was a difference between the parameters of
the motor used to optimize the valve geometry and the motor used for the prototype. The
valve was optimized for a 12 mL/rev/cyl prototype pump under development at that time.
However, due to availability, the manifold was eventually designed to be compatible with
a 3.4 mL/rev/cyl Cat pump. The performance deviation is expected and details can be found
in the experimental study in the next chapter. However, it also provides a good case study
to understand the impact of cylinder volume on the overall performance. The rest of design
details and technical drawings can be found at Appendix D.

4.4.3. Fabrication and Assembly Results
The custom cylindrical rotary valve and manifold were manufactured by a local machine
shop. A photograph of the machined and assembled prototype are shown in Figure 4.15.
The completely assembled ‘steer-by-wire’ motor with the active valve can be found in
Figure 4.16.
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(b)

(a)

Rotor
Manifold
Rotor
Manifold
Sleeve
Figure 4.15. Photograph of (a) the disassembled and (b) the assembled active rotary
valve.

(2)

(1)

(3)

(4)

Figure 4.16. The assembled ‘steer-by-wire’ hydraulic motor: (1) CAT® pump body, (2)
stepper motor, (3) digital encoder, (4) valve manifold (encloses the rotor and sleeve).
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4.5. Conclusion
Traditional fixed-timing hydraulic motor valves have limitations. In this research, the
active valve required to drive the ‘steer-by-wire’ hydraulic motor was proposed to be a
novel cylindrical rotary valve with linear orifice area function and controllable
hydrodynamic seal. An optimal design approach based on a genetic algorithm was applied.
Based on the SPGA method, the Pareto optimal solutions demonstrated conflicting
objectives of efficiency and power density. Finally, a prototype valve was designed for a
commercial plunger pump, where the detailed design was done to ensure compatibility
with the given pump, appropriate materials were selected, bearings chosen, and tolerances
defined.

The two important findings from this optimization study are: (1) the optimized valve timing
does not employ full decompression or precompression angles. Throttling flow still exists,
but it was reduced and was an expected trade-off between energy output and the efficiency,
and (2) the parameter sensitivity study showed that the piston efficiency is not sensitive to
the operating speed, confirming the compressible energy inside the cylinder is mostly
influenced by pressure, volume, and fluid compressibility. To validate the findings,
experimental timing studies are carried out in the following chapters.
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Chapter 5 Experimental Validation of ‘Steer-by-wire’ Motor and
Dynamic Model
5.1. Introduction
The valve timing of a hydraulic motor plays an important role in throttling energy loss and
efficiency. Simulation results have shown the optimized piston efficiency can reach 98%
with ideal valve timing. To validate the numerical results, the hydraulic motor/pump
architecture described in Chapter 4 was constructed and tested. The experimental study had
three objectives:
(1) Characterize the valve performance as a standalone component.
(2) Verify the functionality of the proposed ‘steer-by-wire’ architecture.
(3) Validate the motor-valve dynamic model.

This chapter is arranged as follows. In section 5.2, the experiment setup and procedure are
explained. In section 5.3, the discharge coefficient of the valve is characterized from a
leakage experiment. The functionality of the ‘steer-by-wire’ motor is verified, followed by
a validation of dynamic models developed in Chapter 3. In section 5.4, the discrepancies
between the model and experiment are discussed, followed by a conclusion in section 5.5.

5.2. Experimental Setup
To evaluate the characteristics of the components, two experiments were designed: (1)
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characterization of the proposed active rotary valve, (2) verification of the proposed
hydraulic motor architecture and validation of the hydraulic motor dynamic model
developed in Chapter 3. The details are discussed next.

5.2.1. Rotary Valve Characterization
To map the pressure drop, timing, and leakage performance of the prototype valve, a test
circuit was designed (Figure 5.1). The circuit consisted of a hydraulic power supply, a flow
meter, and the prototype rotary valve with pressure transducers installed at the intake and
cylinder ports, as shown in Figure 5.2. During the experiment, the valve rotor was turned
to the desired position, i.e. closed fully, open fully, or actuated to rotate slowly (~ 0.1 Hz).
The pressure of the hydraulic power supply was set between 2 MPa and 7 MPa. The leakage
was measured at four different radial clearances and at different angular positions.

Figure 5.1. The standalone test circuit. (1-gear flow meter, 2-pressure transducers, 3rotary valve, 4-reservoir, 5-measuring flask, 6-bypass needle valve)
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(2)
(2)
(1)

(4)

(3)

Figure 5.2. Photo of the valve testing circuit. (1-gear flow meter, 2-pressure transducers,
3-rotary valve, 4-needle valve)

The radial clearance between the valve rotor and sleeve is set by axially displacing the
valve rotor with respect to the sleeve (Figure 5.3). The 2-degree taper angle of the rotor
head (Figure 4.1) allows using shims of known thickness to achieve the desired radial
clearance with a factor of radial clearance to axial displacement of 1:28.65. The shim
thickness for 2.7 µm, 4.9 µm, 9.3 µm and 11.5 µm radial clearances was set using shim
stacks of 0.061 mm, 0.165 mm, 0.312 mm, and 0.373 mm, respectively, at location (2) in
Figure 5.3. A depth gauge was used to measure the axial displacement of the valve rotor
with reference to the manifold. The preload on the bearings was set with a separate shim
stack at location (3) in Figure 5.3.
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Figure 5.3. Setting and measurement of hydrodynamic clearance height: location (1) is
the hydrodynamic mating surface; location (2) is the shim stack location for rotor axial
displacement, location (3) preloads the rotor in the axial direction; 𝑑𝑎 is the measurement
of the rotor axial displacement.

5.2.2. Hydraulic Motor Testbed
A testbed for the ‘steer-by-wire’ hydraulic motor was constructed as shown in the circuit
diagram of Figure 5.4 and a photo in Figure 5.5. The subsystems of the testbed are a
hydraulic circuit, a dynamometer, and the sensors.
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Figure 5.4. Motor experiment circuit. (1-rotary valve, 2-crank-slider pump, 3&4-gerotor
motors/pumps, 5-gear meter, 6-coriolis meter, 7- pressure transducers, 8-pressure
compensated flow control valve, 9-rotory encoders, 10-flywheel, 11-shaft encoder)

(2)
(9)

(3)

(4)
(6)

(1)

(8)
(7)

(5)

Figure 5.5. Photo of the motor test bed. (1-rotary valve, 2-crank-slider pump, 3&4gerotor motors/pumps, 5-gear meter, 6-coriolis meter, 7-pressure compensated flow
control valve, 8-flywheel, 9-shaft encoder)

The hydraulic circuit supplies high pressure fluid to the motor and collects low pressure
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exhaust flow from the motor. On the high pressure branch, a hydraulic power supply
provides flows ranging from 1 MPa to 7 MPa with an accumulator mounted before the
rotary valve to maintain constant pressure. A gear flow meter measures the averaged intake
flow rate. An accumulator minimizes the pressure ripple before the fluid travels back to
tank. A Coriolis flow meter measures the exhaust flow rate of the motor. For safety, a check
valve with a cracking pressure of 5 bar was mounted between the piston-cylinder and the
high-pressure branch to discharge flow back to supply if valve is badly timed.

The crank shaft of the motor is connected to two hydraulic pumps with a flywheel passively
controlled by a pressure compensated flow control valve (PCFC), which act as a
dynamometer. The speed of motor can be controlled by manually adjusting the orifice
opening on the PCFC. Two gerotor pumps were used to meet flow requirement of the
PCFC. A flywheel on the shaft was used as an inertial element, minimizing the speed
variation caused by the single cylinder motor.

Pressure transducers were used to measure the pressure at the pressure supply, return line,
and inside the piston-cylinder. The angles of the motor crankshaft and the valve rotor were
measured with quadrature rotary encoders. The synchronization between the crankshaft
and the valve rotor was realized through position feedback control using a standard PI
controller. The plant of the stepper driven valve rotor was identified as an integrator with
a gain of 0.153. The PI coefficients were automatically tuned using commercial software
(Matlab® PID Tuner), resulting in the final closed loop transfer function (𝐺𝑐 , Eqn. 5.1). The
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data acquisition and control was realized in the Simulink environment using National
Instrument PCI 6251 data acquisition system, which sample time was set at 0.05 ms. A
complete list of apparatus can be found in Table 5.1.

𝐺𝑐 =

𝑠2

91.8 + 198.9
+ 91.8𝑠 + 198.9

(5.1)

Table 5.1. List of experimental apparatus and settings.
No.
1
2
3
4
5
6
7
8
9
10
11
12
13
14

Part Name
3/3 way rotary valve
CAT plunger pump
Geroter pump/motor
Geroter pump/motor
Gear flow meter
Coriolis flow meter
Pressure transducer
Flow Control Valve
Master DAQ
Secondary DAQ
Stepper motor
Stepper motor driver
Flywheel
Hydraulic fluid

Part No.
In-house design
5CP3120
MGG20010
C-L129-0002
JVA20KG25NPT
Promass 80
MLH03KPSI01A
RDRS137-08
PCI-6251
USB-6009
57BYGH310
CWD556
In-house design
DTE 25

5.2.3. Test Plan
In the experimental study, the prototype valve and the motor were tested. Six experiments
were carried out based on the test plan described in Table 5.2.
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Table 5.2.Test goals and conditions.
No.
V1

Test Name
Orifice Area

V2

Static
Leakage

V3

Valve
Timing
Profile

Goal
To obtain the pressure
and flow relationship of
the valve at fully open.
To measure the cylinder
pressure and leakage
flow rate at different
pressure with different
clearance, when the rotor
is stationary.
To measure the valve
open area as a function
of the rotor position of
the P and T ports.

V4

Dynamic
Leakage

To measure the cylinder
pressure and leakage
power at different
pressure with fixed
clearance, when the rotor
is rotating.

M1

Motor
Function
Validation

To validate the feasibility
of ‘steer-by-wire’ motor,
the synchronization
between valve timing
and piston displacement.

M2

Motor
Model
Validation

To validate dynamic
models developed in
Chapter 3.

Measurements
Discharge
coefficient, 𝑐𝑎 𝐴

Leakage flow rate,
𝑞𝑙𝑘 (𝑝ℎ , ℎ)

Cylinder pressure
dynamics, 𝑝𝑐 (𝜃)

Leakage power,
𝑤̇𝑙 (𝑝ℎ , 𝜃)

Cylinder pressure
dynamics, 𝑝𝑐 (𝑝ℎ , 𝜃)
Piston displacement
(from crank angle),
𝑉(𝜃)
Valve area, 𝐴(𝜃)
Cylinder pressure
dynamics, 𝑝𝑐 (𝑝ℎ , 𝜃)
Flow rates,
𝑞𝑖,𝑜 (𝑝𝑐 , 𝜃)
Piston displacement
(from crank angle),
𝑉(𝜃)
Valve area, 𝐴(𝜃)

Testbed

Test Conditions

Valve

Constant supply
pressure 2−7 MPa
2 Valve fully opened
○

Valve

1 Constant supply
○
pressure 2−7 MPa
2 Valve fully closed
○
3 Clearance:2.7 to 11.5
○
µm

Motor

1 Constant supply
○
pressure at 4 MPa
2 0.1 Hz valve rotation
○
3 Clearance set to 10.5
○
µm

Motor

1 Constant supply
○
pressure 2−7 MPa
2 0.1 Hz valve rotation
○
3 Clearance set to 10.5
○
µm

Motor

1 Constant supply
○
pressure at 7 MPa
2 15 Hz crank rotation
○
3 Clearance set to 10.5
○
µm

Motor

1 Constant supply
○
pressure 2−7 MPa
2 5, 10, and 15 Hz crank
○
rotation
3 Clearance set to 10.5
○
µm

1
○

5.3. Results
5.3.1. Valve Characterization
The three valve characteristics measured in the experiments were the pressure and flow
relationship, the static leakage, and the actual valve timing.
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V1. Orifice Area. The orifice area and the discharge flow coefficient determine the pressure
and flow rate relationship when the prototype valve was fully opened. The results of the
pressure-drop versus flow rate experiment across the fully-open valve were found by
performing a linear least-square fit between the square root of the pressure differential and
the flow rate across the pressure port, as shown in Figure 5.6. The valve discharge
coefficient 𝑐𝑞 𝐴 was found to be 1.2×10-6 m2.

Figure 5.6. The pressure and flow rate relationship of the prototype valve measured fully
open.

V2. Static Leakage. The leakage in the hydrodynamic seal was measured as a function of
the radial clearance. Following the clearance setting method described in Sec. 5.1, the
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measured axial displacements under different pressure and using different shim sizes are
shown in Table 5.3. The shim sets perform well under pressure, the maximum axial
displacement due to pressure variation is within 10 µm, which is negligible in terms of
change in the radial clearance. The experimental results confirm that the valve spool axial
position is accurately maintained, the pressure balancing spool design of the prototype
valve works, and different clearance values can be set.

Table 5.3. Shim thickness and axial displacement under pressure.
Clearance
shim
thickness
(mm)
0.061
0.165
0.312
0.373

Preload
shim
thickness
(mm)
0.272
0.198
0.061
0.000

Measured axial displacement (mm)
Ambient
pressure
20.554
20.622
20.762
20.815

2 MPa

3 MPa

4 MPa

5 MPa

6 MPa

20.554
20.622
20.765
20.815

20.554
20.625
20.762
20.815

20.554
20.625
20.765
20.815

20.554
20.625
20.765
20.825

20.554
20.625
20.765
20.825

In Figure 5.7, the measured leakage rate was compared to the geometry-dependent leakage
model described in Chapter 3. The highest leakage flow rate recorded in the experiment is
0.94 mL/s, which is 1.8% of the nominal motor flow rate of 52.5 mL/s at 15 Hz, suggesting
volumetric efficiency is greater than 98.2 %.
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2.7m exp
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Figure 5.7. The leakage flow rate at different pressure differentials when the valve rotor is
stationary.

The model closely matched the experiment results at 2.7 µm, 4.9 µm and 9.3 µm
clearances, but over-predicted at 11.5 µm clearance. Higher preload stress created by the
thicker shim stack could have caused the shims to deform greater, resulting in an
overestimation. Based on the leakage model, a modified clearance of 10.5 µm could result
a better agreement.

V3. Dynamic Leakage. The leakage measured previously was done when the rotor was
stationary. In motor application, the leakage power loss is a dynamic function depends on
the position of rotor relative to the sleeve as the rotor rotates. Figure 5.8 demonstrates
excellent consistency between the modelled and experimental leakage power loss, as the
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valve rotor made a full rotation between at pressures between 2 and 6 MPa at 0.5 Hz with
10.5 µm clearance.

20

20bar model
30bar model
40bar model

18

50bar model
60bar model

16

20bar exp
30bar exp
40bar exp

14

Leakage power (W)

50bar exp
60bar exp

12
10
8
6
4
2
0

0

1

2

3
4
Angular position (rad)

5

6

Figure 5.8. Dynamic leakage power as a function of pressure.

V4. Valve Timing. The actual valve timing after fabrication was mapped by observing the
cylinder pressure profile, and matching the valve timing with the locations of the step
changes in pressure. The details on mapping the valve timing can be found in Appendix E.
The optimal and the measured valve timing profiles are compared in Figure 5.9. Significant
120

differences between the desired and actual timing angles were found at 10, 90, 175, and
275 degree crank shaft angles. While more accurate timing was preferred, these
mismatches provided a good case study on the importance of valve timing, and help
validate the model.

Valve open area (m2)

x 10

-5

Machined P valve timing
Machined T valve timing
Optimized timing from [15]

6
5
4
3
2
1
0

0

30

60

90
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270

300

330

360

Rotor position (degree)

Figure 5.9. Designed and actual valve timing profiles.

5.3.2. Motor Validation
The function of the motor using the prototype valve was first validated, followed by the
experimental validation of the motor dynamic model.

M1. Motor Function Validation. The ‘steer-by-wire’ hydraulic motor was verified
experimentally at 5, 10, and 15 Hz. The goal was to examine whether the proposed motor
could operate with a mechanically decoupled active valve. In the experiment, the valve
rotor was commanded to synchronize with the crank shaft angular position. The cylinder
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pressure results, Figure 5.10, demonstrate that the prototype ‘steer-by-wire’ hydraulic
motor was capable of operating as a motor at 15 Hz, as the valves timed correctly with the
piston trajectory. On the cylinder pressure profile, a cyclic overshoot is observed every two
cycles, which is due to the dimension disparity of the two rotor orifices from machining.
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Figure 5.10. Validation of 'steer-by-wire' hydraulic motor operation using the cylinder
pressure profiles as indicator.

M2. Motor Model Validation. To validate the cylinder pressure dynamics model described
in Chapter 3, simulations were run using the measured experimental inputs. The inputs to
the model were: (1) the measured crank shaft angular position vector, (2) the measured
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valve rotor angular position vector, (3) the machined valve timing profile, (4) the actual
supply pressure, (5) the actual reservoir pressure, and (6) the scalar constants shown in
Table 3.2 below.

Table 5.4. Simulation parameters.
Simulation parameter
Value
Unit
-6
1.2×10
m2
Discharge coefficient 𝑐𝑞 𝐴
Chamber volume
3.1
mL
Dead volume
3.0
mL
Bulk modulus
1.4
GPa
Air volumetric % at ATM
0.02
—
Hydraulic fluid density
874
Kg/m3
Check valve cracking pressure
5
Bar

The valve discharge coefficient 𝑐𝑞 𝐴 for the fully opened case was determined in Sec. 5.3.1.
The chamber volume and fluid density were found from manufactures’ data sheets. The
dead volume was measured from the CAD model. The bulk modulus of pure oil was
measured with an in-house compressibility tester described in Chapter 7. The fraction of
air was based on empirical knowledge of industrial hydraulic power supplies, and the check
valve cracking pressure was found from a custom modified cartridge check valve, model
D0WB2.

The pressure dynamic model was compared to the experiments conducted at a supply
pressure ranging from 1.8 MPa to 6.5 MPa and a motor crank shaft rotation frequency at
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5, 10, and 15 Hz. The model is able to track the pressure transients reasonably well for all
the cases, even to capture the subtle differences in pressure signal between the two
consecutive square waves due to the distinct machined port shapes. Two sample cases
demonstrating the model accuracy are shown in Figure 5.11.
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Figure 5.11. Comparison between model and measured cylinder pressure profiles as
pressure and rpm vary.
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The piston efficiency was also validated (Figure 5.12). The compressible potential energy
of the inlet fluid was calculated according to Eqn. 3.12, and included in the piston
efficiency. Each experimental data point was calculated from an average of six motoring
cycles. The error bars represent the uncertainty of the measurement due to sensors
nonlinearity, and the results of error prorogation as the measured quantities are carried
through the calculation processes.
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Figure 5.12. Motor piston efficiency as a function of pressure and crank shaft rotation
frequency.

The modeled piston efficiency agrees with the trend and magnitude observed in the
experiments (Figure 5.12), except when pressure is greater than 50 bar, where the model
over-predicted the efficiency by 2% to 3%. Interestingly, it is observed that the piston
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efficiency reduces as crank shaft speeds up. To understand the trend, a more detailed
investigation into the composition of the energy loss terms is needed.

5.4. Discussion
To understand the trend and discrepancies in Figure 5.12, energy dissipation of the
prototype motor was studied in details as a function of pressure and frequency. There are
two important findings: (1) the throttling and leakage energy dominate the overall energy
dissipation and (2) valve timing accuracy strongly influences the performance and
efficiency.

First, the throttling and the leakage dominate the overall energy losses. Comparing the
throttling, leakage, viscous friction, and compressible energy in Figure 5.13 to output
energy per cycle of the motor in Figure 5.14, the throttling energy and leakage loss
dominate, while the effects of the viscous energy and compressible energy are weaker. For
example, the output energy per cycle of the single cylinder motor is 16.9 J at 6 MPa and
15Hz, where the throttling energy loss is 5.4 % of the output power, the leakage is 2.3%,
compressible energy is 0.7%, and the viscous effect is the weakest at less than 0.3%. Since
leakage energy loss per cycle reduces with the increased rotation frequency and increases
with pressure, but throttling loss increases with both frequency and pressure, at high
pressure and frequency the throttling loss could potentially dominate. It is also worth noting
that the throttling energy chart varies more than the rest, which is believed to be a result of
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valve timing tracking error. It was also found out that the increased throttling energy loss
associated with the increased crank speed accounts for the efficiency gaps among different
motor operation frequencies.
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Figure 5.13. Experimental results of different energy terms as a function of cylinder
pressure and crank shaft rotation frequency.
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Figure 5.14. The experimental and modeled output energy.

Furthermore, another important influencing factor is the valve timing accuracy. In the
experiment, the valve timing was realized through closed-loop position tracking of the
crank shaft. Due to the single cylinder motor, torque on the crank shaft fluctuates
significantly within a cycle. The effect of torque pulsation on the motor crank speed
becomes especially pronounced when the motor supply pressure is high. Illustrated in
Figure 5.15, the tracking error of the PI controller grows with pressure and crank shaft
speed, causing the piston efficiency to deteriorate.
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Figure 5.15. Illustration of valve timing deviation at low and higher pressure.

To improve the performance of the ‘steer-by-wire’ motor, a better control algorithm and
higher precision stepper motor can benefit the valve timing accuracy. Moreover, to
alleviate the tracking difficulty, the crank shaft should be maintained at a constant speed
by employing flywheel with larger moment of inertia or using multiple motoring cylinders
to reduce the impact of torque pulses at lower frequencies. A better control algorithm is
demonstrated in the next chapter.

5.5. Conclusion
A ‘steer-by-wire’ hydraulic motor powered by a novel active rotary valve was
experimentally studied. The goals were to characterize the valve prototype, verify the
ability to synchronize the valve timing to the motor crankshaft with closed loop control,
and validate the numerical motor models experimentally. The goals were achieved through
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two designed experiments: one aimed at valve validation and the other at the motor
validation. Experimental results demonstrate the prototype valve has good leakage control,
and the concept of ‘steer-by-wire’ motor was verified. The pressure dynamic model was
proved to agree well with the experimentally measured cylinder pressure. The piston
efficiency model was also verified. The important findings from the experiments are: (1)
the throttling and leakage energy dominate the overall energy dissipation and (2) valve
timing accuracy determines the performance and efficiency. For future improvements,
these points should be addressed: (1) develop a better control algorithm to achieve better
trajectory tracking, (2) implement a multi-cylinder design or increase the moment of inertia
of the flywheel on the motor shaft, and (3) reduce the flow resistance across the valve to
reduce the overall throttling loss by using larger valve orifice. In the next chapter, a more
efficient way of actuating the valve is presented.
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Chapter 6 Experimental Study of Valve Timing using Angle Domain
Repetitive Control
6.1. Introduction
To minimize the transitional throttling loss, the valve timing must be set to equalize the
pressure across an opening valve. The challenges in doing this are modeling the critical
timing angles based on the operating condition and achieving the calculated valve timing
angles with the hardware. In previous chapters, the importance of valve timing, the validity
of the ‘steer-by-wire’ motor architecture, and the verified dynamic models were
demonstrated. However, it was discovered the continuously rotating active valve driven by
a tuned PI controller had a few drawbacks. First, the valve transition time is directly tied
to the rotor angular velocity, which is determined by the motor operating frequency.
Second, dimension disparity between the two machined ports on the rotor was found to
cause differences in pressure profiles when the rotor was operated in continuous rotation.
Last, significant tracking error over 10 Hz was observed due to the error-correction nature
of the PI controller and the large motor speed variations created by the single cylinder
motor torque pulses.

To study the influence of valve timing on the motor performance more effectively, a better
valve actuation method is needed. In this chapter, a new valve actuation method that makes
the valve transition time independent of the motor operating frequency is presented, a new
method to generate the rotor trajectory for a given valve timing is proposed, and a new
controller based on active learning instead of error-correction is designed.
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In section 6.2, a new valve actuation scheme is proposed, where the valve rotor is rocked
back-and-forth, allowing the valve to transition at its peak angular velocity, independent of
the motor operation frequency. A method to convert the desired valve timing to a trajectory
tracking problem using B-splines is also proposed, followed by the design of an angle
domain repetitive controller for trajectory tracking. In section 6.3, the experimental results
are analyzed.

6.2. Methods
The objectives of this experimental study are: (1) design a new ‘rocking’ valve actuation
scheme, allowing the valve transition time to be independent of the operating frequency,
(2) design an angle domain controller, which is capable of tracking the reference when
shaft speed fluctuates, (3) compare the tracking performance between the angle domain
and time domain controller, (4) compare the piston efficiency between the two controllers
and (5) study valve timing experimentally.

6.2.1. ‘Rocking’ Valve Actuation
The transition time of the continuously rotating valve is tied to the rotating frequency. This
dependency limits the rotary valve transition performance at low frequencies. To address
the issue, a new ‘rocking’ valve actuation method was proposed. Instead of continuously
rotating, the valve rotor rocks back-and-forth over an arc, resulting a near sinusoidal
angular position trajectory. By careful designing the trajectory of the rocking, the valve
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transition can be timed to occur at the maximum angular velocity, allowing fast valve
transitions. Additionally, this actuation scheme reduces the amount of rotation needed from
2π to an acute angle.

6.2.2. Design of Valve Timing Trajectory
The desired valve timing profiles were realized by designing the orifice trajectories as a
function of motor crank angle. As shown in Figure 6.1, the rectangular orifices of the valve
rotor and sleeve create a linear valve orifice area transition, simplifying the problem of
valve timing profile design to a rotor trajectory design. The angular position of the valve
orifice on the rotor at a given crank angle determines whether the motor piston cylinder is
connected to the pressure port, to the tank port, or isolated. To make the transition duration
short, the valve rotor is designed to rock back-and-forth, resulting in the highest velocity
during the valve transition. Constructed using third-order 12-point B-splines with periodic
boundaries, the resultant trajectories allow continuous cycle-to-cycle transitions and are
smooth to the second derivative.
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Figure 6.1. Valve rotor trajectory design via third order 12-point B-spline.

Using the analytical model developed in Chapter 2, the optimal precompression and
decompression valve timing angles for minimized compressible energy loss were
calculated for supply pressures from 20 bar to 70 bar and volumetric ratios of entrained air
at atmospheric pressure from 0.05% to 2%, as shown in Figure 6.2. To validate the impact
of valve timing on the piston efficiency, three combinations of precompression and
decompression timing angles were selected and evaluated experimentally on the test bed
(Table 6.1). The selected valve timing angles were realized based on the ‘rocking’
trajectories, three of which are shown in Figure 6.3.
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Figure 6.2. Calculated valve timing angles for maximum precompression and
decompression with dead volume same as the cylinder volume.

Table 6.1. Designed valve timing angles.
Decompression angle Precompression angle
𝜃𝑑𝑒 (°)
𝜃𝑝𝑟𝑒 (°)
Baseline
Optimal 1
Optimal 2

0
4
8

0
0
5
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Figure 6.3. Three B-spline profiles designed for valve timing experiments.

6.2.3. Design of Angle Domain Repetitive Controller
The designed B-spline valve rotor trajectories are repetitive in time when shaft speed is
constant, requiring the application of a traditional repetitive controller. However, the large
shaft speed variation of the single cylinder motor makes the trajectories no longer repetitive
in the time domain. As a result, a traditional time domain repetitive controller designed for
a constant reference frequency will experience difficulty in tracking the signal. However,
the trajectory is still repetitive in the angle domain. Li proposed a repetitive controller that
is capable of angle domain signal tracking [34]. The repetitive controller is based on the
Internal Model Principle and designed via affine parameterization through innovation
feedback (Figure 6.4). To realize Li’s controller, a plant model and an angle filter were
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designed, where the trajectory tracking is realized with a tuned PI plant model, while the
signal repetitiveness is captured and compensated by the angle filter.

−𝑄𝑎

Figure 6.4. Angle domain repetitive controller [34].

The plant models, 𝐺𝑜 and 𝐺𝑖 , were designed first. For trajectory tracking problem, 𝐺𝑜 = 1.
For 𝐺𝑖 , through classic system identification and PI coefficient tuning, a minimum phase
stable closed loop plant model 𝐺𝑖 was designed, the continuous transfer function is shown
below.

𝐺𝑖 =

𝑠2

25𝑠 + 100
+ 25𝑠 + 100

(6.1)

In the angle domain controller, 𝑄𝑎 , the term 𝑒 𝑠𝜏0 𝑒 −𝑠𝜃 Γ 𝑒 𝑠𝜏𝑖 is the angle delay operator,
which delays the reference signal by 2π, details of this operator can be found in [34]. To
realize repetitive signal tracking, the angle filters 𝐶𝑖 and 𝐶𝑜 , were designed. Since 𝐶𝑜 =
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𝐺𝑜−1 𝑒 −𝑠𝜏0 , it is cancelled out with the angle delay operator for a trajectory tracking problem.
In this case, only one angle filter, 𝐶𝑖 , needed to be designed. The angle filter compensates
the plant model 𝐺𝑖 and contains a shape filter (𝑄), constructed to rectify the bandwidth of
closed loop plant. The shape filter was designed to be a 201-tap low pass FIR filter for a
sample frequency of 10 kHz, the stop band is 20 Hz.

𝐶𝑖 = 𝐺𝑖−1 𝑄

(6.2)

For comparison purpose, a time domain controller was also designed based on the exact
same procedure described above, where Eqns. 6.1 and 6.2 still hold. The only difference is
in the delay operator. The time domain controller assumes 𝑄𝑎 is of the following form:

𝑄𝑎 = 𝑒 −𝑠𝜏𝑝 𝐶𝑖

(6.3)

where 𝜏𝑝 is the cycle time. In this research, 𝜏𝑝 was 0.2 s, for a 5 Hz motor operation.

6.2.4. Modification to the Experiment System
The experimental system for the ‘rocking’ valve actuation inherited most of the
components from the system described in Chapter 5. The key modifications are: (1) the
active valve control module was reprogrammed to allow ‘rocking’ actuation and repetitive
control and (2) the dynamometer was modified with a solenoid proportional valve to allow
computer control for better shaft speed regulation. The interaction between the subsystems
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are summarized in Figure 6.5. Data acquisition and command signal generation were done
on a National Instruments PCI6251 board in a Simulink Real Time Windows Target
environment. A 200-step stepper motor directly drives the valve rotor with position
feedback, taking command signals from a pc. The crank speed of a single-cylinder piston
hydraulic motor is controlled by the solenoid proportional valve in open-loop. Sensors
placed at the cylinder, supply, and crank shaft, measure the instantaneous pressure,
flowrate and crank position, as shown in Figure 6.6. A separate Matlab session collects the
sensor data. For both data acquisition and control, the sample time was set to be 0.1 ms. A
photo of the experimental system is shown in Figure 6.7.
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Figure 6.5. Experimental system and subsystems.
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Figure 6.6. Hydraulic circuit of the test system. (1-stepper motor rotary valve, 2-crankslider pump, 3&4-gerotor pumps/motors, 5-gear meter, 6-turbine meter, 7-proportional
valve, 8-flywheel, 9-pressure transducers, 10-digital encoder)

(4)

(2)

(3)

(10)
(8)
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(6)
(9)

(7)

(5)

Figure 6.7. Photo of the modified test bed. (1-stepper motor rotary valve, 2-crank-slider
pump, 3&4-gerotor pumps/motors, 5-gear meter, 6-turbine meter, 7-proportional valve,
8-flywheel, 9-pressure transducers, 10-digital encoder)
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6.3. Results and Discussion
In this section, a tracking error comparison between the angle and time domain controller,
a study of tracking accuracy on piston efficiency, and a discussion of valve timing and
throttling loss are carried out.

6.3.1. Tracking Performance
To demonstrate the accuracy of the angle domain controller, the reference tracking
performance was investigated experimentally. There are three important findings: (1) the
angle domain controller tracks well under disturbances in the motor operating frequency
and (2) the tracking errors from angle domain controller is significantly less than the time
domain one.

First, it was found that the angle domain controller tracks the valve trajectory well
regardless of reference frequency variation. The reference tracking plots are shown in
Figure 6.8. When the reference signal was set at 5 Hz, both the time domain and angle
domain controller tracked the signal well. However, the time domain controller started to
lagging behind the reference signal when the frequency of the reference was increased by
18% from 5 Hz, while the angle domain controller still managed to stay accurately on the
reference.
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Figure 6.8. Reference tracking results as reference frequency changes for time domain
(Top) and angle domain (Bottom) controllers.

When the tracking error was compared between the time domain and the angle domain
controllers, the former has consistently better performance. The tracking error from the
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experiment is shown in Figure 6.9, where each point is the maximum tracking error within
a cycle when the reference frequency was swept from 4.5 Hz to 7.1 Hz. Clearly, the results
of the angle domain controller is consistently better than the time domain controller. For
the time domain controller, the tracking error forms a ‘V’ shape with a minimal error near
5 Hz. This expected behavior of the time domain controller is due to the optimal tracking
only happens at the designed frequency (or at the harmonics of the designed frequency),
which was 5 Hz. The tracking error of the time domain controller increases quickly and
significantly as the operation frequency deviates from the designed frequency. Due to the
large tracking and timing error, the hydraulic motor came to a halt due to excessive
reversing torque spikes on the motor crank shaft when the reference signal was below 4 Hz
or beyond 6 Hz. For the angle domain controller, the overall magnitude remained
consistently low.

1.2

Valve trajectory tracking error (rad)

Time domain repetitive controller
Angle domain repetitive controller
1

0.8

0.6

0.4

0.2

0
4.5

5

5.5
6
6.5
Valve operation frequency (Hz)

7

Figure 6.9. Maximum tracking error of the angle domain and time domain controllers.
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6.3.2. Tracking Accuracy and Efficiency
In the experiment, the piston efficiency was found to be heavily influenced by the tracking
accuracy. The relationship between the piston efficiency and the tracking accuracy was
identified from a case study where the efficiency was compared between the angle and time
domain controllers. From the case study, it was found that angle domain controller has
higher piston efficiency due to higher tolerance to shaft speed variation and better tracking
accuracy. The measured piston efficiencies are shown Figure 6.10. On the plot, each
measurement point represents an averaged efficiency over six motoring cycles. The time
domain controller was expected to have lower piston efficiency, due to greater tracking
error. The piston efficiency can vary as much as −27 % when the shaft speed was increased
from 5 Hz to 5.2 Hz using the time domain controller. For the angle domain controller, the
piston efficiency stays relatively constant. In comparison, the piston efficiency using angle
domain controller were found to be within ±3% of each other.
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Figure 6.10. Piston efficiency measurement using different controllers under different
reference signal frequencies.

6.3.3. Variable Valve Timing Results
Utilizing the ‘rocking’ valve actuation and angle domain repetitive controller, the ‘steerby-wire’ motor was able to track the three designed valve trajectories, realizing variable
valve timing. Distinctive decompression and precompression effects on the cylinder
pressure profiles were found, as shown in Figure 6.11. For example, optimal timing 2 have
an 8-degree decompression angle, resulting in pressure reduction before the T valve
transitions to open. The baseline timing without decompression shows no pressure
reduction at the same moment. A pressure rise before the P valve opens was also noticed
in the optimal timing 2, due to the 5-degree precompression angle. For the baseline timing,
the zero precompression angle results in a brief drop of pressure at the same moment. The
measured valve timing angles in the experiments and their standard deviations are shown
in Table 6.2.
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Figure 6.11. Experimental and simulated pressure dynamics for two sample valve timing
settings.

Table 6.2. Experimental critical timing parameters measurements.
Decompression Timing
Setting

Measured

Target

Baseline
Optimal 1
Optimal 2

∗
𝜃𝑑𝑒
(°)
0.2
5.2
7.9

𝜃𝑑𝑒 (°)
0
4.0
8.0

Standard
deviation

𝜎𝜃𝑑𝑒 (°)
1.0
0.8
0.7
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Precompression Timing
Measured

Target

Standard
deviation

∗
𝜃𝑝𝑟𝑒
(°)
0
0.2
4.5

𝜃𝑝𝑟𝑒 (°)
0
0
5.0

𝜎𝜃𝑝𝑟𝑒 (°)
0.4
0.3
0.2

The second important achievement of the experimental study was the validation of
reducing throttling energy and improvement of piston efficiency by optimal valve timing.
The three designed valve timings were achieved using the angle domain controller. The
throttling energy loss in the experiment was calculated based on the displaced cylinder
volume multiplied by the pressure drop across the valve. Examining the results of Figure
6.12 confirms optimal valve timing can reduce throttling energy loss. For example, the
baseline timing has zero critical timing angles, resulting the maximum throttling energy
loss. On the contrary, optimal timings 1 and 2 have reduced loss, where the optimal 2 has
the lowest throttling energy loss due to greater timing angles. Comparing the optimal
timing 2 to the baseline, the maximum reduction of throttling energy loss was found
between 80% and 90%, which are 2.5% to 3% of the output piston energy at 4.8 MPa. To
study the effect of valve timing on efficiency, the piston efficiency was calculated based
on the ratio between the measured output piston work over the input fluid work (Eqn. 3.16)
and the results are shown in Figure 6.13. It was found optimal timings 1 and 2 have higher
efficiency compared to the baseline, which is as expected since precompression and
decompression can equalize system pressure and reduce transitional throttling energy loss.
The overall improvement of piston efficiency using optimal timings is around 3% to 8%
over the baseline. The optimal timing 1 is expectedly better than the optimal timing 2 due
to a smaller precompression angle, which requires less additional compression work as
explained in the trade-offs in Chapters 2 and 3.
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Throttling Energy Loss over 6 Cycles
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Figure 6.12. Total throttling energy loss as a function of valve timing and pressure.

Piston Efficiency

0.96
0.94
0.92

Baseline
T3
Optimal
1
T4
T9
Optimal
2

ηp

0.9
0.88
0.86
0.84
0.82
0.8
2.9MPa

3.6MPa

4.8MPa

5.8MPa

Figure 6.13. Measured piston efficiency as a function of valve timing and pressure.
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It also needs to be pointed out that the reduction of throttling energy loss comes at a cost
of reducing 1% and 18% of the available piston output work per cycle at 5.8 MPa and 2.9
MPa compared to the baseline timing, shown in Figure 6.14. Based on the experiments, the
trade-offs of optimal valve timing on the output piston work could be less significant at
higher system pressures.

Output Piston Work over 6 Cycles
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Figure 6.14. Total output piston work as a function of valve timing and pressure.

In addition to an influence on the efficiency and energy density trade-off, the author noticed
the noise level of the motor reduced significantly using the timing angles minimizing
throttling energy loss. Using the baseline timing, the motor sounds like a single cylinder
motor cycle engine. When applying the optimal timing profiles, the noise level is reduced
to the vicinity of a microwave stove in operation.
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6.4. Conclusion
In this chapter, the active rotary valve was controlled in an oscillating manner to better
study the influence of valve timing on motor performance. The specific accomplishments
include: (1) a new ‘rocking’ valve actuation scheme was designed, allowing independent
valve transition time from the operating frequency, (2) an angle domain controller was
designed, which is capable of tracking the reference with high precision when shaft speed
fluctuates, (3) the tracking performance and the piston efficiencies were compared between
the angle domain and time domain controllers, and (4) the influence of variable valve
timing on the throttling energy loss and motor power was studied experimentally. From
studying the new ‘rocking’ valve actuation and angle domain repetitive controller, it was
discovered that the angle domain controller tracks well even under crank shaft speed
variation. The angle domain controller achieved better efficiency when the crank shaft
speed varied. In the study of the variable valve timing, the hypothesized trade-offs between
the throttling energy loss and the output energy were confirmed experimentally. The
experimental results show an 80% to 90% throttling energy loss reduction using the optimal
timing angles.
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Chapter 7 Experimental Study of Fluid Compressibility with
Entrained Gas
7.1. Introduction
The compressibility of the hydraulic fluid influences the volumetric efficiency of a
hydraulic system. In practice, it was found that the hydraulic fluid compressibility is
strongly affected by the amount of entrained gas in the fluid. Sources of entrained gas in a
hydraulic system include dissolved air being released from the fluid under low pressure or
vacuum, air being drawn into a low pressure region through leaks in fluid conduits, and
nitrogen gas leaking from accumulators. For hydraulic motors and pumps, the fluid
compressibility variation calls for corresponding valve timing adjustment to reduce
transitional throttling loss, which requires knowledge of the effective fluid compressibility
under a varying entrained gas amount.

Current one-fluid effective bulk modulus models estimate the compressibility of the gasoil mixture based on the combined compressibility of each phase [35] [29]. However, since
mass transport between the gas and liquid phase is not calculated, the entrained gas content
is assumed to be fixed. Henry’s Law can be used to obtain the gas concentration dissolved
in the oil as a function of the partial pressure of the entrained gas at equilibrium, but it is
unable to capture the dynamic gas absorption or release [36].

In order to accurately model the fluid compressibility, the dynamic mass transport between
the liquid and gas phase needs to be accounted for. One approach is to solve the full
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cavitation model, where the rate of the mass transport is a function of the vapor dynamics
[37]. That method is accurate but also computationally expensive due to the complexity of
the dynamic equations of both space and time variables, making it unsuitable to implement
in lumped parameter models. Another approach is to develop a mass transport equation
under lumped assumptions, where the concentration gradient in both phases are assumed
to be zero. Zhou et al. reported a novel dynamic gas absorption and release model based
on an analogy to the vapor dynamics, where the gas, vapor and liquid phases are related in
a mass conservation equation [38]. The simulated results showed good agreements with
the experimental model. There are, however, a few unanswered questions in the gas mass
transfer equation formulation, such as the physical meaning of the mass transfer
coefficient, the differences between the gas absorption and release coefficient, the physical
meaning of the gas generation term in the mass conservation equation, and the impact of
bubble size.

In this chapter, a new approach is presented to model the lumped gas mass transport
dynamics, where the gas generation term in the mass conservation equation is based on the
overall mass transfer theory. Then a method to obtain the transport coefficient from
designed experiments is developed, based on the measurement of the mass change of a
nitrogen bubble using optical measurements and image processing. From the measured
mass flux of a bubble, the overall mass transfer coefficient can be evaluated with respect
to time and pressure. Finally, the experimental results from the macroscopic measurement
of the pressure-volume curve are used to validate the model.
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This chapter is organized as follows. In section 7.2, the mathematical model for free gas
dynamics is derived from the overall mass transfer theory. Then the necessary conditions
for the experimental approach is derived. Section 7.3 demonstrates the design of the
aeration system and the visualization system, allowing experimental study of the developed
model. Section 7.4 discusses the image processing results, the measured mass flux under
different pressure, and a correlation between pressure and diffusion coefficient.

7.2. Methods
7.2.1. Rectified Analytical Bulk Modulus Model
The commonly used bulk modulus models make the assumption that no gas absorption or
release happen during the compression or expansion of the hydraulic fluid. For example,
consider the effective bulk modulus model by Cho et al. [29] in Eqn. 7.1. The
compressibility of the gas-oil mixture is determined by the combined compressibility of
the both gas and oil phases [29].

1

𝛽𝑒 =

𝑝
𝛾
𝛼 + (𝑝 + 1)
0

1

𝛼 𝛽0
𝑝
𝛾
𝛾 𝑝 + 𝑝0 + (𝑝0 + 1)
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𝛽0

(7.1)

where 𝑝 is pressure of the system; 𝛾 is the heat capacitance ratio; 𝛽0 is the bulk modulus
of the oil at pressure 𝑝0 . Most importantly, 𝛼 is the volumetric fraction of gas at
atmospheric pressure, which is often assumed to be constant.

Here, a rectified bulk modulus model is proposed. The gas volume fraction, 𝛼, is updated
as the free mass content of the gas changes dynamically:

𝛼={

𝑚𝑔
𝛼 𝑚𝑔0 ≠ 0
𝑚𝑔0 0
0
𝑚𝑔0 = 0

(7.2)

where 𝑚𝑔 is the current mass of the entrained gas, 𝑚𝑔0 is the initial mass of the entrained
gas, and 𝛼0 is the initial volumetric ratio of gas to the fluid.

To update 𝛼, 𝑚𝑔 needs to be calculated from the lumped mass transport between the gas
and liquid phase, where the generation term, 𝑅𝑔 , needs to be properly defined. From
chemical engineering, the interphase mass flux of a gas sample diffusing into a stagnant
fluid can be simplified as the concentration difference times the overall mass transfer
coefficient, when the concentration difference in either phase is small [36]:

𝑑
𝑚 = 𝑅𝑔 = 𝐾𝑚 𝜉(𝑤𝑔𝐸 − 𝑤𝑔 )
𝑑𝑡 𝑔
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(7.3)

where at given pressure, 𝑤𝑔𝐸 is the mass fraction of the gas in the liquid at equilibrium,
which can be calculated using Henry’s Law, 𝑤𝑔 is mass fraction of the dissolved gas, 𝜉 is
the overall surface area between the gas and liquid phase, determined by the size of the
bubbles, and 𝐾𝑚 is the overall mass transfer coefficient.

Equation 7.3 has the benefits of a unified mass transfer coefficient for both absorption and
release of gas, and a physical meaning from the overall mass transfer theory [36]. To
determine 𝐾𝑚 through mass transport experiments, the expression for the overall mass
transfer coefficient was obtained from dimensional analysis in Appendix F, which is a
function of the pressure and density of the gas phase (Eqn. 7.4).

𝐾𝑚 = 𝜖√∆𝑝𝜌

(7.4)

where 𝜖 is a unit-less constant that depends on the molecular properties of the gas and the
liquid and will be determined from the designed experiment.

7.2.2. Conditions for Mass Transfer Experiments
To determine the overall mass transfer coefficient, specific experimental conditions need
to be met. First, the initial concentration of the entrained gas should be small enough to not
greatly affect the concentration gradient of the gas in the liquid phase after the gas
absorption. Second, the diameter of the gas bubble should be small enough to ignore the
effect of gravity, to achieve a near ideal sphere. Last, the gas bubble should be small enough
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to maintain thermal equilibrium to avoid the error of the bubble size measurement caused
by temperature variation. The first and second conditions can be achieved by entraining
the sample oil with fine bubbles (preferably micrometer level bubbles), to ensure both low
concentration of gas and small bubble diameter. For the last condition, the thermal
equilibrium equations are formulated in detail in the rest of this section.

To measure the mass transport rate of a gas bubble into the surrounding hydraulic oil, the
temperature, volume, and pressure of the gas are required. The bulk temperature of the
fluid can be measured, but the temperature inside a small gas bubble could be different and
is difficult to measure directly. To use the temperature of the surrounding fluid, the bubble
should be at thermal equilibrium. Under this condition, the bubble temperature is identical
to that of the fluid and is uniform within the bubble of diameter 𝑑, and the only form of
energy exchange is through mass flux across the oil-gas boundary (Figure 7.1). Then, by
measuring the volume change of the bubble and the pressure of oil-gas mixture, the mass
absorption rate can be determined.

Figure 7.1. A gas bubble entrained in hydraulic oil under thermal equilibrium state.
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7.2.2.1. Diameter Limit for Lumped Temperature. To simplify the analysis, the temperature
distribution inside the gas bubble is assumed to be lumped. In order to have the assumption
to be valid, the Biot number should be less than 0.1.

𝐵𝑖 =

𝐿𝑐 /𝑘
< 0.1
1/ℎ𝑡

(7.5)

where 𝐿𝑐 is the characteristic length for heat conduction inside the bubble, for spherical
bubble, 𝐿𝑐 = 𝑑/6; 𝑘𝑡 is the heat conduction coefficient within the bubble; and ℎ𝑡 is the
convection coefficient at the boundary of the bubble.

Rearrange Eqn.7.5, the Biot requirement that satisfies lumped temperature assumption
becomes the diameter requirement in Eqn. 7.6.

𝑑 < 0.6

𝑘𝑡
ℎ𝑡

(7.6)

To use Eqn. 7.6, a gas needs to be selected first. Nitrogen was selected due to its inert
properties and wide application in the accumulator charging. Also, since 75%vol of
atmosphere is made of nitrogen, results of this study can readily be applied to air
application with modification. At room temperature (300K) and between 1 bar and 100
bar, the thermal conductivity of nitrogen gas is 0.026 W/m∙K [39]. The convection
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coefficient of hydraulic oil at the interface is 60 W/m∙K [40]. As a result, the upper limit
of the bubble diameter in order to use lumped model is 260 µm.

7.2.2.2. Time Constant to Thermal Equilibrium. The energy equation of a nitrogen bubble
in the shape of sphere with a diameter of 𝑑 undergoing boundary compression work, can
be written as:

𝑤𝑏̇ − ℎ𝑡 𝐴𝑠 Δ𝑇 =

𝑑
∫ 𝜌 𝑐𝑝 𝑑𝑇𝑑𝑉 + 𝑚̇ 𝑑 𝑐𝑝 𝑑𝑇
𝑑𝑡

(7.7)

Δ𝑇 = 𝑇𝑜𝑖𝑙 − 𝑇𝑔𝑎𝑠

where 𝐴𝑠 = 𝜋𝑑2 is the surface area of the bubble, 𝑇𝑔𝑎𝑠 and 𝑇𝑜𝑖𝑙 are the temperature of the
bubble and oil, where 𝑇𝑔𝑎𝑠 is a function of time while 𝑇𝑜𝑖𝑙 is constant; 𝑐𝑝 is the constant
pressure heat capacity; 𝑚̇𝑑 is the mass flux across the boundary; 𝑤𝑏̇ is the rate of the
compression work done by the surrounding oil to the gas bubble.

Eqn. 7.7 is a dynamic energy equation where the gas temperature and the mass flux are
both unknown. In order to solve it, two key assumptions were made: first, the rate of energy
dissipation by heat transfer is much faster than that of the mass transfer and second, the
compression work completely transforms into the temperature increase of the bubble (Eqn.
7.8). Under these assumptions, the compression work input, the heat transfer, and the mass
transfer equations can be regarded as separate processes and solved independently.
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𝑤𝑏 =

1
(𝑝 𝑉 − 𝑝0 𝑉0 ) = 𝑚𝑐𝑝 ∆𝑇𝑔𝑎𝑠
1−𝛾 1 1

(7.8)

Eqn. 7.8 indicates the compression work is converted into the internal energy of the gas
bubble in a polytropic process, which can be viewed as a step change in temperature. Once
the temperature inside of the bubble reaches equilibrium with the oil, the only transport
phenomenon left is the mass diffusion of nitrogen molecule. To estimate the time constant
of the temperature dynamics of a bubble before reaching thermal equilibrium, the energy
equation is simplified to the convective cooling equation as shown in Eqn. 7.9, where the
mass of the bubble and the radius of the bubble are both assumed to be constant.

−ℎ𝑡 𝐴𝑠 (𝑇𝑜𝑖𝑙 − 𝑇𝑔𝑎𝑠 ) = 𝑚𝑐𝑝

𝑑𝑇𝑔𝑎𝑠
𝑑𝑡

(7.9)

where 𝑐𝑝 is the constant pressure specific heat (kJ/kg∙K), which is a polynomial function
of temperature [40]:

𝑐𝑝 = 1.0317 − 0.056 × 10−3 𝑇 + 0.288 × 10−6 𝑇 2
(7.10)
−9 3

+ 0.103 × 10 𝑇

As a first order ODE, the time constant, 𝜏, of Eqn. 7.9 can be easily found in Eqn. 7.11.
Since 𝜏 is a function of pressure, density, and temperature of the bubble, a contour plot was
generated to find the relationships of 𝜏 with respect to these parameters, shown in Figure
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7.2. In the figure, the initial temperature was fixed at 421 K, estimated from the ideal-gas
relation of compression of the nitrogen bubble from ambient pressure to 200 bar. The
numbers on the contour plot are the estimated 𝜏.

1 ℎ𝑡 𝐴𝑠
6ℎ𝑡
=
=
𝜏 𝑚𝑐𝑝 𝜌𝑐𝑝 𝑑

(7.11)
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Figure 7.2. Computed time constant till thermal equilibrium for different density and
bubble sizes at 421 K.

It is noticed that even at high temperature at high density, the time constant is on the order
of 0.1 ms, indicating the process of heat transfer from the bubble to the surrounding oil can
be considered instantaneous. Thus, if the condition of Eqn. 7.6 is satisfied (𝑑 < 260 𝜇𝑚),
the mass absorption flux can be determined experimentally through the volume of change
method.
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7.2.3. Equation of States of Gas
When the thermal conditions are met, the next step is to calculate the mass flux across the
nitrogen-oil interface using the density, temperature, and volume of the gas bubble as
inputs. Usually pressure and temperature measurements of the fluid are readily available,
but the molar specific volume of the nitrogen bubble is difficult to measure. In order to
capture the accurate dynamic relationship among the states, Benedict-Webb-Rubin (BWR)
equation of states was used [40] (Eqn. 7.12).

𝑝=

𝑅𝑢 𝑇
𝐶0 1
1
+ (𝐵0 𝑅𝑢 𝑇 − 𝐴0 − 2 ) 2 + (𝑏𝑅𝑢 𝑇 − 𝑎) 3
𝜈
𝑇 𝜈
𝜈
𝑎𝛼
𝑐
𝛾
2
+ 6 + 3 2 (1 + 2 ) 𝑒 −𝛾/𝜈
𝜈
𝜈 𝑇
𝜈

(7.12)

where 𝑝 is the pressure, 𝜈 is the molar specific volume, 𝑇 is the temperature, 𝑅𝑢 is the
universal gas constant, 𝑎, 𝐴0 , 𝑏, 𝐵0, 𝑐, 𝐶0 , 𝛼 and 𝛾 are the eight gas-specific constants for
the BWR, the values are available from [40].

Examining the BWR relationship, it is obvious that the molar specific volume is a highorder highly nonlinear function of pressure and temperature. Implicit solvers can be used
to solve for the molar specific volume at each pressure and temperature, but the algorithm
is computationally inefficient. To allow fast BWR calculation, the molar specific volume
was precomputed using Eqn. 7.12 to create a 2D linear lookup table. The accuracy of the
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calculation is ensured by setting the upper bound of BWR’s to be 2.5 times the critical
density (𝜌𝑐𝑟𝑡 ), which is 779.04 kg/m3 [40]. A precomputed pressure as a function of 𝜌 − 𝑇
contour plot is shown in Figure 7.3. Since the nonlinear equation solving is replaced by
linear indexing, the computational cost of searching through table is significantly relaxed.
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Figure 7.3. Precomputed pressure contour plot for nitrogen gas at a function of density
and temperature.

7.2.4. Impact of Surface Tension
One of the key assumptions in the method described previously is that the pressure of the
bubble is equal to the pressure of the surrounding fluid. Actually, the pressure inside the
gas bubble enclosed by oil needs to be greater than the combination of the fluid pressure
and the pressure of the surface tension in order to maintain the bubble without collapsing.
From classic thermodynamics, the pressure inside and outside of a bubble is correlated by
the surface tension [40]:
162

𝑝𝑖 − 𝑝0 =

2𝜎𝑠
𝑟𝑏

(7.13)

where 𝑝𝑖 and 𝑝𝑜 are pressure inside and outside of the bubble, 𝑟𝑏 is the bubble radius, and
𝜎𝑠 is the surface tension.

According to [41], the surface tension for naphthenic mineral oil at room temperature is
0.031 N/m. For a typical bubble radius at 10 µm, the pressure difference caused by surface
tension is 6.2 kPa, which is 6.2 % of the atmospheric pressure, and can be safely neglected
when the compression pressure is much higher.

7.3. Experiment Setup
An experiment was constructed to measure the overall mass transfer rate across the oil-gas
interface. There are several challenging tasks/subsystems required in order to achieve this
goal: (1) design a hydraulic subsystem to entrain and deliver the micrometer-scale gas
bubbles, (2) design a compression subsystem to compress the mixture of oil and gas to
pressure, and (3) realize the entrained gas visualization in a measurement subsystem.

7.3.1. Aeration System
In order to entrain nitrogen bubbles in the hydraulic oil, an aeration system is required. The
core of the aeration system is the aerator or the gas mixer. In this work, an aerator was
designed in a conical shape to utilize intensifying vortices of the hydraulic oil as it travels
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along the axis of the cone to entrain gas bubbles. Similar to an existing patented geometry
[42], the aerator is based on the generation and break of vortices. As shown in Figure 7.4,
the fluid enters the open end of the cone tangentially, to create a single vortex, where the
gas is injected in to the center of the oil vortex. As the cone reduces the diameter along the
axis, the vortex intensifies and breaks the gas into small bubbles. When the vortical flow
suddenly expands to opening, the vortex with the gas breaks and dissipates quickly into the
stagnant surroundings due to viscous friction, and the small bubbles are released. A CFD
study of the aerator can be found in the Appendix G, generating Figure 7.4.

Figure 7.4. CFD plot of the stream lines of the conical aerator.

An aeration subsystem is design around the conical aerator to ensure the generated gas
bubbles are entrained uniformly into the hydraulic oil and released to the load steadily
(Figure 7.5). The hydraulic system utilizes a 4.8 bar low pressure transfer pump to move
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hydraulic oil into the aerator, supplied with compressed nitrogen gas at 5.5 bar. A fluid
buffer is installed after the aerator to separate and trap unwanted large diameter bubbles by
buoyance, allowing micrometer diameter level bubbles to pass with little resistance. A
bypass circuit with a needle valve parallel to the entrainment branch is used to control the
overall gas content after the aerator. A Coriolis meter is used to measure the mass flow rate
and density simultaneously before the mixture is delivered to the load. A photo of the
aeration subsystem is shown in Figure 7.6.

Compressed
N2
Regulator
and valve
Coriolis
meter
Aerator

Buffer
Load

Transfer
pump

Figure 7.5. Circuit diagram of the aeration system.
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(1)
(4) (2)
(5)
(3)
(6)
Figure 7.6. Aeration system in experiment: (1) reservoir, (2) transfer pump, (3) conical
aerator, (4) buffer, (5) bypass needle valve and (6) N2 regulator and control valve.

7.3.2. Entrained Gas Content Measurement
The volumetric fraction of gas entrained in the fluid was determined experimentally. The
Coriolis flow meter was used to measure the density and mass flow rate of fluid exiting the
bubble buffer. Due to the finite distance between the compression chamber and the Coriolis
meter, the time the mixture needs to travel to the compression chamber needs to be taken
into account when determining the density of the fluid that arrived at the compression
chamber Figure 7.7.

Figure 7.7. Fluid travel distance.
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The time of travel for the oil to reach the compression chamber (𝑡𝑟 , Eqn. 7.14), and the
duration needed to fill the compression chamber (𝑡𝑓 , Eqn. 7.15) are shown below.

𝑡𝑟 =

𝐿𝑡 𝐴𝑡 𝑉𝑡
=
𝑞𝑡
𝑞𝑡

(7.14)

𝑉𝑐
𝑞𝑡

(7.15)

𝑡𝑓 =

where 𝐿𝑡 and 𝐴𝑡 are the length and cross section area of the hose, 𝑉𝑡 and 𝑉𝑐 are the volume
of the hose and volume of the compression chamber, and 𝑞𝑡 is the transfer pump flow rate.

To compensate for the time shift between the density measurement and the travel distance
to the compression chamber, the minimum time duration of the experiment, 𝑡𝑒𝑥𝑝 , must
satisfy:

𝑡𝑒𝑥𝑝 = {𝑡|[𝑡𝑟 , 𝑡𝑟 + 𝑡𝑓 ]}

(7.16)

Once the density is measured, the volumetric ratio between the gas and liquid can be found.
The gas to fluid volumetric ratio, 𝛼, was solved by:

𝛼=

𝑉𝑔 𝜌𝑓 − 𝜌𝑚
=
𝑉𝑓 𝜌𝑚 − 𝜌𝑔
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(7.17)

where 𝜌𝑓 , 𝜌𝑔 , and 𝜌𝑚 are the density of the oil, the nitrogen gas, and the gas-oil mixture at
atmospheric pressure.

7.3.3. Compression System
The compressibility of the oil-gas mixture is measured using the change of volume method.
A compression system was constructed that consisted of a sealed fluid chamber and a
compression piston driven by a power screw (Figure 7.8). The compression chamber has
an overall volume of 130.87 mL, measured from the weight of the contained fluid averaged
over 20 tests. The piston has a maximum volumetric displacement of 8.69 mL. The power
screw is controlled by a simple on-off electric command signal. The piston displacement
is measured by a LVDT, which has a travel range of ±25 mm. The system pressure is
measured using a gauge pressure sensor with a range from 0 to 21 MPa and calibrated using
a dead weight tester. The I/O of data is done with NI USB6008 with a sample time of 0.5
ms. The control of fluid into and out of the compression chamber is regulated manually by
two ball valves. Furthermore, all of the surfaces are positively sealed using O-rings to
ensure negligible leakage; less than 0.001 mL/s was measured at the maximum working
pressure (Figure 7.9).
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Figure 7.8. The compression system.

Figure 7.9. Measured pressure versus leakage flow rate of the system.
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7.3.4. Bubble Visualization
To determine the compression and decompression of the entrained gas, a tool to measure
the diameter of an individual bubble was developed. The author proposed a new method to
accurately measure the mass of a bubble using image processing to digitally acquire the
bubbles. A flow visualizer was designed, as shown in Figure 7.10. The flow visualizer
employs a flat and wide flow field with depth of 1 mm. The design allows the flow field to
develop to a near stagnant condition. The clear viewing windows enables optically
acquiring the bubble image using an 800× digital camera. The focal length of the camera
was set to the flow channel. The flow visualizer was connected to the entrance port of the
compression chamber and a ball valve was used to isolate the flow visualizer and
compression chamber from the supply. A sample photo of the bubbles from one frame of
recorded video is shown in Figure 7.11.

(3)

(2)
(4)

(1)

Figure 7.10. Flow field visualizer (left) and the compression system (right), comprising
of: (1) compressor, (2) pressure sensor, (3) camera, and (4) visualizer.
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100 µm
Figure 7.11. Captured oil with entrained nitrogen bubbles image.

7.3.5. Measurement Procedure
The measurement procedure includes the macroscopic and microscopic studies. In the
macroscopic study, the entrained gas content and the corresponding compressibility can be
determined from the P-V plot of the oil with entrained gas. The oil samples with entrained
nitrogen gas were tested as a bulk medium to find out the impact of entrained nitrogen gas
on the fluid compressibility, using the volume of change method. The initial volumetric
gas content was found both graphically, by finding the intersection between the asymptote
of the bulk modulus of the oil with the initial pressure in the P-V plot [35], and directly as
measured by the density sensor, presented in Sec. 3.2.

In the microscopic approach, a single gas bubble under volumetric compression and
expansion cycles was identified and tracked using image processing techniques. From the
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measured bubble diameter, the volume was calculated, which was used with the measured
pressure and temperature, assuming thermal equilibrium with the oil, to calculate the
bubble mass flux. From the comparison between the macroscopic and microscopic results,
the overall mass transfer coefficient was determined from a least square fit. Finally, the PV results between the experiments and the simulation with the rectified bulk modulus
model, were compared.

7.4. Results and Discussion
7.4.1. Macroscopic Results
Figure 7.12 shows the results of one fluid sample, where the initial volumetric gas fraction
was found to be 0.0032 by the graphical method, and 0.0027 from the density sensor
readings with the standard deviation of 8.3×10-5, calculated from 6000 data points. In
another experiment with a different entrained gas amount, the volumetric gas fraction was
found to be 0.0024 using the graphical method, and 0.0026 from the density sensor readings
with standard deviation of 3.1×10-5. Since the graphical method directly measures the
compressibility from the P-V plot, in practice it was found more accurate than the density
sensor method, which cannot capture the density change during oil transport or bubbles
accumulation in the compressor. Due to these reasons, the graphical method was used as
the primary method to determine the amount of entrained gas.
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Figure 7.12. Determination of initial volumetric gas fraction from P-V plot.

To study the impact of the gas bubble diameter (or the surface area to volume ratio, SA/V)
on the fluid compressibility, controlled experiments were designed, where similar amounts
of nitrogen gas were injected into the hydraulic oil in two distinctive forms: (1) a single
pocket of nitrogen gas, and (2) entrained nitrogen bubbles diameter ranging from 20 to 180
µm diameter. The fluid samples prepared in the two forms were tested with three
consecutive compression and decompression cycles to generate the P-V traces, as shown
in Figure 7.13. The results suggest completely different volumetric compression behaviors
of the two samples. The bulk gas pocket sample shows little compressibility variation
among the three compression cycles, while the entrained bubbles sample clearly shows
cycle-to-cycle compressibility difference. In the P-V plot, a steeper curve means a stiffer
fluid. For the sample with small entrained bubbles, the stiffness of the fluid at the beginning
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of the first compression cycle is low. As the compression continues, the high surface to
area ratio of the small bubbles allow faster gas dissolution into the oil due to the higher
surface area.
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Figure 7.13. The P-V plot of the oil-gas mixture with different entrained gas forms:
(Bottom) bulk air or (Top) entrained bubble.
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7.4.2. Microscopic Results
To rectify the effective bulk modulus model to accurately reflect the evolving volume
fraction of free gas, the mass transfer between the gas and liquid phase needs to be modeled.

7.4.2.1. Bubble Statistics. To determine the average entrained bubble diameter, the
entrained bubbles are identified in the flow field visualizer. In the experiments, the bubbles
under compression and decompression were recorded at 30 frames per second (fps) for a
duration of 120 s. Over each frame, image processing techniques were applied to identify
and find the diameter of all the bubbles. The detection of the bubble was through boundary
identification, and the motion tracking of the bubble was by center of mass location
tracking. In the experiment, with a 640×480 frame size, the distance represented by the
width of a pixel is the imaging error, which is ±10 µm. A sample image is shown in Figure
7.14; the highlighted circles are the detected boundaries of the bubbles in the visualizer.
Figure 7.15 gives a summary of number of different sized bubbles in a histogram for a
sample.
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Target Image

Figure 7.14. Image processing results: the identified bubbles are highlighted.
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Figure 7.15. The histogram of the bubbles of different sizes.

7.4.2.2. Single Bubble Tracking. A single bubble in the captured frame was tracked during
the compression and expansion process to obtain the position and mass results. The
position information was to verify the same bubble was being tracked, shown in Figure
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7.16. The diameter of the bubble was used to calculate the volume of the bubble, and to
determine the mass of the bubble based on the density at experimental pressure calculated
using Eqn. 12. A plot of these data with error bars is shown in Figure 7.17. The measured
bubble mass is used in the next section to determine the mass flux.

Figure 7.16. Center-of-gravity tracking of the bubble.
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Figure 7.17. Single bubble mass history and the corresponding pressure.

7.4.2.3. Steady State Mass Diffusion. To determine the mass transfer coefficient in Eqns.
7.3 and 7.4, the mass flux across the surface of a tracked gas bubble was measured under
the conditions developed in Sec. 7.2, when the compressor is holding pressure. Figure 7.18
demonstrated an example process to obtain the gas bubble mass as a function of the
compressor pressure and the surface area. Using a least squares first order fit, the slopes of
the fitted line of the tracked bubble mass under different static conditions are obtained as
the rates of mass reduction. The results are summarized in Table 7.1. Finally, as shown in
Figure 7.19, a linear least square fit is used to find the overall mass transfer coefficient
(𝐾𝑚 , Eqn. 7.4), where the scalar 𝜖 is 2.6×10-6.
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Figure 7.18. Experimentally determined mass transfer rate as a function of time at 121
bar using linear least square fit.

Table 7.1. Measured pressure, surface area to volume ratio, density, and mass flux.
Pressure Bubble radius Density
Mass flux
𝑝 (bar)
𝑟 (µm)
𝜌 (kg/m3) 𝑞𝑚 (kg/m2/s)
5.8
14.0
23.4
29.2
40.0
40.3
53.1
56.1
69.7
69.9
121.7
135.1

23.3
35.5
11.4
39.6
35.3
94.2
5.7
27.3
28.4
28.1
21.6
20.5

6.5
15.8
26.4
32.9
45.2
45.5
59.9
63.3
78.5
78.7
151.6
149.3
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−1.22×10−05
−4.70×10−05
−1.57×10−04
−4.21×10−05
−1.05×10−04
−1.08×10−04
−4.75×10−04
−1.33×10−04
−5.10×10−04
−5.35×10−04
−7.72×10−04
−1.11×10−03

Figure 7.19. Experimental measured relationship between √∆𝑝𝜌(𝑤𝑔𝐸 − 𝑤𝑔𝐸0 ) and the
mass flux 𝑞𝑚 , the bulk mass transport coefficient is determined to be 2.6 × 10−6 .

7.4.3. Model Validation
To validate the rectified bulk modulus model in Eqn. 7.1, the simulation results are
compared to the experiment. The inputs to the simulation are: (1) the measured piston
displacement, (2) the initial gas content, (3) the overall compression chamber volume, (4)
the bulk modulus of the pure hydraulic oil, and (5) the mass fraction of the gas dissolved
in the oil at equilibrium, 𝑤𝑔𝐸 .

In the simulation, the absorption of gas into the liquid is taken into account using the first
order ODE (Eqn. 7.3) solved in parallel with the effective bulk modulus equation (Eqn.
7.1), and the mass fraction of the gas dissolved in the oil at equilibrium is solved using
Henry’s Law. By updating the gas content, 𝛼, dynamically using Eqn. 7.2, the
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compressibility of the fluid with the corrected entrained gas amount was computed,
resulting in the simulated pressure profile. Then the simulated and experimented pressure
profiles are compared in the P-V plots shown in Figure 7.20.
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Figure 7.20. Experimental and simulation results of P-V relationship during volumetric
compression processes, when the initial N2 fraction changes.

The rectified bulk modulus model shows excellent agreement with the experimental data.
Captured by the rectified model, the gap between the two compression cycles increases
with initial entrained gas fraction, which is due to the absorption of the entrained gas
bubbles. The traditional bulk modulus model is unable to capture the gap due to a fixed gas
fraction coefficient. However, when the absorption effect is weak at very low gas
concentration (<0.2%), the traditional bulk modulus model can still predict the dynamic
behavior well. It was discovered that the improvements of modeled pressure accuracy are
significant when the initial entrained gas fraction is above 0.25%, which are 9% at 10MPa
with 0.65% of air and 5% at 8 MPa with 0.36% of air.
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7.5. Conclusion
The compressibility of hydraulic fluid with entrained gas varies as the gas is absorbed or
released during the operation. Traditional bulk modulus models use a fixed initial volume
ratio of entrained gas and do not capture the dynamic compressibility changes as mass
transfer between the gas and oil phase occurs. In this research, a new method was presented
to model the lumped mass transfer between the entrained gas and the surrounding oil. The
model is developed from mass transfer theory, and the mass transfer coefficient was found
by optically measuring the volume of gas bubbles during compression or expansion. By
modeling the mass transfer, the entrained gas amount can be dynamically determined and
updated in the bulk modulus equation. Comparison between the model and experimental
results has shown good agreement.

There are a few limitations of the approach. First, estimated the vapor dynamics are not
included, limiting the application of this model to above the vapor pressure of the oil
(0.013kPa). However, for most applications the system pressure is well above the vapor
pressure of the oil. Another limitation comes from the near stagnant experimental
condition. The mass absorption and the fluid compressibility are measured from the
compressibility tester based on the change of volume method, where the fluid inside is near
stagnant. The accurate application of the model requires knowledge of the bubble sizes as
a function of time. In many operations the bubble number are relatively stable during the
operation, in which case a constant average bubble diameter can be used. However, it is
possible that when significant mixing is present due to strong turbulence, the mass transfer
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coefficient could be off due to bubble coalescence or the convective effects in the gas
diffusion. It is also worth noting, this study only explored the absorption of the entrained
gas, by experimentally determining the absorption coefficient. The release of dissolved gas
can be studied in a similar manner in the future, where the in mass release coefficient from
the liquid to gas phase can be determined from expansion experiments. Most importantly,
the proposed model has unique features that take account for the bubble diameter, and have
real physical meaning in the overall mass transfer coefficients, offering great flexibility
when both the entrained gas amount, and the bubble size of the entrained gas matters.
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Chapter 8 Conclusion
8.1. Review
Valve timing was found to be critical to the performance of hydraulic piston motors and
pumps. Different valve timing angles can have significant impact on the transitional
throttling loss, the energy output, and the efficiency. The goal of this research was to
provide a fundamental understanding of the hydraulic motor valve timing and propose an
active valve that allows variable timing. A summary of the work in each chapter is
presented below.

In Chapter 2, an analytical valve timing solution was derived from a two-phase polytropic
compression and expansion process that predicts the valve timing, resulting in minimized
compressible energy loss for a set of motor operating conditions. The model assumes ideal
valves and is able to capture the energy losses associated with different timing choices. In
Chapter 3, the limitations of the ideal valve assumptions were addressed with a
comprehensive numerical model, considering real valve transitions. In the numerical
solution, typical operating condition variables, such as pressure, flow, dead volume, fluid
compression, and rpm, were all considered. In Chapter 4, a novel cylindrical rotary valve
was proposed and the valve timing and dimensions were optimized for a nominal operating
condition. A prototype rotary valve was also fabricated. In Chapter 5, a motor test bed was
assembled, and the functionality of the proposed active valve and motor were tested
experimentally. In Chapter 6, a ‘rocking’ valve actuation scheme and an angle domain
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repetitive controller were designed and tested to improve the accuracy of the valve timing
control Variable valve timing was realized. In Chapter 7, a rectified bulk modulus model
was derived based on the lumped mass transfer equation that captures dynamic gas
absorption and release. The model demonstrated excellent consistency with the
experimental results.

8.2. Conclusions
The most significant contributions of this thesis are (1) the derived and validated analytical
and numerical models solving the valve timing as a function of the motor operating
conditions, (2) the optimally designed active valve allowing for variable timing, and (3) a
rectified fluid compressibility model based on lumped interfacial mass transport. The
details of the key findings from this research are presented as follows.

In Chapter 2, an important finding from the evaluation of the analytical timing models is
the Pareto optimal timing rectangle, which four corners are defined by the combinations of
maximum precompression or decompression angles. The conflicting objectives are the
throttling energy loss and the output work. The desired balance between these objectives
can be selected according to a specific operating requirement. For a motor operating at 7
MPa with 2%vol entrained air, the recoverable compressible energy is around 2 to 3% of
the overall system input energy. Full power output could be gained if one chooses to
operate the motor without precompression or decompression. However under the baseline
timing, the compressible energy is completed wasted as throttling energy loss, generating
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heat, noise, or vibrations. By using maximum precompression and decompression angles
together, 100% of compressible energy of the fluid can be extracted, at the cost of reduced
power output.

In the analysis of the numerical model in Chapter 3, it was found that the precompression
angle is more sensitive to the variation of dead volume when the decompression angle is
not. This is expected since the final volume of precompression is the dead volume, which
is much smaller than the displaced volume of the cylinder. The disparity in the sensitivity
provides an important insight: when the dead volume is small, variation of the
precompression angle is less important and can be held fixed; while varying the
decompression angle is more important to reducing throttling energy loss.

From a design practice in Chapters 4, the cylindrical rotary valve was found to be a
promising architecture due to fast valve transition, low leakage, and easy actuation. In the
valve design, the cylindrical rotor features a 2 degree taper, allowing a desired
hydrodynamic film clearance by axial displacement of the rotor. For a 12mL/rec/cyl
hydraulic motor operating at 21MPa and 20 Hz, the optimized valve timing and dimension
can achieve 98% piston efficiency.

From the experimental study in Chapter 5, results show that the prototype valve has well
controlled and predictable leakage. The volumetric efficiency was measured to be 98.2%.
The motor with the prototype rotary valve was demonstrated operating between 5 and 15
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Hz with a supply pressure ranging from 2 to 7 MPa. The rotary valve has two pairs of ports
in the circumferential direction, allowing for two transition events per rotor revolution.
When manufactured, it was found that the timing of these ports was not as specified,
resulting in variations in valve timing for every other motoring cycle.

From the experiment study in Chapter 6, variable valve timing was achieved by a ‘rocking’
valve actuation. Valve timing trajectories were designed using 12-point B-splines, and an
angle domain repetitive controller was designed to track the trajectories. From the valve
timing profiles tested, it was discovered that the optimal valve timing angles can reduce
the throttling energy loss by 80% to 90%, compared to the baseline valve timing.

In a fundamental fluid property research in Chapter 7, a rectified bulk modulus model was
derived, capturing the dynamic gas absorption in the oil. In the model formulation, the
mass transfer equation was developed from the averaged concentration differences
between the equilibrium and the actual concentration predicted by Henry’s Law. The mass
transfer coefficient was determined from dimensional analysis. The experimental bubble
measurement method employed a novel approach to capture the mass transfer between the
oil and the gas phase, based on an optical measurement of the bubble diameters. The
resulting mass transfer coefficient and the rectified bulk modulus model was validated in
comparisons to the experimental P-V plots. It was found the traditional bulk modulus
model works well under low air fraction (<0.2%), but is incapable of predicting the bulk
modulus variation due to gas absorption with higher air fraction. The proposed rectified
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bulk modulus model was validated in the experiments. A 5% to 9% increase in pressure
model accuracy was found, when air fraction is above 0.25% and the pressure around 10
MPa.

8.3. Future Work
The developed motor valve timing models and the mechanical realization have shown great
potential to improve the efficiency of a piston motor. However, there is room for
improvements.

The accuracy of the valve timing model is governed by the accuracy of the derived rectified
bulk modulus model. In the future, the improvements on the model could be made. In the
model derivation, the mass transfer equation requires the knowledge of the equilibrium
concentration of the gas dissolved in the liquid. The current model employs Henry’s Law,
which is only a linear approximation of the real value of gas concentration under
equilibrium conditions. In the future, the real concentration of gas dissolved in the oil can
be measured from a decompression experiment, for better accuracy in predicting the
dissolved gas concentration. From the same experiment, the gas release coefficient can also
be obtained. In the future, the limitations of the current hardware can be improved by using
more accurate tools. The smallest bubble the current system can detect is around 10 µm.
For improved imagining accuracy in the future, better optics with higher resolutions are
desirable.
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In the development of better active timing hardware, improvements can be made to the
actuation method of the valve and the cylinder count of the motor, to relax the difficulties
in the valve trajectory tracking and controller design. For example, driven by a stepper
motor, the current prototype valve can reach 15 Hz operation, which is 50 % faster than
using SV-08 series solenoid operated poppet valve, but still much slower than the industrial
standard of 30 Hz (or even 60 Hz). To operate faster, DC motors or custom solenoids could
be used in future designs. Also, due to the single cylinder design of the prototype, extreme
torque pulsations were observed, creating large variations in shaft speed and making
controller design and active valve trajectory tracking difficult. In future designs, with
multiple cylinders, the torque pulsation effects would be minimized, allowing for smoother
operation and easier trajectory tracking.

In this thesis, a promising solution answering the question of how to improve the efficiency
of the fluid power system has been presented from a motor valve timing perspective. From
a numerical study, the understanding of benefits and trade-offs of optimal valve timing
angles was deepened. From an experimental study, the understanding of feasibilities and
limitations of variable valve timing hardware was reinforced. Together with a novel
experimental study of fluid compressibility, this thesis has built the ground work necessary
for more efficient, better performing, and even performance customizable piston motors
and pumps for the future.
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Appendices
A. Numerical Solution Techniques
In the previous sections, ordinary differential equations (ODE’s) for the pressure dynamics
were established. Due to the time varying boundary conditions and high nonlinearity, only
a numerical solution is possible. In the following section, the methods of solving nonlinear
ODE’s were discussed.

A1. Explicit Formulation
A straightforward approach is to use Taylor’s series. The solution of u near 𝑡0 can be
expanded in the series of time derivatives:

𝑢(𝑡) = 𝑢(𝑡0 ) + ∆

𝑑𝑢(𝑡0 ) ∆2 𝑑2 𝑢(𝑡0 )
+
𝑑𝑡
2! 𝑑𝑡 2
𝑝

+⋯

𝑝

(A1)

∆ 𝑑 𝑢(𝑡0 )
+ 𝑂(ℎ𝑝+1 )
𝑝! 𝑑𝑡 𝑝

where 𝑂(ℎ𝑝+1 ) is the truncation error of order p, ∆ is the step length. For the simplest case,
if the derivatives higher than second order was truncated, the above equation became the
forward-differencing scheme:

𝑑𝑢 𝑢(𝑡0 + ℎ) − 𝑢(𝑡0 )
=
− 𝑂(ℎ2 )
𝑑𝑡
∆
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(A2)

The forward differencing scheme can be directly applied to the pressure dynamic equation
derived previously:

𝑉𝑐
𝑉𝑐
𝑝𝑛+1 = 𝑝𝑛 − (𝑉𝑐̇ + 𝑐𝑞𝑖,𝑜 )𝑑𝑡
𝛽𝑒
𝛽𝑒

(A3)

The results can be solved explicitly and the formulas are convenient to program. However,
the convergence is only first order in time, and the results accuracy strongly depend on the
temporal resolution. If strong nonlinearity presents in the system equation: as the required
time step size continues to shrink, the benefit of the simplicity of this algorithm would be
quickly offset by increased computation time, or the algorithm would never converge.

A2. Implicit Formulation
To ensure convergence of the explicit solvers, and relax the required temporal resolution
needed in the presence of nonlinear terms, implicit algorithms were used to solve the
ODE’s. Compared to the explicit solvers, iterative ones use an iterating loop to ensure
dependent variable’s convergence at the set tolerance for each time step. In this way, the
convergence requirement on the temporal resolution is relaxed, and convergence of the
algorithm is guaranteed as long as the differential equation is stable. Matlab® from
MathWorks® has a series of implicit ODE solvers, ranging from ODE45 to ODE15s, to
solve ODE’s with increasing level of nonlinearity. The algorithm details and applications
can be found in [43].

196

B. Convergence, Accuracy, and Cost
The convergence of solution depends on the type of solver, the temporal resolution (time
step size), and tolerance, which directly affect the computation cost, the stability, and the
accuracy of the numerical results. In this section, the impact of temporal resolution and
tolerance settings on the computation cost and accuracy of the previous numerical results
were investigated.

B1 Convergence Study
The accuracy and convergence of the implicit solver generally increase as the tolerance
decrease, at the cost of the computation time. In application, it is imperative to determine
the most economical temporal resolution and the tolerance for a balance of accuracy and
computation time, which requires a numerical experiment. CPU parallelization was used
for best execution speed with multi core processors. A simple numerical experiment was
designed to simulate an active-valve-motor running at a 5 Hz and a supply pressure of 21
MPa. The tolerance for spatial tested was between 10-3 Pa to 10-9 Pa; the temporal
resolution tested was between 2.8 µs to 2 µs. Convergence was observed as both the
tolerance (for ODE iteration) and time step size reduces (Figure A.1). When the simulated
result converged, the largest converged tolerance setting was selected for balanced
convergence and cost. It was found the most efficient combination of tolerance and time
step to be 1 µPa and 5 µs, respectively.
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Figure A.1. The influence of tolerance and time step size on convergence and accuracy.

B2. Computation Cost
The time step size determines the convergence and accuracy of the numerical solver.
Generally, smaller step sizes are preferred, at the expanse of computation time. To
understand the trade-offs, a bench mark of computation time was done based on Matlab
ODE15s stiff solver, using a quad-core 8-thread 4th generation Intel i7M® Processor. To
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maximize the utilization of the multi-core architecture, an 8-thread CPU parallelization
scheme was implemented. In the numerical experiment, three pools of linearly varying time
step size were create to test out the time step size ranging from 0.1 to 1 µs, 1 to 10 µs, and
10 to 100 µs. The common input across all the threads were the supply pressure, the crank
shaft RPM, the displacement percentage, and volumetric concentration of air, which were
7 MPa, 300, 100%, and 1%vol at atmospheric pressure, respectively. Results shown in
Figure A.2 demonstrated the computation cost. The average computation time for step size
between 10 and 100 µs was among seconds, while between 1 and 10 µs was hours, and a
less than 0.1 µs time step size guaranteed computation time of a single thread on the order
of days.
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Figure A.2. Computation cost increases as time step size reduces.

199

C. Thermal Expansion
Thermal expansion of the rotor and sleeve during the operation needs to be taken into
account in the design process to prevent seizing. Bronze was selected for the sleeve
material and stainless steel was for the rotor. For the same temperature increase, the higher
thermal expansion coefficient of the bronze material expands in a greater proportion than
the stainless steel. The nominal clearance between the rotor and sleeve in radial direction
is 10 µm. Under such a tight clearance, even with the correct material choice the disparity
of the thermal expansion coefficients of the materials could still cause potential binding
issue.

From simulation in Chapter 3, the system energy losses of approximately 24 W will result
in heating the oil. Based on the size of the system, a simple simulation under steady state
resulted that the system temperature would increase by 60 K. A step temperature increase
was used as input, the thermal expansion for both parts can be found numerically using
Solidworks® Simulation. A mechanically fixed boundary was applied outside of the sleeve.
The initial temperature for both parts were 300 K. The simulation results can be found
below.
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(a) Rotor (stainless)

(b) Sleeve (bronze)

Figure A.3.Cross section profile of the rotor and sleeve after thermal expansion.
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It is found that for a 60 K step increase in temperature from the ambient, the maximum
diameter increase is 0.7 µm and 1.3 µm for the sleeve and rotor, respectively. Under these
conditions, clearance still exists. The possibility of binding or seizing of the rotor is low.
To investigate the influence of a chamfer on the edges of the rotor, where maximum
displacement occurred, another simulation was carried out under the same condition only
with a chamfered rotor (Figure A.4). Results confirms less diameter expansion than the one
without chamfer.

Figure A.4. Thermal expansion with chamfered rotor.

D. Technical Drawings
The drawings of the prototype rotary valve are enclosed in this section.
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E. Valve Timing Mapping
To learn how the valve timing influences the system performance, the actual valve timing
needs to be measured. Unlike traditional spool valves, the rotor spool has tapered
cylindrical features that are difficult to measure. Due to machining errors, the actual valve
timing may deviate from designed valve timing. To solve this problem, an indirect method
was proposed and used to gain the actual valve timing profile. The proposed method is
based on the fact that each 2π rotation of the rotor causes two switching events of the same
port, shown in Figure A.5. By pressurizing the supply port and slowly rotating the valve
rotor, a pressure profile can be measured at the cylinder. Then the ‘elbows’ on the pressure
profile are considered the valve transition timing. All of the critical timing positions can be
obtained in one forward and one reverse rotation of the rotor.

(3)
(2)

B
(1)

A

Figure A.5. The cross section view of the valve rotor and sleeve positioned in the
housing: (1) Valve rotor, (2) Sleeve, (3) Manifold.
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F. Dimensional Analysis for 𝐾𝑚
To find the overall mass transfer coefficient, first the coefficient is assumed to be a function
of the pressure and density of the gas phase, the mass fraction of the gas in the liquid, as
well as the gas topology:

𝐾𝑚 = 𝜖∆𝑝𝑖 𝑐 𝑗 𝜌𝑘
(A4)
−2 −1

[𝑀𝐿 𝑇

−1 −2 ]𝑖 [𝐿−1 ]𝑗 [𝑀𝐿−3 ]𝑘

] = 𝜖[𝑀𝐿 𝑇

where 𝐾𝑚 is the mass transport coefficient, which has the unit of kg/m2/s; 𝜖 is an unit-less
constant, depends on the transport process; ∆𝑝 is the partial pressure of the gas, which unit
is Pa; 𝑐 is the surface area to volume ratio, which models the topology of the gas bubbles,
having the unit of m-1; 𝜌 is the density of the gas bubble, which unit is kg/m3.

By Buckingham PI theorem, the following relationships are established:

𝑖+𝑘 =1
𝑖 + 𝑗 + 3𝑘 = 2
𝑖=

1
2

The resulted equation is shown below:
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(A5)

𝐾𝑚 = 𝜖√∆𝑝𝜌

(A6)

It is interesting to see that the surface area to volume ratio does not present in the final
correlation. Another trial is made to see whether time plays an important role in the
formulation.

𝐾𝑚 = 𝜖∆𝑝𝑖 𝑡𝑗 𝜌𝑘
(A7)
[𝑀𝐿−2 𝑇 −1 ] = 𝜖[𝑀𝐿−1 𝑇 −2 ]𝑖 [𝑇]𝑗 [𝑀𝐿−3 ]𝑘

Obviously, 𝑗 = 0.

G. Conical Aerator Design
The author studied different conical shapes in Figure A.6 using 3D CFD in an attempt to
find a better cross section design of the aerator under hydraulic oil working conditions. The
axial length of the cone was 100 mm, and the open end diameter of the cone was 50 mm,
the overall flow rate was 10 LPM. It turned out the straight cone actually had the highest
maximum vorticity among the three geometries in test. As a result, a straight cone was
selected and 3D printed using PLA plastic. An Aluminum alloy housing was made to
enclose the conical insert and provide fluid and gas connection. The CAD model and the
machined prototype are shown in Figure A.7.
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Figure A.6. 3D CFD study of vorticity using different conical shape.

208

Figure A.7. Design and machining results of the conical aerator.
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