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Abstract

Hydraulic systems offer a range of benefits, such as high power density, ruggedness,

linear actuation, and low cost, which have led to the use of hydraulic actuation sys-

tems throughout a wide range of industries. However, they also typically suffer from

lower efficiency than competing methods of actuation, which limits their appeal in some

applications, and presents a threat to their continued prevalence as energy efficiency be-

comes increasingly important. The relatively low efficiency of hydraulic systems is due

in part to inefficient components, such as pumps and motors, and partially due to the

typical method of control, which uses throttling valves to place restrictions in the flow

path to dissipate excess power as heat. Several approaches to reducing throttling losses

have been studied, such as using pumps, motors, or transformers to control individual

actuators, or creating circuits with multiple pressure levels to reduce the pressure drop

across individual valves. However, these approaches often suffer from high cost and size

requirements, or experience reduced control performance, which can limit their appeal.

An alternative approach is to use high-speed on/off valves to charge and discharge en-

ergy storage elements to transform the power flow rather than restricting it. Different

configurations of switching hydraulic circuits can be used to create variable pumps, mo-

tors, actuators, or transformers. This approach can significantly reduce the power loss

that is typically associated with controlling hydraulic systems using conventional valves.

However, control using high speed switching valves presents several challenges. The

most significant drawback is the power ripple that results from the discontinuous nature

of the control valves. While this can be mitigated using energy storage elements, such

as inertias and accumulators, it cannot be completely eliminated. Furthermore, there

is a fundamental trade off between the degree of smoothing and the speed of response

of the system. In chapter 2 the system dynamics of a switching system are studied in

the context of a specific switching circuit, the Virtually Variable Displacement Pump

(VVDP), and it is demonstrated that the trade off between ripple and response time can

be improved by increasing the Pulse-Width-Modulation (PWM) frequency and through

the use of feedback control.
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An example of the VVDP circuit, which uses an on/off valve to load and unload

a fixed displacement pump with an accumulator to smooth the output flow, is shown

experimentally to improve the efficiency of the control system by up to 43% over a

throttling valve system when operating at 2.5Hz. However, this efficiency benefit is

reduced to 24% when the switching frequency is increased to 10Hz. This highlights an-

other challenge with designing switching circuits: the power loss mechanisms that occur

in on/off valve controlled systems, particularly transition throttling and compressibility

losses which occur every switch, can reduce the potential efficiency benefits and must

be taken into account as PWM frequencies are increased.

The throttling loss that occurs as the valve transitions between states is often the

largest source of power loss in on/off valve systems operating at moderate to high PWM

frequencies. The long transition time of many conventional switching valves places an

upper limit on the PWM frequencies that can be achieved while still providing an

efficiency benefit. To reduce the effect of the transition loss, the concept of hydraulic

soft switching is introduced in chapter 3 which, in simulation, reduced the transition loss

by 81%. This technique, which mimics a concept from switching electrical converters,

provides temporary flow paths for the hydraulic fluid to bypass the transitioning on/off

valve, thus avoiding most of the transition throttling.

Another power loss that must be considered, particularly at high PWM frequencies,

is the power needed to actuate the on/off valve. While increasing the PWM frequency

can be effective at reducing the output ripple and the size of the energy storage ele-

ments, the energy needed to accelerate the switching elements in conventional on/off

valves at high PWM frequencies is not insignificant. If the kinetic energy of the switch-

ing element is not re-captured, the power needed to actuate the valve increases with

the PWM frequency cubed. To address this problem, a novel type of rotary valve that

spins at a constant speed is presented in chapter 4. This rotary valve achieves high

PWM frequencies by alternately connecting a fixed port in the housing to supply or

tank as the spool rotates. The duty ratio, which describes the fraction of the rotation

that the valve is “on,” is adjusted by moving the valve spool axially. The fact that the

valve rotates with a constant speed eliminates the need to accelerate the valve element,

meaning the valve must only overcome viscous friction. This has the potential to en-

able much higher switching speeds than conventional valves. However, with this novel
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valve architecture, there are a number of design trade offs that must be negotiated. In

chapter 4, the design of the rotary valve, in the context of both a VVDP and a Vir-

tually Variable Displacement Pump/Motor (VVDPM), is formulated as a constrained

power loss minimization problem to determine the optimal design parameters. For the

VVDPM, this optimization is done for a device that is operating as the wheel motor in

a Hydraulic Hybrid Passenger Vehicle.

In addition to losses due to throttling across control valves, hydraulic system effi-

ciency is degraded by power losses within hydraulic components, such as pumps and

motors. The majority of these losses stem from leakage and friction caused by high

pressure applied to elements that move relative to each other. In conventional piston

type devices, which are common in the hydraulics industry, the displacement of the

unit, and thus its power output, is varied by changing the stroke length of the pistons

as they are rotated. This method maintains high pressure on the same number of pis-

tons, regardless of the power output, resulting in leakage and friction losses that do not

decrease with the power output and a sharp drop in efficiency at low displacements.

In order to address this problem, a different form of on/off control can be used: direct

control of individual pistons in a pump/motor. Using this method, pressure is removed

from pistons to reduce the pump/motor displacement, which allows the power losses in

the system to decrease with displacement. In chapter 5, the power loss mechanisms in

both a conventional and discrete piston device are compared, and the potential efficiency

benefit is highlighted.

One challenge with creating discrete piston controlled pump/motors is designing the

control valves to operate quickly and efficiently enough to provide effective control of the

pressure in the piston chambers. Designs have been proposed that use two fast-acting

electrohydraulic valves to connect the piston to supply or tank. This approach provides

flexibility in selecting the disabling strategy and valve timing, but it also leads to designs

that are expensive and complicated to control. The requirements for a discrete piston

control valve are that it must switch quickly, especially as the pump/motor shaft speed

increases, require little actuation power, and have repeatable timing with respect to the

pump/motor shaft position. These characteristics match well with the two degree of

freedom rotary valve described in chapter 4. In chapter 6 several valve designs based

on the rotary valve concept are proposed, and a mechanism using the rotary valve as a

iv



pilot stage driving three-way spool valves is selected, analyzed, and designed as a part

of a discrete piston controlled pump/motor. The detailed design of a discrete piston

prototype, which uses hydromechanical rather than electrohydraulic control valves is

described, and experimental results are presented in chapter 7. While high internal

leakage caused by manufacturing challenges limited the experimentally demonstrated

efficiency, estimates of the power loss without the internal leakage, analytical equations,

and simulation results demonstrate the potential of the discrete piston control approach.

Whether they are used to create switching circuits that avoid the losses associated

with conventional throttling valves, or if they are used to reduce the leakage and friction

losses in a discrete piston controlled pump motor, on/off valves can be used to improve

the efficiency of hydraulic control systems. However, the design of switching valve

controlled systems is not without challenges, and this thesis examines many of the

potential benefits, as well as difficulties in creating efficient and effective solutions using

on/off valves.
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Chapter 1

Introduction

Hydraulic systems, which use a pressurized liquid to transmit or transform power, are

used in a wide variety of applications. They are ubiquitous throughout numerous in-

dustries, such as manufacturing, transportation, mining, construction, agriculture, and

many others. Hydraulic systems are widely used due to the numerous advantages they

provide, such as: high power density, ability to operate in rugged environments, capa-

bility of simple linear actuation, flexible installation, tolerance to shock loading, and

relatively low cost, among other benefits. However, hydraulic systems typically suffer

from low energy efficiency when compared with competing methods of power transmis-

sion. In a study prepared by Oak Ridge National Laboratory in 2012[1], the average

fluid power system efficiency throughout all industries was about 22%. The same study

estimated that hydraulic systems in the United States consume between 1.5 and 2.4

Quads (quadrillion BTUs) of energy per year, with an additonal 0.5 Quads consumed by

pneumatic systems. Thus, even a modest increase in the average efficiency of hydraulic

systems would result in a substantial reduction in the national energy comsumption.

The inefficiency of hydraulic systems stems from multiple sources. Hydraulic com-

ponents with moving parts, such as pumps, motors, valves, and cylinders, experience

friction and leakage of high pressure oil, which reduce their efficiencies. Energy is also

lost to pressure drops as oil passes through hoses and fittings. Finally, a significant

amount of energy is lost due to the conventional methods of controlling hydraulic sys-

tems. Typically, power in hydraulic systems is controlled via throttling valves, which

1
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restrict the flow of hydraulic oil to only allow the desired power to flow to the applica-

tion. This method of control is analogous to resistive control in electronic systems, and

it results in a significant amount of potentially useful energy being converted into heat.

In addition to wasting fuel, in many systems the heat generated by inefficiencies in the

system requires a large cooling system to maintain tolerable operating temperatures.

Thus any energy saved will have the added benefit of reducing the cooling demands for

the system.

This thesis will examine several approaches to improving the energy efficiency of

hydraulic systems by employing the use of high-speed on/off valves. One way that

using on/off valves to control a hydraulic system, an approach that has been labeled

“Digital Hydraulics,” can improve efficiency is to eliminate the throttling that occurs

across conventional control valves. An ideal on/off valve has two states: it will either be

fully open, resulting in little throttling across it, or fully closed, resulting in zero flow

losses. By quickly switching between these two efficient states, the average power flow

across the valve can be controlled, often with the addition of energy storage devices for

smoothing. A second way that on/off valves can be used to improve hydraulic system

efficiency is to provide discrete control of individual pumping/motoring chambers within

a pump or motor. This approach has the potential to create more efficient pumps and

motors by reducing the leakage and friction losses that occur in conventional devices.

Both of these approaches for improving hydraulic system efficiency will be studied in

this thesis.

An example of the inefficient methods of control employed in typical hydraulic sys-

tems is shown in Fig. 1.1. In each example circuit, there are three loads, each with

a different pressure and flow requirement, as shown in the graph to the right of each

system. In system A, a fixed displacement pump generates a fixed amount of flow, and

a relief valve regulates the pressure to a fixed high value. For each actuator, a control

valve is used to throttle the desired amount of flow from the high pressure line to the

load. This circuit is the simplest method of control, but it also results in the highest

amount of energy lost as heat across the valves, which is shown in red. In the second

circuit, a proportional bleed-off valve is placed in parallel with the loads to divert excess

flow from the fixed displacement pump. Using this circuit, the system pressure can be

reduced to be only slightly above the highest load, but the flow generated by the pump



3

Figure 1.1: Four conventional methods for controlling hydraulic circuits
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is still fixed. In system C, a variable displacement pump is used to reduce the flow to

match the sum of the flow demands. A control device, such as a loadsense compensator,

can be used to maintain the pump outlet pressure at a small margin above the highest

load. This configuration reduces the wasted energy considerably, but there is still energy

lost when driving loads 2 and 3, as the difference between the pump outlet pressure and

the load pressure is made up by throttling across the control valves. Finally, system

D uses a separate variable displacement pump to control each load without any throt-

tling losses. While this approach avoids throttling, some energy will be lost to leakage

and friction in each pump. This system will also typically be larger and much more

expensive than systems A-C, and the control bandwidth may be lower than the valve

controlled approaches. While this approach has been studied as a way to reduce power

losses [2], it has not been widely adopted.

Disregarding system D, the control methods used in the vast majority of hydraulic

systems (A-C) use throttling valves to meter flow and control pressure. Any pressure

drop that occurs across a valve results in wasted energy. In electrical systems, a similar

control problem exists, when a voltage lower than the supplied voltage is required. This

problem can be solved, as it is in hydraulic systems, by dissipating excess power across

a resistive device. However, in electrical systems, a different approach is typically used:

instead of using resistors to make up the difference in voltage levels, the power can

be transformed through the use of high-speed switching elements. In this approach,

transistors are used to quickly transition between providing energy to the load and

storing excess power in energy storage elements, such as inductors and capacitors. This

approach can be used to efficiently increase or decrease voltage to meet a demand.

Switching DC-DC converters result in much more efficient control of power, and they

are ubiquitous throughout a wide variety of electrical systems.

Many of the concepts from switching electronic converters can be applied to hy-

draulics. High-speed on/off valves can be used, along with capacitances, such as accu-

mulators, and/or inertias, such as flywheels or long tubes, to create hydraulic switching

circuits. Rather than dissipating excess power, switching converters transform power

by charging and discharging energy storage elements.

As with electronic converters, there are many different configurations of on/off con-

trol circuits. A hydraulic buck converter can be used to efficiently transform a higher
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pressure into a lower one, while putting out more flow than is put in. A boost converter

can be used to transform power in the opposite direction, boosting the pressure while

reducing the flow. A third configuration of hydraulic transformer called a buck-boost

converter can be used to transform power in either direction. By including mechanical

circuit elements, such as pumps and actuators, along with hydraulic components, cir-

cuits can be developed that transform mechanical input power into hydraulic output

power, or vice versa. An example of this is a Virtually Variable Displacement Pump

(VVDP), which uses an on/off valve, an accumulator, and a fixed displacement pump to

create a device that sends less than the full pump flow to the load, but also unloads the

pump from the load pressure for a fraction of the switching period. This is essentially

a boost converter that boosts the effort variable (shaft torque input, pressure output),

and reduces the flow variable (shaft speed input, flow rate output). A similar approach

can be used to create a Virtually Variable Displacement Motor/actuator (VVDM) or

the combination Virtually Variable Displacement Pump/Motor (VVDPM). This the-

sis will look in depth at the VVDP circuit and analyze its performance and efficiency

characteristics. The results will also be extended to a VVDPM circuit.

While on/off control circuits have the potential to significantly improve hydraulic

system efficiency when compared with systems controlled via throttling valves, there

are a number of potential sources of energy loss that must be considered in their design.

For example, while on/off valves are efficient in the on/off states, energy can be lost

when the valve transitions between them. Throttling and leakage through components,

fluid/line compressibility, and valve actuation power also can reduce the efficiency of

on/off controlled circuits. The discontinuous nature of on/off control also generates

a ripple on the power flowing through the hydraulic circuit, which is affected by the

selection of circuit components and the switching frequency. In order to determine the

potential benefit of an on/off control circuit as well as to create an efficient and effective

design, the power ripple and sources of energy loss must be considered. In this thesis,

several methods of improving the VVDP and VVDPM circuits will be explored, includ-

ing a new circuit element, called a soft switch, that can drastically reduce transition

losses, and a novel type of switching valve that can achieve high switching frequencies

without requiring significant input power.

A second approach for improving hydraulic system efficiency is to integrate on/off
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valves into hydraulic pumps and motors. By using fast switching valves to enable/disable

individual chambers within a pump or a motor, the effective displacement of the device

can be varied. This approach is in contrast to conventional designs, which vary dis-

placement by changing the stroke length of the pumping pistons. Conventional pumps

and motors exhibit low efficiency when operating in partial displacement conditions,

which is primarily due to the fact that most of the loss mechanisms do not decrease as

the output power is decreased. By changing the stroke length to vary the displacement,

high pressure is maintained on all of the pistons, resulting in leakage and friction forces

on all pistons, regardless of the pump/motor displacement. By using on/off valves to

remove pressure from pistons as they are not needed, the leakage and friction losses in

pumps and motors can be reduced. This can reduce the losses shown in Fig. 1.1 D.

While many of the leakage and friction losses will decrease with discrete piston

control, other losses, such as throttling and actuation power, may increase. Thus, a

study will be done to examine the different losses in pumps and motors, and estimate

the potential benefit of discrete piston control.

Discrete piston control can be achieved with independently electronically-controlled

on/off valves for each piston, but this can lead to designs that are larger, more expensive,

less robust, and more complex to package and control than conventional devices. These

factors can be a barrier to the adoption of discrete piston controlled devices. A different

approach that is taken in this thesis is to use a hydro-mechanical mechanism to achieve

discrete piston control. This approach will create a device that is simpler to control

and potentially more compact and less expensive than a device using fully independent

electronic valves. To accomplish this, the novel rotary on/off valve that was developed

for creating a VVDP and VVDPM is adapted for use inside a piston pump/motor.

While on/off valve control is not used in most conventional hydraulic systems, it is

an active area of interest by a number of different researchers. The next section presents

an overview of the existing state of the art around on/off hydraulic control.

1.1 Literature Review

In 2011, Linjama [3] published a paper describing the current state of the art in the

broad field of Digital Hydraulics, which he defined as “hydraulic and pneumatic systems
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having discrete valued component(s) actively controlling system output.” One area of

research described in that paper which is studied in [4] and [5] is to connect on/off

valves in parallel. By combining valves with different area combinations (i.e. binary

coding), a number of on/off valves can approximate a proportional valve. While this is

still fundamentally a dissipative method of control, it does highlight some benefits of

using on/off valves for control. While more valves are needed, on/off valves require less

precise manufacturing and fewer control electronics, making them much less expensive.

The authors also state increased contamination resistance and improved system relia-

bility due to redundancy. The primary drawbacks of this approach are the increased

complexity, and the fact that it controls the system by turning unwanted energy into

heat. While this approach of using on/off valves connected in parallel can provide bene-

fits in some situations, it is not focused on improving the efficiency of hydraulic systems,

and thus, it is not a focus of the work presented in this thesis.

1.1.1 On/Off Valve Based Hydraulic Circuits

Another broad area of Digital Hydraulics described in [3] is the concept of using on/off

valves as high speed switches to control the power flow in a hydraulic circuit. By combin-

ing switching valves with energy storage elements, such as inertias and accumulators,

the average power flow can be controlled or transformed. The inspiration for using

switches and energy storage elements for control comes from power electronics. Mer-

rill [6] compared electronic and hydraulic switching circuits and found that hydraulic

switching converters must overcome a number of challenges. First, the ratio of capaci-

tance to inductance in hydraulic fluid and components is typically much higher, which

can degrade performance and efficiency. The ratio of switching speed to control band-

width is also significantly lower in hydraulic circuits than electrical circuits. It was also

found that the ripple on the output from switching valves tends to have a larger effect

on the output. Despite these challenges, many researchers have studied the design and

effectiveness of hydraulic switching circuits.

There are two primary configurations of switching converters: the buck converter and

the boost converter. These two fundamental designs can be created using different types

of components, act in different power domains, or be combined to create more complex

circuits. The buck converter, also described as a step-down or flow-boost circuit, will
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Figure 1.2: Hydraulic buck converter circuit

transform a high pressure and low flow into a lower pressure and higher flow by charging

and discharging an inertia element, which is typically either a flywheel or a long tube

of hydraulic oil. Figure 1.2 depicts an example of a hydraulic buck converter circuit.

In this figure, the inertia element is a hydraulic motor with a flywheel. The on/off

valve switches between applying high pressure to the inertia causing it to accelerate,

and blocking high pressure, which causes the inertia to pull fluid from the tank and

decelerate. The check valve can be replaced with a second on/off valve that allows

power to flow back from the low pressure side to the high pressure side.

In contrast, a boost converter, also known as a step-up or pressure-boost circuit, can

transform a lower pressure and high flow into a higher pressure and lower flow by using

a charged-up inertia to boost pressures higher than the input. Figure 1.3 shows a boost

converter circuit that is essentially the reverse of the buck converter shown in Fig. 1.2

with the on/off valve and the check valve switched. In this circuit, the back side of the

inertia, which can be either a motor and flywheel or a long tube of fluid, is connected to

either tank or a high output pressure. Thus the inertia alternates from accelerating when

connected to tank, and decelerating when connecting to high pressure. The accumulator

smooths the output power and provides flow when the inertia is connected to tank.

The authors in [7] presented the concept of switch-mode hydraulic converters and

derived the ideal equations relating pressure, flow, and duty ratio for both buck and

boost type transformers. They have some discussion on efficiency and have experimental



9

Figure 1.3: Hydraulic boost converter circuit

results showing the operation of the system. Their system used conventional solenoid

valves at less than 10 Hz frequencies with large accumulators and flywheels. In [8], this

work was extended to a combined buck-boost converter. This circuit, which uses the

output of a buck converter as the input to a boost converter is better at controlling low-

pressure loads. Wang et al. [9] looked at the pressure ripple in a boost converter that

results from the on/off valve switching. They used an oil volume as a capacitance and

simulated the effect of different volumes. In experiments, they demonstrated boosting a

50bar input pressure to up to 120bar with a system operating at 5Hz. Work described

in [10] also presented idealized buck and boost equations, but replaced the flywheel

with a long fluid hose to generate the necessary inductance. This reduces the cost and

complexity of the system, but adds a coupling between inductance and capacitance, as

each length of hose/fluid will have both. With long inductance tubes, the effects of

pressure wave propagation becomes important and must be taken into account. The

paper presented some simulation results and preliminary experimental results with some

degree of correlation to simulations for efficiency and flow modulation. Negri [11] applied

the inductance tube concept to a boost converter and developed a model that looked

at the inductance and resistance of the long tube but did not include compressibility

or valve switching losses. Their model predicted higher efficiency at higher switching
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frequencies and a limited feasible operating range at higher flows. They presented

experimental results of a system running at 8 and 16Hz. Pan [12] added a more detailed

model for both buck and boost configurations that was used to simulate the system

over a wider range of flows and frequencies. They computed an optimal switching

frequency of 337Hz for the system studied and presented experimental results (at lower

frequencies) showing an efficiency of > 70% in some low flow operating regions. The

authors in [13], [14], [15], [16], and [17] also used a long tube as an inductance to

create different switching converters. Brown et al. [13] used two inductance tubes

and modulated the in-flow and out-flow to create a 4-port transformer. To achieve

high switching frequencies, they designed a high-speed motor-driven rotary valve that

varies the duty ratio by adjusting the relative position of two stators with a spinning

rotor in between. In this paper they present ideal transformer equations and pressure-

flow maps, study a number of power loss mechanisms, and present some simulated

efficiency maps. For their valve, the losses were dominated by leakage in the larger than

desired clearances, and it had problems with cavitation in the inlet ports. However,

they demonstrated the feasibility of the concept and proposed solutions to the observed

short-comings. The authors in [16] and [17] studied a similar system, but focused on

creating a buck converter. They used a conventional under-lapped spool valve, which

led to some leakage loss. The proposed application was robotics, to provide the power

density benefit of hydraulics without the severe efficiency penalty of throttling valves.

The papers compared the efficiency of the on/off system to a proportional system and

found a 75% improvement over a walking cycle in simulation. Scheidl et al. [14] created

an analytical model of an idealized inductance tube in the frequency domain as well as

a numerical model and presented experimental results for a buck converter. They also

described how using two switching valves, instead of one switching valve and one check

valve, can allow bi-directional power flow and enable capturing of energy from a load.

For a system switching at 70Hz, they measured a peak efficiency of 76%, which was

16% better than a throttling valve system. However, the efficiency dropped below the

throttling valve efficiency in some operating conditions due to the components used.

Kogler and Scheidl [15] used a similar model and experimental apparatus, but added

a description of a Cuk converter, which is essentially a boost and a buck converter

in series. This circuit can allow transforming an input pressure either up or down,
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Figure 1.4: Virtually variable displacement motor

depending on the need of the load. They simulated buck conversion efficiency up to

30% better than throttling at low duty ratios and high flow rates, and experiments

measured a 20% efficiency improvement. While the circuits studied in this thesis are not

hydraulic pressure transformers, but rather hydraulic-mechanical transformers, many

of the characteristics studied by these authors, such as the pressure ripple, component

selection, and efficiency of switching circuits are similar to work presented in chapter 2.

Another way to create a hydro-mechanical buck converter is to take power directly

out of the inductance, which is in the form of a motor and rotary inertia. In this

configuration, the output power is converted by a hydraulic motor into the mechanical

domain, and power is not transformed from a higher input pressure to a lower output

pressure, but instead to a lower output torque. This circuit can also be described as

a Virtually Variable Displacement Motor (VVDM), which is shown in Fig. 1.4. This

circuit is very similar to the buck converter shown in Fig. 1.2, except rather than a low

pressure hydraulic output, an output shaft is added to the hydraulic motor. In [18] and

[19] the authors looked at the output speed ripple of such a device and demonstrated

that higher switching frequencies and higher inertias reduce the speed fluctuations.

The PWM duty ratio had a smaller effect on the ripple, especially in experiments, and

changing the modeled viscous friction had little effect on the ripple. Zhu et al. [20] used

a VVDM for driving a propeller for an underwater vehicle. Rather than using PWM, the
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authors proposed using quasi pulse frequency modulation, which lowers the frequency

at lower duty ratios. This allows for valves with long transition times to achieve low

duty ratios without spending the entire “on” time in transition. Their system used

conventional 2-stage valves. The dynamic response and the torque ripple on the motor

were studied experimentally, but efficiency was not. The system as proposed used a

pump with a relief valve to generate the constant input pressure to the system. This

would cause the system to have similar efficiency to a throttling valve system. However,

if a more efficient pressure source was used, the system could be more efficient than

a throttling valve system. The VVDM circuit can also be thought of as a torque or

pressure control device, which is the topic in [21]. This paper derived detailed equations

for describing the ripple in an on/off valve pressure control application.

The boost converter analog to the VVDM is the Virtually Variable Displacement

Pump (VVDP), which converts a mechanical input power on the shaft of a pump into

a hydraulic output power. This circuit is studied in detail in chapter 2 and is depicted

in Fig. 2.1(b). Tomlinson and Burrows [22] studied a VVDP system that set a desired

output pressure and bounds on the output ripple to load/unload the pump, rather

than the more typical approach of using PWM. This study demonstrated the concept

and presented experimental results. The valve used was a conventional valve that did

not achieve high frequencies. The effect of the pressure ripple bound on the switching

frequency was demonstrated, but efficiency was not a focus of the paper. Li et al. [23]

looked at the trade off between the size of the pressure ripple and the speed of response,

and how that can be manipulated by sizing the accumulator and adding closed-loop

control. This analysis is also clarified in chapter 2 of this thesis. Batdorff and Lumkes

[24] developed a model of the VVDP that included power losses due to throttling in

the transitioning valve and the compressibility of the oil. Lumkes et al. [25] added to

that work by modeling and testing the system with a custom high-speed 3-way valve.

They tested the VVDP at switching speeds up to 60Hz and reported efficiencies that

were higher than a throttling valve circuit at low frequencies and low duty ratios, but

similar or lower in other conditions. A similar model that used a pressure-dependent

bulk modulus was described in [26], which is the basis for chapter 2 of this thesis. The

experimental results from a system switching between 2.5 and 10Hz showed efficiencies

exceeding those in a throttling valve system across the operating range. In [27], a
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VVDP was created using a latching valve, which is described in [45]. That paper

focused on developing a control algorithm that could achieve a desired repeated pressure

profile. They used an adaptive controller with several different adaptation algorithms to

estimate the derivative of the pressure, and then used a state machine and knowledge of

the upcoming pressure demand to achieve the desired control. Finally, [28] described a

circuit that combines a VVDP and a VVDM, which was used to drive a hybrid flywheel

rail car.

Modeling of the losses in a VVDP done in [24], [25], and [26] indicate that throttling

losses through the switching valve as it is transitioning can have a significant detrimental

effect on the system efficiency, particularly at high frequencies. To address this problem,

a soft-switching approach was proposed in [29], which is the basis for chapter 3 of this

thesis. In this approach, fluid is temporarily routed away from the transitioning valve

to be stored in a small softswitching chamber. Van de Ven [30] builds on this work by

proposing a hydraulic locking mechanism that enables the softswitching approach.

A modified version of the VVDP is presented in [31] and [32], which uses a single

fixed-displacement pump to drive multiple hydraulic circuits by apportioning the full

pump flow to each branch for a variable fraction of the switching period. This has the

advantage of allowing each branch to be driven at the specific pressure and flow rate

that it requires, but can introduce output ripples that vary with the flow demands of

the other branches. The authors in [31] studied the effect of switching frequency and

accumulator size on the ripple size, and used conventional valves operating at relatively

low PWM frequencies. In [32], the authors used a valve prototype that was similar to

the phase-shift rotary valve in [13], but it was designed as a proof of concept and was

limited in its ability to vary the duty ratio.

1.1.2 PWM Control

The use of switching valves to regulate the power flow in a hydraulic system presents

challenges in controlling the system to achieve the desired output. A common approach

is to use Pulse-Width-Modulation (PWM) duty ratio to approximate continuous values,

with the addition of a ripple on the power flow. Lehman and Bass [33] look at the effect

of using PWM to control a closed-loop system. The effect of feeding back a system

with ripple can lead to a steady-state error or instability when the switching frequency
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is low. They proposed a frequency-dependent averaging method to improve closed-loop

performance. In [34], the authors derive a similar correction term for using PWM to

control electromechanical systems. In the area of pneumatics, several researchers have

investigated PWM control. In [35] and [36], the states-space averaging technique is

used to derive an averaged system model that can be used with conventional linear [36]

or non-linear [35] control design techniques. This averaging technique is also used in

chapter 2 to study the dynamics of a VVDP. Jeronymo et al. [37] used an averaged

system and performed a linear system identification. They also added a predictive term

to improve the control performance. Royston and Singh [38] also investigated PWM

control of a pneumatic cylinder, but focused their research on the design of a high-

speed rotary valve that uses a phase shifting input along with a stator and a rotor

to generate a variable pulse-width signal. The control approach in this paper is to

use simple PID control along with a high switching frequency to achieve acceptable

performance. In [39], a control approach was proposed that uses an on/off valve to

provide the flow required to drive an actuator and then a throttling valve to cancel out

the pressure ripples arising from the on/off control. This approach avoids the typical

trade off between output ripple and response time that occurs in switching hydraulic

circuits. While the design of feedback control algorithms using switching circuits is not

studied in this thesis, the on/off valve systems studied make use of PWM to control the

system output, and the work done by these authors could be applied design controllers

for the circuits in chapters 2 and 4.

1.1.3 High Speed On/Off Valves

Many researchers have recognized that designing an effective on/off controlled system

relies on a well-designed on/off valve. The ideal valve is fast, has a low pressure drop and

leakage, and uses little actuation power. In [40], a two degree of freedom valve is used

to achieve high speed, 2-stage-like performance from a simple component. An electric

motor is used to rotate the spool to open up a pilot orifice. The pressure differential

created by the pilot orifice then quickly moves the valve axially. This valve can achieve

a 2-3 ms transition time and a flow of 18 lpm at 9 bar. Chapter 4 also presents a two

degree of freedom valve, although it uses the rotation to achieve the on/of switching

of the valve, rather than to create a force imbalance that actuates the spool. Another
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approach is to perform a detailed design of a solenoid to improve its performance.

This is done in [41], where a detailed model was created to predict the forces available

for actuation. The authors in [42] designed a fast acting pneumatic valve for PWM

control of a hydraulic cylinder. The strategy in this valve is to use a large plate as

the moving element to improve the magnetic circuit and create a large flow area for a

small displacement. Yamada et al. [43] and Yokota and Akutu [44] presented similar

studies on the design of piezo-electric (PZT) driven hydraulic valves. These valves can

transition quickly, in less than 1ms, but the displacement available from a PZT actuator

is typically too small for common hydraulic systems. These papers discuss the use of

their valves as the pilot for multi-stage valves, which would change the trade off between

speed and flow area. A different approach to creating a high-speed switching valve that

also allows high flows is to use multiple poppet valves driven by a single pilot stage,

as was described in [53]. Citing the fact that poppet volume increases faster than flow

area as the diameter increases, the authors describe a valve with 14 small-diameter

poppets driven by a single pilot valve to achieve 100lpm flow with a switching time

of around 1ms. For conventional size hydraulic valves, it is difficult to achieve high

speeds without significant actuation power. This is due to the fact that linear switching

elements, typically driven by electromagnetic actuators, must accelerate and decelerate

a moving mass each time the valve is switched. A different approach for creating a high

speed on/off valve based on continuous rotary motion is taken in chapters 4-7 of this

thesis.

The strategy to mitigate the problem of high actuation power that is taken in this

thesis and by other investigators is to use continuous rotary motion to generate the

PWM signal. The advantage of this approach is that there is no acceleration of com-

ponents; the valve element operates at a constant speed. A simple application of this

approach is given in [46] and [47]. These papers detail a method of generating square

pneumatic pressure waves for testing the dynamic response of different components.

These valves consist of a spinning plate with grooves that pass between openings in the

stator. If an application requires a variable duty ratio, this concept can be extended

to have one fixed stator and one adjustable, to vary the phase between them. This is

the approach taken in [13], [32], and [38]. A similar approach is taken in [48], which

describes a phase-shift valve. This valve has multiple spinning plates that can rotate
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with respect to each other. This paper presents the valve concept and detailed modeling

of the losses that occur in the valve. In [49], a 2-way motor driven rotary spool valve

is described that is a simpler version the valve studied in this thesis. The valve spool

spins at a constant speed, and translates axially to adjust the duty ratio. The PWM

duty ratio is coded into the profile of the valve spool. This paper presents experimental

results for component and system efficiency but does not contain many analytical equa-

tions. In chapter 4, this concept is extended to 3-way and 4-way valves that are used

to create a VVDP or a Virtually Variable Displacement Pump/Motor (VVDPM). An

analysis of the power losses in such a valve are also described in this thesis. The rotary

valve, which is the basis for chapter 4 of this thesis, is described in [50] and [51]. This

valve has a helical land profile and operates with two degrees of freedom; it can rotate

and translate axially. This design allows the repeated on/off action to be achieved by

the constant rotary motion, while the adjustment of the duty ratio, which is typically

much slower than the switching frequency, is controlled by changing the axial position.

The reason linear valves typically require significant actuation power to achieve high

switching speeds is that the kinetic energy of the valve element is not recaptured, and

thus it is lost. Rather than using constant rotary motion to solve this problem, as is

done in chapter 4, Manhartsgruber [52] created a linear 3-way spool valve that resonates

at the desired switching frequency of 400Hz. The resonance allows the kinetic energy

to be re-captured and is excited by an electromagnetic or piezoelectric actuator acting

on a plate, which creates a pressure pulse on one end of the valve spool. The duty ratio

of the valve is adjusted by changing the bias position of the sinusoidal resonance with

respect to the valve ports.

A different way to reduce electrical actuation power in switching valves is to use

bi-stable valves, which are held with open or closed without any holding current in the

solenoid. Johnson et al. [45] describes a switching valve that uses permanent magnets

to hold the valve spool in either state until it is acted on by a pulse of force from

the solenoid. This valve is typically used in fuel injection systems and can open a

10mm2 flow area in 0.45ms. A different type of bi-stable valve is described in [54] for

use in parallel valve digital hydraulic systems. This valve uses a permanent magnet,

but also uses an accelerated mass to act as a “hammer” on the metering element. This

arrangement allows the actuator to build up kinetic energy in the hammer before contact
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is made with the switching element. The collision provides a high starting force to move

the valve out of its stable operating point.

1.1.4 Discrete Piston Control

Another area of significant research into the use of on/off valves is to use them to control

individual chambers in a hydraulic device, such as a pump, motor, or transformer. This

can be referred to as discrete piston control and has been studied by a number of

researchers. This approach will be investigated in this thesis.

One area of development for discrete piston control is the use of mechanical mecha-

nisms to disable pistons for a variable part of their pumping stroke in order to create a

variable displacement pump. In this approach, pistons are disabled by connecting them

to tank through a mechanically controlled mechanism. In [55] and [56], the pumping

chamber is connected to tank through a poppet valve that is driven by an eccentric

cam. By varying the cam eccentricity, the fraction of the pumping stroke that is en-

abled can be varied. In an alternate design [57], pistons can be enabled/disabled by

covering/uncovering a hole in the side of the piston. In this design, an adjustable

sleeve is used to cover a hole drilled in the side of the piston for a variable fraction of

the pumping stroke. Both of these approaches achieve discrete piston control through

purely mechanical means, but, in contrast to the design presented in chapter 6, they

are only able to create variable displacement pumps, not motors.

Another approach to discrete piston control that uses mechanical control methods

that can be applied to a hydraulic motor is described in [58]. In the design described in

this paper, a piston motor is made to be variable displacement by using 2 2-stage poppet

valves for each chamber. The poppet valves are controlled by a pilot stage that is driven

by an adjustable cam-ring around the outside of the motor. Unlike other discrete piston

designs, such as the design presented in chapter 6, this motor uses a rotating piston

barrel, which requires the use of some type of port plate to communicate the high and

low pressures from rotating piston barrel to the stationary input/output ports.

A different approach is to use electronically controlled valves on each piston chamber

to create a discrete piston variable displacement device. Artemis Intelligent Power [59]

has been a pioneer in this field and a number of papers have been written about their

technology. In 1990 [60], the concept of the Digital Displacement pump using actively
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Figure 1.5: Sketch of Digital Displacement control concept

controlled poppet valves was introduced. In this design, a fixed displacement pump

is fitted with two latching check valves for each piston to connect each chamber to

either supply or tank pressure. Figure 1.5 presents a sketch of this concept, with two

electrically latching valves for each piston. The latching check valves used are useful for

pre-compressing and de-compressing the oil in the piston chamber, but they cannot open

against pressure, which places some restrictions on when they are operated. A model

and control concept for the device are described in [61]. In this paper, a choice between

disabling individual pistons for their entire stroke or turning them off mid-stroke is made.

Their choice was to disable pistons for their entire stroke, which they measured to have

roughly 5dB lower noise output. However, this approach creates a larger ripple in the

output flow, which can necessitate adding flow smoothing devices (i.e. accumulators).

While their design allows the flexibility to switch between control modes, their published

work only includes a description of the whole-stroke disabling approach. In [62], the

dynamic performance of the device was predicted, and in [63], the concept was extended

to a motor. This paper outlines the primary benefit of discrete piston control, which

is that power losses, such as leakage, friction, and compressibility, can be reduced for
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pistons that are disabled, enabling higher efficiencies at low displacements. The control

of Digital Displacement pumps and motors is described in [64]. This paper presents

a simulation model and control strategies for deciding when to enable/disable pistons

in either a pressure or flow control mode. Simulations demonstrate the controllability

of the device as well as the drawback of flow ripple that is associated with discrete

piston control. In [65], control of Digital Displacement pumps and motors is described

in the context of a tidal energy harvester, with a hydrostatic transmission composed of a

large displacement ring-cam pump, and a small radial piston motor. The radial piston

design was selected to minimize the friction at the piston-cam interface. The paper

presents estimated power losses due to various mechanisms as a function of displacement.

Wadsley [66] described the advantages of using the Digital Displacement Pump/motor

in mobile equipment, citing improved efficiency, control flexibility, and fast response.

Finally, [59] described the current focus on wind power applications and outlined an

efficiency map that maintains 90% efficiency over a wide operating range. This was

shown to be 10-20% higher than conventional swash plate devices.

Discrete piston control using electrohydraulic valves on each piston has also been

investigated by a number of other researchers. In [67], discrete piston control was

proposed as a way to create compact pump/motors for hydraulic hybrid vehicles. They

proposed using one 3-way valve to select pressure or tank and another 2-way valve

to enable/block each piston. This arrangement allows control strategies described as

Partial Flow Diverting and Partial Flow Limiting. Partial Flow Diverting connects

the piston chamber to tank for part or all of the power stroke, whereas Partial Flow

Limiting closes off the piston chamber for part of the down-stroke, allowing the piston

to draw a void in the chamber. The piston chamber is not opened again until the piston

has moved up enough to fill the void again. The advantage of Flow Limiting is that it

reduces the throttling loss across the tank valve. However, it does require drawing air

into the hydraulic oil, which may cause cavitation or system compressibility problems.

The paper states that more investigation of this approach is needed. Beyond describing

the piston control strategies, the paper models the throttling loss across the valves, and

describes the requirements of a fast, large valve for discrete piston control.

The authors in [68], [69], [70], [71], and [72] continued research into the Flow Divert-

ing and Flow Limiting strategies, with a model and experimental apparatus to examine
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the different approaches. The architecture in these papers was to use either 2 2-way

valves or a bi-directional check valve. The design of the bi-directional check valve,

which is a two-stage poppet valve, was described in [68], which presents a model and

measured results of the valve. Merrill et al. [69] described the Flow Limiting and Flow

Diverting (either partial or whole stroke) control strategies and presented results of sim-

ulated losses in each case. They found that the Partial Stroke Flow Diverting had the

highest losses due to throttling across the on/off valves. In [70], a single-piston test rig

was described for testing the Flow Limiting and Flow Diverting strategies, as well as

the bi-directional check valve. This paper presents traces showing the operation of the

pump operating with different control strategies. In his Ph.D thesis [71], Merrill further

investigated the different control strategies, and he presented the simulation model used

to study the system along with simulation results in a number of operating conditions.

He found that the partial flow diverting strategy was the least efficient in high-speed,

low pressure conditions, but that there was little difference between the strategies in

other conditions. He pointed out that the electrical energy needed to control the valves

is not insignificant, and can be > 15% of the total output power in high-speed, low-

displacement conditions. That paper also correlated experimental and simulation results

for a 3-piston inline pump using off-the-shelf on/off valves. He highlighted that a large,

fast valve with repeatable timing is crucial for the efficient operation of the system.

Holland [72] further described the different piston control strategies and presented the

details of experimental results from both a single piston and a 3 piston test set-up.

In [73], a 3-piston inline pump was converted from being controlled by passive check

valves to being controlled by actively controlled switching valves. The volumetric and

mechanical efficiencies were measured in the baseline and modified states. Due to the

valves selected, the efficiency in the modified case was lower than the baseline, but the

modified system was able to provide variable displacement capability. The electrical

power to the valves was found to reduce the efficiency in the range of 8−15%. Efficiencies

measured in the partial displacement cases were lower than in the full displacement case.

Heikkila et al. [74] used a similar 6-piston inline device, but added 3 switching valves

to each piston instead of 2. This allowed the device to act as a hydraulic transformer

with a mechanical shaft input. Each piston was connected to tank and two different

output ports, while the shaft was driven by a motor. This configuration allows for
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multiple loads to be driven, for power to be put back on the motor shaft from either

load, or for power transfer between the two loads. The control approach used was to

enable/disable pistons for their entire stroke, which lead to significant ripple on the

output. An accumulator was used to smooth the output. The efficiency of the device

reached a maximum in the low 80s at 100% displacement, and decreased for lower

displacements. Experimental results showed the pressure ripple, pressure response time,

the reaction to flow disturbances, and power sharing between two loads.

Armstrong and Yuan [75] applied the concept of controlling discrete pumping el-

ements to a geroter-type pump/motor. Instead of controlling individual pistons, the

authors applied 2 2-way valves to each pocket in the star of a geroter. By selecting

which chambers were active, they showed that, for example, a 7-chamber device could

have 27 different configurations that provide a wide range of output torques in the mo-

toring case. The paper described control logic for selecting the ideal configuration and

presented simulation results.

Finally, a different type of discrete chamber control was described in [76]. In this

research, actively controlled valves were used to connect discrete chambers in a multi-

chamber hydraulic cylinder to pressure or tank. The individual chambers have different

areas so that different combinations of chambers create different output forces. By

applying this approach to two sides of a double-acting cylinder, a digital hydraulic

transformer can be created that allows for a variable transformation ratio based on the

chambers selected.

The results presented in this thesis are different from the existing research in a

number of ways. In contrast to many of the discrete piston designs, the approach

taken in this thesis is to use a hydro-mechanical control mechanism to enable/disable

individual pistons, which has advantages and disadvantages. The primary disadvantage

is reduced flexibility when compared with electrical valve control; only one control

mode can be used, and the timing of the valves cannot easily be adjusted for varying

input conditions. However, using a mechanical control design can greatly simplify the

packaging and control of the device, and it can result in a more robust system than a

device that utilizes multiple actively controlled valves per piston. The actuation power

for a mechanical control system is strictly mechanical and hydraulic, which are readily

available in a hydraulic pump/motor. With mechanical or hydraulic actuation, there is
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no holding power required, as there is in many actively controlled valves. By using a

control device that is mechanically coupled to the pump/motor shaft, reliable timing can

be ensured. Finally modeling of the losses in the pump/motor shows that the primary

efficiency benefits of the discrete piston approach can be achieved using a mechanically

controlled device. In chapter 5, a detailed investigation of the way that power losses scale

in both a discrete piston device and a conventional swashplate type device is presented.

This comparison, which outlines the primary benefit of discrete piston control, is first

presented in this thesis. An investigation of the flow ripple characteristics of different

piston disabling strategies is also introduced in chapter 5.

The mechanical control approach taken in this thesis is a similar direction to the

one taken in [57], [55], and [58], although there are a number of differences. Unlike [57]

and [55], the work presented in this thesis will apply to a motor as well as a pump, and

in contrast to [58], the design will utilize stationary piston cylinders, which removes the

need for a port plate to communicate oil to rotating pistons. Instead of an adjustable

cam, the control of the effective pump/motor displacement will be achieved using a

two degree-of-freedom valve that can translate and rotate. By coupling the rotary

movement to the pump/motor shaft, only the axial position of the single rotary valve

must be adjusted to control the displacement of each piston.

1.2 Overview

In this thesis, a number of different aspects of on/off valve controlled hydraulic circuits

are considered, such as circuit design, power loss reduction, on/off valve design, and

a combination of on/off valves and a pump/motor. In chapter 2, one type of on/off

valve circuit is considered: a Virtually Variable Displacement Pump (VVDP). A system

model is developed that is used to describe a trade-off between the speed of response

of the system and the ripple on the output pressure. Sources of energy loss are also

predicted, and then compared with experimental measurements of the circuit. In chapter

3, a novel concept for reducing the power loss in an on/off valve controlled circuit is

described. This soft switching approach borrows from designs developed for electronic

switching converters that use small capacitances to temporarily route fluid away from a

transitioning switch. The model of the soft switching device is integrated into a VVDP,
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but it can also be applied to many different on/off valve controlled systems. This concept

is shown through simulation to have significant potential for reducing power loss in a

hydraulic switching circuit. In chapter 4, a design for a new type of rotary on/off valve

is presented, and its design is formulated as an optimization problem. The rotary valve

that is described has the potential to efficiently achieve very high switching frequencies,

due to the fact that it rotates continuously in one direction and does not require the

acceleration/deceleration of a valve element that is typical in conventional linear valves.

However, the rotary valve structure creates a number of constraints that create tradeoffs

between different mechanisms of power loss and performance. The optimal design of

the valve is presented as a way to minimize the power loss while still meeting specified

performance constraints. This approach is described for both a VVDP and a VVDPM.

In chapters 5, 6, and 7, a different approach for using on/off valves to improve hy-

draulic system efficiency is explored. The two-degree of freedom rotary valve described

in the previous chapter is used to control individual pistons of a hydraulic pump/motor.

Controlling individual pistons in a pump has the potential to improve efficiency, par-

ticularly at low displacements, by removing pressure from pistons when they are not

needed. This is in contrast to conventional pumps and motors that maintain pressure,

and thus leakage and friction, on all pistons regardless of the displacement. There are

several advantages to integrating the rotary valve with a pump/motor. First, by us-

ing the valve to control the flow from individual pistons, less power flows through the

valve, which benefits some of the design tradeoffs described in chapter 4. Second, by

controlling individual pistons, the on/off valve can reduce losses that are present in a

conventional piston pump/motor. Finally, by using a rotary valve, the large number

of electronically controlled valves that are used in competing discrete piston pumps

are avoided. Chapter 5 presents an analysis of the losses in a conventional and dis-

crete piston pump/motor, demonstrating the potential efficiency improvement that can

be achieved through the use of discrete piston control. Several different strategies for

achieving discrete piston control, such as whole piston disabling and partial stroke dis-

abling are described and compared. In chapter 6, the detailed design of the discrete

piston prototype is presented. Several design concepts for creating a mechanically con-

trolled discrete piston pump/motor are compared, and a design is selected. A dynamic

model of the selected concept is presented, and the detailed mechanical design of the full
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pump/motor prototype is described. Finally, in chapter 7, experimental results of the

discrete piston controlled pump/motor are presented, showing the dynamic operation

of the device along with measured efficiency results.



Chapter 2

Virtually Variable Displacement

Pump

In conventional hydraulic systems, control of the power in the system is often achieved

through the use of throttling valves. Much like how the power in electrical systems can

be controlled inefficiently by dissipating power across resistors, hydraulic control using

throttling valves operates by converting excess power into heat. This dissipative form

of control is a significant source of wasted energy in hydraulic systems.

A different approach has been proposed that achieves control by transforming power

rather than dissipating it. In an analog to an electrical switching DC-DC converter,

control of hydraulic systems can be achieved through the use of switching valves and

energy storage elements. In contrast to throttling valves, which are typically only par-

tially open, resulting in a large pressure drop across them, switching valves are held

in either the fully-open or fully-closed state. Control is then achieved by adjusting the

ratio of the time spent in the open state to the time spent in the closed state with

energy storage elements used to smooth the input and output power.

There are numerous architectures for on/off valve control that can be implemented

in hydraulic systems to achieve different control objectives, such as controlling the power

out of a pump, the power out to an actuator, distributing power to multiple actuators,

or transforming power between two different pressures. In this chapter, a circuit that

25
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uses an on/off valve to control the power out of a pump will be studied.1 However,

many of the equations and conclusions derived in this chapter can be easily adapted to

other circuit architectures.

In many hydraulic systems, the speed of the pump that generates the hydraulic

power cannot be manipulated to control the power output of the pump, since pumps

are often driven by constant-speed electric motors or internal combustion engines that

power multiple systems simultaneously. For systems with a fixed displacement pump,

that means the flow out of the pump is typically not matched to the flow required by the

rest of the hydraulic system. In this case, the excess flow must be diverted away from

the load, which, in a conventional throttling valve case, is done at the load pressure.

The bleed off of the excess flow at high pressure results in a significant energy loss. The

on/off valve circuit described in this chapter is designed to prevent this energy loss.

There is another method of controlling the power out of a pump that makes use

of variable displacement pumps. In this case, the displacement of the pump is varied

so that, regardless the speed of pump, the flow out to the hydraulic system is equal

to the flow that is required by the load. This approach is significantly more efficient

than throttling valve control, but it requires the use of variable displacement pumps

and circuit elements to control them. Variable displacement pumps are typically larger

and more expensive than fixed displacement pumps, and many low-cost applications do

not use them.

In this chapter, an on/off valve circuit is studied which uses an on/off valve, a check

valve, a fixed displacement pump, and an accumulator to create a hydraulic power

source with a variable output flow, which can be referred to as a Virtually Variable

Displacement Pump (VVDP). In the next section, the concept and system equations of

the VVDP are described. In section 2.2, the trade-off that exists between the output

ripple and the response time is discussed, and section 2.3 describes the mechanisms of

power loss in a VVDP. Section 2.4 contains experimental results of a VVDP system,

and concluding remarks are presented in section 2.5.
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(a) DC-DC boost converter (b) PWM variable displacement pump

Figure 2.1: Electrical DC-DC boost converter and its hydro-mechanical analog. The

electrical DC-DC boost converter is a transformer between input (Vin) and output

voltages (Vout). In the hydro-mechanical analog, it is a transformer between prime

mover torque input (Γ) and pressure output (Pout).
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2.1 Concept and System Model

The concept of a PWM based virtually variable displacement pump comes from the

DC-DC switched mode boost converter found in power electronics. Figure 2.1 shows a

comparison between the two systems.

In the hydraulic case, the high speed on/off valve mimics the transistor in the elec-

trical case, switching the circuit between two different states. The inertia of the fixed

displacement pump and the prime mover (and optionally a flywheel) is the functional

equivalent of the inductor; it serves to smooth the torque load on the prime mover

driving the pump. The check valve acts as a diode and ensures that there is no back

flow from the load when the PWM valve is open. The accumulator, the analog of a

capacitor, provides smoothing of the output power.

The system cycles between two modes of operation. When the on/off valve is closed,

the check valve opens, and the full flow of the pump is directed to the load and accu-

mulator. Flow not used by the load fills the accumulator. Once the on/off valve opens,

the full flow of the pump is diverted to tank. This causes the pressure on the inlet

side of the on/off valve to drop below the accumulator pressure, which causes the check

valve to close. The accumulator then provides the flow to the load until the on/off valve

closes again. The engine torque is used to store energy in the rotating inertia. As such,

the circuit in Figure 2.1 boosts the prime mover torque input Γ to the output pressure

Pout when Γ and Pout are seen as effort variables in a transformer.

The following equations describe the dynamic behavior of a VVDP circuit and can be

used to study its characteristics. In developing a model of the system, several simplifying

assumptions are made. The driving pump is assumed to be an ideal flow source, the

check valve is assumed to open instantaneously, fluid friction and leakage are assumed to

be negligible, the accumulator is assumed to operate adiabatically, and the fluid inertia

effects are assumed to be insignificant. With these assumptions, the system is modeled

as a three state system with the inertia of the pump rotor and flywheel, the compressed

oil on the inlet side of the system, and the compressed gas in the accumulator as the

energy storage elements.

Summing the engine torque Γ(t) and the torque induced by the inlet volume pressure

1 Some of the material in this chapter was originally published by ASME in [26].
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Pin on the drive shaft yields:

Jf ω̇ = −D
2π
Pin + Γ(t) (2.1)

where Jf is the rotary moment of inertia of the pump, motor, and flywheel, ω is the

rotational velocity of the pump, and D is the displacement of the pump. Pin is the

pressure in the inlet volume, Vin, which extends from the pump outlet to the check

valve and the PWM valve (see Fig. 2.1(b)). The dynamic equation for the compressible

oil volume is:

Ṗin =
β(Pin)

Vin

(
Dω

2π
−Qpwm −Qcheck

)
(2.2)

where β(Pin) is the pressure dependent bulk modulus of the fluid, Qpwm is the flow

through the on/off valve, and Qcheck is the flow through the check valve.

The bulk modulus of the oil relates to its stiffness and is defined by the following

equation:

β = −V dP
dV

(2.3)

where V is the volume of the fluid being compressed/decompressed, and dP/dV is the

rate of change of pressure with respect to the change in volume. For typical air-free

hydraulic oils, values in the range of 10000− 18000bar are typically used.

When air is introduced into a hydraulic system, the stiffness of the oil can decrease

dramatically, particularly at low pressures. Several authors have developed equations

for the effective bulk modulus when air is present in the oil, such as [77, 78]. In [79],

the stiffness of the container is also taken into account. The container stiffness can be

a significant issue when flexible hydraulic hoses are used, however, the fluid chambers

studied here can (and should) be designed to be inside a solid manifold, so the container

stiffness is neglected. The equation for the bulk modulus derived in [77] is:

βY u =
βoil

(
1 + 10−5P

)1+1/γ

(1 + 10−5P )1+1/γ + 10−5R (1− cP ) (βoil/γ − 105 − P )
(2.4)

where βoil is the bulk modulus of air-free oil, P is the gauge pressure of the oil in Pa,

γ is the ratio of specific heats for the gas (typically 1.4 for air), R is the fraction of

the volume that is air at atmospheric pressure, which is typically between 0 and 0.1,

and c is the coefficient of air bubble variation due to air being dissolved into the oil at
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Figure 2.2: Effective bulk modulus for different models and amounts of entrained air

high pressures. This value must be non-negative, and cP < 1 over the pressure range

of interest.

A similar equation was derived in [78]:

βWang =
1 +

(
Va0−Vad
Vf0

) (
P0
P

)1/γ
1 +

(
βoil
γP

)(
Va0−Vad
Vf0

) (
P0
P

)1/γ βoil (2.5)

where Va0 is the volume of air at atmospheric pressure, Vad is the volume of oil dissolved

in the oil, Vf0 is the volume of fluid, and P0 is atmospheric pressure.

Figure 2.2 shows the results of the two bulk modulus equations, Eq. (2.4) and

Eq. (2.5), for different amounts of entrained air. For both models, it is assumed that no

air is absorbed into the fluid as the pressure is increased. The amount of air entrained

with the oil is very difficult to know for a given system, and depends on the design of

the hydraulic components and circuit, as well as the quality of the seals and the amount

of churning and mixing the oil goes through when in contact with air. In Fig. 2.2 it

is clear that both models produced similar results, and only differ appreciably for high
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amounts of air entrainment. While the bulk modulus does converge to the constant

value of βoil at high pressures, at low pressures, the bulk modulus is only a fraction of

the high-pressure value. For fluid volumes that experience repeated transitions between

high and low pressures, this effect must be taken into account. Using a simplified model

with a constant bulk modulus can significantly under estimate the compliance of the oil

at low pressures, which occur regularly in an on/off valve controlled system.

The PWM valve is modeled as an orifice with a time varying area a(t):

Qpwm = a(t)K
√
Pin (2.6)

where K = Cd

√
2
ρ with Cd being the discharge coefficient, and ρ being the oil density.

The orifice area, a(t), is the control input to the system.

The check valve is assumed to exhibit a fixed pressure drop, ∆Pcheck, when it is

open. Thus, Qcheck(t) is given by:

Qcheck =

0 if Pin < Pout + ∆Pcheck

D
2πω −Qpwm if Pin ≥ Pout + ∆Pcheck

(2.7)

where Pout is the pressure in the accumulator. This equation includes a quasi-static

assumption on the inlet pressure when the check valve is open. This is reasonable

since the pressure dynamics for both Pin and Pout are governed by the relatively slow

accumulator when the check valve is open.

Since the accumulator volume changes at a high frequency, it is assumed that the

dynamics of the gas in the accumulator are defined by the equation for the adiabatic

compression of an ideal gas:

Pout (t)V γ (t) = P0V
γ

0 (2.8)

where V is the volume of the gas in the accumulator and Po and Vo are the initial

pressure and volume of the gas in the accumulator. The adiabatic assumption is valid

since the charging/discharging cycles of the accumulator in an on/off valve controlled

system are typically too fast to allow for significant heat transfer between the gas in the

accumulator and the environment.

Differentiating Eq. (2.8) with respect to time and defining −V̇ as the net flow into
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the accumulator gives the following equation for the outlet pressure of the system:

Ṗout = γ
Pout
V

[Qcheck −Qout(t)]︸ ︷︷ ︸
−V̇

(2.9)

where Qout is the output flow rate and depends on the characteristics of the load. In

summary, the system state equations are:

Jf ω̇ = −D
2π
Pin + Γ(t) (2.10)

Ṗin =
β(Pin)

Vin

(
D

2π
ω −Qpwm −Qcheck

)
(2.11)

Ṗout = Kacc(Pout)(Qcheck(t)−Qout(t)) (2.12)

where Kacc(Pout) is the volumetric stiffness, in units of Pa/m3, of the accumulator,

given by:

Kacc(Pout) = γ
P

(1+1/γ)
out

P0
1/γV0

(2.13)

In the next section, this model will be used to study the trade off between the dy-

namic response of the system and the on/off valve induced pressure ripple in a virtually

variable displacement pump.

2.2 System Dynamics

The primary dynamic response is studied under the assumption that the dynamics of

the inlet oil volume do not play a significant role2. This assumption is based on the

fact that a hydraulic oil volume is typically many times stiffer than an accumulator. It

is further assumed that the PWM valve opens and closes instantaneously. While this is

an approximation, the valve transition time must be small in comparison to the PWM

period for any PWM system to operate efficiently. With these two assumptions, the

system reduces to:

Jf ω̇ = −u(t)
D

2π
(Pout + ∆Pcheck) + Γ(t) (2.14)

Ṗout = Kacc(Pout)

[
u(t)

D

2π
ω −Qout(t)

]
(2.15)

2 The inlet volume does have an effect on the efficiency, which is studied in Section 2.3.2.
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Figure 2.3: Pulse-width-modulated Input Signal

u(t) ∈ {0, 1} is the input to the reduced system and represents the state of the on/off

valve. For control via pulse-width-modulation, u(t) is generated by comparing the

desired duty ratio, s(t) ∈ [0, 1], to a periodic sawtooth wave (Fig. 2.3):

u(t) =

1 if s(t) ≥ (t/T ) mod 1

0 if s(t) < (t/T ) mod 1
(2.16)

where T is the period of the PWM cycle.

State-space averaging, which consists of using the duty ratio to average the system

dynamics in the on and off states, can be used in the analysis of switch-mode systems

[80]. The design rule-of-thumb is that if the switching frequency is at least on the

order of 4-10 times faster than the control bandwidth, the method is accurate [33].

At lower frequencies, this technique may introduce inaccuracy leading to instability or

steady-state bias when a feedback controller is designed based on the averaged system.

Applying state-space averaging, the average system dynamics can be written as:

Jf ˙̄ω = −s(t) D
2π

(P̄out + ∆Pcheck) + Γ(t) (2.17)

˙̄Pout = Kacc(P̄out)

[
s(t)

D

2π
ω̄ −Qout(t)

]
(2.18)

where P̄out and ω̄ correspond to the averaged state variables.

Equations (2.17)-(2.18) are valid under the assumption that all the dynamic states

are slowly varying in comparison to the control input, s(t) ∈ [0, 1].

In steady-state, the equations become:

Qout(t) =
s(t)D

2π
ω̄; Γ(t) =

s(t)D

2π
(P̄out(t) + ∆Pcheck) (2.19)
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These equations show that the flow out of the system and the torque on the prime mover

are modified by the duty ratio s(t), representing a pump with an effective displacement

of s(t)D.

In the next section, these average dynamic equations are used to describe the pres-

sure ripples on the system output, which are an inevitable feature of on/off controlled

systems. In section 2.2.2, the dynamic response of the system is discussed for a system

with a simple loading condition.

2.2.1 Pressure Ripples

Consider first the pressure ripples when P̄out is constant, corresponding to a constant

duty ratio s. Since the prime mover speed typically varies much slower than the PWM

frequency, this analysis is restricted to when ω̄ is constant. If the pressure ripple is

small such that Kacc(Pout) ≈ Kacc(P̄out), then from Eqs. (2.15), (2.16) and (2.19), the

instantaneous (not average) pressure dynamics are given by:

Ṗout ≈

Kacc(P̄out)
Dω̄
2π (1− s) if t mod T ≤ s · T

−Kacc(P̄out)
Dω̄
2π s if t mod T > s · T

(2.20)

Integrating this equation over T yields a sawtooth ripple waveform with its amplitude

given by:

Pripple = Kacc(P̄out)
Dω̄

2π
T (1− s)s (2.21)

= 4Pmaxripple(1− s)s

where Pmaxripple is the maximum ripple magnitude achieved when s = 0.5:

Pmaxripple =
1

4

[
Dω̄

2π

]
Kacc(P̄out)T (2.22)

Equation (2.21) shows that, for a given operating pressure P̄out and maximum pump

flow, the ripple size can be reduced by increasing the PWM frequency or by decreasing

the accumulator’s volumetric stiffness Kacc(P̄out) in Eq. (2.13). The latter is in turn

achieved by increasing the accumulator precharge volume V0 or pressure P0. Increasing

the PWM frequency can often be a challenge due to the speed of response of conven-

tional switching valves and power losses that increase with the switching frequency, as

described in section 2.3.
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2.2.2 Dynamic Response and Feedback

The dynamic response of the system cannot be determined without the load character-

istic. For simplicity, consider a case of an orifice load:

Qout = Kload

√
Pout (2.23)

The average system becomes:

˙̄Pout = Kacc(P̄out)

[
s
Dω̄

2π
−Kload

√
P̄out

]
(2.24)

For a duty ratio s∗, let the corresponding equilibrium pressure be P̄ ∗out such that s∗Dω̄2π =

Kload

√
P̄ ∗out. Then, assuming the pressure changes are small enough that Kacc

(
P̄ ∗
)

can be considered a constant, the linearized dynamic equation of the pressure error,

P̄e = P̄out − P̄ ∗out, is:

˙̄Pe = −Kacc(P̄
∗
out)

Kload

2
√
P̄ ∗out︸ ︷︷ ︸

λ

P̄e +Kacc(P̄
∗
out)

Dω

2π
s̃ (2.25)

where s̃(t) = s(t)− s∗. The magnitude of the open loop system eigenvalue, λ, increases

linearly with the accumulator’s volumetric stiffness, Kacc(P̄
∗
out). This is achieved by

decreasing the precharge volume V0 or pressure P0.

Note that a trade off exists between the ripple size in Eq. (2.21) and open loop

system bandwidth (λ in Eq. (2.25)). In fact,

Pmaxripple

λ
=
T

2

[
Dω̄

2π

] √
P̄out

Kload
(2.26)

The ripple size (Pmaxripple) and the time constant (1/λ) are hyperbolically related (Fig.

2.4). Thus, if pressure ripple is decreased, the time constant of the system is also in-

creased. This relationship is independent of the accumulator parameters. This equation

highlights a fundamental trade off in the design of on/off controlled systems; the energy

storage elements needed to smooth the discontinuous power output from the switching

valves also have the effect of reducing the response speed of the system. This trade off

can be alleviated by increasing PWM frequency or by reducing maximum pump flow.

Adding feedback control can significantly improve this trade off by decreasing re-

sponse time with little effect on ripple size. For example, the feedback equation:

s̃ =
2π

Dω
Kfb(P

∗ − P̄out(t))
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changes the closed loop eigenvalue from −λ to −(λ + Kacc(P̄
∗
out)Kfb). The feedback

gain, Kfb, can be chosen arbitrarily large subject to saturation. Figure 2.4 demonstrates

the improvement in the system dynamics that can be achieved using feedback control.

By implementing closed-loop pressure control, both the response time and the ripple

magnitude can be reduced without increasing the PWM frequency.

2.3 Power Loss Mechanisms

Identifying the sources of energy loss in a PWM controlled hydraulic system is critical to

designing efficient virtually variable displacement pumps. Cao et al. [7] explain that the

efficiency and performance of a real switch-mode hydraulic system may be degraded by

transition time in the PWM valve, fluid compressibility in the inlet oil volume, pressure

drops across the PWM and check valves, closing time for the check valve, hysteresis in

the accumulator bladder, fluid friction, and leakage.

The goal in this section is to quantitatively examine three of these sources of power

loss and develop guidelines for the design of efficient virtually variable displacement
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pumps. The types of loss that are investigated are throttling through the fully open

PWM and check valves, loss due to the compressibility of the hydraulic oil, and throt-

tling through the PWM valve as it transitions between open and closed. These three

effects are considered independently here as an approximation, although in reality, the

different sources of loss are acting simultaneously and will have some interaction.

2.3.1 Full Open Valve Throttling

The primary reason for developing on/off controlled systems is to minimize loss due

to valve throttling. However, as with any valve, a small throttling loss still occurs

across the PWM and check valves, which is quantified here. The valve transition time

is assumed to be negligible in comparison with the full open time in this analysis.

Let the pressure drops across the fully open PWM valve and the check valve be

∆Ppwm and ∆Pcheck. The power loss is then:

Lopen = ∆Ppwm(1− s(t))Dω
2π

+ ∆Pchecks(t)
Dω

2π

=
Dω

2π
(∆Ppwm + (∆Pcheck −∆Ppwm)s(t)) (2.27)

Eq. (2.27) reveals that Lopen is a convex combination of losses in the check valve

and the PWM valve, and it increases with pump flow. ∆Pcheck and ∆Ppwm combine to

produce a loss that is dependent on the duty ratio, s(t), whereas the constant loss term

is a function of only ∆Ppwm. Clearly, reducing the full-open pressure drop through the

PWM and check valves will reduce this source of power loss.

2.3.2 Compressibility Loss

Every time the inlet volume transitions from low to high pressure, energy must be used

to compress the fluid, which is then lost when the PWM valve opens. The energy

required to compress a unit of fluid from atmosphere to a given pressure is:

E =

∫ V f

V0

P (V ) dV =

∫ P

P0

V (p)
p

β (p)
dp (2.28)

where the definition of the bulk modulus in Eq. (2.3) is used to change the variable of

integration. In this equation, V0 is the initial volume of the fluid being compressed, Vf
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is the final volume, P0 is the initial pressure of the fluid volume, and P is the pressure

to which it is being compressed. Equation (2.3) can also be integrated to determine the

compressed volume of the fluid at a given pressure:

Vf (P ) = V0e
−

∫ P
P0

p
β(p)

dp
(2.29)

Combining Eqs. (2.28) and (2.29) gives the following equation for the energy stored in

the fluid:

E (P, V0) =

∫ P

P0

V0e
−

∫ p
P0

p̄
β(p̄)

dp̄ p

β (p)
dp (2.30)

This equation is similar to one derived in [81], which uses the energy stored in the

fluid in defining a storage function for deriving passivity-based controllers for hydraulic

actuators. Equation (2.30) can be numerically integrated using a model for the pressure

dependent bulk modulus, such as Eq. (2.4) or (2.5). Figure 2.5 shows the result of

such an integration using the Eq. (2.4). Clearly, more air in the fluid results in more

energy being required to raise its pressure. The compressibility loss varies significantly

at different pressure, which is determined by the load. However, the compressibility loss

also varies linearly with the inlet volume, which can be reduced through proper system

design.

2.3.3 Transition Loss

When an on/off valve transitions between open and closed states, the open area through

the valve becomes small, resulting in a momentary rise in the energy lost to throttling

across the valve. The energy loss per cycle due to this increased throttling is:

Etrans =

∫
tclose

Pin(t)Qpwm(t) dt+

∫
topen

Pin(t)Qpwm(t) dt (2.31)

where tclose and topen are the intervals during one PWM period when the PWM valve

is in transition, and Qpwm is the flow through the PWM valve. It is assumed that the

pressure-driven check valve transition is much faster than the PWM valve transition,

and thus, the transition loss is dominated by throttling through the PWM valve.

Relationships are needed to describe Pin(t) and Qpwm(t) while the PWM valve is in

transition. We assume that Pout is constant for the purpose of estimating the transition
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loss. If Pin < Pout + ∆Pcheck, the check valve is closed and all of the flow goes through

the PWM valve:

Pin(t) =

(
Dω

2πa(t)K

)2

Qpwm(t) =
Dω

2π
(2.32)

where K contains the constant coefficients in the orifice equations, which can also be

written as cd

√
2
ρ for a certain orifice coefficient cd and oil density, ρ. If the inlet pressure

is high enough to open the check valve, the pressure and flow rate are determined by:

Pin(t) = Pout + ∆Pcheck Qpwm(t) = Ka(t)
√
Pout + ∆Pcheck (2.33)

Note that for effective on/off control, a(t) must be large enough so that, when the on/off

valve is fully open, Pin < Pout. Otherwise, the check valve will not close.

To solve for the transition loss, the integrals in Eq. (2.31) are split, corresponding

to Eqs. (2.32) and (2.33):

Etrans,close =
D3ω3

8π3K2

∫ tc

t0

dt

a(t)2
+ (Pout + ∆Pcheck)

3/2K

∫ tclose

tc

a(t) dt (2.34)

Etrans,open = (Pout + ∆Pcheck)
3/2K

∫ tc

t0

a(t) dt+
D3ω3

8π3K2

∫ topen

tc

dt

a(t)2
(2.35)

where t0 is the beginning of each transition and tc is the time when the check valve opens.

The first term of Eq. (2.34) and the second term of Eq. (2.35) represent the transition

when the check valve is closed and Qpwm is constant. The other terms represent the

cases when the check valve is open and the pressure is constant. The value of tc can

be determined from the fact that at tc, a(tc) = Dω
2πK

√
Pout+∆Pcheck

, which follows from

Eqs. (2.32) and (2.33).

In the ideal case, a(t) is known, and the integrals in Eqs. (2.34) and (2.35) can be

easily solved. For example, if the area follows a quadratic profile, a(t) = ct2, where the

constant c is determined from c = aopen/t
2
open, then the energy lost for opening is:

Etrans,open =
topenDω∆P

1/4
pwm

6π

[
2 (Pout + ∆Pcheck)

3/4 −∆P 3/4
pwm

]
(2.36)

In this quadratic case, which would result from a constant force being applied to

the valve spool, it is evident that decreasing the valve transition time and ∆Ppwm will

reduce the transition loss. Unfortunately, Eqs. (2.34) and (2.35) are not symmetric, and
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the solution for the closing case with a quadratic area profile is complicated and does

not provide the same design intuition. While Eq. (2.36) only represents a valve with

a quadratic opening profile, the conclusion that reducing the transition time and fully

open pressure drop reduces the transition loss is applicable to other valve trajectories.

The actual profile for a(t) can be obtained though studying the valve geometry,

matching observed pressure profiles, or estimating by applying simplifying assumptions.

For comparison with the experiments described in section 2.4, valve geometry and ob-

served profiles were used. The PWM valve that was used had a number of circular

orifices with a diameter of d = 3.5mm. Using the equation for a partially covered

circular port [82], the area was determined to be:

a(t) = 4

[
d2

2
arctan

(√
x(t)

d− x(t)

)
− (d− x(t))

√
x(t)(d− x(t))

]
(2.37)

where x(t) is the effective spool displacement. Equation (2.37) assumes no overlap

between the spool and orifice. It was found that a sinusoidal position profile produced

a good match with the experimentally measured pressure profiles shown in Fig. 2.6:

x(t) =


d
4(1− cos

(
2πt
Topen

)
opening

d
4(cos

(
2πt

Tclosed
+ 1
)

closing
(2.38)

The opening and closing times, Topen = 20ms and Tclose = 40ms, were chosen to obtain

the best fit for Pin during transition.

The equations that describe the different types of loss in a virtually variable dis-

placement pump can be divided into constant losses, duty ratio dependent losses, and

switching frequency dependent losses. This can be useful when designing a system

and selecting the PWM frequency. The losses across the PWM and check valves are

dependent on the amount of flow through them. Therefore, they are expected to be

proportional to duty ratio. The throttling loss during transition and the loss due to

compressibility in the inlet volume occur every PWM cycle and can be expected to be

proportional to frequency. Combining these losses, the overall average power loss in the

system can be written as:

Powerloss = a0 + a1 · s(t) + a2(Pout) · f (2.39)
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Figure 2.6: Inlet pressure profile during PWM valve transition
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where a0, a1 and a2 are the constant, duty ratio, and frequency coefficients:

a0 = ∆PpwmQpump (2.40)

a1 = (∆Pcheck −∆Ppwm)Qpump (2.41)

a2(Pout) = Ecomp(Pout) + Etrans(Pout) (2.42)

Notice that in an actual system, constant effects such as leakage and fluid friction

would also increase a0, but these are assumed to be small and are not considered in this

investigation.

Since the third term in Eq. (2.39) is proportional to frequency, minimizing a2 is

critical for the design of efficient PWM systems as the switching frequency is increased

to improve the trade off described in Eq. (2.26). This is accomplished by minimizing the

compressibility and transition losses. Equation (2.34) and (2.35) indicate that reducing

the loss due to transition is achieved by minimizing the amount of time that the valve

spends between the on and off states. However, there can be a trade-off between a short

transition time and a large open area, which is desired for reducing ∆Ppwm. Knowing

the magnitude of the coefficients in Eq. (2.39) is useful in designing the PWM valve and

selecting the desired switching frequency.

2.4 Experimental Studies

Experimental measurements of the efficiency of a PWM hydraulic system are presented

in this section and compared to a throttling valve system. In addition, the effect of PWM

frequency on the output ripple and closed-loop pressure control are demonstrated.

The experimental apparatus used to create the VVDP circuit shown in Fig. 2.1(b) is

shown in Fig. 2.7. The fixed displacement gear pump is integrated with the oil reservoir

(G) and provides 5.68l/min, and components are sized for that flow. The PWM valve

(C) is a linear proportional valve, which has a manufacturer specified transition time

of 20ms and a full-open pressure drop of ∆Ppwm = 4.3bar at the full pump flow. The

check valve has a fully open pressure drop of ∆Pcheck = 0.28bar.

A nitrogen-filled diaphragm accumulator (D) has an initial gas volume of 0.16l and

a pre-charge pressure of 41bar. Since the pump is driven by an AC induction motor,

it is assumed that the pump speed is held constant, eliminating the need for a large
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Figure 2.7: Experimental apparatus

inertia. The hydraulic load in the system is an adjustable needle valve (H). The hose

and manifold making up the inlet volume is Vin ≈ 40cm3. The system also has pressure

sensors (A, B, and E) on both sides of the check valve, and a flow meter (F) on the

output line.

This experimental apparatus was not designed to be optimal, but to demonstrate

the system performance with simple, readily available components. The PWM valve has

a high full-open pressure drop across it and a long transition time. The inlet volume is

also relatively large to facilitate simple connections. Improving these deficiencies would

create a system with higher efficiency.

The next section presents experimental results showing details of the system oper-

ation over two PWM cycles as well as an experimental relationship between duty ratio

and flow rate. Section 2.4.2 shows the effect of PWM frequency and closed-loop con-

trol on the system performance. Section 2.4.3 presents results that demonstrate the

improvement in efficiency over a throttling valve controlled system, as well as a study

of the sources of energy loss in the system.
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Figure 2.8: Inlet (Pin) and outlet (Pout) pressures over 2 PWM cycles for a f = 10Hz

system with duty ratio s = 0.5

2.4.1 System Operation

A close-up view of the inlet and outlet pressures over 2 PWM cycles at a switching

frequency of 10Hz is shown in Fig. 2.8. Between points A and B, the inlet pressure is

low. The only load on the pump during this time is the pressure drop across the fully

open PWM valve. Between C and A (opening), and again between B and D (closing),

the system is in transition. During these periods, the pressure drop across the valve is

high and the full pump flow is going through the partially open PWM valve; this leads

to a significant loss of energy.

The averaging effect of the accumulator can be seen on the plot of output pressure:

between D and E, the accumulator is charging, and between C and D it is discharging.

The difference between C and D (about 1.3bar) is the output pressure ripple of the

system.

The average output flow rate of the system as a function of the duty ratio is shown in

Fig. 2.9. This plot confirms Eq. (2.19) by demonstrating a linear relationship between
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operating at 5 Hz

the duty ratio and the flow rate. Note that, due to the transition time of the valve, 0

flow occurs at a duty ratio of about 0.15 for 5Hz operation. Below this value, there

is not enough time to fully close the valve and compress the fluid before the valve is

opened again. In this region, no flow is sent across the check valve to the load, but

the PWM valve is still partially closed for part of each period, causing throttling. It is

important to avoid this inefficient region of operation by taking the transition time of

the valves into account when deriving the control signal.

2.4.2 System Dynamics

The open-loop step response of the system was observed by changing the duty ratio to

step from 50% to 60% of the full output flow rate.

The experimentally measured response of the system using a PWM frequency of

5Hz is shown in Fig. 2.10(a). The average output pressure over each PWM cycle was

calculated, and the rise time was defined as the time required for the averaged pressure

to go from 10% to 90% of its final value. The pressure settles to its final value in 3.01s,

and the ripple magnitude (peak to peak) is 4.3% of the nominal output pressure.



47

0 5 10 15 20
4.2

4.4

4.6

4.8

5

5.2

5.4

5.6

5.8
x 10

6 Open−Loop Step Response: 5Hz PWM Frequency 

Time (s)

P
re

ss
ur

e 
(P

a)

(a) f = 5Hz, trise = 3.01s, Ripple=4.3%

0 5 10 15 20
4.2

4.4

4.6

4.8

5

5.2

5.4

5.6

5.8
x 10

6

Time (s)

P
re

ss
ur

e 
(P

a)

Open−Loop Step Response: 10Hz PWM Frequency

(b) f = 10Hz, trise = 2.47s,Ripple=2.0%

Figure 2.10: Experimental open-loop step responses as duty ratio is changed from s =

0.5 to s = 0.6.



48

Test Rise Time (s) Ripple (%)

Open-loop 5Hz 3.01 4.3

Open-loop 10Hz 2.47 2.0

Closed-loop 5Hz 0.28 4.6

Table 2.1: Summary of rise time and ripple magnitude results for the steps depicted in

Figs. 2.10(a), 2.10(b), and 2.11

Equation (2.21) and Fig. 2.4 predict that as PWM frequency is increased, the ripple

magnitude is decreased without increasing the rise time. This effect is demonstrated by

Fig. 2.10(b), where the step response is shown with a PWM frequency of 10Hz. This

experiment showed a rise time of 2.47s and a ripple magnitude of 2.0% of the output

pressure. While the rise time decreased slightly, the output ripple was reduced by more

than half, as predicted by Eq. (2.21). Clearly, increasing the PWM frequency leads to

substantial improvement in the system performance.

Closed-loop control can also improve the trade off between ripple and response time,

as explained in Section 2.2.2. An experiment was run to verify this by using a pressure

control algorithm with the duty ratio computed from the following equation:

s(t) = s∗(Pdes) +Kfb(Pdes − Pout(t)) (2.43)

where s∗(Pdes) is the nominal duty ratio for the desired output pressure Pdes, and

Kfb = 0.25 is the feedback gain. Pdes was chosen to be a step function with initial and

final pressures corresponding to the values in the open-loop step response (Fig. 2.10(a)).

Table 2.1 summarizes the step response time and the ripple magnitude for the open-loop

and closed-loop steps.

The results of this experiment are shown in Fig. 2.11. The closed-loop step response

for a system running at 5Hz had a rise time of 0.28s and a ripple of 4.6%. The rise time

decreased by over 90% compared with the open-loop system illustrated in Fig. 2.10(a)

with little increase in the ripple magnitude.

To demonstrate the ability of the system to track a pressure reference, a sinusoidal

function was added to the nominal pressure. Fig. 2.12 shows the response of the system

tracking a 0.5Hz reference pressure trajectory with little attenuation or phase shift. As

the frequency of the reference was increased, the control signal began to saturate. The
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trise = 0.28s, Ripple=4.6%

saturation level is determined by the accumulator dynamics, and the capabilities of the

pump and the load to fill and to discharge it.

While Eq. (2.43) implements pressure control of the system, feedback from a flow

meter on the load line can easily be used to create a flow-controlled system.

2.4.3 Efficiency

The efficiency of the hydraulic system is defined as the power output to the load

(Q̄outP̄out) divided by the power into the system from the pump (Q̄pumpP̄in). The

efficiencies stated here do not include the pump or driving motor. Note that the mea-

sured pressures and flow rates are averaged over 5 seconds to remove noise and any

effect from the pressure and flow ripple from the measurements. Power and efficiency

were calculated for various duty ratios and PWM frequencies of 1, 2.5, 5, and 10 Hz.

The system power was also measured with the system configured for throttling

valve control. For this experiment, the PWM valve in Fig. 2.7 was instead utilized as a

proportional valve in a bleed-off configuration.
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Figure 2.13 shows the results, with the power lost shown in Fig. 2.13(a), and the

efficiency shown in Fig. 2.13(b). The PWM system is equivalent to the throttling valve

system at high duty ratios, and significantly more efficient over the remaining range of

operation. As the PWM frequency increases, the efficiency of the system decreases. For

both the PWM and proportionally controlled valve, the efficiency decreases to zero at

low duty ratios due to the fact that the power lost remains fairly constant with duty

ratio while the power out to the load decreases. These results demonstrate the potential

of PWM controlled systems in creating efficient hydraulic circuits to replace throttling

valves.

The power lost in the PWM system is shown in Fig. 2.14 fitted to a plane in frequency

and duty ratio. The plane is also rotated to show the quality of fit. The power loss and

efficiency data measurements were taken from a system running at 4.8MPa. Table 2.2

lists the values of the coefficients a0, a1 and a2, as defined in Eq. (2.39), obtained by

fitting this surface, as well as the coefficients determined from the predictive equations

described in section 2.3.
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Coefficient Predicted Experiment

a0(W ) 41.1 39.7

a1(W ) -38.5 -20.1

a2(W/Hz) 6.5 8.3

Table 2.2: Coefficient values in the equation: Powerloss = a0 + a1 · s(t) + a2(Pout) · f
from analysis (Eq. (2.40)-(2.42)), simulation and experiment.

2.5 Discussion

The study of the system dynamics in sections 2.2 and 2.4.2 described the trade off that

exists between the ripple size and the response time. It was also demonstrated that

this trade off can be improved by increasing the PWM frequency and adding feedback

control. However, Eq. (2.39) shows that increasing the PWM frequency also increases

the power loss. Thus, an additional trade off exists between the desired performance

and the system efficiency.

The power loss results listed in the Predicted column of Table 2.2 were derived from

the equations listed in section 2.3. In order to predict the frequency dependent loss

coefficient, a2, a value for the amount of entrained air in the oil must be used. The

predicted value for a2 given in Table 2.2 assumed 1.0% air in the oil, but in reality, this

value is difficult to determine precisely. However, by combining the model equations for

the transition loss and the experimental results, an estimate of the actual air entrainment

can be obtained. Using Eqs. (2.31) through (2.38), the predicted energy loss due to the

valve transition, Etrans, is 5.95J . From table 2.2, a2 was determined experimentally

to be 8.3J . Using the computed value of Etrans, Eq. (2.42) can then be applied to

determine a loss due to fluid compressibility of 2.35J . Solving Eq. (2.30) and Eq. (2.3)

by iteration reveals that this energy loss corresponds to R = 0.085 air entrainment for

the system load pressure, which was about 50bar. While the exact ratio of air to oil

in the actual system is not known, this estimated value seems high, but possible. In

addition to a high degree of air entrainment, alternative explanations for this value for

a2 are a larger than expected inlet volume, more loss in transition throttling due to

inaccuracy in modeling the transition profile, uncertainty in the oil parameters (such

as βoil), or unmodeled losses such as the flexibility of the hoses, which can cause the
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effective compressibility of the system to increase. These results indicate that, in this

system, throttling during the valve transition is responsible for the majority of the

frequency-dependent losses.

The constant loss coefficient, a0, was found to be nearly identical between the model

and the experiment, which validates the assumption that losses due to fluid friction and

leakage were negligible.

The duty ratio loss coefficient calculated using Eq. (2.41) is a1 = −38.5W , whereas

it was found to be a1 = −20.1W experimentally. From Eq. (2.41), a calculated result

that is more negative than the experimental result suggests that either ∆PPWM is too

high or ∆Pcheck is too low in the model.

An attempt was made to explain the source of the discrepancy between the predicted

and experimental values for a1 by increasing the pressure drop across the check valve

in simulation. Increasing ∆Pcheck by 2.07bar reproduces the experimentally obtained

a1 value. However, while some variation in the experimentally measured pressure drop

across the check valve was observed, this additional pressure drop was 50% higher than

the highest measured value. The discrepancy may also be attributable to inefficiencies in

the accumulator, whether through fluid throttling, heat loss, or bladder hysteresis. This

could potentially be due to throttling of the fluid entering and exiting the accumulator,

which is diffitcult to model without knowing the details of the accumulator geometry.

This analysis can be used to determine the relative magnitude of the different sources

of energy loss. Using the coefficients from Table 2.2, the loss is clearly dominated by

the constant and duty ratio dependent losses (a0 +a1 ·s) at low PWM frequencies. This

is equivalent to saying that the loss is dominated by the pressure drop across the PWM

and check valves. However, the frequency dependent transition and compressibility

losses quickly become the primary sources of power loss as the frequency is increased.

This can be seen in Fig. 2.14 where it is clear that the slope of the surface in the

direction of frequency is much greater than the slope in the direction of duty ratio.

For this system, above 5Hz, the majority of the losses can be attributed to frequency

dependent losses associated with compressibility and transition throttling. This analysis

demonstrates the need to minimize the frequency dependent losses, particularly the

transition throttling losses, as the PWM frequency is increased.

While this system operated at a relatively low pressure of 4.8MPa, it can easily be
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scaled up to higher pressures. Typical hydraulic components are designed to operate

at 25MPa or higher, so finding a pump, PWM valve, check valve, and accumulator

that can withstand higher pressures should not be a problem. However, some types of

accumulators, such as the diaphragm style used in these experiments are not intended

to operate over a wide range of pressures with a single precharge pressure. However,

piston type accumulators can be used if higher pressure operation is required.

While several simplifying assumptions are still included in the system model, for the

frequency range studied here, the model appears to reasonably agree with the experi-

mental data, indicating that the significant sources of energy loss have been captured

in the proposed model.

The VVDP is only one of several on/off valve controlled architectures that can be

used in hydraulic systems. One motivation for studying the VVDP is that it makes use

of a constant flow source (the fixed-displacement pump), which has some benefit for

certain high-speed valve designs that will be studied in chapter 4. However, the VVDP

does have competition from conventional variable displacement pumps, which provide

similar or better efficiency benefits to a VVDP without the large flow ripple, although

the VVDP may have some benefits in regards to cost and controllability. In addition, the

VVDP approach can be extended to a multi-circuit system that apportions flow from a

single fixed-displacement pump to multiple hydraulic consumers in sequence [31]. This

extension can have significant efficiency benefits when compared to a traditional variable

displacement pump circuit.

Another on/off valve architecture is an inversion of the VVDP, which uses an on/off

valve to apportion flow from a constant pressure source to an actuator. This can be

called a Virtually Variable Displacement Motor or Actuator, an example of which is

shown in Fig. 2.15. For this circuit, conventional analogs are less common (especially

for linear actuators); traditional hydraulic systems typically use throttling valves to

accomplish this task. This indicates a potential for significant efficiency improvements

over conventional systems. However, this approach does create some challenges. In this

configuration, the output power smoothing element is the inertia of the motor/actuator

rather than an accumulator, which can often vary in size and speed depending on the

load. The actuator typically interacts with the environment, and with only the inertia

to smooth the output, pressure pulses could present a problem in some applications.
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Figure 2.15: Hydraulic circuit for a Virtually Variable Displacement Motor (VVDM)

In addition, when an oil volume is compressed by connecting it to a constant pressure

source instead of a constant flow source, there can be significantly higher compressibility

losses; a phenomenon that is described in section 5.2.4.

Finally, on/off valves can be combined with an inertia and an accumulator to create

a variable transformer [13, 7, 9, 10, 14, 16]. This combines characteristics of the VVDP

and VVDM to create a system that transforms hydraulic power between power and

flow. While there are hydraulic transformers that do not use on/off valves, they are

not common in the hydraulics industry, and are a current area of research. Figure

2.16 shows the hydraulic circuits for a hydraulic boost converter, which can be used to

increase the pressure while reducing the flow, and a hydraulic buck converter, which

reduces the pressure while increasing the output flow.

The Virtually Variable Displacement Pump circuit presented in this chapter has a

clear efficiency benefit over a fixed-displacement pump/proportional valve combination.

With the addition of an accumulator and a check valve, a proportional bleed-off valve

circuit can be converted to a VVDP. The utility of making this conversion can be

judged by the dynamic requirements of the hydraulic system. The analysis done in this

chapter shows a clear trade off between the responsiveness of the system and the output

flow ripple. Increasing the PWM frequency improves the dynamic trade off, but has a
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(a) Boost converter (b) Buck converter

Figure 2.16: Hydraulic transformer circuits using on/off valves

detrimental effect on the efficiency due to the compressibility and transition throttling

losses. In the next chapter, a method is described that can reduce the transition losses,

enabling higher switching frequencies and thus improved system dynamics.



Chapter 3

Softswitching Approach for

Reducing Transition Losses

Control using high-speed on/off valves was proposed in chapter 2 as a way to significantly

improve the efficiency of hydraulic systems over the traditional method of metering valve

control. Control using on/off valves saves energy by eliminating high pressure throttling

of hydraulic oil through metering or relief valves, since they are usually either fully open

or fully closed.

However, while on/off control has the potential for significant energy savings over

metering valve control, several effects contribute to inefficiencies in a pulse-width-

modulation (PWM) controlled hydraulic system. Cao et. al. [7] suggest that energy can

be lost in an on/off valve system as a result of valve transition times, fluid compress-

ibility, pressure drops across the on/off valve(s), hysteresis in the accumulator bladder,

fluid friction, and leakage. In chapter 2 and [50], a number of these energy losses were

quantified and it was found that, for the systems studied, the valve transition time was

the most significant source of energy loss, equating to roughly 60% of the total loss.

The other significant losses in the system are due to compressibility (20%), full-open

throttling (19%), and leakage (1%).

The valve transition loss arises from the fact that, as the on/off valve transitions

between its two states, the open orifice area is decreased while a fixed flow rate of oil is

flowing though it. This causes a high pressure drop across the valve and a significant

58



59

Figure 3.1: Virtual variable displacement pump using a 3-way on/off valve

amount of energy loss in throttling.

A current focus of development in on/off controlled systems is to develop valves

that can achieve high PWM frequencies, which are desirable for minimizing the system

ripple and improving control bandwidth, as described in chapter 2. Fast valves can also

reduce the transition loss by reducing the amount of time spent throttling the flow.

However, in conventional spool or poppet valves, the power required to accelerate and

decelerate the valve spool increases proportionally to the switching speed cubed. Thus

any reduction in transition losses by increasing the valve speed may be lost to increased

valve actuation power.

An alternative valve design that avoids the requirement for a large amount of actu-

ation power at high speeds is the unidirectional rotary on/off valve [50]. In this design,

the valve spool rotates at a constant speed, and thus no power is required for spool

acceleration. In this design, the transition time decreases proportionally to the PWM

period. The details of this design are described in chapter 4.

In this chapter, an approach is proposed to significantly reduce the throttling loss

during valve transition by providing a temporary alternate path for the fluid when the

valve area is small.1 This soft switching approach is similar to a technique in electronic

switch-mode converters that uses small capacitors to temporarily absorb current when

the transistors change state [83]. In an electronic system, soft switching is achieved by

1 Some of the material in this chapter was originally published by ASME in [29].
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sizing components to induce large current ripples, which create temporary periods of

reverse current. This is impractical in a hydraulic system. In this chapter, a method

is proposed in which an actively locked soft switch chamber is used in place of the

traditional passive elements.

The reduction in transition loss can facilitate effective on/off control with slower

valves which would normally have limited utility due to high transition losses. Since

increasing the valve speed typically involves increasing the actuation power or decreasing

the full open area, enabling efficient use of slower valves can significantly reduce the

energy consumption in an on/off controlled system.

Section 3.1 outlines the soft switching concept, and section 3.2 describes the model

equations used to describe the system. Section 3.3 presents simulation results, and

section 3.4 contains a discussion of the results.

3.1 Soft Switching Concept

While the soft switching concept can be applied to different system architectures, in this

chapter it is described in conjunction with the configuration depicted in Fig. 3.1. This

configuration uses a 3-way on/off valve to vary the flow used from a fixed displacement

pump. When considering the operation of the three-way valve with soft switching, it is

easier to imagine the three-way valve as two mechanically coupled, two-way valves as

shown in Fig. 3.2.

In a typical PWM cycle, beginning with the load valve fully open and the tank

valve fully closed, the valve sequence is as follows: the load valve will close during time

interval t1, followed by the tank valve opening during t2. After some dwell time specified

by the duty ratio, the tank valve will close during t3, which is followed by the load valve

opening again over interval t4. Thus, in each PWM cycle there are 4 transition events

during which throttling can occur. Figure 3.3 depicts area profiles for the two valves

following linear area trajectories, which is the characteristic of a rotary on/off valve [50].

In the simplest circuit, which uses a relief valve and is shown in Fig. 3.1, throttling

will occur during each of these transition events. Figure 3.4 shows the pressure in the

inlet volume for this circuit. Notice that significant pressure spikes will occur between

t1 and t2, and again between t3 and t4 when both valves are closed. These pressure
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Figure 3.2: 3-way circuit with split tank and load valves, check valve, and soft switch
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Figure 3.4: Inlet pressure profile for a 3-way circuit with a relief valve

spikes will be limited only by the compressibility of the oil in the inlet volume, and the

pressure setting of the relief valve.

The soft switching approach can be applied to the load valve by simply adding a

check valve in parallel instead of the relief valve, as shown in Fig. 3.2. With this

addition, the transitions of the load valve will be eliminated by allowing oil to flow

through the check valve rather than the partially open load valve. The pressure profile

for a circuit with a relief valve in parallel with the load valve looks similar to the relief

case in Fig. 3.4. However, note that in Fig. 3.4, the relief pressure is set to be just

above the load pressure. This is possible when the load is at a constant pressure, but

when the load pressure varies, the relief pressure must be set above the highest expected

load. This could result in much higher pressure spikes during transition. The low relief

setting in this example is to provide as conservative improvement results as possible. In

addition, in the relief case, the oil flowing across the relief valve is lost to tank, whereas

in the check valve case, the flow is sent to the load to do useful work.

In some cases, the load valve could be completely replaced by the check valve.

However, the 3-way valve can be useful in some cases, such as in a valve that captures

fluid momentum for actuation power [50]. Other on/off configurations, such as the multi-

circuit approach described in [31], cannot use check valves to reduce the transition loss,

and require more complicated techniques.
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The addition of a check valve dramatically reduces the energy loss due to throttling.

However, a significant loss still exists as a result of the two remaining transitions (t2

and t3). To eliminate these transition losses, the soft switch chamber shown in Fig. 3.5

can be used as a temporary storage mechanism.

The soft switch consists of a small chamber with a piston, a spring and an externally

actuated locking mechanism. The locking mechanism holds the piston near the middle

of the chamber. Once the tank valve begins to open, the lock is released, and the high

pressure fluid fills the chamber. Thus, the fluid is able to flow into the soft switch

instead of being forced through the closing valve. Once the tank valve is fully open,

the spring in the soft switch chamber will force the piston back up to the top of the

chamber. Then, once the tank valve begins to close and the pressure rises above the

spring pressure, fluid will once again flow into the soft switch. Once the piston hits the

lock mechanism, the tank valve should be mostly closed, and the pressure will quickly

rise and open the check valve. Finally, once the load valve is fully open, the check valve

will close and the fluid will flow through the full open load valve.

3.2 Modeling

To study the operation of the soft switch, a model of the pressure dynamics and soft

switch chamber is developed. In defining this model it is assumed that the output

pressure is constant over the switching period, there is no leakage, and fluid friction is

negligible. Fluid inertia is also neglected due to the fact that it is highly dependent on

the shape of the passages in the valve.

The area profiles for the transitioning valve were chosen to be linear as shown in Fig.

3.3, which matches the profile of a rotary on/off valve with rhombus shaped orifices in

the bore (see section 7.2. The soft switching principle applies to any other type of valve

trajectory, provided that the components are sized properly.

The pressure in the inlet volume of the circuit, which is depicted in Fig. 3.1, is given

by the following equation:

Ṗ =
β(P )

Vin
(Qp −Qt −Ql −Qc −Asẋ) (3.1)

where Vin is the inlet volume, Qp is the constant flow rate from the pump, Qt, Ql, Qc

are the flow rates through the tank, load, and check valves, As is the area of the soft
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switch piston, and x is the position of the soft switch piston. The bulk modulus of the

hydraulic oil, β(P ), is modeled using the pressure dependent equation, (2.5).

Flow rates through the check, tank and load valves are determined by the orifice

equation:

Qc = cdac(t)

√
2 |P − Pload|

ρ
sign (P − Pload) (3.2)

Qt = cdat(t)

√
2 |P − Patm|

ρ
sign (P − Patm) (3.3)

Ql = cdal(t)

√
2 |P − Pload|

ρ
sign (P − Pload) (3.4)

where cd is the orifice coefficient, ac(t), at(t), and al(t) are the open areas for the check,

tank, and load valves, and ρ is the density of the hydraulic oil. Note that the pressure

drop across the fully open valve with full flow going through it is:

∆Popen =
Q2
pρ

2a2
0c

2
d

(3.5)

where a0 is the full open area.

The check valve is modeled using the following equation:

ẍc =
1

mc

(
(P − Pload)π

d2
c

4
− kcxc − bcẋc − Fc,preload

)
(3.6)

where xc is the check valve position, mc is its mass, bc is the viscous damping coefficient,

dc is the diameter of the check ball, kc is the spring stiffness, and Fc,preload is the spring

preload which is designed to be larger than the full open pressure drop. The open area

of the check valve is:

ac(t) = πdcxc (3.7)

The soft switch chamber shown in Fig. 3.5 is modeled as a mass-spring-damper

system with a pressure driving force:

ẍ =
1

ms
(PAs − ksx− Fs,preload − bsẋ) (3.8)
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Figure 3.5: Diagram of the soft switch chamber

where ms is the mass of the soft switch piston, bs is the viscous damping coefficient, ks

is the spring stiffness, and Fs,preload represents the spring preload.

In this analysis, the piston lock is treated as an instantaneously acting mechanism

that can be arbitrarily disengaged. There are several approaches for developing an

actual locking mechanism, and a discussion of these can be found in section 3.4. The

overall length of the soft switch chamber is split into two sections, L1 and L2. When

the piston lock is active, the piston is only allowed to travel between 0 and L1. Once

the lock is disengaged, the piston can travel throughout the entire chamber.

3.3 Simulations

Using the equations derived in Sec. 3.2, simulations of the three-way circuit with and

without soft switching were conducted. The valve parameters were selected to approx-

imate a three-way rotary on/off valve with a PWM frequency of 20Hz. The time for

each transition was specified to be 7.5ms. The system was simulated with a flow rate of

37.9l/min and a load pressure of 69bar. The fully open area of the valve was 40mm2.

The inlet volume of the system was 30cm3, and the oil was assumed to have 3% en-

trained air. The check valve spring was set to have a 30N preload and a spring rate

of 2N/mm. The diameter of the pressure area on the check valve was 6.65mm, the
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Figure 3.6: Power loss over 1 PWM period for a system with a relief valve

damping coefficient was 15Ns/m, and the mass was 1.9g. The system without a check

valve or a soft switch chamber was simulated with a relief pressure 8.3bar higher than

the load pressure. In an actual system, this would likely be set much higher, depending

on the required variation in the load pressure. As the relief pressure is increased, the

losses in the baseline system also increase.

Note that the fixed load pressure condition is not a requirement of the approach; soft

switching works for dynamic loads as well as fixed. However, since most on/off systems

require an accumulator to smooth pressure ripples, a load that is relatively constant

over one PWM period is a typical load condition for moderate frequencies.

The pressure profile at 50% duty ratio for the relief valve system is shown in Fig.

3.4.

The power loss in the relief valve case is shown in Fig. 3.6, with a total loss of 54J

for one cycle. In this figure, the large spikes in power loss due to the valve transitions

are evident. Notice that there is a baseline loss of about 226W , which is due to the full

open pressure drop. This accounts for about 11.3J of energy lost each cycle and cannot

be addressed by soft switching.

By adding a check valve across the load valve, the power loss can be dramatically

reduced. Figure 3.7 shows the power loss in the check valve system, with a total loss of

25J for one cycle. In this figure, the two large loss spikes have been reduced by about
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Figure 3.7: Power loss over 1 PWM period for a system with a check valve only

half as the check valve eliminates losses in 2 of the 4 transition events.

To further improve the system efficiency, a soft switching chamber was added with

a piston area of 132mm2 and a piston mass of 2.6g. The first segment of the chamber

had a length of L1 = 6mm, and the second had a length of L2 = 12mm. The spring

preload was set to be 110N , and the spring rate was 1.5N/mm. The damping of the

piston was set at 8Ns/m. The pressure profile for a system using these parameters is

shown in Fig. 3.8.

Notice that the gradual transitions have been eliminated by the soft switch. The

full open pressure between the two transitions is higher than in the case without soft

switching for most of the low pressure period. This is due to the emptying and filling of

the soft switch chamber, which maintains the higher pressure resulting from the spring

force. Once the soft switch chamber is empty, the pressure drops down to ∆Popen before

rising again as the chamber fills.

The flow rates through the three different valves are shown in Fig. 3.9, which

demonstrates the operating principle of the soft switch concept. Initially, all of the flow

is passing through the load valve. Then, as the load valve closes, flow transitions to the

check valve. Then, from 0.0125s to 0.0162s, the net flow through the three valves is

less than the pump flow rate as the soft switch chamber fills and the tank valve opens.

From 0.0162s to 0.0275s, the flow is higher than the full pump flow as the soft switch
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Figure 3.8: Pressure profile for a system with soft switching
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Figure 3.10: Position of the soft switch piston over 1 PWM period

chamber empties. Thus, the soft switch chamber temporarily stores fluid while the valve

is transitioning and then releases it once the valves are fully open and the pressure drop

is low.

The position of the soft switch piston is shown in Fig. 3.10. At the start of the

simulation, the piston is pressed against the locking mechanism. When the lock is

released, the piston leaves its initial position at l1, and its displacement increases while

the inlet pressure is higher than the spring pressure. Once the tank valve opens enough

for the pressure to drop below the spring pressure, the soft switch chamber empties. The

spring force must be high enough for the piston to return past l1 before the tank valve

begins to close again. Thus the system components must be sized to ensure that the soft

switch will operate properly over the desired range of operation. Another constraint on

the system is that the first half of the soft switch must fill and the inlet pressure must

rise above load pressure before the load valve begins to open. Otherwise, high pressure

fluid will flow back from the load, resulting in higher losses. This limits the length of

l1.

The power loss over one cycle in the soft switching system is shown in Fig. 3.11.

From this figure it is clear that the majority of the large transition spikes have been

eliminated by the soft switch. The remnant of the first spike is due to the fact that the

soft switch piston requires some time and energy to move. The second remnant is due
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Figure 3.11: Power loss over 1 PWM period for a system with soft switching

System Total Loss/cycle (J)

Relief 54.0

Check 25.0

Check and Soft Switch 19.2

Table 3.1: Loss per cycle for system with and without soft switching

to fluid compressibility and the dynamics of the check valve. The power loss between

the two spikes is higher than in the system without soft switching due to the emptying

soft switch chamber. However, it is evident from the fact that the total energy lost in

one cycle is reduced to 19.2J that this additional loss is less than the energy that has

been saved during transition, as shown in Table 3.1.

3.4 Discussion

Table 3.1 shows that adding a check valve in parallel with the load valve reduced the

overall system loss by about 53% from a system using only a relief valve to limit pressure

spikes. The addition of a soft switch chamber eliminated an additional 11% of the

original losses, for a 64% reduction in the overall loss by applying the soft switching

concept. Notice that the relief valve was set only slightly above the load pressure. In
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many systems, the relief pressure must be set significantly higher to allow for varying

load pressures. This would increase the losses in the relief valve system, making the soft

switching approach even more beneficial.

The full open loss for the simulated system was about 11.3J , which cannot be

reduced by the soft switching approach. Thus, looking only at transition and com-

pressibility losses, the relief, check and soft switch systems lose 42.7J , 13.7J , and 7.9J

respectively. These numbers indicate that the soft switching approach can eliminate 81%

of the transition and compressibility losses that exist in the base relief valve system.

A model that used an ideal check valve that opens and closes instantaneously was

also used to study the system. A comparison between that simplified model and the

equations in section 3.2 showed that the dynamics of the check valve contribute about

1.3J of extra energy loss per switch. This points to the need to have a check valve that

open and closes as fast as possible to reduce power loss.

The simulations presented in this section were done with a duty ratio of 50%. With

a properly timed locking mechanism, the soft switching approach is still valid for duty

ratios that are lower. As the duty ratio is decreased, the amount of time that the load

valve is open is decreased. However, by design, the soft switch piston is locked at l1 any

time the load valve is open, so no timing issues arise from decreasing the duty ratio.

As the duty ratio is increased, however, the time that the tank valve is open is

decreased. During one cycle, the soft switch chamber must fill and empty while the

tank valve is open in order for the system to operate properly. The speed at which

the chamber empties is a function of the spring force, which forces the stored fluid

through the tank valve. As the duty ratio is increased, there will be a point where

there is not enough time for the chamber to fully empty before it must start filling

again. Once this point is reached, the soft switching approach can no longer eliminate

throttling during all 4 transitions. However, once proper operation is no longer possible,

the locking mechanism can be disabled, and 3 of the 4 transition losses can still be

eliminated (loss during t2 will remain). To gain a greater range of feasible duty ratios,

the system can be sized to empty faster. This is done by either storing less fluid (i.e.

not completely eliminating the power loss during t2) or using a stronger spring. Both

of these options result in additional power loss. Thus a design choice must be made

between efficiency and range of operation based on the expected operating conditions.
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Figure 3.12: Reduction in energy lost/switch (J) from the check valve to the soft-

switching case

As the PWM frequency is increased, there will be less time to empty the soft switch

chamber. However, if the transition time is similarly scaled, then less fluid will have to

be stored, and the timing will be similar to the slower system.

Despite the limited duty ratio range where the softswitch can properly operate, the

approach provides a benefit across the full range of duty ratios. Figure 3.12 shows

the improvement from the check-valve-only circuit to the soft switching circuit across a

range of load pressures and duty ratios. Notice the discontinuity around 70% duty ratio.

For the components sized in this simulation, that is the point where the soft switch did

not have enough time to empty before filling again. However, notice that there is still

substantial benefit beyond this point.

The system presented in this simulation was operated at 20Hz PWM frequency. The

concept is valid at higher frequencies with the caveat that the timing issue described in

the previous paragraph is taken into consideration. In addition, the compressibility of

the oil in the inlet volume of the system can decrease the system effectiveness at higher

PWM frequencies. This is a feature of all on/off controlled systems, with or without

soft switching. Thus, a system with a sufficiently small inlet volume is a prerequisite for

a properly functioning soft switch system. For example, in simulation the system was

able to operate effectively at 80Hz with a 2.0ms transition time when the inlet volume
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(a) Piezoelectric actuator (b) Unstable mechanism

(c) Pressure triggered lock (d) On/off valve triggered lock

Figure 3.13: Four concepts for creating a locking mechanism

was decreased to 8cm3 and l1 was reduced to 3mm.

The concept has thus far been described without discussion of the locking mecha-

nism to be used. Several options exist for creating a lock with the required actuation

speed, such as piezo electric actuators, pressure triggered latches, or mechanisms built

into the on/off valve. Ideally, the locking mechanism will be triggered by a method with

knowledge of the valve position. However, if this level of precision is not possible, a

mechanism that is triggered by the pressure difference between the load and the inlet

as the tank valve opens could also be used. This approach, while simpler, will result in

some additional loss due to the time delay required for the tank valve to open enough

for the pressure to fall below the load pressure. The locking mechanism that is selected

must be capable of quickly releasing under a high load. The locking mechanism does

not need to do much work, so if an approach can be designed to handle the large speeds
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and forces, the overall power loss should not be affected. Figure 3.13 depicts sketches

of four different concepts for creating a locking mechanism. In Fig. 3.13(a), a piezo-

electric actuator is used to engage the soft switch piston and prevent it from moving.

Piezoelectric actuators are capable of exerting large forces, but typically only for small

displacements. The motion of the piezoelectric actuator could engage/disengage a pin

from the piston, or possibly induce enough side-load or binding on the piston to create

friction with the bore and prevent motion. In Fig. 3.13(b), a small actuator is used to

nudge a mechanical linkage out of a stable resting state, allowing the pressure force to

collapse the mechanism. In this concept, most of the load is held by the nearly vertical

linkage, with only a small force needed to push the linkage to an unstable condition.

Figure 3.13(c) depicts a lock that is triggered by the pressure difference between the load

pressure and the pressure in the soft switch. This is probably the simplest method to

implement, but it requires waiting until the tank valve is partially open to disengage the

lock, which results in some additional loss. The fourth concept, depicted in Fig. 3.13(d),

uses the motion of the on/off valve to trigger the release of the soft switch piston. In this

example, a three-way spool valve is used as the on/off valve, and a blocked hydraulic

chamber behind the soft switch piston holds it in place until the chamber is connected

to low pressure by the motion of the spool. This approach can be designed to trigger at

the ideal time, but in this concept the release speed of the fluid behind the soft switch

piston is limited by the transition time of the valve. Using an unequal area piston could

help mitigate this problem. A lock that is mechanically triggered by the on/off valve, as

opposed to hydraulically triggered, could also be designed, but it would depend heavily

on the design of the on/off valve. These examples are presented as concepts that have

the potential to achieve the desired locking effect. The detailed design of this mech-

anism is relegated to future work. In [30], an example of a pressure-triggered locking

mechanism is described.

The simulated valve had a transition time of 7.5ms. In order to match the energy

loss of the soft switching system with a faster valve, the transition time needs to be

decreased to about 1.7ms for the relief valve case in simulation. Note that these are the

times for one transition event. This represents a 4.4 times increase in speed, which will

typically correspond to a significant increase in price and actuation power for the valve.

Thus the soft switching approach has the potential to enable on/off control using lower
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speed valves.

3.5 Conclusion

A method of significantly reducing the power lost in an on/off controlled hydraulic

system has been introduced. The soft switching concept is a method for providing

temporary alternative fluid paths around a transitioning valve, and thus avoiding the

associated throttling losses. A check valve can be used to avoid two of the four transi-

tions that occur in a three-way PWM controlled circuit; the remaining two transitions

need an additional device to be eliminated. The soft switching chamber, which consists

of a small piston with a spring and a lock, can be used to reduce the overall system

loss. Simulations were performed based on a PWM valve operating at 20Hz, and it

was found that application of the soft switching concept resulted in an 81% reduction

in transition losses, and a 64% reduction in overall system losses. This approach can

make the efficient approach of on/off valve control even more attractive as an option

for controlling hydraulic systems. In addition, soft switching can facilitate the use of

slower valves for on/off control by significantly reducing the power loss resulting from

slow transition times. In simulation, the soft switching system had the same efficiency

as a system with a valve that was 4.4 times faster. This will allow simpler, lower power

valves to achieve results similar to faster valves. This approach can be extended to other

on/off valve controlled circuits, such as variable motors and transformers.



Chapter 4

Optimal Design of Rotary Valves

for Creating On/Off Controlled

Hydraulic Systems

A key element in developing hydraulic circuits controlled by on/off valves is the design

of the on/off valve(s). In chapter 2, an analysis of the system dynamics of a Virtually

Variable Displacement Pump (VVDP) circuit showed that switching at high frequency

can improve the trade off between the output ripple and the speed of response. How-

ever, power losses caused by the compressibility of the fluid and throttling through the

transitioning valve increase with the switching frequency. In this chapter, a new type

of on/off valve is presented that can enable higher speed switching than conventional

valves.1 The design concept is to use a two degree-of-freedom spool valve that can both

translate axially and rotate. This type of rotary valve can be used to create a VVDP

circuit with a 3-way design, or it can be extended to a Virtually Variable Displacement

Pump/Motor (VVDPM) using a 4-way architecture. In this chapter, the design of both

of these valves is presented as an optimization problem to minimize the power loss in

the valve.

In addition to transition throttling and compressibility losses, another type of power

loss that increases with the switching frequency is the power needed to actuate the

1 Some of the material in this chapter was originally published by ASME in [51].
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switching valve. An ideal switching valve would have a very fast transition speed while

also having a large full-open area to reduce throttling. These two conditions in con-

ventional valves can result in a high power requirement to actuate the valve. As the

switching frequency is increased, this power cannot be neglected. If it is assumed that

the velocity of a conventional valve element scales proportionally with the PWM fre-

quency, and there is no recuperation of the kinetic energy in the valve, then the power

required to switch a conventional valve is given by:

Lactuation = fEswitch = f
1

2
m (kvf)2 (4.1)

where f is the switching frequency, m is the valve element mass, and kv is the propor-

tionality coefficient between the switching frequency and the spool velocity. From this

equation, it is clear that the actuation power increases proportionally to the frequency

cubed.

In contrast, the rotary valves described in this chapter rotate at a relatively constant

velocity and do not need to be accelerated/decelerated with each valve switch. Instead,

the valve must only overcome the viscous friction that results from spinning the valve.

Due to this fact, the power associated with actuating a rotary valve, which is given in

Eq. (4.23), increases with the switching frequency squared. As PWM frequencies are

increased to achieve better dynamic performance, a rotary valve can provide a significant

benefit by reducing the actuation power requirement.

As described in chapter 2, there are a number of power loss mechanisms that occur in

an on/off valve controlled system. Design choices made to reduce some losses can result

in an increase in other losses. For example, a larger valve opening to reduce the full-

open loss can increase the valve size and increase the inlet volume, which increases the

compressibility loss. In addition, due to the architecture of the rotary valve, there are a

number of design constraints that must be satisfied. Balancing the different power losses

while satisfying the design constraints is not an intuitive process. By formulating the

valve design as an optimization problem, the valve parameters can be selected in a way

that minimizes the total power loss in the valve while satisfying all design constraints.

In this chapter, this optimization approach is described for both the VVDP and the

VVDPM. By presenting the optimal design for the valve, the full potential of the rotary

valve approach can be judged and compared with other hydraulic control mechanisms.
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Figure 4.1: Virtually variable displacement pump circuit

In addition to facilitating the selection of design parameters for the valve, the con-

straint equations for the valve can be adjusted to test the power losses in designs with

different features or configurations. For example, the rotary valve can be designed to

capture the momentum of the oil flowing through it, which can reduce or eliminate

the actuation power required. However, this requires a constraint on the valve that

can increase other power losses. In this chapter a number of optimization studies are

described that outline the effect of different design choices on the total power loss.

In the next section the 3-way rotary valve for creating a VVDP is described, which

includes a formulation of the optimization problem, a description of the power loss

equations and constraint equations, and a section describing the optimal power loss for

a number of different design options. Following the VVDP section, a similar description

of the 4-way valve that creates a VVDPM is presented.

4.1 Rotary Valve Enabled VVDP

The hydraulic circuit shown in Fig. 4.1 represents a VVDP. It is shown with the on/off

valve as a 3-way valve instead of the 2-way valve and check valve shown in Fig. 2.1(b).

While both configurations will create a VVDP, the rotary valve, shown in Fig. 4.2, is

designed as a 3-way valve to enable the self-spinning feature, which will be described

later. The valve spool shown in Fig. 4.2 has three sections: a central PWM section, and

two outlet sections. The upper outlet section is connected to the load, and the lower

outlet turbine is connected to tank. The central section contains a number of helical
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Figure 4.2: Diagram of 3-way rotary spool

lands that partition the central section into two regions. The open area above the helical

lands (shown in red) is connected internally to the upper outlet section, and the area

below the helical lands (shown in blue) is connected to the lower outlet section. As

the valve spool rotates, the inlet orifices, which are stationary on the valve sleeve, will

alternately connect the inlet to high pressure or to tank. By moving the valve axially

with respect to the inlet orifices, the fraction of the rotation that the inlet (pump)

is connected to the application is adjusted. Thus, the PWM frequency is controlled

by the speed of the valve spool rotation, and the PWM duty ratio is adjusted by the

axial position. Through this design, the repeated, high-speed switching of the on/off

valve is encoded in the mechanical design of the valve and is accomplished without

any acceleration/deceleration of the spool. The adjustment of the duty ratio, which is

typically done at a much lower frequency, is left to the axial positioning mechanism.

Since the valve has two degrees of freedom, it requires an actuation method for both

its rotary and axial motion. For the rotary actuation, two methods will be explored in
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this chapter. The valve spool shown in Fig. 4.2 shows a spool that is designed for self-

spinning. In this actuation method, the valve is designed to capture angular momentum

from the oil that is entering and exiting the spool, and to use this momentum to provide

the actuation power. In this design, both the center and outlet sections of the spool act

as turbines: the inlet section is an impulse turbine, and the outlet sections are reaction

turbines [84]. Since the valve is designed to capture energy from the fluid in order to

rotate, there must be a constant flow of oil through the valve, which is accomplished

with the 3-way design. In a 2-way design, the on/off valve either blocks or allows oil to

flow to the tank. When the valve is blocking fluid, there is no oil passing through it,

and with a self-spinning valve, the spool could stop rotating.

The self-spinning approach has a number of benefits. For example, it does not

require any mechanical connection to the valve, allowing the valve to remain in a sealed

chamber. It also does not require any external actuation power since it scavenges

energy from the fluid flowing through it. However, there are also several drawback to

this approach. In order to achieve a certain switching frequency, the valve must be

designed to generate/capture enough momentum to overcome the viscous friction. The

design choices that must be made to accomplish this can increase other losses in the

valve. The speed of the valve is also dependent on the flow rate of the fluid that passes

through it; if the flow rate is variable, then the PWM frequency will also vary. Finally,

the self-spinning approach requires a 3-way design instead of the 2-way design, which

can have an impact on the losses in the valve.

A different rotary actuation method is to use a shaft that connects to an external

driving mechanism. This approach requires a sealed connection that can rotate and

translate and an external driving mechanism. However, it also relaxes some of the

design constraints on the system. In section 4.3, a comparison between the optimal

design for both approaches is presented.

The axial actuation approach also has a number of options, which are related to the

choice of the rotary actuation method. For a self-spinning valve that does not require

an external connection to spin the spool, an axial positioning method that also does not

need an external connection will simplify the packaging and sealing of the valve spool

housing. Figure 4.3 shows a diagram of an axial positioning and sensing system that

uses a small fixed-displacement pump to hydrostatically position the valve spool and
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Figure 4.3: Diagram of linear actuation and rotary sensing system

optical sensors to detect the axial and rotary position of the spool. In [85], a technique

is described for controlling the position of the spool using this architecture.

The valve spool is contained within a housing that provides connections from the

pump to the inlet section, and from the outlet sections to either the load or to tank.

Figure 4.4 shows a cutaway view of the valve housing containing the valve spool. The

back of this housing is designed to mount directly on the outlet of a fixed displacement

pump in order to minimize the inlet volume and the compressibility loss. On the front of

the sleeve containing the spool, there are four hydraulic connection ports. The outer two

ports connect to chambers at the ends of the spool, and are used for the hydrostatic axial

positioning system. The inner two ports connect to the two outlet sections of the valve,

and will be connected to either the load or to tank. In the middle of the cutaway, there

is an inlet pressure rail, which encircles the center section of the valve and connects to

three inlet orifices. There are three orifices to increase the PWM frequency (one rotation

results in three PWM pulses) and help balance the spool. The number of inlet orifices

(and corresponding number of PWM sections on the valve) is a design parameter that

is studied in section 4.3.
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Figure 4.4: Cutaway rendering of rotary spool/sleeve assembly

In the next section the design of the VVDP valve spool is presented as an optimiza-

tion problem, with the goal of minimizing the power loss in the valve. In section 4.3

the results of the optimization are presented, and several different design options are

evaluated.

4.2 VVDP Design Optimization Formulation

In chapter 2, a number of losses were described that occur in a vvdp hydraulic circuit,

such as full-open throttling, transition throttling, and compressibility loss. In addition,

there are two valve-specific losses that can be significant: leakage in the valve, and valve

actuation power. These five power losses are affected by the design parameters of the

valve, and finding the set of parameters that results in the most efficient valve may

not be an intuitive process. If equations for these losses can be derived that allow the

valve design to be cast as an optimization problem, then the selection of the ideal valve

parameters can be simplified. The following formulation describes the optimal design

of the valve:
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min
x

Ltotal = Lfull−open + Lcompress + Lleakage + Ltransition + Lactuation

s.t. c1(x) ≤ 0

c2(x) ≤ 0

c3(x) = 0

xi,min ≤ xi ≤ xi,max for 1 ≤ i ≤ 8 (4.2)

where c1(x), c2(x), and c3(x) are constraint functions. The first constraint, c1(x),

ensures that the valve achieves a minimum PWM frequency, c2(x) is a mechanical

constraint that arises from the fact that the valve cannot be in transition for > 100% of

the rotation, and c3(x) constrains the angle of the rhombus-shaped inlet orifice to match

the angle of the helical lands and ensures closed-center operation, which means that

there can be no connection between supply and tank pressure. The L terms represent

the cycle-averaged power losses. The optimization parameter vector is given by x =

[Rw, Rh, D, l, c, N, Aout, lend]. In order, these represent the inlet orifice width (Rw),

the inlet orifice height (Rh), the spool diameter (D), the spool length (l), the radial

clearance between the spool and the sleeve (c), the number of helical sections on the

valve (N), the flow area of the outlet turbine orifice (Aout), and the length of the sealing

land on the ends of the spool (lend). These variables represent the parameters that are

incorporated in one or more trade offs between the different types of energy loss or the

constraints. There are many other variables needed to define the rotary valve, but,

for the most part, their effect on the energy loss is readily apparent, and they can be

chosen to minimize the loss subject to unmodeled constraints (i.e. manufacturability,

simplicity, etc.). Figure 4.5 shows the valve spool with the relevant design parameters.

For the VVDP design, the optimization is defined at a single operating condition

with a constant inlet flow and load pressure. This is not the only way to formulate the

problem, and for the VVDPM optimization, a different approach is taken. The inlet

flow rate and load pressure are determined by the prime-mover speed and the applied

load, which are external factors. In order to define an optimization for a varying set

of flow rates and pressures, the desired duty cycle on the valve must be known. For a
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Figure 4.5: Spool geometry with unwrapped center section

VVDP, a constant flow rate and load pressure is a simple, but realistic duty cycle for the

valve. In sections 4.2.1 through 4.2.5, the five different types of power loss are defined,

and their dependence on the optimization parameters is derived. In section 4.2.6, the

constraints on the design are described.

4.2.1 Full-Open Loss

The full open loss is caused by the pressure drop across the inlet nozzle, the valve spool,

and the outlet turbine when the valve is fully open. The pressure drop across the inlet

nozzle and the outlet turbine are calculated using the orifice equation:

Pin =
ρQ2

2 (cdNAin)2 Pout =
ρQ2

2 (cdNAout)
2 (4.3)

where ρ is the density of the hydraulic fluid, cd is the orifice coefficient, Ain = 0.5RwRh

is the area of one inlet orifice, and Q is the constant flow rate from the pump. Notice

that this equation is for a self-spinning design, so the full pump flow rate is always

flowing through the valve, either through the tank branch or the load branch.

The pressure drop through the spool is difficult to model, as it is the result of a

tortuous path through the turbine blades. In addition, the dependence of this path on

the optimization parameters is not immediately clear. Two simple approximations are
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to model the pressure drop as an orifice, with ∆P ∝ Q2, or viscous pipe flow, with

∆P ∝ Q. Since the actual spool pressure drop will be result of both accelerating fluid

(orifice) and viscous drag (pipe flow), a better model would be some combination of the

two; ∆P ∝ Qmspool , with mspool ∈ [1, 2]. If it is assumed that the equivalent flow path

area is primarily dependent on the spool diameter and not the spool length, then the

spool pressure drop can be modeled by the following equation:

Pspool =
Qmspool

kspoolD
nspool

(4.4)

where kspool is a parameter containing all of the constant coefficients, and nspool ∈ [2, 4]

is a parameter that defines the dependence of the pressure drop on the spool diameter.

The values of mspool and nspool depend on the flow path geometry and can be found

through a Computational Fluid Dynamics (CFD) analysis of the valve spool. In [86], a

detailed description of the CFD approach for analyzing the valve spool is given. For the

three-way valve geometry, Wang found that nspool = 2.75 and mspool = 1.735 provide a

good match to CFD experiments. Note that nspool = 2 would result from a flow area

that is proportional to D, and nspool = 4 would result from a flow area proportional to

D2.

With the pressure drops across different parts of the valve defined, the total full-open

throttling loss can be computed from Eq.(4.5):

Lfull−open = (1− κ)QPin +QPout +QPspool (4.5)

where κ represents the fraction of the total rotation that the valve spends transitioning

between states and is given by:

κ =
4NRw
πD

(4.6)

The 1−κ term in Eq. (4.5) is a result of the way the transition loss is computed; the

transition loss equation (Eq. (4.19)) includes the pressure drop across the inlet orifice,

which is omitted from Eq. (4.5) to avoid double counting.

4.2.2 Compressibility Loss

The compressibility loss equations capture the energy that is lost by compressing the

fluid, and then connecting the compressed fluid to tank every PWM period. The energy
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stored in the compressed fluid is given in chapter 2 by Eq. (2.30), which is repeated

here:

E (P, V0) =

∫ P

P0

V0e
−

∫ p
P0

p̄
β(p̄)

dp̄ p

β (p)
dp (4.7)

where β(P ) is the pressure dependent bulk modulus of the fluid which is given by

Eq. (2.5), and Vin is the inlet fluid volume, given by Eq. (4.8).

Vcomp =
N − 1

N
(D + 2ln +Dd)

π2D2
d

4
+NVn + Vin (4.8)

The inlet volume consists of the fluid volumes in the inlet pressure rail, the inlet nozzles

(Vn = Ainln), and any volume between the pressure rail and the pump outlet (Vin).

Notice that the inlet pressure rail is a function of the spool diameter, the number of

PWM sections, the nozzle length (ln), and the cross-sectional area of the pressure rail

(Dd). The N−1
N coefficient results from the fact that the inlet rail does not fully encircle

the valve spool. It must extend long enough to connect all N of the inlet nozzles, but

it is not needed for the last 1
N of the diameter.

These equations must be numerically integrated, but this can be done before the

optimization procedure is run. The integral in Eq.(4.7) can be replaced by an equivalent

term using a constant bulk modulus:

Ecomp =
VcompP

2

2βeq
(4.9)

where βeq is computed by setting Eqs. (4.7) and (4.9) equal to each other. With this

modification, the power loss due to the compressibility of the fluid is given by:

Lcompress =
VcompP

2Nω

4βeqπ
(4.10)

where ω is the angular velocity of the valve spool.

Notice that there is a trade off between the full-open loss and the compressibility

loss through the selection of the spool diameter. A larger diameter will allow for larger

flow paths and reduce the pressure drop, but it will also increase the diameter of the

inlet rail and the compressibility loss.
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4.2.3 Leakage Loss

The 3-way valve spool has 2 leakage paths where high pressure can leak to the tank

rather than exiting to the load. The largest leakage path is across the helical barriers in

the center section that separate the high pressure and low pressure halves of the valve,

and the other is across the land at the high pressure end of the spool. The leakage

across both of these paths is modeled as laminar flow between 2 plates [87].

The leakage across the center helical barriers is driven by a pressure difference be-

tween the load pressure, P , and the tank pressure, but the leakage across the end is

not. The axial position of the valve is controlled hydrostatically, with a closed circuit

connecting both ends of the valve with a small pump/motor. Assuming there is no

external leakage from this circuit, the leakage from the high pressure end to the axial

control loop must equal the leakage from the axial control loop to the low pressure end

of the spool. If the two spool ends are identical, the mean pressure in the axial control

circuit must be half of the load pressure. With these assumptions, the power loss across

the two leakage paths is given by Eq. (4.11). This equation assumes that the valve is

critically lapped, and the width of the inlet orifice is equal to the width of the helical

land.

Lleakage =
N (2lt −Rh) c3P 2

12µRw sin2(φ)
+
Dπc3

(
P
2

)2
12µlend

(4.11)

where µ is the oil viscosity, φ is the angle of the helical barriers (see Fig. 4.5), and lt is

the travel length of the valve spool given by:

lt =
l − 2lmid − 2lend

3
−Rh (4.12)

where lmid is the width of the mid lands between the center section and the two outlet

sections, which is selected to be as small as the manufacturing process allows. Note

that this equation suggests a larger orifice width, a shorter spool, a tighter clearance,

and a longer end length are beneficial. These goals can conflict with other power losses

or design constraints.
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4.2.4 Transition Loss

Another source of power loss in the valve is throttling across the valve inlet when it is

partially closed. The equation for this loss is derived by integrating the orifice equation

for each of the 4 transitions that occur every PWM period (the closed-center 3-way

valve requires 4 transitions: close supply, open tank, close tank, open supply). The

approach for determining the transition loss is the same as was taken in section 2.3.3,

where the pressure and flow across the valve are integrated across the transition. There

is a critical point where the the equation transitions from a constant flow and a pressure

determined by the orifice equation to a constant pressure set by the the load pressure

plus the check valve pressure. Figure 4.6 shows the transition loss, along with the

load pressure and the pressure drops across the spool and the outlet turbine. Some

of the losses are exaggerated in this figure for demonstration purposes. Note that, by

this partitioning of the throttling losses, the full-open pressure drop and the transition

pressure drop occur over different parts of the valve rotation, while the spool and outlet

pressure drops are active over the entire rotation. This is enforced in Eq. (4.5).

The inlet orifices are designed to have a rhombus shape, which creates orifices with

the fastest possible area gain for all four transitions. The rhombus shape results in linear

area profiles for the valve (see Fig. 4.6), which allows the transition loss in Eq. (2.31)

to be simplified. The following derivation of the transition loss is very similar to one

described in [51]. The pressure drop across the inlet orifice is given in Eq. (4.3). Since,

during transition, the valve area is proportional to the valve rotation angle, the inlet

pressure drop can also be written as:

Pin (θ) = Popen

(
θtran
θ

)2

for θcrit ≤ θ ≤ θtran (4.13)

where Popen is the pressure drop across the inlet orifice when the valve is fully open,

and θcrit is the angle at which the pressure drop across the inlet is equal to the cracking

pressure of the check valve that prevents pressure spikes. θtran is the rotation angle for

a full transition (of a single orifice), which is defined by:

θtran =
2Rw
D

(4.14)

While there are 4 different transition events, due to the linear area profiles and the
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symmetry of the valve, the power loss across an orifice while it is opening and closing is

the same. When computing the power loss across a closing valve, the critical angle at

which the check valve closes and all of the flow begins to flow across the inlet orifice is

important. It can be computed from:

θcrit
θtran

=

√
Popen√

Pload + Pcheck − Pspool − Pout
(4.15)

where Pcheck is defined as the pressure drop needed to open the check valve shown in

Fig. 4.1. The check valve in this circuit is simply to limit pressure spikes as the valve

transitions. This function could also be accomplished by a relief valve, but that would

result in higher transition losses. Note that in Fig. 4.6, Pcheck > Popen + Pspool + Pout,

which is required to keep fluid flowing through the rotary valve in the “on” state and

enable self-spinning. An externally rotated valve could use a lower check valve pressure,

and use the check valve instead of the rotary valve to pass fluid in the “on” state,

resulting in the rotary valve acting as more of a two-way valve. Allowing Pcheck to be

less than the pressure drop across the spool would require a change in the structure of

Eq. (4.5) and of the optimization problem for the externally rotated case, since the loss

would be different in the “on” and “off” states, and a duty ratio profile for the valve

would need to be specified. It is assumed that the difference between using the check

valve only during transition, and using it for the full “on” state, is not enough to distort

the comparison between a self-spinning and an externally rotated valve.

With the transition and critical angles defined, the energy loss across an opening

(or closing) tank orifice is given by:

Etrans,tank =
Q

ω

∫ θcrit

0
(Pcheck − Pout − Pspool) dθ +

Q

ω

∫ θtran

θcrit

Pin

=
Q

ω

(
(Pcheck − Pout − Pspool) θcrit + Popenθtran

(
θtran
θcrit

− 1

))
=

2QRw
ωD

√
Popen

[
Pcheck − Pout − Pspool√

Pload + Pcheck − Pspool − Pout
(4.16)

+
√
Pload + Pcheck − Pspool − Pout −

√
Popen

]
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The derivation for the energy lost across a transitioning supply orifice is the same as for

the tank orifice except that the critical angle is found from:

θcrit
θtran

=

√
Popen√

Pcheck − Pout − Pspool
(4.17)

With that change, the energy lost across one supply orifice transition is:

Etrans,supply =
2QRw
ωD

√
Popen

[
2
√
Pcheck − Pout − Pspool −

√
Popen

]
(4.18)

Adding the losses for the four transitions and multiplying by the PWM frequency

(fPWM = Nω/(2π)), and combining with the definition of the transition fraction given

in Eq. (4.6) gives the equation for the transition power loss:

Ltransition =
κ
√
PopenQ

2

[
Pcheck − Pout − Pspool√

Pload + Pcheck − Pspool − Pout

+
√
Pload + Pcheck − Pspool − Pout + 2

√
Pcheck − Pout − Pspool − 2

√
Popen

] (4.19)

Notice that κ, given by Eq. (4.6), contains the spool diameter, D, in the denominator.

Thus, a larger valve should minimize the transition loss, which is in conflict with the

compressibility loss.

4.2.5 Actuation Loss

The power required to drive the valve depends on whether it is designed to be self-

spinning or externally rotated. For a self-spinning valve, the additional actuation power

loss is zero; all of the energy needed to spin the valve is accounted for in the other losses

already described. For an externally rotated valve, an additional power input is required

to overcome the viscous drag on the spool. The viscous friction torque generated by

the spool rotating in its bore can be derived from the equation for couette flow between

two parallel plates [87] and is given by:

Tf =
AeffµD

2ω

4c
(4.20)

where ω is the angular velocity of the valve spool and Aeff is the effective bearing area

on the spool. The effective bearing area is the surface area that is at clearance c, plus
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a term that takes into account the viscous drag due to fluid swirling in the enclosed

pockets of the valve.

Aeff = Abearing + α(πDl −Abearing) (4.21)

where α is defined to be the ratio of non-bearing shear stress to bearing surface shear,

or α =
τnon−bearing
τbearing

. In [51], a CFD analysis that provides an estimate of α is described.

The bearing area, Abearing is defined as:

Abearing = πD (Rh + 2lmid + 2lend) (4.22)

With the friction torque and the effective bearing area defined, the power loss due to

the actuation requirement is given by:

Lactuation = Tfω =
AeffµD

2ω2

4c
(4.23)

If the efficiency of the actuator used to drive the shaft is known, this equation can be

divided by that value to provide the power input needed to the actuator. From Eq. (4.23)

it is clear that decreasing the size of the spool and increasing the valve clearance will

help reduce the actuation loss. However this is in contrast to the transition and leakage

equations, which call for a large spool and a small clearance. In addition to conflicts

between the different power losses, design trade offs exist with the constraint equations,

which are described in the next section.

4.2.6 Constraints

Equation (4.2) lists two inequality constraints and one equality constraint that the op-

timal valve design must satisfy. All three of these constraints are non-linear constraints.

The optimization formulation also shows that the optimization variables are subject to

upper and lower bounds, which are needed to ensure that the device can be manufac-

tured and can be contained in a reasonable package size.

The first nonlinear inequality constraint is a minimum bound on the switching fre-

quency. Since the compressibility and transition losses occur every PWM cycle, the

optimal switching frequency from a power loss perspective is 0. However, as described



93

in chapter 2, a high switching frequency is often desired to provide good system dy-

namic performance. Since the design optimization is formulated to reduce the power

loss, the desired switching frequency must be determined separately and specified as a

constraint.

With a minimum frequency, fmin, specified, the constraint is:

c1(x) = fmin −
ωN

2π
(4.24)

For a self-spinning spool, the angular velocity is derived from a torque balance be-

tween the viscous friction on the spool (Eq. (4.20)) and the angular momentum captured

by the inlet and outlet turbines. The inlet torque generated by the center section, which

is designed to be an impulse turbine, is given by:

Tin =
ρRin
AinN

Q2 (4.25)

In order to generate angular momentum that can be captured by the inlet section

blades, the inlet nozzles are offset from the spool center line by a distance Rin. This

offset distance can also be written as Rin = ri,offD/2, where ri,off is the fraction of the

spool radius by which the inlet is offset.

The outlet sections of the spool are designed to be reaction turbines, which provide

the following torque:

Tout = RoutρQ

(
Q

AoutN
−Routω

)
(4.26)

where Rout = ro,offD/2 is the offset distance between the spool center axis and the

velocity vector of the exiting fluid. The derivation of the turbine torque equations can

be found in [51]. Note that the outlet turbine generates torque by increasing the angular

momentum of the fluid as it passes through the outlet section of the valve. In order to

increase the momentum of the fluid, the velocity can be increased by reducing the flow

area of the exit orifice in the outlet turbine, Aout. However, Eq. (4.3) demonstrates that

a smaller outlet orifice also generates a higher full-open loss. This creates a tradeoff

between generating rotational torque to spin the valve or reduce the actuation loss, and

minimizing the full-open throttling loss.

By setting the friction torque equal to the sum of the inlet turbine and outlet turbine
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torques, an equation for the angular velocity of a self-spinning spool can be derived:

ω =
ρQ2ri,off

D
2

N
(
D
2

)2 (
Aeff

µ
c + r2

o,offρQ
) ( 1

Ain
+

ro,off
ri,offAout

)
(4.27)

This equation is used in Eq. (4.24) to generate the first nonlinear constraint equation.

Note that this constraint is only needed for a self-spinning valve. For an externally

rotated valve, the angular velocity is simply specified to be ω = fmin2π
N .

The second inequality constraint, c2(x), states that largest fraction of the PWM

period that the valve can spend in transition is 1.

c2(x) = κ− 1 (4.28)

The final constraint, c3(x), is an equality constraint that arises from the fact that

the rhombus inlet orifice must have the same angle as the helical land to provide a

fast transitioning orifice and the desired closed-center characteristic of the valve. The

geometry shown in Fig. 4.5 shows that the triangle under the helical land and half of

the inlet rhombus orifice are similar, leading to the following constraint:

c3(x) = 2
Rw
Rh
− πD

ltN
(4.29)

where lt = (l − 2lmid − 2lend) /3 − Rh is the total length of axial travel for the valve

spool.

While it is not explicitly stated in section 4.2, there is an additional equality con-

straint on the number of PWM sections, N. For this design parameter, only integer

values are valid, which is in contrast to the rest of the optimization parameters, which

can vary continuously. Since only a small set of values of N is realistically possible to

manufacture, the value of N was constrained to a set of fixed values, and the optimal

design was computed for each number of PWM sections.

These constraints interact with the loss equations in the previous section to restrict

the optimal valve design parameters. In the following section, the numerical inputs and

optimal results are presented for several design options.
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4.3 VVDP Optimization Results and Design Studies

The optimization problem formulated in section 4.2 is a constrained nonlinear optimiza-

tion problem which can be solved by many different commercially available optimization

software packages. For the numerical results presented in this section, the Matlab Opti-

mization Toolbox was used to compute the constrained optimal solutions. The software

used the fmincon function to find the optimal design. Several of the solver algorithms

were tried, and the Interior Point method was found to find the solution in the shortest

time. The optimization was initialized with preliminary values for each of the seven

active design variables.

The optimization was performed for a flow of Q = 37.85lpm and a load pressure of

P = 200bar, which corresponds to a small to medium hydraulic power demand and also

matches a previously designed prototype. The oil density was set at ρ = 876kg/m3,

and the viscosity was µ = 0.0387m3/s, which match values for Mobil DTE 25 oil at

40C. The equivalent bulk modulus, which is described in section 4.2.2, was 370MPa.

All of the orifice equations used the discharge coefficient of cd = 0.6. The minimum

inlet volume was Vin = 5cm3, the length of the inlet nozzles was ln = 4.2mm, and the

cross-sectional diameter of the inlet pressure rail was Dd = 6.8mm. The width of the

barriers between the three spool sections was lmid = 1.5mm, and the factor defining the

contribution to the fluid friction by the non-bearing area was α = 0.2. The check valve

opening pressure was set to be about 0.34bar higher than the pressure drop across the

valve. The parameters for determining the pressure drop across the spool were derived

from a CFD analysis (see [86]) and found to be: kspool = 1.45e − 6, nspool = 3.22, and

mspool = 1.91. For the self-spinning case, the inlet offset fraction was ri,off = 0.79, and

the outlet offset fraction was ro,off = 0.9, which were the largest offsets that could be

reasonably manufactured.

While the goal of the optimization was to find the set of values for the design variables

that minimizes the energy loss, some constraints needed to be placed on those values to

ensure the final design could be manufactured. The orifice dimensions, Rw and Rh, had

to be larger than 1mm, and the spool diameter, D, needed to be larger than 17.8mm.

The length of the spool l < 12.7cm and the spool/bore clearance c > 12.7µm were also

constrained. The spool outlet area, Aout, was constrained to be less than 200mm2, and
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Figure 4.7: Total power loss for a self-spinning and an externally rotated 3-way valve

at different PWM frequencies

the width of the land at the end of the spool, lend, was constrained to be larger than

1.6mm to maintain structural strength.

With the numerical parameters and constraints defined, the design optimization for

the valve could be performed. Figure 4.7 shows the optimal results for both the self-

spinning and externally rotated designs with different minimum frequency bounds. For

this study, there were N = 3 PWM sections on the valve, which is the desired value

from a mechanical balancing perspective. From these results, it is clear that increasing

the PWM frequency significantly increases the power loss, which agrees with the results

in chapter 2. It is also clear that the externally rotated spool has a significant efficiency

benefit over the self-spinning design. However, this does not account for any inefficiency

in the external rotary actuator. Figure 4.8 provides some detail on why the externally

rotated design has lower power losses.

In Fig. 4.8, the five different losses are shown for both the self-spinning and the

externally rotated cases. Note that these results are for the valve optimized at each
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PWM frequency, not a single design being driven across the frequency range. While all

of the losses increase with the PWM frequency, the effect is particularly pronounced in

the compressibility loss. The self-spinning design has a lower compressibility loss and no

additional actuation power is required. However, the externally rotated case has much

lower transition and full-open losses, and slightly lower leakage. To see what is causing

the difference in the losses, the optimal design parameters are shown in Figs. 4.9 and

4.10.

Both the self-spinning and externally rotated designs have a decreasing optimal di-

ameter as the frequency is increased, likely due to the fact that the compressibility loss

increases with diameter. The length of the externally rotated spool is at the maximum

allowed value across the frequency range, but this is not the case for the self-spinning

case. In order to decrease the full-open and transition losses, a larger open area is de-

sired, which can come from increasing the diameter or the length of the spool. However,

increasing the diameter incurs a penalty in the compressibility loss. In the self-spinning

case, increasing the length also increases the frictional torque that must be overcome,

and at higher frequencies, a smaller length is needed to satisfy the self-spinning con-

straint (Eq. (4.24)). This constraint also drives an increase in the clearance, which

results in an increase in leakage. The requirement to generate sufficient torque to spin

the spool be capturing fluid momentum in the inlet and outlet turbines also drives the

self-spinning design to have a small outlet area to generate actuation torque from the

outlet turbine. In the externally rotated case, the optimal outlet area is at its maximum

value, since that torque is not needed to spin the valve. Clearly, while it simplifies the

packaging of the valve, the self-spinning feature drives an increase in the power loss in

the three-way valve enabled VVDP. It is interesting to note that, in both cases, the

constraint requiring κ ≤ 1 (Eq. (4.28)) is always active, meaning that the optimal value

of κ is one for both designs. Thus, the optimal valve is always in transition, which is

achieved by having as large of an inlet orifice as possible.

Another design choice to study is the number of PWM sections arrayed around the

valve spool. Increasing the number of sections decreases the angular frequency of the

valve needed to achieve the specified PWM frequency requirement. However, it also

tends to increase the size and leakage of the spool. Figure 4.11 shows the total power

loss for optimal self-spinning and externally rotated valves with different numbers of
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Figure 4.11: Total power losses for a self-spinning (solid lines) and an externally rotated

(dashed lines) 3-way valve with different number of PWM sections

sections being driven at three different frequencies. From the figure, it is clear that

the number of sections has little effect on the overall loss for the externally rotated

case. For the self-spinning case, increasing the number of sections does reduce the

overall loss, particularly at high frequencies. This makes some intuitive sense since

increasing the number of sections decreases the angular frequency requirement on the

valve spool, which helps relax the self-spinning constraint (Eq. (4.24)). When designing

a self-spinning valve, a determination must be made whether the reduced power loss is

worth the increased manufacturing complexity of adding additional PWM sections.

The previous figures were all generated for a VVDP running at a flow rate of

37.85lpm. Figure 4.12 shows the power loss in an optimal valve at different flow rates

and frequencies. Clearly, as the flow rate increases, the power loss increases for both

the externally rotated and the self-spinning designs. However, since the power flowing

through the valve increases with flow, the efficiency of the device does not necessarily
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Figure 4.12: Total power losses for a self-spinning (solid lines) and an externally rotated

(dashed lines) 3-way valve with different flow rates

decrease as the flow rate is increased.

In Fig. 4.13 the total power loss is normalized by the maximum output power through

the valve. In this figure, it is clear that at medium to high flow rates, the power loss

increases at roughly the same rate as the power through the valve. At lower flow

rates, the power loss is a larger fraction of the total output power, especially at higher

frequencies. It is important to note that these results are for valves optimized for every

flow rate for which a data point is shown; they do not represent using the same valve

design at different flow rates. To design a valve that is optimal for a range of flow rates

would require a desired duty cycle to be specified. In a VVDP, the valve is coupled

with a fixed displacement pump, which, if it is driven at a constant speed, is a constant

flow source. For a VVDM or VVDPM, where the valve is coupled with a motor, the

typical use case is for the flow rate through the valve to depend on a varying motor

speed requirement. In the next section, the design of a VVDPM that is optimized for a
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Figure 4.13: Total power losses for a self-spinning (solid lines) and an externally rotated

(dashed lines) 3-way valve with different flow rates

specific application and duty cycle is presented.

4.4 Rotary Valve Enabled VVDPM

In this section, the concept of using a two degree-of-freedom on/off valve to create a

variable hydraulic pump is extended to the pump/motor case. In the previous section,

the 3-way valve created a Virtually Variable Displacement Pump (VVDP). Figure 4.14

shows a circuit that uses a 4-way rotary valve and two directional control valves to

create a Virtually Variable Displacement Pump/Motor (VVDPM). This circuit creates

a four-quadrant pump/motor, meaning it can function as a pump or a motor in either

direction of rotation of the shaft. With the ability to act as a pump or a motor, this

circuit can be used in more applications than a VVDP. One example application that

is described in this section is a hydraulic hybrid vehicle, which requires a device that

can produce or absorb hydraulic power, depending on the driving conditions and the
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Figure 4.14: Hydraulic circuit of a Virtually Variable Displacement Pump/Motor

state of the hybrid system. This circuit uses an on/off valve to turn a fixed-displacement

pump/motor into a variable displacement pump/motor by switching between two states:

one port connected to pressure and the other to tank (on), or both ports connected

together (off).

As shown in Fig. 4.14, Directional Control Valve (DCV) 1 controls the direction

of flow through the valve. For a valve spool that is designed to be self-spinning, the

turbines are only effective at capturing momentum from the fluid if it flows in one

direction through the valve. Thus, if the angular velocity of the pump/motor shaft

changes directions, DCV1 must be switched to maintain a consistent flow direction

through the valve. This is only a requirement for a self-spinning valve; an externally

rotated valve would not need DCV1. The second directional control valve, DCV2, is

needed for both the self-spinning and externally rotated designs. This DCV controls

which port of the pump/motor is connected to high pressure in the on state, and which

is connected to tank. If the fluid out of the pump/motor is flowing toward the high-

pressure accumulator, then the VVDPM is in pumping mode; otherwise it is in motoring

mode.

It is clear from Fig. 4.14 that the rotary valve spool needed to create a VVDPM

is different than the 3-way valve spool described in section 4.1. The VVDPM valve

spool has two ports that connect to the fixed-displacement pump/motor: a pressure
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Figure 4.15: 4-way valve spool used to create a VVDPM [88]

port, and a tank port. In the on state, each pump/motor port is connected to either

pressure or tank. In the off state, the two pump/motor ports are connected to each

other, allowing the device to freewheel. When the pump/motor is freewheeling, the

pressure and tank ports on the valve spool are blocked. Figure 4.15 depicts a valve

spool that can accomplish this functionality.

The 4-way valve shown in Fig. 4.15 has four sections corresponding to the four ports

on the valve. The inlet and outlet labels apply for a self-spinning valve since the flow

direction must be constant in that case. The upper section of the spool (B) contains

an outlet turbine, and it is connected to one of the pump/motor ports. The second

section from the top (D) is either connected to high pressure or tank, depending on

the state of DCV2. This section contains an inlet turbine, and it is partitioned into
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two halves, a set of solid triangular sections on top to block flow, and a set of open

triangular sections below that are connected to section B through the middle of the

spool. The third section from the top (A) contains another inlet turbine and is also

partitioned into upper and lower triangular sections. The lower triangular sections

are connected through the middle of the spool to the bottom section (C). The upper

triangular sections are connected through the center of the spool to the lower triangular

sections of section D, which are also connected to the upper section, B. Thus, there is a

connection between three sections of the spool, but due to the timing of the triangular

sections, only two sections at a time are connected in either the on or off state. As shown

in Fig. 4.15, in the on state, the inlets in sections D and A are over the lower triangular

sections, meaning that D is connected to B and A is connected to C. As the valve

rotates to the freewheeling state, both inlets transition to the upper triangular sections

simultaneously, blocking the inlet over D, connecting sections A and B, and leaving C

disconnected from any other section. A detailed description of this valve, along with a

different configuration designed to achieve the same functionality are described in [88].

As with the three-way valve in the previous section, the design of this valve involves

a number of tradeoffs and constraints that must be balanced. In order to design an op-

timal valve, the design problem is formulated as a constrained energy loss minimization

problem.

4.5 VVDPM Design Optimization Formulation

Many of the design variables and tradeoffs that exist for the three-way valve must also

be considered for the four-way valve. However, there is one significant difference in

the design approach for the VVDPM. In the VVDP case, the valve was assumed to be

operating with a constant flow rate and load pressure, which is a feasible application for

a VVDP. However, for a device that can be either a pump or a motor, the assumption

of a fixed flowrate and load pressure is much less likely to reflect a realistic application.

Thus some duty cycle must be defined for the VVDPM to specify the pressure and flow

demands on the valve. This duty cycle can also be specified in terms of torque and

speed on the pump/motor shaft.

One possible duty cycle would be to generate a grid of torque and speed demands
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that cover a specified range, and give every point in the grid an equal weight. This

could be an approach for a device if there is no knowledge about the final application.

However, this VVDPM was developed in conjunction with another project aimed at

creating a hydraulic hybrid passenger vehicle [89]. Thus, the valve duty cycle can be

specified in terms of the speed and torque demands on a pump/motor in a hydraulic

hybrid vehicle that is following its own specified duty cycle.

Figure 4.16 shows a schematic for a Hydraulic Hybrid Passenger Vehicle (HHPV).

The architecture shown here is known as an input-coupled power split transmission, and

it uses a planetary gear to combine a mechanical and a hydraulic power path between

the engine and the wheels. The hydraulic power path allows an accumulator to be

used to capture braking energy to be re-used. It also provides flexibility to allow the

engine to be run in a higher efficiency region than is possible when only the mechanical

path is present. For more information on the design of the HHPV see [89, 90]. In

this transmission architecture, there are two pump/motors that could be implemented

as a VVDPM: one that is coupled to the engine output shaft (shown as 2 tandem

pump/motors in Fig. 4.16), and one that is coupled to the wheels through a planetary

gear set. For the example described in this chapter, an optimal design will be derived

for a VVDPM that is to be used as the wheel pump/motor of the HHPV. The torque

and speed requirements for the wheel motor can be determined by specifying a drive

cycle for the HHPV, as well as an energy management strategy to determine the power

flowing into and out of the accumulator at each point in the drive cycle [91]. In [91],

an optimization procedure is described that takes into account the parameters of the

HHPV, the desired drive cycle, and the efficiency of known hydraulic components. The

VVDPM described in this section was designed as a replacement for a conventional

variable displacement pump motor at the wheels of the HHPV. Thus, the VVDPM must

operate over the same duty cycle as the conventional pump/motor when the optimization

process in [91] is applied.

With a duty cycle for the VVDPM determined, an optimization problem can be

formulated to minimize the total energy lost in the VVDPM as the vehicle drives through

its drive cycle.
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Figure 4.16: Sketch of a transmission for a Hydraulic Hybrid Passenger Vehicle with a

VVDPM as a wheel pump/motor

min
x

∫
cycle

(Lfull−open + Lcompress + Lleakage + Ltransition + Lactuation) dt

s.t. c1(x) ≤ 0

c2(x) ≤ 0

c3(x) ≤ 0

c4(x) = 0

xi,min ≤ xi ≤ xi,max for 1 ≤ i ≤ 10 (4.30)

The vector x = [Rw, Rh, D, l, c, N, Aout, lend, Dd, r] contains the optimization

parameters for the 4-way valve, with new optimization parameters, Dd and r. The new

parameter Dd refers to the cross-sectional diameter of the inlet and outlet rails that

surround the inlet and outlet sections of the valve spool. With this parameter, there is

a trade off between the throttling of the fluid through the rail and the compressible loss

that is associated with a larger volume on the inlet. For a VVDP with a constant flow

rate, the optimal rail diameter can be easily calculated, so it was not included in the
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previous section. However, with a variable flow rate through the valve, the optimal point

is not as easy to find, so it is included in the optimization for the VVDPM. The variable,

r, is a gear ratio between the planetary gear and the shaft of the VVDPM. Changing

this ratio has a similar effect to changing the displacement of the fixed displacement

pump/motor. However, for the prototype to be constructed from this design, only one

displacement is available, so adding a gear reduction is the simplest way to gain the

needed flexibility. If a full range of fixed pump/motor displacements are available to

select from, then the gear ratio r could be replaced by the displacement value.

The design problem formulation for the VVDPM is similar to the VVDP, except that

it is minimizing the entire energy loss rather than the instantaneous power loss. The

first three constraint functions are similar to the VVDP example, with c1(x) enforcing a

minimum PWM frequency, c2(x) ensuring that the transition fraction is ≤ 1, and c3(x)

constraining the geometry of the inlet orifice to have the same angle and width, which

ensures that there is no connection from supply to tank. The VVDPM case also has an

additional inequality constraint, c4(x), that is related to ensuring that the VVDPM can

achieve the maximum torque required by the duty cycle. This constraint places limits

on the gear ratio, r, and is described in section 4.5.6.

The duty cycle from the HHPV specifies a required shaft torque, T , and speed, ω,

at the planetary gear input. From these values, the flow through the valve, operating

mode (pump or motor), and duty ratio setting for the valve, s, can be determined. The

flow through the valve is given by:

Q =

∣∣∣∣D0ωr

2π

∣∣∣∣ (4.31)

where D0 is the displacement of the fixed pump/motor. The duty ratio for the valve is

determined by the torque demand, and the operating mode of the VVDPM is determined

from the sign of the power flowing through it:

s =


sm =

∣∣∣ 2πT
PD0r

∣∣∣ if ωT > 0

0 if ωT = 0

sp = −
∣∣∣ 2πT
PD0r

∣∣∣ if ωT < 0

(4.32)

where sm is the duty ratio when the VVDPM is in motoring mode, and sp is the duty
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ratio when the VVDPM is in pumping mode. For the sign conventions used to define

T and ω, motoring results when positive power is flowing through the VVDPM, and

negative power results in pumping.

The total energy lost is comprised of the losses due to full-open throttling, com-

pressibility, leakage, transition throttling, and actuation power, which are described in

sections 4.5.1 through 4.5.5, and the constraints on the design are described in section

4.5.6.

4.5.1 Full-Open Loss

For the 4-way case, the full-open loss is given by Eq. (4.33).

Lfull−open = (1 + |s|) ((1− κ)QPin +QPout +QPspool +QPrail) (4.33)

Note that s ∈ [−1, 0] for pump mode and s ∈ [0, 1] for motor mode. The (1 + |s|)
coefficient is a result of the fact that, in the 4-way design, there can be either 1 or 2

flow paths through the spool, depending on whether the valve is off (freewheeling) or

on. κ, the fraction of the rotation that the valve spends in transition is the same as

for the VVDP, and is defined in Eq. (4.6). Pin and Pout are computed using the orifice

equation (Eq. (4.3)), and Pspool is computed from Eq. (4.4), with nspool, mspool, and

kspool determined from CFD analysis of the spool geometry. The pressure drop across

the inlet rail, Prail is also included in this equation. The pressure drop through this rail

is a function of the rail diameter, which is included as an optimization parameter for

the VVDPM. The pressure drop in this rail is approximated by the orifice equation:

Prail =
ρQ2

2
(
cd
π
4D

2
d

)2 (4.34)

4.5.2 Compressibility Loss

Unlike the 3-way valve case, the 4-way valve does not connect pressurized fluid in the

inlet volume directly to the tank when it switches. Instead, it connects the two sides

of the pump/motor together for freewheeling mode. Thus, one side of the pump/motor

transitions between the accumulator pressure and some mid-point pressure, Pfw, and

the other side transitions between Pfw and the tank pressure. The compressibility loss
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is then only a result of the pressure falling from Pfw to tank. The high pressure fluid in

one chamber will raise the pressure of the fluid in the other chamber when the two are

connected in the freewheeling mode. Thus, the freewheeling pressure can be computed

by assuming the energy lost from the high pressure side is equal to the energy gained

by the low pressure side.

V1

∫ P

Pfw

p1

β (p1)
dp1 = V2

∫ Pfw

0

p2

β (p2)
dp2 (4.35)

where V1 and V2 are the volumes on either side of the pump/motor. This equation

can be solved numerically using the equations described in section 2.3.2. However,

due to the large number of function iterations required in the optimization process,

an approximation using a constant bulk modulus value may be desirable to reduce

computation time. With a constant bulk modulus, Eq. (4.35) reduces to:

Pfw =
P√

1 + V2
V1

(4.36)

Figure 4.17 shows the freewheeling pressure computed by both numerically solving

Eq. (4.35) and the approximation in Eq. (4.36). Notice that the freewheeling pressure is

greater than half of the load pressure when the volumes are equal. This indicates that

the rate of energy loss as a high pressure fluid is decompressed is higher than the rate

that energy is gained as a low pressure fluid is compressed. This agrees with Fig. 2.5,

which shows an increasing slope as the pressure is increased.

The two fluid volumes on either side of the pump/motor are different, and change

depending on whether the system is in pump or motor mode. If the system is in motor

mode, the volumes are given by:

V1 =
(D +Dd)π

2D2
d

4
+ Vspool + Vin

V2 =
(N − 1) (D + 2ln +Dd)π

2D2
d

4N
+NVn + Vin (4.37)

For the pump case, V1 and V2 are switched. This equation assumes that the inlet and

outlet rails have the same diameter, Dd. Vspool is the volume inside the tandem center
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sections of the spool (sections B, D, and the upper half of A in Fig. 4.15). Vin is the

volume in the lines connecting the valve to the pump/motor.

The energy lost due to compressibility is computed using the following equation:

Lcompress =
V1P

2
fwNω

4βeqπ
(4.38)

where, similar to Eq. (4.9), the bulk modulus is represented by an equivalent bulk

modulus that results from estimating the energy needed to compress oil up to Pfw. To

be exact, βeq would need to be recomputed for each Pfw, but a constant value can be

used as an approximation. If Eq. (4.36) is used to compute the freewheeling pressure,

then the compressibility loss becomes:

Lcompress =
V1V2P

2Nω

4βeqπ (V1 + V2)
(4.39)

4.5.3 Leakage Loss

The 4-way valve has the same 2 leakage paths that the 3-way valve has; across the helical

barrier and across the high pressure end of the spool. The difference is that, rather than

having constant pressures driving the leakage, the pressure alternates between P and

Pfw. The fraction of on/off time is the duty ratio, and s can be used to determine the

cycle-average leakage. Equations (4.40) and (4.41) give the leakage in the 4-way valve

for the pump and motor modes.

Lleak,p =
N (2lt −Rh) c3

(
−spP 2 + (1 + sp)(P − Pfw)2

)
12µRw sin2(φ)

+
πDc3

(
−sp (P )2 + (1 + sp) (P − Pfw)2

)
12µlend

(4.40)

Lleak,m =
N (2lt −Rh) c3

(
smP

2 + (1− sm)P 2
fw

)
12µRw sin2(φ)

+
πDc3

(
sm (P )2 + (1− sm) (Pfw)2

)
12µlend

(4.41)
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where the spool travel length, lt, for the 4-way valve is given by:

lt =
l − 2lend

4
−Rh (4.42)

4.5.4 Transition Loss

As the valve spool transitions between the on and off states, the inlet orifices need to

close to one flow path and open to another. During this transition, the pressure drop

across the valve can be significantly higher than the full-open pressure drop, which

results in a higher power loss. In determining the power loss across the valve spool,

it is assumed that the flow rate is constant during the transition, and that the oil

is incompressible. In reality, the oil is being throttled and compressed/decompressed

simultaneously, but as an approximation, the two losses are considered individually.

The orifice equation (Eq. (4.3)) is used along with the linear area profiles that result

from the rhombus shaped inlet orifices. In the VVDPM, the valve spool either has

one or two inlet orifices open, depending on whether the device is freewheeling (off) or

powered (on). This is the case for both the pump case and the motor case. In Fig. 4.14,

there are check valves and relief valves that are in place to limit the pressure drop across

transitioning orifices (the relief valves can also be replaced by check valves to supply).

The transition loss equations must take these limiting valves into account. Note that for

all transitions, since the fluid is considered incompressible and the orifice area profiles

are linear and symmetric, the power loss across a closing orifice is the same as the loss

across the same orifice opening. The derivation for the transition loss equations is given

in Appendix A. The transition power loss for the pump and motor cases is given by:

Ltrans,pump =
κ
√
PopenQ

2

[
Pc,high − Pout − Pspool√

Pload + Pc,high − Pspool − Pout

+
√
Pload + Pc,high − Pspool − Pout + 2

√
Pc,high − Pout − Pspool

+2
√
Pc,low − Pspool − Pout − 3

√
Popen

] (4.43)
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Ltrans,motor =
κQ
√
Po

2

[√
P − (Pc,low + Pspool + Pout)− 3

√
Po

+2
√
P + Pc,high − Pspool − Pout +

Pc,high − Pspool − Pout√
P + Pc,high − Pspool − Pout

+
P − 2Pspool − 2Pout

2
√
P − (Pc,low + Pspool + Pout)

] (4.44)

where Pc,low, and Pc,high are the opening pressure of the check valves to low and high

pressure. Note that Fig. 4.14 shows relief valves to high pressure instead of check

valves. Both configurations will work, but check valves will result in lower loss, so they

are assumed in these equations.

4.5.5 Actuation Loss

Like the 3-way spool, the 4-way spool in the VVDPM can either be designed to capture

momentum from the fluid and spin itself, or it can be designed to be driven by an

external rotary actuator (i.e. an electric motor). If the spool is driven by scavenging

power from the fluid, then there is no additional power loss due to the actuation of the

spool; any power loss associated with generating the necessary fluid momentum will be

taken into account through the full-open pressure drop. However, for a valve that is

rotated externally, there is an additional actuation power that must be considered.

The power required to spin the valve is determined by the friction on the valve spool

as it rotates. The torque on the valve spool due to friction is given in Eq. (4.20), with

the effective area on the spool given by Eq. (4.21). The bearing area, Abearing, for the

4-way spool is slightly different than it is for the 3-way spool:

Abearing = πD

(
Rh + 2lend +

l

8

)
(4.45)

where the l/8 term comes from the solid triangular areas in section D on the spool. The

power lost due to spinning the valve against the friction torque is given by:

Lactuation = Tfω =
AeffµD

2ω2

4c
(4.46)

The remainder of the spool surface area also contributes to the frictional loss on

the spool. This is done by multiplying the non-bearing surface area by a parameter, α,
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which relates to the shear stress generated by the swirling fluid in the pockets of the

valve. This parameter is estimated using CFD analysis [51].

Aeff = Abearing + α(πDl −Abearing) (4.47)

4.5.6 Constraints

The constraints on the VVDPM are similar to the VVDP, although there are several

differences. The first inequality constraint, c1 (x) ≤ 0, is related to a lower bound on the

speed of the spool. For a self-spinning valve, the torque generated by the inlet sections

(Eq. (4.25)) and the outlet sections (Eq. (4.26)) are the same as in the VVDP case. The

only difference for a self-spinning 4-way valve is that this spool can have two inlet and

two outlet sections active, or only one of each, depending on whether the valve is on (2)

or freewheeling (1).

ω =
(1 + |s|) ρQ2ri,off

D
2

N
(
D
2

)2 (
Aeff

µ
c + r2

o,offρQ
) ( 1

Ain
+

ro,off
ri,offAout

)
(4.48)

where Eq. (4.48) is the same as Eq. (4.27) except for the addition of the (1 + |s|) term

in the numerator. This term accounts for the fact that there is twice as much torque

generated by the inlet and outlet turbines when the valve is in the on state.

A key feature of this equation is that the valve speed is proportional to the flow

rate squared. Thus, for a variable flow rate application, the valve speed can vary

significantly, which results in a variation on the torque ripple applied to the output.

This is a significant drawback of the self-spinning approach. It also makes setting a

minimum bound on the PWM frequency impossible, unless a minimum bound can also

be specified on the flow rate. For the self-spinning case the constraint on the PWM

frequency must be changed from the VVDP case to set a lower bound on the average

PWM frequency:

c1(x) = fmin,mean −
ωN

2π
(4.49)

where fmin,mean is the average PWM frequency across the drive cycle. For the externally

rotated case, Eq. (4.24) can be directly applied to set the minimum rotating speed on

the valve spool.
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The second inequality constraint, c2 (x) ≤ 0, is the same as in Eq. (4.28) for the

VVDP, which states that κ ≤ 1. This means that the largest fraction of the rotation

that the valve can spend in transition is 1.

The third inequality constraint, given by Eq. (4.50), is unique to the VVDPM design

problem. Since the valve is being optimized over a range of torque and speed demands,

and the gear ratio between the VVDPM shaft and the planetary gearset is a variable,

there must be a constraint that ensures that the VVDPM can meet the maximum torque

requirement at the specified pressure.

c3 (x) = Tmax −
PrD0

2π
(4.50)

where τmax is the maximum torque in the duty cycle for the valve. Note that this

constraint can be achieved by either changing the gear ratio r, or the pump/motor

displacement D0. For the design example presented here, the displacement is held

fixed, but that is not a requirement in all cases.

The final equality constraint, c4 (x) = 0, is the same in the VVDPM case as it is for

the VVDP case and is given by Eq. (4.29). This constraint ensures that the angle of

the inlet rhombus is the same as the angle of the helical cuts on the valve spool.

With the loss and constraint equations specified, the optimal valve design can be

computed. In the next section a numerical example for a VVDPM is presented.

4.6 VVDPM Optimization Results and Design Studies

The design problem formulated in the previous sections can be solved by a variety of

optimization software packages. Like the VVDP optimization, the results presented in

this section were obtained using the fmincon function included in the Matlab Optimiza-

tion Toolbox. For this design example, either the SQP or Active Set solver was used,

depending on which one was faster for a given operating point.

The objective and constraint equations contain a number of constants that are not

included as optimization variables. The pressure in the high pressure accumulator was

set at a constant P = 200bar. The oil density was set at ρ = 876kg/m3, and the viscosity

was µ = 0.0387m3/s, which match values for Mobil DTE 25 oil at 40C. The discharge

coefficient for the orifice equations was cd = 0.6, the volume in the ports connecting
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the rotary valve to the pump/motor was Vin = 8cm3, the internal fluid volume of the

spool was Vspool = 7cm3, the length of each nozzle between the inlet rail and the inlet

sections of the spool was ln = 2cm, and the volume of each nozzle was Vn = 0.6cm3.

The cracking pressures for the check valves between the pump/motor ports and tank

and between the motor ports and supply were set for each run to be 6.894kPa above the

maximum pressure drop across the spool (Pin + Pspool + Pout). The factor relating the

shear stress on the bearing surface to the shear stress due to oil swirling in the pockets

was α = 0.2. The CFD-determined parameters for computing the pressure drop across

the spool were kspool = 2.497 × 10−7, mspool = 2, and nspool = 3.02. The inlet turbine

and outlet turbine offset distance fractions were ri,off = 0.79 and ro,off = 0.57.

In order to ensure the optimal design could be feasibly manufactured, the optimiza-

tion parameters were subject to minimum and maximum limits. The spool diameter

needed to be D ≥ 1.27cm, the spool length had to be l ≤ 12cm, the clearance between

the spool and sleeve had to be c ≥ 13µm, and the area on the outlet sections of the

valve needed to be Aout ≤ 100cm2.

As described in section 4.5, the map of points specifying the torque and speed duty

cycle on the VVDPM was generated using a separate optimization procedure for the

HHPV transmission. The points are shown in Fig. 4.18.

Figure 4.19(a) shows the total energy loss over the specified duty cycle for the valve.

It is clear from this plot that the self-spinning design results in much higher losses than

the externally rotated design, especially at higher PWM frequencies. In Fig. 4.19(b),

the drive cycle efficiency, which is defined as the total power out divided by the total

loss plus the total power out, is plotted. This plot represents the average efficiency

over the complete duty cycle specified in Fig. 4.18. Note that the losses used in these

plots are only the valve losses described in the previous section; any losses in the fixed-

displacement pump/motor that is connected with the valve are not included.

In Fig. 4.21, the overall energy loss is broken down into the individual loss com-

ponents. Clearly, the throttling through the valve, both transition and full-open, is

the dominant source of energy loss for the self-spinning valve. In order to satisfy the

frequency constraint in Eq. (4.49), the inlet and outlet orifices must decrease to cre-

ate more incoming momentum and the diameter must decrease to reduce the bearing

area. The leakage is also higher in the self-spinning case because the clearance must
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Figure 4.19: Total energy loss and cycle efficiency for a VVDPM

increase to reduce the friction on the spool. The elimination of the actuation loss in the

self-spinning case is not nearly enough to make up for the increase in the other losses.

Figure 4.20 shows the inlet turbine, outlet turbine, and viscous friction torques

on the valve spool for the self-spinning and externally rotated designs. These plots

were generated for a valve with a minimum frequency bound of 50Hz. The externally

rotated valve has less torque generated by the turbines, especially the outlet turbine,

due to a much larger optimal value for Aout. However, the primary difference between

the plots is that in the self-spinning case, the frictional torque is much smaller than

in the externally rotated case. This highlights the fact that, despite the much larger

torque on the spool, the actuation power is not a significant driver of the total power

loss. This also indicates that, in order to satisfy the frequency constraint, the optimal

self-spinning valve parameters are selected to bring the frictional torque down to a level

that can be matched by the torque generated by the inlet and outlet turbines.

Figures 4.22, 4.23, and 4.24 show the optimal parameters for both design cases for a

minimum frequency bound of 10 to 100 Hz. Many of the trends for the 4-way valve are

the same as for the 3-way valve. As the PWM frequency increases, the optimal valve has

a narrower spool and inlet orifice and a shorter end land. The end land decreases because
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Figure 4.20: Turbine and friction torques on the valve spool
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the increased friction on the spool becomes a larger loss in relation to the leakage. For an

externally rotated design, the length and the outlet area are always maximized and the

clearance is always minimized. This indicates that the effect of the clearance on reducing

the friction is less significant than the effect it has on increasing the leakage. The rail

diameter also decreases as the PWM frequency increases, indicating that reducing the

compressibility loss becomes more important than reducing the full-open loss.

In Fig. 4.18, the largest magnitude torque demand is T = −46.3Nm. Using this

value in Eq. (4.50), the smallest gear ratio between the VVDPM and the rest of the

transmission that will satisfy the max torque constraint at P = 200bar is r = 1.4545,

which is the optimal value in both cases for all frequencies. Thus, the optimal VVDPM

will have the smallest gear ratio, or equivalently the smallest displacement, that can

still meet the maximum required torque demand.

The self-spinning design clearly results in significantly higher energy loss when com-

pared with the externally rotated design, and it also has a disadvantage in the variabil-

ity of the PWM frequency. The constraint equation, c1 (x) (Eq. (4.49)), constrains the

PWM frequency for the externally rotated case, but it constrains the average PWM

frequency in the self-spinning case. Since the PWM frequency is proportional to the

flow rate though the valve squared, the valve can be spinning very slowly when the

VVDPM is at low speeds, and extremely fast at high speeds. This results in a large

torque ripple at low speeds, and a variable noise characteristic.

Although N , the number of sections, is listed as an optimization parameter, since

only integer values are valid, it is held constant for the optimization process. The

previous results were all achieved with N = 3 PWM sections on the valve, which is

attractive from a spool balancing perspective. Figure 4.25 shows the total energy loss

for both the self-spinning and externally rotated designs for a valve with 2, 3, 4, 5, or

6 PWM sections. A valve with one section would be unbalanced, and more than six

would be very difficult to manufacture. The plot shows that increasing the number of

sections decreases the energy loss, although the effect is very small for the externally

rotated case. For the self-spinning case, the effect of adding PWM sections is greater,

particularly at higher frequencies. This makes intuitive sense; for the externally rotated

case, increasing the PWM sections slows down the spool and decreases the actuation

loss, but it also increases the leakage perimeter. As both of these losses are relatively
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small, trading off one for the other does not have a large overall effect. In the self-

spinning case, the design changes that must be made to overcome the friction and

satisfy Eq. (4.49) have a detrimental effect on the other, larger losses. Thus, reducing

the spool speed can have more of an impact on the total loss.

The optimization results presented thus far have been generated using the duty

cycle specified by the HHPV transmission design (Fig. 4.18). For a general purpose

VVDPM that is not designed for a specific application, a more generic duty cycle can

be specified. The duty cycle points in speed and torque can be generated from a

uniform grid. In the following example, the optimization is performed over a grid from

−50 ≤ τ ≤ 50Nm and −5000 ≤ ω ≤ 5000RPM . Since the externally rotated design

exhibited superior performance when compared with the self-spinning design, only the

results from that design are shown. Figures 4.26 and 4.27 show a comparison between

the optimal parameters generated with the duty cycle shown in Fig. 4.18, and those
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generated with a uniform grid. The three parameters that are not shown (l,c,Aout) were

the same in both cases. In general, the uniform grid valve is larger with larger orifices.

The uniform grid places the same weight on points on the edges of the map as it does

on the center points, whereas the HHPV generated duty cycle has more points that are

clustered near the middle of the flow range. Thus, the uniform grid valve may be more

heavily influenced by the high flow, high torque points, resulting in a larger valve. By

applying weights to different regions of the operating range, this approach can be tuned

for any application.

In addition to the losses in the rotary valve, there are also losses in the fixed-

displacement pump/motor, and by adding the pump/motor losses to the valve losses, an

estimate of the overall VVDPM efficiency map can be generated. For the design example

presented in this chapter, the fixed displacement pump/motor was sized to match a

Parker F11-10 pump/motor. Using efficiency data supplied for this pump/motor, an

estimate of the pump/motor losses can be generated. The pump/motor efficiency data

was separated into mechanical efficiency (primarily a measure of friction) and volumetric

efficiency (primarily a measure of leakage) over a grid of speed and pressure. For a

VVDPM, the load on the pump/motor is a constant pressure (200bar in this example),

but that pressure is applied over a variable duty cycle. If the assumption is made that

the volumetric losses are much smaller in the unloaded case than in the fully loaded

case, then the volumetric losses can be scaled by the magnitude of the PWM duty ratio,

|s|. The mechanical losses also likely decrease in the unloaded state, since the high

forces generated on the bearing surfaces are removed. However, there will still be some

frictional losses in the unloaded state, and the correct scaling to apply is difficult to

determine without an in-depth study of the pump/motor. Without knowing the proper

scaling, the mechanical losses are conservatively assumed to be constant with s. With

this scaling applied, the overall estimated VVDPM efficiency map including the valve

losses, constant pump/motor mechanical losses, and scaled pump/motor volumetric

losses, can be generated.

Figure 4.28 shows the VVDPM efficiency map for an externally rotated valve operat-

ing at a mid-level PWM frequency of 40Hz. Notice that the upper-right and lower-left

quadrants of the map have slightly lower efficiencies than the other two. These quad-

rants correspond to the VVDPM in motor mode, which is slightly less efficient than the
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pumping mode. Figure 4.19(b) shows the trend for the average efficiency for a VVDPM

with respect to frequency. While this plot is for a valve optimized over the HHPV duty

cycle, the shape of the curve for the uniform grid valve matches it closely. From that

plot, at 10Hz, the average efficiency should increase by 3−4% compared with the 40Hz

case, and at 100Hz, the average efficiency should be about 5% lower. This map is only

an estimate of the VVDPM efficiency and the loss equations used to generate it contain

some simplifications designed to allow for an efficient solution by the optimization algo-

rithm. One of these assumptions is that the losses (i.e. compressibility and transition)

are occurring independently of each other, when in reality, they are occurring simulta-

neously and affecting each other. A more detailed dynamic model could better model

the losses acting together. In [88], a more detailed analysis of the VVDPM efficiency

can be found that uses a dynamic model to estimate the losses.

4.7 Conclusion

In this chapter, an optimal design procedure was described for a novel type of rotary

valve that can translate axially as is rotates. This two degree-of-freedom valve is useful

in applications that require high-speed switches between two states, and also need the

ability to adjust the ratio of time spent in those two states. Two example hydraulic

circuits were described in detail: a Virtually Variable Displacement Pump and and

Virtually Variable Displacement Pump Motor. The VVDP uses a three-way on/off

valve to send full pump flow to either a load branch (with a smoothing accumulator) or

a tank branch to unload the flow. This allows a fixed-displacement pump to provide a

variable flow out to a load. The VVDPM uses a four-way tandem-center rotary valve

to connect the ports of a fixed-displacement pump/motor to supply and tank or to each

other in the freewheeling state.

For each valve, the design procedure was formulated as a constrained energy loss

minimization problem. To accomplish this, equations for five different sources of energy

loss in the valve were derived. In examining the energy loss equations, design parameters

that were involved in one or more trade offs between the different losses or constraints

were identified as optimization parameters. The VVDP optimization was conducted

for a valve operating at a constant output pressure and input flow rate. This allowed
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for a minimization of the instantaneous power lost in the valve. For the VVDPM, a

constant pressure and flow rate are highly unlikely to represent reality. As a result,

the optimization problem was formulated to minimize the total energy lost in the valve

as the VVDPM operated through a specified duty cycle. The primary duty cycle used

for optimization was generated from the design of the transmission for a Hydraulic

Hybrid Passenger Vehicle. A separate duty cycle generated from a uniform grid across

an operating region was also used for comparison.

Constraint equations for the valve design were also derived, most of which related

to bounds on the physical parameters or other mechanical constraints. As described in

chapter 2, a faster PWM frequency reduces the ripple on the output, but it also has a

detrimental effect on the efficiency. In order to include both objectives of limiting the

output ripple size and reducing the power loss, a lower bound was placed on the PWM

frequency. Equations for two different valve designs were described: a self-spinning valve

that uses fluid momentum to spin itself, and a valve that is rotated from an external

actuator.

The results of the optimization showed that for both the VVDP and the VVDPM,

the externally rotated valve was significantly more efficient than the self-spinning valve.

Despite the fact that the self-spinning valve does not require any power to actuate it,

the design trade offs that need to be made to accomplish self-spinning cause significantly

more energy loss than is needed to spin the valve. A self-spinning valve tends to have

a smaller diameter, inlet orifice, outlet orifice, and a larger clearance. As expected,

the energy losses increase as the frequency increases, driven by the compressibility loss,

the transition loss, and in the externally rotated case, the actuation loss. The largest

source of energy loss in the valve is throttling when the valve is transitioning between

states, although the optimization drives the inlet orifices to be so large that the valve is

always in transition. The number of PWM sections on the valve was also studied. For

a self-spinning valve, adding more PWM sections has a beneficial effect on the overall

loss, especially at higher frequencies. For an externally rotated valve, the number of

PWM sections had only a small effect on the overall loss.

By adding the estimated losses from a fixed-displacement pump/motor, an estimate

of the efficiency map for an optimal VVDPM was generated. For a VVDPM operat-

ing at 40Hz, the high efficiency regions had levels in the mid-80% range, with that
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increasing to the upper 80% range for a VVDPM at 10Hz. The pump mode efficiency

remains above 70% down to about 20% displacement (note, s=T/Tmax) at all but the

low speed conditions, and the motor maintains this level down to about 30%. This is

comparable to the efficiency of conventional variable displacement pump/motors, ex-

cept for slightly lower at the top end. However, with this approach, lower cost or more

efficient pump/motor technologies can be used as the fixed-displacement unit. In ad-

dition, there is potential to extend this approach to couple with a cylinder instead of

a fixed-displacement pump/motor, which could provide a significant improvement over

the efficiency of throttling valve control. The challenge in taking this step is main-

taining enough inertia on the load to mitigate the torque ripple from the on/off valve.

Another direction to take this rotary valve approach is to integrate it directly into a

piston pump/motor to enable/disable individual pistons. This approach can use the

low-power, high-speed on/off switching enabled by the rotary valve to control lower

flow associated with individual pistons to control hydraulic power. In the next chapters

this approach will be explored.



Chapter 5

Power Loss and Operating

Principle Analysis of a Discrete

Piston Controlled Hydraulic

Pump/Motor

There are many ways that on/off valves can be combined with other hydraulic compo-

nents to create efficient control systems. In the previous chapters, an on/off valve was

placed outside of a hydraulic pump or motor to vary the power output by unloading

excess flow at low pressures. This approach is more efficient than using throttling valves,

and it allows the use of fixed displacement pumps and motors in applications that have

a varying flow demand. However, this approach requires the full pump or motor flow to

pass through the on/off valve, which can result in power losses and a large flow ripple.

In addition, power losses in the on/off valve will add to the power losses in the pump

or motor, reducing the total system efficiency.

In this chapter, and in chapters 6 and 7, a different approach is taken; the on/off

valve is integrated into the pump/motor to create a single device that can efficiently

produce a variable output flow or torque. The on/off valve enables or disables individual

pistons inside of the pump/motor, rather than enabling or disabling the full output flow

of the pump/motor. This approach, which is referred to as discrete piston control, has

135
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Figure 5.1: Sketch of a conventional variable displacement pump

a number of advantages and can produce a highly efficient variable power source. By

only acting on one piston at a time, the flow requirements for the on/off valve, and

the flow ripple resulting from on/off control, can be much lower than in the full output

flow on/off strategy. Also, by changing the way the displacement of the pump/motor is

varied, some of the power losses in the pump/motor itself can be reduced.

Conventional variable displacement pumps and motors are typically either swash-

plate or bent-axis type machines. These devices have a set of rotating pistons that

push against an angled surface, the effect of which is to cause the pistons to reciprocate

within their bores, as depicted in Fig. 5.1. If this reciprocating action occurs when there

is high-pressure fluid in the piston chamber, energy is added to or extracted from the

high pressure port. By varying the relative angle between the piston barrel and the an-

gled surface, the distance that each piston reciprocates in one rotation is varied, which

changes the volume of high pressure fluid that is produced for pumping or extracted

for motoring. As less power is required from the pump or motor, the stroke of each

piston is reduced. Each piston is connected to either the high pressure or low pressure

port of the machine, which is accomplished by the rotating piston block passing over a

stationary valve plate, which has two kidney-shaped ports. A sketch of a valve plate is

shown in Fig. 5.7. Thus, half of the pistons are always at high pressure, and the other

half are at low pressure.

In this chapter, an analysis of the power loss mechanisms are evaluated for both a

conventional swashplate pump/motor and a discrete piston controlled device. Particular
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attention is paid to how these loss mechanisms scale with the displacement setting of the

pump/motor. Different piston disabling strategies are also discussed and their relative

benefits and drawbacks are explained. In chapter 6, several options are compared for

achieving discrete piston control using mechanical control valves. A design is selected

and the detailed design of a prototype following this approach is described, including a

dynamic model, mechanical design, and CFD results. Finally, in chapter 7, experimental

results of the discrete piston pump/motor prototype are presented.

5.1 Introduction

Conventional variable displacement pumps and motors typically exhibit a dramatic

drop-off in efficiency as their displacement is decreased. The majority of the losses in

a variable displacement pump stem from the leakage and friction between parts that

experience relative motion. As the displacement is decreased, the piston stroke length

is decreased, but the interfaces that cause the leakage and friction losses remain at high

pressure. This leads to a fairly flat power loss across the displacement range, resulting

in a sharp efficiency drop at low displacements.

In contrast to conventional variable displacement devices, the approach taken in

this chapter is to use on/off valves to enable/disable pistons when they are not needed,

rather than changing the stroke length. With this method of control, high pressure

is removed from pistons when then power demand decreases, causing many of the the

leakage and friction losses to decrease as the displacement is reduced. However, by not

reducing the stroke length, some losses, such as piston friction and flow throttling, may

increase. A study of the losses in an example pump/motor is presented in section 5.2

which shows that the loss reduction due to removal of pressure is greater than the loss

increase due to longer stroke length.

The approach of disabling individual pistons rather than varying the stroke length

is relatively new, but not unique to this thesis. Other groups have investigated using

on/off valves for discrete piston control, but their efforts have primarily been focused

on using electrically actuated valves. A full description of other discrete piston control

approaches is given in section 1.1. While electrically actuated valves can provide a high

degree of control flexibility, most of the piston-by-piston control functionality can be
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achieved using mechanical valves. In a similar approach to chapter 4, a two degree-of-

freedom valve can be used to control both the fast on/off switching required via rotary

motion, and adjustment of on/off timing via axial movement. Inside a pump/motor,

the drive shaft can provide rotary actuation power for the valve, with the added benefit

that the on/off switching of the valve will have fixed, reliable timing with respect to the

driveshaft.

There are a number of advantages of a mechanical control solution, compared with

an electrohydraulic solution. A mechanical solution is simpler to implement and control

in most hydraulic applications, since the position of the rotary valve is the single control

input. Power for the valve is also mechanical and hydraulic, which are both available

inside the pump/motor, whereas electrical valves often need a high-current electrical

supply. A mechanical or hydraulically actuated valve can be held open or closed with

little or no power, in contrast to electrical actuators, which typically require a constant

current to hold against a spring. Due to the lack of wires and control circuitry, the

packaging of a mechanical solution can be simple and robust, and the valve timing is

guaranteed to be at a consistent location in the pump rotation, independent of the

pump/motor speed. This means that the control can be achieved without requiring a

shaft position or speed sensor.

The disadvantages of a mechanical valving approach are primarily related to a loss

of flexibility. There are a number of timing strategies that can be employed when us-

ing discrete piston control, and an electrical solution can have the flexibility to switch

between them. This could allow the pump/motor to adjust the flow ripple in different

operating conditions. The valve timing can also be shifted with respect to the pump

rotation at different operating conditions, which can provide efficiency benefits, partic-

ularly for a motor with a wide speed range. However, adding backlash to the drive shaft

can provide a mechanical timing adjustment between pumping and motoring, which will

be described in section 6.2.2. A planetary gear set could also be used to restore much

of the flexibility lost by using mechanical control valves. Mechanical valving strategies

for a pump only are fairly straight forward, and [56, 57] have discrete piston controlled

pumps that use mechanical control mechanisms. However, these designs cannot be ex-

tended to a motor. In this thesis, a mechanical solution for a piston-by-piston controlled

pump/motor will be presented.
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The primary drawback of the discrete piston control strategy is the flow ripple

that results from turning individual pistons on and off. However, for applications that

can tolerate flow/pressure ripple, or that have a smoothing element such as an inertia

or accumulator, the discrete piston control approach can provide significant efficiency

benefits. This is particularly true for pumps and motors that spend a substantial amount

of time operating at partial displacements. In comparison to using an on/off valve

to enable/disable the entire pump/motor flow, the flow ripple in the discrete piston

approach is much smaller. This is shown in section 5.4.4.

In the next section, an analysis of the losses in pump/motors using conventional and

discrete piston control methods is presented. In section 5.3, a quantitative comparison

is done between a conventional and discrete piston design sized to match an experi-

mental prototype. Section 5.4 outlines different strategies for accomplishing discrete

piston control, and discusses the advantages and drawbacks of each. Finally, section 5.5

presents concluding remarks on the analysis of the discrete piston control approach.

5.2 Power Loss Modeling

There are a number of sources of energy loss in hydraulic pumps and motors, the largest

of which result from the leakage and friction in the interfaces between parts that move

with respect to each other. In this section, the losses in the piston bore, the valve plate,

the swashplate, and valve throttling are analyzed to show how the losses scale with

displacement. This is done for both a swashplate type machine as well as a discrete

piston controlled device. In analyzing the losses in a discrete piston device, two different

approaches are considered: whole piston disabling and partial stroke disabling. Whole

piston disabling refers to a discrete piston approach that disables a variable number

of pistons for their entire power stroke to reduce the displacement. In partial stroke

disabling, each piston has a variable fraction of its power stroke disabled. The flow

ripple and mechanical design implications for these two approaches are described in

section 5.4. The effect of these two different strategies on a number of losses in the

pump/motor is described in the following sections. The analysis of the losses show that,

for a typical size pump/motor, the losses in the piston-by-piston approach decrease

faster with displacement than in a conventional swashplate pump/motor.
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Figure 5.2: Sketch of a swashplate pump/motor

5.2.1 Piston Losses

In order to supply or extract work from the hydraulic fluid, the piston must slide relative

to its bore, with a small clearance between the two parts. In this small gap, energy is

lost though friction between the parts and the fluid and leakage of high pressure fluid to

tank. Figure 5.2 shows a sketch of a swashplate pump/motor with the piston-bore gap

highlighted. For the analysis of the leakage and friction losses between the piston and

the bore, it is assumed that the fluid is Newtonian, and the flow is fully developed and

steady. Since the clearance between the piston and the bore is very small, the Reynolds

Number will be much less than 1, and the flow will be laminar. It is also assumed that

the flow is unidirectional, and the variation of the flow velocity in the radial direction is

much greater than the variation in the angular direction (∂
2u
∂r2 >>

∂2u
∂θ2 ). It can also be

shown [87] that for annular flows, as the clearance between the inner cylinder and outer

bore approaches zero, the annular flow equations approach the solution for flow between

two parallel plates. These assumptions are similar to those made in [93, 92], and have

been used to derive the following equations for the losses in the piston clearance gap.

The high pressure in the piston chamber will induce a pressure-driven, or Poiseuille,

leakage flow in the clearance gap. The equation for this leakage in one piston is given
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in [92, 79]:

Qpoiseuille =
πDpc

3
(
1 + 3

2e
2
)
P (θ − φi)

12µx (θ − φi)
(5.1)

where Dp is the piston diameter, c is the nominal clearance between the piston and the

bore, P is the pressure in the piston chamber, µ is the dynamic viscosity of the fluid, x

is the length of the piston in the bore, θ is the rotation angle of the pump/motor, and

e is the eccentricity ratio of the piston. The eccentricity ratio is defined as the distance

that the center of the piston is offset from the center of the bore divided by the nominal

clearance, c. φi is the phase shift associated with each piston, and is equal to 2π(i−1)
Np

for i = 1, 2, ..., Np where Np is the number of pistons.

To calculate the average piston leakage power loss for the swashplate and discrete

piston devices, equations for x (θ) and P (θ) are applied to Eq. (5.1). The length of the

piston in the bore is given by:

xsp =cos (θ − φi)
Dpitch

2
tan (αs(t)) +

Dpitch

2
tan (α) + xend (5.2)

xdp = (cos (θ − φi) + 1)
Dpitch

2
tan (α) + xend (5.3)

where xsp and xdp are the piston positions for the swashplate and discrete piston ap-

proaches respectively, Dpitch is the pitch diameter of the pistons, and xend is the mini-

mum length of the piston in the bore when the piston is at Bottom Dead Center (BDC).

α, which is depicted in Fig. 5.2, is the maximum swashplate angle, which remains con-

stant in both the swashplate and discrete piston cases. In the swashplate case, the

displacement is varied by changing the angle of the swashplate. The variable swash-

plate angle, αs(t) is related to the maximum swashplate angle, α, and the displacement,

s, by:

tan (αs(t)) = tan (α) s(t) (5.4)

The parameter s is the displacement setting of the pump/motor. In the discrete piston

case, the swashplate angle does not vary, and remains at the maximum angle, α. Notice

that, for the swashplate type pump/motor, the piston position is a function of the

displacement, but this is not the case for the discrete piston approach.
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The piston velocities can be found by differentiating Eqs. (5.2) and (5.3):

ẋsp =− ωsin (θ − φi)
Dpitch

2
tan (αs(t)) (5.5)

ẋdp =− ωsin (θ − φi)
Dpitch

2
tan (α) (5.6)

where ω = θ̇ is the angular velocity of the pump/motor.

The valve plate in Fig. 5.2 shows the kidney-shaped ports that are used to connect

each piston to high or low pressure as the barrel rotates with respect to the plate. For a

discrete piston device, the barrel typically does not rotate, and a valve will connect each

piston to high or low pressure. For the swashplate and whole piston disabling discrete

piston designs, the pressure in each piston chamber, P (θ − φi), is given by:

P (θ − φi) =

Pload if 0 ≤ θ − φi < π

0 if π ≤ θ − φi < 2π
(5.7)

where Pload is the pressure that the pump/motor is operating at. Note that this is

defined for a motor; for a pump the cases are reversed, with pressure applied for the

second half of the rotation. This equation is a slight simplification, since there will be

a small pressure difference between Pload and the pressure in the piston chamber due

to throttling across the inlet of the piston chamber. For the motor case, the chamber

pressure will be Pload −∆Pthrottle, and for the pump case it will be Pload + ∆Pthrottle.

Neglecting this throttling loss in the leakage analysis will give a value between the pump

case and the motor case. Additionally, in most pump/motor designs, ∆Pthrottle << Pload

at typical hydraulic operating pressures.

Figure 5.3 depicts an example of the high pressure flow in a single piston chamber

for a discrete piston motor using the partial stroke disabling strategy. With partial

stroke disabling, each piston is connected to low pressure early for an adjustable part

of its power stroke. In Fig. 5.3, the transition from a connection to high pressure to

a connection to low pressure occurs at θ = θpartial. In this case, the equation for the

pressure applied to the pistons is slightly different:

Ppartial (θ − φi) =

Pload if 0 ≤ θ − φi < θpartial

0 if θpartial ≤ θ − φi < 2π
(5.8)
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Figure 5.3: Single piston flow rate from the high pressure port in a partial stroke motor

where θpartial is the angle at which the piston is disabled, as shown in Fig. 5.3. This

angle can be calculated by setting s equal to the ratio of the oil volume swept by the

piston between 0 and θpartial to the volume swept between 0 and π:

s =

∫ θpartial
0 πD2

pẋdpdθ∫ π
0 πD2

pẋdpdθ
=

cos (θpartial)− cos (0)

cos (π)− cos (0)
(5.9)

θpartial = cos−1 (1− 2s) (5.10)

In this equation, which is shown for the motor case, the duration of the pressure stroke

is reduced by decreasing the displacement setting, s.

The power loss due to leakage from the piston chamber around the piston to the

pump/motor case can be calculated by multiplying the leakage flow from Eq. (5.1) and

the chamber pressure, P (θ). The average power loss over one pump rotation due to

piston leakage is given by:

Lpoiseuille,leak,sp =
1

2π

∫ 2π

0

NpπDpc
3
(
1 + 3

2e
2
)
P (θ)2

12µxsp (θ)
dθ (5.11)

Lpoiseuille,leak,whole =
1

2π

∫ 2π

0

NpsπDpc
3
(
1 + 3

2e
2
)
P (θ)2

12µxdp (θ)
dθ (5.12)

Lpoiseuille,leak,partial =
1

2π

∫ 2π

0

NpπDpc
3
(
1 + 3

2e
2
)
Ppartial (θ)

2

12µxdp (θ)
dθ (5.13)

where Np is the number of pistons in the pump/motor. In the whole piston disabling

case, the displacement, s, modifies the number of pistons because the pressure is removed
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Figure 5.4: Fluid velocity profile between two parallel plates

from pistons as the displacement is decreased. For the partial stroke disabling approach,

the piston leakage is also reduced by s via Ppartial by reducing the fraction of the stroke

that pressure is applied.

There is also a Couette flow through the gap caused by the relative motion between

the piston and the bore. With the assumptions listed at the beginning of this section,

the flow through the piston gap can be computed using the equation for the fluid velocity

between two parallel plates [94], which is depicted in Fig. 5.4:

u (δ, y) = ẋ

(
1− y

h (δ)

)
(5.14)

where u is the fluid velocity in the x (axial) direction, y is the distance from the piston

surface toward the bore surface, δ is the angular coordinate around the piston, and h is

the height of the gap between the piston and bore at a particular δ. Figure 5.5 depicts

a cross-section of the piston in the bore. If the piston is offset by the distance ec << Dp

and c is the nominal clearance, then h is given by [93]:

h (δ) = c (1 + e cos (δ)) (5.15)

It is clear from Eq. (5.14) that the velocity profile at a given δ is linear with respect

to y, and thus the average Couette flow velocity in the gap at each δ is ẋ/2. Thus,

the Couette leakage flow is proportional to the piston velocity, and the power flow due

to this leakage is the product of the Couette flow and the pressure in the oil that is

expelled or drawn in to the clearance between the piston and bore. Without modeling

the pressure build-up in the oil between the piston and the bore during a pumping

stroke, a first approximation is that the piston draws in fluid from the low-pressure case
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Figure 5.5: Cross-section sketch of an eccentric piston

when it is retracting into the bore, and then expels that same fluid when it is extending.

Thus, the net flow of low pressure oil being pulled in and out of the bore by the piston is

zero. There could be some power loss if the exhausted fluid is at a higher pressure than

the intake fluid, but the pressure build-up in the piston gap is caused by high pressure

fluid leaking through the gap, and attributing that loss to the couette flow would result

in double-counting some of the loss computed in Eqs. (5.11), (5.12), and (5.13).

However, the friction that results from the Couette flow cannot be neglected. Using

the definition of an incompressible Newtonian fluid and differentiating Eq. (5.14), the

shear stress on the piston is given by [93]:

τcouette =
µẋ

h (δ)
(5.16)

where h (δ) is given by Eq. (5.15). The average frictional power loss on the pistons over

one pump rotation is given by:

Lcouette,fric =
Np

2π

∫ 2π

0

∫ π

0

µx(θ)ẋ(θ)2Dp

c (1 + e cos (δ))
dδdθ (5.17)

where
xDpdδ

2 is the differential area over which the shear stress in Eq. (5.16) is applied.

The piston position, x, is defined by Eq. (5.2) or (5.3) and ẋ is defined by Eq. (5.5) or

(5.6).
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There is also a shear stress due to the velocity profile of the pressure-driven flow

through the piston gap. Following the derivation in [93], the shear stress at the wall

can be computed from the velocity profile for pressure driven flow between two plates:

upoiseuille (δ, y) =
1

2µ
(h (δ)− y) y

dp

dx
(5.18)

where the pressure gradient along the piston, dp
dx , is assumed to be linear. By combining

this equation with the definition of a Newtonian fluid:

τ = µ
du

dy
(5.19)

and evaluating for the shear stress at the wall (y = 0), the shear stress on the piston is

given by:

τpoiseuille (δ) =
cP (θ − φi)

2x
(1 + e cos (δ)) (5.20)

The integral of the shear stress across the surface of the piston times the piston speed

relative to the pump housing gives the power flow attributable to poiseuille flow induced

friction. The average of this power flow over one pump rotation is given by:

Lpoiseuille,fric,sp =
Np

2π

∫ 2π

0
P (θ)

Dp

2
cπẋsp(θ)dθ (5.21)

Lpoiseuille,fric,whole =
Nps

2π

∫ 2π

0
P (θ)

Dp

2
cπẋdp(θ)dθ (5.22)

Lpoiseuille,fric,partial =
Np

2π

∫ 2π

0
Ppartial (θ)

Dp

2
cπẋdp(θ)dθ (5.23)

This power flow can be either positive or negative, depending on the direction the piston

is traveling when high pressure is applied. For the motoring case, this friction force will

be in the same direction as the piston velocity. Thus, in the motoring case, some of

the energy from the leakage flow will be extraced to help move the piston. For the

pumping case, the friction will oppose the piston motion, resulting in a positive power

loss. This is the case that is simulated in the numerical example in section 5.3. As in

the pressure-driven leakage equations, the magnitude of the power loss is reduced by

the displacement, s, for the discrete piston case, but not directly for the swashplate

case. However, the piston velocity, ẋsp, is reduced by decreasing the swashplate angle

in Eq. (5.5). Note that this analysis contains a simplification in that it considers the

Poiseuille flow to be fully developed and steady. The relationship between the dynamic
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Figure 5.6: Forces applied to the piston

behavior of the velocity field and the changing piston velocity is not considered. A

full numerical solution of the Navier-Stokes equations for the fluid could capture the

dynamic effects of the flow field, but this would be a much more complicated analysis.

The typical magnitude of the Poiseuille flow generated piston friction is much less than

the Coulomb friction described next, so this approximation will not have a significant

effect on the overall power loss results.

Finally, due to the side load applied to the piston by the angled swashplate, there

is a coulomb friction force between the piston and the bore. The interface between

the piston and bore has been studied by a number of authors [95, 96, 97, 98]. In [95],

the transition to mixed lubrication is explored, and the possibility of metal to metal

contact in mixed lubrication is established. In [96] and [97], detailed numerical models

are used to predict piston losses. These models include the effects of the deformation

and micro motion of the piston and bore, thermal effects, and variable viscosity, but

they assume that there is no mixed lubrication. In [98], the friction force is modeled as

a simple coulomb friction force with a constant coefficient of friction and normal forces

determined by a force balance on the piston. Figure 5.6 shows the forces on the piston.

Due to the angled force on the swashplate, there is a lateral force that must be balanced

by a force at the end of the bore, F1, and a force at the end of the piston, F2. These

forces can be determined from a force and moment balance on the piston:
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F1 =
D2
pπ

4
P (θ − φi)

tan (λ)L1 (x(θ)) + tan (λ)L2 (x(θ))− sin (λ)Lslipper
L2 (x(θ))

(5.24)

F2 =
D2
pπ

4
P (θ − φi)

tan (λ)L1 (x(θ))− sin (λ)Lslipper
L2 (x(θ))

(5.25)

where λ is the angle of the swashplate. For the discrete piston case, λ = α, for the swash-

plate case, λ = αs = tan−1 (tan (α) s). L1 is the distance from the piston-swashplate

interface to the pivot point, which is the end of the bore for most of the stroke, L2 is

the distance from the pivot point to the end of the piston, and Lslipper is the distance

from the center of the spherical joint on the piston to the center of the piston slipper

face. L1 and L2 distances vary with the position of the piston:

L2 (x) =

x if x < Ledge

Ledge if x ≥ Ledge
(5.26)

L1 (x) = Lpiston − L2 (x) (5.27)

where Lpiston = L1 + L2 is the distance from the end of the piston to the slipper-

swashplate interface, and Ledge is the length of the piston that is at diameter, Dp. The

second case in Eq. (5.26) is due to the fact that the part of the piston that is at diameter

Dp can fully enter the bore, at which point, the pivot point moves off the end of the

bore and travels with the piston.

The friction due to these forces can be estimated by multiplying the two lateral

forces, F1 and F2, by a coefficient of friction. The average power loss over one rotation

is obtained by multiplying the friction by the piston velocities from Eq. (5.5) and (5.6).

Lcoulomb,sp =
Np

2π

∫ 2π

0

D2
pπ

4
P (θ) tan (αs) νpẋsp(θ)

2L1 (xsp(θ)) + L2 (xsp(θ))− 2 sin (αs)Lslipper
L2 (xsp(θ))

dθ (5.28)

Lcoulomb,whole =
Np

2π

∫ 2π

0

D2
pπ

4
P (θ) tan (α))sνpẋdp(θ)

2L1 (xdp(θ)) + L2 (xdp(θ))− 2 sin (α)Lslipper
L2 (xdp(θ))

dθ (5.29)
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Lcoulomb,partial =
Np

2π

∫ 2π

0

D2
pπ

4
Ppartial (θ) tan (α))νpẋdp(θ)

2L1 (xdp(θ)) + L2 (xdp(θ))− 2 sin (α)Lslipper
L2 (xdp(θ))

dθ (5.30)

where νp is the coefficient of friction between the piston and the bore. Notice that the

coulomb friction loss is a function of the piston position and velocity. In the swashplate

case, the piston friction is reduced with the displacement both due to a decrease in the

piston velocity and because the maximum moment on the piston is reduced with the

swashplate angle. This results in a lower coulomb friction loss on the pistons for the

swashplate case than in the discrete piston case as the displacement is decreased.

5.2.2 Valve Plate Losses

Another lubricating gap that causes significant losses in a conventional variable dis-

placement pump/motor is the clearance between the rotating cylinder barrel and the

stationary valve plate. The valve plate contains a low pressure port and a high pressure

port, and as they rotate, the pistons are alternately connected to each. The clearance

between the valve plate and the barrel must provide a seal around the high pressure

port, as well as a hydrodynamic bearing between the two sliding surfaces. Since con-

ventional variable displacement pumps and motors have rotating pistons, a valve plate

is needed to make a hydraulic connection with non-rotating input and output ports.

There are piston-based pump/motor designs that do not require rotating pistons, such

as wobble-plate and radial piston machines, however, these machines are typically not

variable displacement unless discrete piston control is used.

Studying the leakage and friction in the valve plate lubricating gap can include

many details, such as hydrodynamic balancing, shaft stiffness, barrel dynamics, and

mixed lubrication. It is a problem that has been studied by numerous authors, such as

[99], [100], [101], [102], and [103]. A comprehensive review of existing research on the

valve plate-barrel interface can be found in [103]. In that paper, a simplified approach

is used to derive an analytical equation for the leakage out of the valve plate. The

geometry of the valve plate is shown in Fig. 5.7. In a valve plate, there are two kidney-

shaped ports, one connecting one side of the piston barrel to high pressure, the other

connecting the other side of the barrel to tank. On either side of the piston inlet, there
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Figure 5.7: Sketch of valve plate showing the sealing land radii and tilt angle
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is a land that acts as a sealing and bearing surface. The leakage and viscous friction

on these two lands is considered in determining the power loss. The equations for the

laminar leakage across the internal and external sealing lands given in [103] is:

Qint = −(Pload − Pcase)
12µ ln (r3/r4)

(
h3

0 (θa − θb) + 3h2
0γ

(r3 + r4)

2
(sin (θa)− sin (θb)) +

3h0γ
2 (r3 + r4)2

2

(
1

4
sin (2θa) +

θa
2
− 1

4
sin (2θb)−

θb
2

)
+

γ3 (r3 + r4)3

2

(
1

12
sin (3θa) +

3

4
sin (θa)−

1

12
sin (3θb)−

3

4
sin (θb)

))
(5.31)

Qext = −(Pload − Pcase)
12µ ln (r2/r1)

(
h3

0 (θa − θb) + 3h2
0γ

(r1 + r2)

2
(sin (θa)− sin (θb)) +

3h0γ
2 (r1 + r2)2

2

(
1

4
sin (2θa) +

θa
2
− 1

4
sin (2θb)−

θb
2

)
+

γ3 (r1 + r2)3

2

(
1

12
sin (3θa) +

3

4
sin (θa)−

1

12
sin (3θb)−

3

4
sin (θb)

))
(5.32)

In this equation, Pcase is the pressure in the pump/motor case, r4 is the outside edge

of the inner sealing land, r3 is the inside edge of the inner sealing land, r2 is the inside

edge of the external sealing land, and r1 is the outside edge of the external sealing land

(see Fig. 5.7). Notice that the constant Pload pressure is used instead of the fluctuating

piston pressure, P (θ), since high pressure is always applied to the valve plate. Thus,

the leakage flow around the high pressure kidney port is a constant, regardless of the

pressure on the pistons. Due to hydrostatic and hydrodynamic pressure forces, there is

a gap between the cylinder barrel and the valve plate. The barrel can be tilted with

respect to the valve plate at an angle γ. The height of the gap at the midpoint between

the high and low pressure ports is h0. The power loss due to the port plate leakage is:

Lvp,leak = (Qint +Qext)Pload (5.33)

Due to the viscous fluid in this gap, there is also a frictional power loss between

these sealing lands. Since it is assumed that friction only occurs along the sealing lands,

the other valve plate area is neglected. It is also assumed that the friction is purely due

to viscous drag, and there is no mixed friction at the lowest point of the gap. Using the
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equation for the velocity profile between two parallel plates, velocity of the fluid in the

gap due to the relative motion of the two parts is given by:

uθ (r, y, θ) =
rθ̇y

h0 + sin (γ) r cos (θ)
(5.34)

where uθ is the velocity in the circumferential direction and y is the distance from the

stationary surface to the rotating surface. There will also be a pressure-driven leakage

flow in the gap, but it is assumed that this flow is in the radial direction, and thus will

not contribute to the friction torque. The frictional torque between the cylinder barrel

and the valve plate is calculated by taking the derivative of Eq. (5.34) with respect to y,

multiplying by µ to get the shear stress, multiplying by the relative velocity, and then

integrating over the bearing area:

Lvp,fric =

∫ 2π

0

∫ r3

r4

µr3θ̇2

h0 + sin (γ) r cos (θ)
drdθ +

∫ 2π

0

∫ r1

r2

µr3θ̇2

h0 + sin (γ) r cos (θ)
drdθ

+

∫ θc

θa

∫ r2

r3

µr3θ̇2

h0 + sin (γ) r cos (θ)
drdθ +

∫ θb

θd

∫ r2

r3

µr3θ̇2

h0 + sin (γ) r cos (θ)
drdθ

(5.35)

In this equation, the area integral is split into four parts: the inner and outer sealing

lands, and the two areas between the high and low pressure ports.

5.2.3 Other Losses

In typical swashplate type pumps and motors, another lubricating gap exists between

the piston shoes and the swashplate. In many designs, a small hole is drilled through the

piston to allow high pressure fluid to flow from the pumping chamber to the interface

between the piston and the swashplate. This is done to reduce the force on the piston

shoe to reduce friction and wear. Other researchers have studied the leakage losses in

hydrostatic slippers in detail [104], but the predicted leakage relies heavily on specific

design parameters to get an accurate balance between leakage and friction. In addition,

this hydrostatic balancing is not included in all pump/motor designs, as some have the

pistons either sliding directly on a swashplate or riding on a rolling element bearing.

Since this feature is not a characteristic of all pumps, is heavily influenced by design

details, and is not included in the piston-by-piston prototype to be described later, the
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losses at this interface are modeled as simply a frictional power loss due to sliding or

rolling between the piston shoes and the swashplate. In Fig. 5.6, the normal force on

the piston shoe, Fn, is shown. This force is a function of the pressure force on the

piston and the angle of the swashplate or wobble plate. The friction force is the normal

force on the piston multiplied by a coefficient of friction, Ffriction = Fnνs. Multiplying

the friction force by the relative sliding velocity gives the average power loss over one

rotation due to slipper friction for all of the pistons:

Lshoe,sp =
Np

2π

∫ 2π

0

νsApP (θ)

cos (αs)

Dpitch |ω|
2

dθ (5.36)

Lshoe,whole =
Np

2π

∫ 2π

0

νsApP (θ)

cos (α)

Dpitch |ω|
2

sdθ (5.37)

Lshoe,partial =
Np

2π

∫ 2π

0

νsApPpartial (θ)

cos (α)

Dpitch |ω|
2

dθ (5.38)

where Np is the number of pistons, νs is the coefficient of friction between the slipper

and the plate, Ap is the area of the piston exposed to high pressure, α is the maximum

angle of the swashplate, Dpitch is the pitch diameter of the pistons in the barrel, and

ω is the angular velocity of the piston block with respect to the plate. The pressure in

the piston chamber is given by Eq. (5.7) and Eq. (5.8). The friction coefficient can be

selected to apply to a sliding interaction, or a rolling element bearing.

Another loss that is present in all hydraulic systems is throttling through restrictions

in the fluid path. The orifice equation is used to estimate the pressure drop due to the

fluid flowing through the restriction in the valve plate:

Qori = cdAori

√
2 |∆P |
ρ

sign (∆P ) (5.39)

where cd is the orifice coefficient and Aori is the area of the orifice. For a valve plate,

the inner and outer sealing lands cover the top and bottom of the piston bore, creating

an orifice that is roughly rectangular with rounded ends. The flow area is determined

by the gap between r2 and r3 in Fig. 5.7, and the piston diameter, Dp. In the discrete

piston case, the orifice area is determined by the geometry of the enabling/disabling
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valves. Since Qori = Apẋ, the power loss due to throttling in all of the pistons is:

Lthrottle = Qori∆P = Np
ρ (Apẋ)3

2c2
dA

2
ori

(5.40)

where Np is the number of pistons.

There are other losses present in a pump/motor, such as losses due to fluid com-

pressibilty, throttling during valve transition, bearing friction, and fluid churning. These

losses are heavily dependent on the design details of individual devices, such as valve

transition timing and compressed oil volume, and will be present in both the swashplate

and discrete piston cases. Equations for the losses due to fluid compressibility and valve

transition throttling are considered in sections 5.2.4 and 5.2.5, and in section 6.2, the

magnitude of these losses is predicted for the selected discrete piston design. Since these

losses are present in both conventional and discrete piston designs, and their magnitudes

depend heavily on specific design parameters, it is difficult to estimate them for generic

swashplate and discrete piston devices for the purpose of comparing the two approaches.

5.2.4 Compressibility Loss

While it is often treated as incompressible, hydraulic fluid does exhibit a change in

volume with a change in pressure, an effect that can be significant when air is entrained

in the oil. The compressibility of the hydraulic fluid is quantified by the bulk modulus,

which is defined by Eq. (2.3) in section 2.1.

The compressibility of the fluid requires that energy be added to the fluid to increase

its pressure, with a lower bulk modulus resulting in more energy being stored in the

fluid. The energy required to compress a unit of fluid from atmosphere to a given

pressure is derived in section 2.3.2 and demonstrated in Fig. 2.5. That figure and the

equation for the energy stored in the fluid are repeated here as Fig. 5.8 and Eq. (5.41).

E (P, V0) =

∫ P

P0

V0e
−

∫ p
P0

p̄
β(p̄)

dp̄ p

β (p)
dp (5.41)

The fact that energy is stored in the fluid does not necessarily mean that this energy

is lost. If the fluid is allowed to expand while doing useful work, then the compressed

energy is not lost. For the analysis in this thesis, the energy stored in the fluid that

goes out the high pressure port is not considered lost energy. Conversely, any energy in
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the high pressure fluid that enters the high pressure port in the motor case is treated as

energy input. However, whenever a volume of fluid at a pressure higher than atmosphere

is connected to the low pressure port, the compressed energy in the fluid is considered a

loss. For this reason, piston disabling strategies that connect the smallest amount of high

pressure fluid to tank are preferred. In section 6.2, the compressed energy associated

with each unit of high pressure oil is considered. This is included in computing the

input and output power from the piston chamber.

There is another source of energy loss resulting from the compressibility of the fluid

that occurs, especially in the motor case. In the motor case, the piston chamber is

pressurized by connecting it to the high pressure input, rather than by compressing it

with a piston. Thus, the change in volume that is required to increase the pressure

in the chamber must be made up by a volume of fluid taken from the high pressure

rail. Since the high pressure fluid is being used to compress a fluid chamber at a lower

pressure, there is a pressure drop between the two volumes. This difference will result

in a high fluid velocity between the two volumes, and, assuming none of that kinetic

energy is recaptured, the pressure drop will result in an additional loss of useful energy.

This throttling energy loss is given by:

Ecomp,throttle =

∫ VH,f

0
(Pf − P ) dVH (5.42)

where VH represents a volume of high pressure oil that is taken out of the input pressure

rail, VH,f is the total volume take from the high pressure source during compression,

and Pf is the supply pressure in the inlet rail. Once the high pressure oil is throttled

down to the lower chamber pressure, it will expand so that the same mass of fluid will

now take up a larger volume given by VL:

VH = VLe
−

∫ Pf
P

p
β(p)

dp
(5.43)

To solve Eq. (5.42), use Eq. (5.43) to convert the integration to be in terms of the

chamber volume. Then, use Eq. (2.3) to convert the integral to be in terms of the

chamber pressure:
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Ecomp,throttle =

∫ VL,f

VL,0

(Pf − P ) e
−

∫ Pf
P

p
β(p)

dp
dVL (5.44)

=

∫ Pf

P0

V0e
−

∫ P
P0

p
β(p)

dp
e
−

∫ Pf
P

p
β(p)

dp
dP

(Pf − P )

β (P )
(5.45)

=

∫ Pf

P0

Vf
(Pf − P )

β (P )
dP (5.46)

where Vf is the volume of the original oil in the chamber after it has been compressed

up to Pf and is given by Eq. (2.29). Figure 5.9 shows the result of solving Eq. (5.46)

for an initial chamber volume of 1cm3 being compressed up to 200bar using only the

high pressure fluid to make up the compressed volume. Comparing Figs. 5.8 and 5.9,

notice that the energy lost due to throttling in the motor case is an order of magnitude

larger than the compressed energy stored in the fluid. It should be noted that if, in the

pumping case, the piston chamber is connected to high pressure before the piston has

compressed the oil in the chamber to high pressure, then this loss will also occur in the

pumping case. In reality, the piston is moving at the same time, so the actual energy

lost may be different. In section 6.2, the piston motion, the oil compression, and the

valve throttling will be modeled simultaneously for the selected valving strategy.

This analysis shows that for the motor case, it is very important to minimize the

initial volume of fluid to be compressed. In addition, any compression that can be done

by moving the piston, rather than taking fluid from the high pressure rail, will reduce

this loss.

Compressibility losses can be reduced or eliminated if the movement of the piston

is used to compress and decompress the oil. If the oil volume can be brought up to

high pressure by the motion of the piston before the oil volume is connected to high

pressure, then there will not be any throttling of high pressure oil needed to compress

the oil. In order for this precompression phase to occur, the piston chamber must

be disconnected from both the high and low pressure ports, and it must occur as the

piston is moving toward TDC. Conversely, if the motion of the piston can be used

to decompress the oil volume, the loss of energy stored in the high pressure oil can

be avoided. In this decompression state, the oil volume must again be disconnected

from high and low pressure, this time with the piston moving away from TDC. This
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will allow the decompressing oil to apply an aiding force to the pistons, allowing the

piston to extract the energy stored in the fluid to apply useful work to the piston.

Designing a valve control mechanism that allows for partial or complete precompression

and decompression can reduce or eliminate the compressibility losses, but it requires a

valve that can put the piston chamber into a blocked state at the correct stage of the

piston travel.

5.2.5 Transition Loss

In section 5.2.3, the energy loss due to valve throttling was computed for a valve that was

fully open. However, when a valve is partially open as it transitions between open and

closed, the power loss due to throttling can be much higher than the nominal loss. This

is particularly true for piston control strategies that transition while the piston is moving

quickly and generating a lot of flow. As the pump/motor speed increases, the transition

time of the control valves can become a significant fraction of the pumping/motoring

stroke, so the transition loss through the valves can be significant. In general, a valve

that transitions fast, and thus spends less time partially open, is preferred to one that

is slow. There are many different valve configurations (i.e. disabling valve + check

valve, closed-center 3-way valve, double poppet valve, etc.), and a quantitative study

of each possibility is not included here. As an example, a configuration with a single

valve that opens to tank and a check valve that opens to high pressure is presented

for the pumping case. For simplicity, it is assumed that the fluid is incompressible. In

reality, the fluid is being compressed as the valve transitions, so the transition loss and

the compressibility loss are difficult to separate. All of the losses are accounted for in

the dynamic model in section 6.2, but here, an approximation of the transition loss is

presented. As a simple example, the area profile of the valve is assumed to vary linearly

with pump rotation angle between closed and fully open. The pressure drop across the

orifice can be computed from the orifice equation:

Pvalve =
ρA2

pẋ
2

2c2
dA

2
ori (θ − φi)

(5.47)

where Aori (θ) is the linearly varying valve open area. If Pvalve is higher than the output

pressure, then the check valve will open, and the pressure will be limited to the output
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Figure 5.10: Energy lost due to throttling through a valve opening to tank

pressure. In this case, the flow through the transitioning valve can be computed by the

orifice equation, Eq. (5.39). The total power loss due to transition is:

Etransition =

∫ ttrans+t0

t0

PvalveQvalve dt (5.48)

where t0 is the start time for the transition, ttrans is the transition time for the valve,

and Qvalve is the flow through the valve. In the current example, Qvalve is either Apẋ

or computed from Eq. (5.39), depending on whether the check valve is open. Using

these equations and the numerical pump parameters used in section 5.3, the power loss

through the transitioning valve is shown in Fig. 5.10.

For this example, the transition loss is computed for a number of valve transition

times. Clearly, a slower valve results in a higher throttling loss. Notice also that the

transition loss is highest in the middle of the pumping stroke when the most flow is

passing through the transitioning valve. Ideally, the valve would only transition when

the piston is near Top Dead Center (TDC) or Bottom Dead Center (BDC) when the

flow is small, but that cannot be accomplished for one of the two transitions in the
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partial stroke discrete piston varying approach. However, for the whole piston disabling

strategy, transitions during high flow periods can be avoided, resulting in a lower average

transition loss per piston. The transition loss must be taken into account when selecting

the piston disabling strategy.

5.3 Numerical Comparison

The equations in the previous section can be used to estimate the total loss in a swash-

plate and discrete piston type pump/motor. In order to perform a numerical comparison

with the preceding loss equations, the values of the physical pump/motor parameters

must be selected. While the equations apply to a wide range of pump/motor sizes, in

this section, the parameters are estimated from a pump/motor that is the same size as

the discrete piston prototype to be described in a later section. This prototype has a

full displacement of about 48cm3, which is a medium sized device for typical off-road

equipment. The piston diameter is Dp = 18mm, the pitch radius is Dpitch = 82mm,

the max swashplate angle is α = 16◦, the piston clearance is c = 16.5µm, the length of

the piston in the bore when fully extended is xend = 19.6mm, the length of the piston

that is at diameter Dp is Ledge = 38.1mm, the length from the end of the piston to the

swashplate is Lpiston = 57.3mm, and the number of pistons is Np = 8. These physical

parameters are taken from an existing wobble plate pump that was adapted to a discrete

piston prototype. The fluid is assumed to be a standard hydraulic oil (DTE 25) with a

density of ρ = 876kg/m3 and a dynamic viscosity of µ = 0.0387kg/(ms). For all orifice

calculations, the coefficient of discharge is assumed to be cd = 0.67. The maximum

operating pressure and speed for the prototype are P = 200bar and ω = 1800RPM .

The coefficient of friction between the piston and the bore was selected to be νp = 0.13,

which is a typical value for lubricated steel on iron. For the slipper-swashplate interface,

the original pump design, as well as the discrete piston prototype, do not use hydrostat-

ically balanced pistons. The prototype does use a lubricated rolling element bearing to

reduce friction, and a typical value of νs = 0.0035 was used for both the discrete piston

and swashplate approaches.

The eccentricity ratio, defined as the distance the piston is offset from the center

divided by the radial clearance, is difficult to know without a much more detailed model.
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Figure 5.11: Power loss due to piston leakage and piston friction for different eccentricity

ratios

However, as Fig. 5.11 shows, the percentage increase in power loss due to eccentricity

is fairly small across most of the eccentricity range. Thus, for comparison purposes

between the two approaches, the choice of e does not have much impact outside of all

but the highest eccentricity ratios. A value of e = 0.7 will be used in the following

results.

The geometry of the valve plate cannot be taken from the discrete piston prototype,

since it does not have a valve plate. The valve plate parameters used here are estimates

from measured parameters on similarly sized axial piston pumps, or values taken from

published experimental results. The inner and outer sealing lands between the valve

plate and the cylinder block are r4 − r3 = r2 − r1 = 3mm, which was a measured value

from a comparably sized pump. This is similar to the pumps tested in [105], which had

sealing lands of 3.5mm and 4.25mm.

In [103], the barrel is described as being tilted with respect to the valve plate such

that the maximum gap occurs over the middle of the high-pressure port, which is de-

picted in Fig. 5.7. However, in [106] experimental measurements on a number of valve

plates indicate that the largest gap occurs over the low pressure port, which would
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result in tilt angle γ < 0. In Eqs. (5.31) and (5.32), a negative tilt angle would seem

to reduce the leakage, but experimental measurements in [106] indicate that the valve

plates tilted with the largest gaps over the low pressure port also had the worst leakage.

That paper also indicated that different valve plate features can significantly reduce the

amount of barrel tilt. Due to the discrepancy in the location of the maximum tilt and

the fact that a well-designed valve plate can have a relatively small amount of tilt, it is

assumed that γ = 0. This will result in lower friction than a valve plate tilted in either

direction.

In [105], values for the gap between the cylinder and the valve plate of roughly

5 − 15µm were measured. Slightly larger gaps were measured in [106], with average

values around 20 − 25µm. The goal the valve plate loss modeling in this chapter is to

provide an estimate of the losses that can be avoided by the discrete piston approach to

determine whether it has the possibility to significantly reduce the losses that occur in a

conventional hydraulic pump/motor. To that end, the discrete piston approach should

be compared to a well-designed conventional pump. Figure 5.12 shows the average

leakage and friction losses on the valve plate for a tilt angle of γ = 0. The loss in this

figure is averaged over an operating range of 35− 200bar and 200− 1800RPM . For the

numerical parameters used for this simulation, a valve plate clearance of h0 = 10µm

produces the lowest overall loss, so that is the value that is used for the comparison.

With all of the numerical parameters defined, the magnitude of the different losses

can be calculated for different displacements. Figure 5.13 shows the different losses in

both approaches across the displacement range. These plots are for a pump operating

at 200bar and 1800RPM . Notice that, for the discrete piston case, the equations for

some of these losses are not included in the preceding sections, since they rely on the

valving mechanism to be selected. These losses are calculated using equations described

in section 6.2, and include the valve leakage, valve throttling, valve friction, and valve

actuation power.

In Fig. 5.13, the relative benefits and drawbacks of the discrete piston approach, from

an efficiency perspective, are evident. The biggest advantage is clearly the elimination

of the valve plate, which allows a significant reduction in the valve leakage (Qvalve) and

friction (Fvalve). In both the swashplate and discrete piston approaches, the valve losses

are constant with displacement. The benefit in the discrete piston case arises from the
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Figure 5.12: Average power loss across the operating range due to friction and leakage

between the valve plate and the cylinder barrel for different clearances

fact that a single element does not need to act as both a seal and a bearing. This dual

function leads to a tradeoff, illustrated in Fig. 5.12, where a larger gap is desired to

reduce friction, but a smaller gap is desired to eliminate leakage. In the discrete piston

approach, the pistons do not rotate with respect to the housing, so there is no need for

any bearing element. This is in contrast to existing variable displacement pumps and

motors, which require the pistons to rotate with respect to the high and low pressure

ports to achieve commutation of the pumping/motoring chambers. The geometry of the

sealing and bearing interface is also constrained in the conventional approach. The high

pressure port that must be sealed is a kidney-shaped region whose size is governed by

the number and pitch diameter of the pistons. The ability to have the pistons stationary

with respect to the housing, while still providing variable displacement functionality, is

enabled by the discrete piston approach.

Another significant benefit of the discrete piston approach is the reduction in the

friction between the pistons and the swashplate with displacement. At full displacement,

both the swashplate and the discrete piston approaches have the same power loss due

to friction. However, in the swashplate case, each piston sees high pressure for half
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of the pump/motor rotation, regardless of the displacement setting. In the discrete

piston case, high pressure is only applied to the piston when it is doing work, so, as

the displacement is reduced, the friction force due to the high contact force between

the piston and swashplate is reduced correspondingly. There is a difference in this loss

between the whole piston and partial stroke disabling approaches. In the whole piston

approach, the frictional loss reduces linearly as the displacement is decreased since the

number of pressurized pistons also decreases linearly. For the partial stroke disabling

case, the frictional loss decreases faster that the whole piston approach initially, but

the reduction slows down so that, at lower displacements, the frictional loss is higher

than in the whole piston case. This is due to the fact that the disabling angle, θpartial

shown in Fig. 5.3, does not vary linearly with displacement. Since the flow from the

piston follows a sinusoidal profile, near the beginning and end of the stroke, the disabling

angle must be varied more to effect a change in the displacement than in the middle of

the stroke. Thus, near the ends, a small change in displacement results in a relatively

large change in the angle over which the pistons are pressurized, when compared with

the middle of the stroke. For a pump/motor design that uses hydrostatically balanced

pistons, the friction loss may be lower, but an additional leakage loss will exist. This

new leakage loss would remain constant in the conventional swashplate case, and reduce

linearly with displacement in the discrete piston case due to the removal of pressure

from unused pistons.

The final benefit of the discrete piston approach is the reduction in the piston leakage

with displacement. As with the swashplate friction loss, in the conventional case, each

piston sees high pressure for half of its rotation for all displacements, but in the discrete

piston case pressure is removed from pistons that are not actively pumping/motoring.

Thus, the pressure driven leakage for the unused pistons is eliminated.

Figure 5.13 also demonstrates that there are several losses that are larger in the

discrete piston case. The piston friction in the discrete piston case is larger than in

the swashplate case since the pistons are always traveling full stroke instead of moving

through a reduced stroke at lower displacements. The coulomb component of the piston

friction is also higher in the discrete piston case at lower displacements. This is due to

the fact that the highest side loads on the piston occur when the piston is fully extended

out of the bore. In the swashplate case, as the displacement is decreased, the farthest
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extension of the piston out of the bore is also decreased, which is not the case in the

discrete piston case. The partial stroke disabling case can have a lower coulomb loss

than the whole piston case if pressure is applied to the piston when it is further into the

bore. Note that there are different ways to accomplish partial stroke disabling (i.e. start

a pumping stroke late vs. end the stroke early), but, as will be discussed in following

sections, the approach that results in power being applied when the piston is furthest

into its bore is the preferred method.

Since the discrete piston approach requires the pistons to travel their full stroke at

all displacements, the throttling losses are higher for the discrete piston case than the

swashplate case with a similarly sized orifice. A consequence of reducing the piston

stroke in the swashplate case is that less fluid is moved into and out of the pumping

chamber at low displacements, whereas in the discrete piston case, unused pistons ex-

tract and return fluid to the low pressure port, with a loss associated with the movement

of the fluid through the ports. The fact that the throttling loss can be larger highlights

the need to have large, unrestrictive flow paths between the inlet/outlet ports and the

piston chamber. While this is always a goal in designing efficient hydraulic systems, it is

even more critical in the discrete piston case than in the swashplate case. In Fig. 5.13(b),

the throttling loss is reduced slightly at lower displacements. This is due to the fact

that, in the discrete piston prototype, the flow path to tank is less restrictive than the

flow path to high pressure. This is strictly a consequence of the specific design, and not

inherent to the discrete piston approach. A discrete piston pump/motor with equally

restrictive high and low pressure paths would have a throttling loss that is constant with

displacement. Another way to reduce the throttling loss in a discrete piston controlled

device is the flow limiting approach described in [67, 68, 69, 70, 71, 72]. In this ap-

proach, rather than being connected to tank, disabled pistons are blocked, causing the

piston to draw a vacuum. The void in the piston chamber is then filled by the piston

moving in the opposite direction, allowing it to collapse in a controlled way. This avoids

the throttling associated with sending and withdrawing fluid from the tank, but it may

lead to challenges with air entrained in the oil. It also requires a control valve that has

three states: high pressure, low pressure, and blocked.

The final drawback to the discrete piston approach is the need for actuation power.

While removing the high and low pressure commutation effects of the valve plate has



168

significant efficiency benefits, it does create the need for valves that are actuated with

another power source. This could be mechanical, electrical, or hydraulic power, depend-

ing on the design of the discrete piston control valves. In the design described in section

6.3, the actuation power is hydraulic. Achieving low power actuation for the valves is

another critical design goal for creating viable discrete piston pumps and motors.

While there are both advantages and disadvantages to the discrete piston approach,

the magnitude of the benefits significantly outweigh the drawbacks. That fact is em-

phasized by Fig. 5.14, which shows the overall efficiency of the swashplate and discrete

piston devices across the displacement range. Since the total losses in the partial stroke

disabling case are smaller (and that is the approach taken in the prototype to be de-

scribed), the partial stroke losses were used to generate this plot. Note that the efficiency

calculated here only takes the losses in Fig. 5.13 into account. There are several other

losses, such as compressibility losses, valve transition throttling, bearing friction, and

fluid churning losses which are not included in this result for either the swashplate or

discrete piston designs. Some of these losses, such as compressibility and transition loss,

may be higher in the partial stroke disabling case than in the whole piston disabling

approach. Section 5.4 describes the benefits and drawbacks of these two approaches. In

addition to the “Swashplate” and “Discrete Piston” efficiency curves, which represent

all of the losses shown in Fig. 5.13, figure 5.14 also shows the “DP without Valve Losses”

efficiency result for the discrete piston approach without the losses due to throttling,

actuation, valve leakage, and valve friction. These are the losses that rely on the de-

tailed design of the discrete piston pump/motor. The difference between the swashplate

efficiency and the discrete piston efficiency without valve losses is essentially the “design

space” for a discrete piston valve mechanism that will provide an efficiency benefit over

conventional variable displacement pumps and motors.

Figures 5.13 and 5.14 compare the power losses between the two approaches at a

high pressure (200bar) and speed (1800RPM). Figure 5.15 shows the total power losses

at four different operating points. In all four cases, the discrete piston approach has a

lower power loss value, especially at low displacements.

In the next section, a summary of different piston disabling strategies is presented,

with benefits and drawback for each.
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Figure 5.14: Pump Efficiency for Swashplate and Discrete Piston pumps including the

losses shown in Fig. 5.13

5.4 Displacement Variation Strategies

To accomplish discrete piston control, there are several different strategies for when to

disable the pistons, and which pistons to disable. The different strategies have varying

effects on the performance of the pump/motor, affecting characteristics such as the com-

pressibility loss, transition loss, piston and slipper friction, piston leakage, and output

flow/torque ripple. For a system with electronically controlled valves that can open

at any arbitrary rotation angle, the pump/motor could switch between the different

strategies. However, the approach taken in this thesis is to use fully mechanical control,

which requires a single method to be selected.

The flow ripple is a significant characteristic of the different approaches, and it will

be numerically compared in section 5.4.4. However, to explain the operation of the

different disabling strategies, examples are provided in the following sections that can

be compared with the full displacement case shown in Fig. 5.16. In this figure, the total

output flow is shown in black, and the flow out of the individual pistons is shown in a

variety of colors. Note that these figures depict only high pressure flow; since each piston
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is always traveling through full stroke, there is always flow entering or exiting the piston

chamber (except in the Partial Flow Limiting case described below). However, this flow

is often low pressure flow, which is not used to do work. The flows in these figures are

generated using parameters described in section 5.3, but they can easily be scaled to

represent an arbitrarily sized device. These flow rates represent the ideal flow based on

the velocity of the piston; compressibility and transition effects are not considered.

The strategies described in this section deal with when the piston chamber should be

connected to high pressure. It is implied that when the piston chamber is not connected

to high pressure, that it is connected to tank, or in transition between the two. However,

there is another concept called Partial Flow Limiting, which completely blocks the piston

chamber for much of the disabled portion of the stroke, rather than connecting it to tank.

In this approach, a vacuum is created in the piston chamber, which is then removed in

a controlled manner by the motion of the piston. The theory is that by creating and

then filling the vacuum in a controlled way, the traditional problems associated with oil

cavitation can be avoided. This is an active area of research by [67, 72, 71], and will

not be studied further in this thesis.

5.4.1 Whole Piston Disabling

One method of reducing the pump/motor displacement is to disable a certain integer

number of the pistons for each full power stroke. An example of the resulting flow from

using this approach to vary the displacement is shown in Fig. 5.17. In this figure, the

displacement is commanded to be 62.5% of the total displacement, which results in 3

of the 8 pistons being disabled. This figure represents the kinematic flow ripple from

the pump/motor, meaning that the flow from each piston is only a result of the piston

motion, Qpiston = Apẋ. Thus no compressibility or transition effects are considered. For

this piston control method, only discrete displacement settings are available, with the

flow resolution determined by the number of pistons. The typical equation for the flow

rate:

Qaverage =
Dωs

2π
(5.49)

where D is the displacement of the device. If the average is taken over more than

one rotation, then the resolution of the displacement can be increased by varying the

discrete displacement each rotation cycle.
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Beyond the limitation of discrete displacement settings, a significant disadvantage

of the whole piston approach is evident in Fig. 5.17. There is a large flow ripple, with

full flow being supplied for part of the rotation, and no flow being supplied for the rest.

The application using this pump or motor would need to be tolerant of significant fluc-

tuations in the power through the device and/or incorporate smoothing elements such

as accumulators or flywheels. This disadvantage can be partially mitigated by changing

the order in which pistons are disabled. In Fig. 5.17, the pistons are disabled in order.

In Fig. 5.18, rather than being disabled sequentially, the pistons are disabled in an order

that was selected to more evenly distribute the disabled pistons around the pump/motor.

The disabling order used for the eight piston example was: 1, 5, 3, 7, 2, 6, 4, 8 where the

pistons around the pitch diameter are sequentially numbered. Notice that, in this case,

the full pump flow does not drop to 0 since there is always at least 1 piston providing

flow. While this approach does reduce the observed flow ripple, it may be difficult to

achieve using purely mechanical control mechanisms, as the relationship between the

pump rotation angle and the piston to be disabled can be very complicated.

With the whole piston disabling approach, some care must be taken in designing

a control strategy for the pump/motor. The displacement setting is only valid when

averaged across a full rotation. Thus, if a control algorithm calls for the displacement

to vary significantly within one rotation, it might vary when all of the piston are on

and extend/decrease the current rotation, or it might vary when all of the pistons are

off and not take effect until the next rotation. In this case, the behavior of a control

algorithm that is commanding the displacement could vary depending on when a change

in command is given. As with other types of discrete control [33], this may mean that,

in practice, the control bandwidth will have to be significantly slower than the pump

rotation frequency. Another way of stating this is that the fundamental frequency of the

flow ripple is the pump rotation frequency, and to avoid reacting to that disturbance,

the control bandwidth will have to be slow enough to reject it, unless techniques are

used to estimate and account for the disturbance.

If an application can accept the flow ripple from the whole piston disabling ap-

proach, there are some advantages to this approach with respect to the transition and

compressibility losses. In Fig. 5.10, notice that the energy loss peaks in the middle of

the power stroke, with the power loss at the beginning and end of the stroke almost
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Figure 5.18: Total flow and flow through individual pistons for a pump or motor using

Whole Piston Disabling with an alternating piston order

negligible. In the whole piston disabling case, the piston never transitions during the

power stroke, so the loss through a transitioning valve can be very small. In addition,

if the pump/motor remains at a constant displacement, then pistons that are disabled

could remain disabled, and thus not have any transition loss or actuation power.

The compressibility loss in the whole piston disabling case could also be small.

The disabled piston chambers never need to be charged or discharged, so the com-

pressibility loss would only exist for the active pistons. Furthermore, since the piston

is never enabled or disabled in mid stroke, the volume of fluid that must be com-

pressed/decompressed for the active pistons can be minimized.

5.4.2 Whole Piston Plus One Partial

A slight variation on the whole piston disabling approach is to disable most of the

pistons discretely, but allow one piston to be enabled/disabled mid-stroke. This would

eliminate the discrete nature of the displacement variation. Figure 5.19 shows this
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Figure 5.19: Total flow and flow through individual pistons for a pump using Whole

Piston Disabling with one partial piston

case, with the displacement command reduced to 56.25% of full. This results in 3

pistons being disabled for their entire stroke, and one piston being disabled for half of

its stroke. The approach could also be used with the piston disabled for the second

half of the stroke, but this would have increased compressibility loss. As with the pure

whole piston approach, the piston disabling order could be sequential, or it could be

a different order designed to reduce the flow ripple. This may or may not be possible

using mechanical methods, depending on the design of the piston disabling mechanism.

The advantage of this approach is that it allows for continuous variation of the

average displacement. However, it still exhibits the large flow ripple associated with the

whole piston approach, and it does come with additional transition and compressibility

losses on the one piston that is disabled mid-stroke.
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5.4.3 Partial Stroke Disabling

Figure 5.20 depicts a pump/motor using the partial stroke disabling method. This

example also shows the device operating with a displacement setting of 62.5%, but

instead of 3 whole pistons being disabled, each of the piston operates with a reduced

stroke. Following Eq. (5.10), each piston is active over a rotation angle of θpartial =

cos−1 (1− 2 ∗ 0.625) = 1.82radians. As with the previous approach, this method allows

continuous variation of the displacement, but unlike the previous approach, none of the

pistons are enabled for the full power stroke. In this approach, all of the pistons are

treated equally, which has advantages when designing a mechanism to control the piston

enabling/disabling valves. In addition, the flow ripple for this approach is smaller than

it is in the whole piston disabling case. While the ripple is still significant, the total

partial-displacement flow never reaches max flow or drops to zero. In this case, the

fundamental frequency of the pump ripple is the pump rotational frequency times the

number of pistons. Due to this, a closed-loop controller on the displacement in this case

could be significantly faster than in the whole piston case without reacting to the flow

disturbance.

However, the partial piston approach does have higher transition losses and the

potential for higher compressibility losses. Since the enabling/disabling valve needs

to transition at any arbitrary point in the power stroke, it is not possible to avoid

the high transition losses associated with high flows passing through the valve. For

this approach, each piston is pressurized and de-pressurized in each rotation. Unless

the valve is designed to enable completely precompressing and decompressing the dead

volume using only the piston, there will be some compressibility loss associated with

each piston. The magnitude of the losses due to the energy stored in the fluid depend

on the volume and pressure of the fluid in the piston chamber when it is connected to

tank. Thus, it is better to delay the start of the power stroke and allow it to finish

normally at TDC, as shown in Fig. 5.21, rather than start the stroke normally at BDC

and end it early. As shown, when the piston chamber transitions from high pressure to

low pressure, the chamber will be at its minimum volume. Ideally, the valve mechanism

will be designed so that the piston chamber is not connected with high pressure until

it has been compressed up to high pressure. However, if that is not possible, it is still

beneficial to start the pumping stroke late, when the piston volume is smaller than its
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Figure 5.20: Total flow and flow through individual pistons for a pump using Partial

Stroke Disabling
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Figure 5.21: Partial-displacement pumping and motoring stroke for a valve with pre-

compression and decompression

maximum, than it is to do the opposite.

In Fig. 5.20, the power stroke from each piston is shortened by delaying its start,

with the piston connected to tank for the beginning of the power stroke. This is the ideal

configuration for the pumping case, since it always results in the power stroke ending

with the piston at TDC, where the pressurized oil volume is at a minimum. This

minimizes the loss of compressed energy stored in the fluid when the piston chamber is

connected to low pressure. However, for the motor case, this is not the ideal situation.

In the motor case, the power stroke starts with the piston at TDC, and then the oil

volume expands throughout the stroke. Thus, at the normal end of the power stroke,
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the high-pressure oil volume is at its maximum. By reversing the disabling strategy

and ending the power stroke early, which is the opposite of the condition shown in

Fig. 5.20, the volume of compressed oil in the piston chamber when it is connected to

tank is reduced. In addition, Fig. 5.9 shows that energy lost due to throttling while

compressing the fluid up to the motoring pressure is much higher than the compressed

energy that is lost. Thus, having the oil volume being as small as possible when it is first

connected to high pressure is ideal for the motor case. Starting the motoring stroke as

normal when the piston is at TDC then ending it earlier than normal will minimize both

the compressed energy loss and the energy lost due to throttling during compression.

The compressibility loss can be further reduced by adding precompression and de-

compression states to the valve timing, as shown in Fig. 5.21. In this figure, the pumping

power stroke starts early, and the motoring power stroke ends early, which is the ideal

order for reducing the compressibility loss. However, there is also a precompression

state shown before the beginning of the power stroke and a decompression state shown

at the end. In precompresion, the piston chamber is disconnected from both high and

low pressure, and the motion of the piston toward TDC is used to raise the pressure

until it is equal to the pressure in the high pressure rail. If the pressure can be equalized

before the piston chamber is connected to high pressure, then no energy will be lost in

compressing the oil. Note that energy will still need to be added to the oil by the motion

of the piston, but it is not considered lost if it is forced out to the high pressure rail, or

if the compressed energy is extracted in the decompression state. The decompression

state at the end of the power stroke is similar to the precompression state in that it

requires the valve to be disconnected from high and low pressure, and it allows the

motion of the piston to achieve the required change in pressure in the oil volume. In

the decompression state, the piston must be traveling away from TDC to expand the

oil volume. By expanding while the piston chamber is blocked, the energy stored in

the compressed oil is extracted by the piston, allowing it to be recaptured as useful

work applied to the piston. In Fig. 5.21, the precompression state is shown occurring

just before TDC for the motor case, and the decompression state occurs just after TDC

in the pump case. The duration of the ideal precompression and decompression states

will vary with operating pressure and speed of the device, and in reality, it is difficult

to achieve perfect precompression and decompression. However, even achieving part of
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Figure 5.22: Comparison of the flow ripple for different displacement control with an 4

piston pump or motor

the compression and decompression of the oil using the piston travel will reduce the

compressibility loss.

5.4.4 Flow Ripple Comparison

The different strategies described in the preceding sections exhibit different flow ripple

characteristics. In this section, the magnitude of the flow ripple for each strategy is

computed and compared for 4, 8, and 16 piston devices, all having the same total output

flow rate of roughly 86lpm. In this comparison, the whole piston, ordered piston, and

partial stroke disabling strategies are compared, along with the flow ripple resulting from

a conventional swashplate device and from a strategy using an on/off valve to pulse-

width-modulate the entire output of the pump (Output PWM). Figures 5.22, 5.23, and

5.24 show the flow ripple comparisons for the 4, 8, and 16 piston devices respectively.



182

0 0.2 0.4 0.6 0.8 1
0

1

2

3

4

5

6

7

8

9

10

Output flow as a fraction of full flow

2−
no

rm
 o

f t
he

 fl
ow

 r
ip

pl
e 

as
 %

 o
f f

ul
l f

lo
w

 (
%

)

Flow ripple for different flow variation strategies for a 8 piston pump

 

 
Whole Piston
Ordered Piston
Partial Stroke
Output PWM
Swashplate

Figure 5.23: Comparison of the flow ripple for different displacement control with a 8
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In these figures, the magnitude of the flow ripple is represented by the 2-norm:

‖Qripple‖2 =

√∫
(Q (θ)−Qmean)2 dθ (5.50)

These plots show that the flow ripple for a discrete piston device is greater than the

ripple in a conventional pump/motor, but is significantly smaller than an approach

that applies PWM to the full output flow. In addition, it is clear that the partial stroke

variation displacement variation strategy has the smallest flow ripple for nearly the entire

operating range. Increasing the number of pistons in the pump/motor is an effective

way to reduce the flow ripple for the conventional swashplate, partial stroke variation,

and ordered piston disabling approaches. However, the whole piston disabling and full

output PWM approaches were not significantly improved by increasing the number of

pistons.

5.5 Conclusion

In this chapter, the power loss mechanisms in a swashplate-type and a discrete piston

controlled pump/motor were compared. Losses, such as the piston leakage and friction,

the valve plate leakage and friction, the slipper friction, and the valve throttling were

derived as a function of the pump/motor displacement. Other losses, such as the com-

pressibility and transition throttling were defined, but they are highly dependent on the

detailed design of the valve mechanism, so they were not directly compared between

the swashplate and discrete piston devices. A numerical example based on an 8-piston

wobble-plate type prototype was presented for both types of pump/motor. The results

of the numerical example indicated a distinct efficiency advantage for the discrete piston

approach, particularly at lower displacements. While some losses, such as the piston

friction and throttling, were slightly higher in the discrete piston case, large reductions

in the slipper friction, valve friction, and valve leakage make the overall efficiency of

discrete piston control higher than the conventional approach.

Within the concept of discrete piston control, there are several options for how the

pistons are enabled and disabled. The primary split is between whole piston disabling,

which disables a variable number of pistons for their entire power stroke, and partial
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stroke disabling, which disables each piston for a variable fraction of its stroke. In

this chapter, the relative benefits and drawbacks of the different approaches, such as

efficiency, flow ripple, and controllability were discussed. The whole piston disabling

strategy has the potential to be more efficient since it can avoid transition losses and

compressibility losses on the pistons that are fully disabled. However, the partial stroke

approach has a smaller overall flow ripple. It also has the advantage of being simpler to

implement using mechanical valves. Several concepts for achieving both whole piston

and partial stroke disabling using mechanical control strategies are described in the next

chapter. One design is selected and the detailed design of a prototype is described.



Chapter 6

Design of a Discrete Piston

Controlled Hydraulic

Pump/Motor Using a Mechanical

Control Method

Chapter 5 established that discrete piston control can significantly improve the efficiency

of a hydraulic pump/motor, particularly at low displacements. It also presented several

strategies for achieving discrete piston control, such as whole piston disabling, which

connects a variable number of pistons to low pressure for their entire power stroke, or

partial stroke disabling, which disables each piston for a variable fraction of its power

stroke. The relative advantages of each approach were described, with whole piston

disabling avoiding the majority of the transition and compressibility losses, and partial

stroke disabling having a smaller flow ripple.

The valve timing strategies described in the previous chapter can be achieved with a

wide variety of valve actuation methods which can be driven electrically, mechanically,

hydraulically, or using a combined approach. While electrically driven valves that can

switch at arbitrary times offer the greatest control flexibility, mechanical and hydraulic

valve actuation methods provide a number of advantages:

• Mechanical components are typically quite robust and can operate in hydraulic

186
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oil and the harsh environments often experienced by hydraulic systems.

• Mechanical designs can be developed that only require a single control input.

• It could possibly be driven by a mechanical or hydraulic compensator, eliminating

the need for control electronics.

• The control approach can be simpler and more robust than one that requires elec-

trical control circuitry and a supervisory controller for multiple electrohydraulic

valves.

• The elimination of multiple electrohydraulic valves and control electronics has the

potential for significant cost reduction.

• A mechanical actuation method driven by the pump/motor shaft will have repeat-

able timing with respect to the pump/motor rotation angle.

• Hydraulic pumps and motors inherently contain sources of hydraulic and me-

chanical power available for valve actuation, eliminating the need for a supply of

electrical energy.

• Hydraulic or mechanical actuators typically have a higher power density than

electrical devices, allowing them to be more compact.

• Hydraulic and mechanical devices typically require minimal power to hold a valve

in a particular state. This is in contrast to solenoid valves, which require a con-

tinuous current to hold a valve against an energized spring.

In this chapter, a design for creating a mechanically controlled discrete piston

pump/motor is presented. There are numerous way that mechanical control of the

individual pistons can be achieved, and a number of them are described in the next

section. The benefits and drawbacks of the different control methods are described, and

a design is selected. In section 6.2, a dynamic model of the selected control approach is

developed and simulation results showing the valve timing and pump/motor efficiency

are presented. Finally, the mechanical design of the full discrete piston pump/motor is

presented in section 6.3.
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6.1 Mechanical Control Concepts

There are a number of desirable characteristics to strive for when designing a mechanical

valve control method. Since the primary purpose of the discrete piston control approach

is to improve pump/motor efficiency, the valve control method should result in as little

power loss as possible. Some characteristics of an ideal piston control system are:

• Low leakage

• Large flow areas to reduce pressure drop

• Fast transitions between states to avoid throttling

• Minimal actuation power

• Valve should be “closed-center,” meaning no possibility of connecting supply and

tank

• Durable mechanism using a small number of parts

• Compact design

• 4-quadrant operation: i.e. must operate for either shaft direction when acting as

a pump or a motor

• Allow precompression and decompression of the oil volume

• Incorporate passive control elements (i.e. check valves) when possible

It is evident that some of these goals are in conflict with one another, such as the desire

for large openings and fast opening speeds, while simultaneously using little actuation

power. The goal of allowing pre-compression and de-compression for both pump and

motor can conflict with the desire for a simple, compact solution. It is likely impossible

to design an ideal valve control system that encompasses all of the design goals. This

chapter describes a number of concepts that were considered in the development of this

project, and discusses the relative strengths and weaknesses of each design. The selected

design concept will be described as well as the reasons for its selection.

All of the concepts rely on the idea of a two degree-of-freedom device, which can use

rotary motion to provide the periodic opening and closing of the valve, as well as provide
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a means of adjusting the timing of the periodic valve switching. The valve described

in chapter 4, for example in Fig. 4.2, operates using the two-degree-of-freedom concept,

although it is not the specific design for any of the described valve control mechanisms.

The valve spool can rotate as well as translate in the bore. As it rotates, it alternately

connects an output port with high pressure or low pressure. The helical profile on the

face of the valve spool is designed such that, as the spool translates in the bore, the

timing of the high and/or low pressure connections is adjusted. This valve can either

connect directly to the piston chamber and allow the piston flow to pass through it, or it

can connect pilot pressure to a second-stage valve which connects to the piston chamber.

A different iteration of this concept would be to use a three-dimensional cam profile to

create a similar design. Instead of using a valve to hydraulically actuate a second stage

valve, a three-dimensional cam design would actuate the valve through a mechanical

connection to a rotating cam. While the cam approach has some advantages, such as

a lack of hydraulic leakage, three-dimensional cams typically have point contact with

their respective cam followers, which results in a significant challenge with mechanical

wear. For this reason, the cam iteration of the rotary and translating element was not

included in the following design concepts.

6.1.1 Direct Acting Whole Piston Disabling

The simplest design concept is to use the rotating and translating valve spool to directly

control the flow into and out of the piston chamber. This idea can be applied in a

number of different ways to create a whole piston disabling device, a whole piston plus

one partial stroke device, or a partial stroke device. Figure 6.1 shows a sketch of a whole

piston disabling direct acting spool.

In this figure, there is a three-section spool shown in a bore, with the three ends rep-

resenting the motor end (left), the pump end (right) and the disabled section (middle).

There are eight tubes leading away from the spool bore representing connections to each

individual piston chamber. These connections are equally spaced around the spool bore

so that the pistons in the motor case are activated at equally spaced intervals, with

the transition from low pressure to high pressure timed to correspond with the piston

passing through TDC. The motor end is shown as being divided into two halves, with

one side being connected to high pressure, and the other connected to tank. As this
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Figure 6.1: Sketch of a direct acting pump/motor spool

section rotates, it will alternately connect each piston chamber to high and low pressure.

By shifting the spool axially in its bore, the number of pistons that are connected to

the motor section can be adjusted, with the pistons that are not connected to the motor

being connected to the disabled section. In this way, the number of active motoring

pistons can be controlled. The disabled section is connected to tank pressure, so any

pistons that are connected to it will remain at low pressure. The pumping end of the

spool is shown as simply a solid cylinder, which blocks all connections to the piston.

For this spool to enable pumping, the piston chamber must also have a check valve

from low pressure and to high pressure; see Fig. 6.2 for an example circuit. Thus the

only function of the spool is to connect unused pistons to tank, disabling them. For

the pumping end, the spool does not even need to rotate; the ideal pumping timing is

controlled by the check valves. If only a pump and not a pump/motor is required, then

adding a solid cylinder to enable/disable individual pistons would be a simple way to

create a variable check ball pump. As shown, the device in Fig. 6.1 has two active pump

pistons, with the remaining six pistons disabled.

As this sketch is simply to convey the concept, some details, such as the connection

to high pressure through the spool, are not shown. One issue with the design of the
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Figure 6.2: Sketch of a direct acting pump with 1 partial stroke piston

motor end as shown is that there would be a large pressure imbalance on the spool due

to the high pressure being only on one side, which would likely cause the spool to seize.

There are a number of ways to address this issue, such as creating some opposing regions

of high pressure, or by cutting the rotational frequency in half and then doubling the

high and low pressure regions so that the two high-pressure regions oppose each other.

This would require a gear reduction between the drive shaft and the rotating spool.

Another detail that is not described is how to couple the rotation of the drive shaft and

the spool, while still allowing the spool to translate. One concept for achieving this will

be described in section 6.3.

As described, this spool is for whole piston disabling, with only discrete displace-

ments available, and the resolution of the displacement options set by the number of

pistons. If the spool could be controlled sufficiently fast, this design could be used to

achieve whole piston plus one partial stroke piston by commanding the spool to change

the number of enabled/disabled pistons by one when that particular piston is in mid-

stroke. In this manner, whichever piston was between the fully disabled and the fully

enabled pistons would be moved to a different spool section during its power stroke.

However, this would require fast axial control of the spool, and would remove some of

the determinism gained by coupling the on/off timing to the drive shaft.

A different way to achieve whole piston plus one partial stroke piston is shown in
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Fig. 6.2. For simplicity, this figure only show the pumping end of the spool, but it can

easily be applied to the motoring end also. In this figure, instead of having a straight

edge dividing the enabled and disabled sections of the spool, there is a shaped profile

which results in the enabled section being connected to an individual piston for only

part of the stroke. This shaped profile is designed such that, as the spool moves axially

in the bore, the amount of the rotation that the partial stroke piston is enabled is varied.

In this way, the piston that is between the fully enabled and fully disabled pistons will

only be active for part of the stroke. For this method, the spool will need to rotate

with the pump shaft, even for the pump only case. This approach will allow for any

arbitrary average displacement between full on and full off.

The primary advantage of the direct acting whole piston disabling approach is sim-

plicity. This is essentially a checkball pump with only the additional rotating and

translating spool required to turn it into a variable displacement pump/motor. As de-

scribed in the previous section, the whole piston approach results in a relatively large

flow ripple. This can be reduced by changing the order in which the pistons are disabled,

however, it should be evident that this could result in convoluted flow paths, as an in-

dividual connection to the spool could correspond to a piston that is on the opposite

side of the device. This, along with measures to address the pressure imbalance on the

spool, could reduce the simplicity of the concept. The fact that passive check valves

can be used for the pumping case is an attractive feature of this design, particularly if

only pumping is required. The only actuation power required for this approach is the

mechanical power required to overcome the friction of the rotating spool, which should

be low.

There are a number of disadvantages of this design, but possibly the most significant

drawback is the size of the spool required. Figure 6.1 shows a three section spool, with

each of the sections individually capable of covering the connections to all of the pistons

in the device. Each piston connection must be at a distinct axial position, so each

section is, at a minimum, the width of the piston connection times the number of

pistons. Since this is a direct acting spool, the full flow from each piston must pass

through the rotating spool (except in the pump case), and in order to avoid significant

losses, the connections to each piston must be large. In addition, the spool must be able

to translate in each direction so that the pistons can be completely connected to each
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end of the spool. Thus, there must be space for the unused two spool sections on each

end of the spool, resulting in a spool bore that is five times the width of a single active

section. The approach shown in Fig. 6.2 only exacerbates this problem by requiring

enough space between each piston connection to have an adjustable stroke width. It

may be possibly to split the pumping and motoring sections into two separate spools

that are both driven by the drive shaft, which would reduce the length requirement.

However, it would require a more complicated driving mechanism and two independent

control inputs, one for each spool.

In addition to the long length requirement and the need for pressure balancing, this

approach presents a number of other design challenges. Since the rotating spool will

see the full pump/motor pressure, tight clearances are required to create a seal between

high and low pressure. With a long spool and bore, this is difficult to achieve from a

manufacturing perspective, and the long length of the spool will result in a large leakage

perimeter. The full flow through the spool also requires large, high-pressure flow paths

connecting the spool with each piston chamber, which can be difficult from a packaging

perspective.

6.1.2 Direct Acting Partial Stroke Disabling

For the partial stroke disabling case, rather than having a connection to each piston in

series, all of the pistons connect to the spool bore at the same axial location, as shown

in Fig. 6.3. In this sketch, eight pistons are connected to the rotating and translating

spool, evenly spaced around the spool bore. The rotating spool has a helical profile on

its face, which divides high and low pressure sections of the spool. In Fig. 6.3, there

are two pockets of high pressure, which are the pockets on each end of the spool, with

each pocket having a hole in it. As the spool rotates, each piston connection will either

be over a high pressure pocket or the low pressure area outside of the pockets, and the

pocket width varies as a function of axial position. This is what allows adjustment of the

length of the power stroke for each piston. Since each piston is at the same axial position

on the spool, each piston will be disabled for the same fraction of the stroke. Notice that

the high pressure pockets at each end are on opposite sides of the spool. This means

that, for a given rotation direction, one high pressure pocket corresponds to the pistons

that are extending (motoring), and the other pocket corresponds to the pistons that are
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To Pistons

Figure 6.3: Sketch of a partial stroke pump/motor spool

retracting into their bores (pumping). Thus, one end of the spool is the motoring end,

and the other is the pumping end, with a small area in between where the pistons are

fully disabled. The end of the spool that is motoring, and the end that is pumping, are

determined by the direction of rotation of the spool and drive-shaft. As drawn, if the

spool is rotating clockwise and the upper left end is the pumping end, then to operate

at less than the maximum displacement, the spool will delay the start of pumping and

end the motoring stroke early. This is the configuration described in section 5.4.3 as

being the best method for reducing compressibility loss. If the pump/motor changes

directions, then the motor and pump ends will switch, with the start late/end early

features preserved as desired. While they could be added in parallel, this design does

not require the use of passive check valves for the pumping case.

One major advantage of this approach over the whole piston approach is the dramatic

reduction in the spool length. The direct acting approach utilizes few parts and results

in a simple control mechanism. While this spool is also not pressure balanced, the

total size of the unbalanced pressure area is much smaller than in the whole piston

disabling case, resulting in simpler mitigation strategies. The relative advantages and

disadvantages of whole piston and partial stroke variation are described in section 5.4.

However, it should be pointed out that the efficiency benefits gained by eliminating

most of the transition loss in the whole piston case could easily be canceled out by the
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leakage generated by a long spool, such as the one shown in Fig. 6.1. The actuation

power for this approach is minimal, with the spool requiring only enough power to

overcome friction.

While the direct acting spool results in a relatively simple design, it also has a number

of drawbacks. These are primarily related to the fact that full flow and full pressure

need to pass through an element that also needs to translate and rotate at high speeds.

The design trade offs involved in achieving this present a significant challenge. In order

to seal high pressure oil, the tolerances on the spool must be very tight, which presents

a difficult mechanical design problem. The flow paths into, out of, and through the

spool also much be large enough to handle the full hydraulic power of the pump/motor.

One way to mitigate some of these challenges is to only use the rotary spool as a pilot

valve to drive additional control valves. This dramatically reduces the power flowing

through the valve at the expense of additional complexity.

6.1.3 Pilot Operated Three-way Spool

Figure 6.4 shows a cross-sectional sketch of a partial stroke disabling spool being used

as a pilot valve to drive a three-way mainstage valve associated with each piston. In

this figure, only four mainstage valves are shown, but it can be extended to any number

of valves/pistons. The three-way valves are acted on by pilot or tank pressure on one

end, and a spring on the other. The three-way valves can either be spring biased to

high pressure and open to tank when pilot pressure is applied (as shown) or vice versa.

Although this additional valve stage introduces a number of additional parts, it does

accomplish many of the design goals listed at the beginning of this section. While they

are not as good as poppet valves, spool valves are routinely made with tight tolerances,

which can keep leakage low. Since the mainstage spools can be fairly short and not

coupled to a rotating shaft, the tight tolerances are not as difficult to achieve as they

are on the rotating spool. Each valve only needs to handle the full power of one piston,

as opposed to the combined power of all of the pistons. The three-way valve can be

designed to be closed-center, meaning there is a deadband between opening to pressure

and opening to tank. This ensures that there is no cross-port leakage. The hydraulic

coupling between the pilot and main stages allows for flexibility in packaging the valves

into the pump/motor housing, with the large-opening mainstage valves not needing to
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Figure 6.4: Sketch of a pilot spool driving 3-way main stage valves
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Figure 6.5: Sketch of 3-way spool with pressure based decompression

be centrally located. This has the potential to reduce the compressible volume between

the piston and the valve.

In addition to the increased complexity, there are a couple of disadvantages to this

design. While the spool valves do have low leakage, they are not as good as poppet

valves. The three-way valves also only have two stable states: fully open and fully

closed. There is not a blocked state that could allow passive check valves to achieve

the ideal pumping timing. In Fig. 5.21, the ideal pumping and motoring strokes are

depicted with precompression and decompression stages shown. In the precompression

state, the piston is disconnected from high and low pressure, and the piston travel is used

to compress the oil without generating any compressibility losses. The decompression

state is similar; the high and low pressure connections are blocked and the piston is used

to expand the oil volume and extract the compressed energy. For the three-way spool

valve, there is no defined state with both ports blocked, and thus, the precompression

and decompression only happen while the valve is transitioning through its deadband,

which is not a controlled state.

One way to mitigate the lack of a decompression state is to add a decompression

chamber as shown in Fig. 6.5. In the ideal timing sequence shown in Fig. 5.21, the

decompression state is shown after the power stroke and before the valve opens to tank.
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If the valve can be held in this state long enough for the piston to expand the oil volume

and extract the compressed energy from the fluid, then the compressibility loss can be

reduced or eliminated. In Fig. 6.5, the chamber at one end of the spool is blocked by a

decompression poppet. This poppet is normally open with a spring, but it is closed by

high pressure in the piston chamber. The blocked chamber at the end of the spool travel

will hold the valve spool in the deadband and prevent the spool from opening to tank

until the piston chamber pressure is low. Thus, it relies on the motion of the piston to

lower the pressure in the blocked piston chamber. This provides ideal decompression,

reducing the compressibility loss for the transition from high to low pressure. This

design will work for a pump or a motor, however, in order for this approach to work,

the piston must be extending out of its bore when the valve switch occurs, meaning

that, for the motor case, the valve must be switched to low pressure before the piston

reaches BDC. If the valve has not opened to tank before the piston starts to move up,

the valve spool will get stuck in the deadband, and the pressure in the piston chamber

will rise until a relief/check valve is triggered or there is a mechanical failure. This

approach will provide ideal decompression, but at the penalty of increased mechanical

complexity and the risk of a mis-timed valve switch. The decompression poppet will

help recover energy that is stored in the fluid as it decompresses, but it will not reduce

the potential throttling losses associated with compressing the oil volume up to high

pressure in the motor case.

In addition, the added dynamics of the decompression poppet can slow down the

opening of the valve spool to tank, increasing the throttling loss during transition.

Dynamic modeling of the system can determine whether the decompression energy to

be saved by staying in the deadband longer is greater than the additional throttling loss

due to a slower opening valve.

6.1.4 Two Poppets

Figure 6.6 depicts a different mechanism for controlling the pressure applied to the

pistons. Like the previous design, this valve arrangement has closed-center operation

and it can achieve ideal decompression, meaning that it can be held in a blocked state

until the piston motion has extracted the compressed energy in the fluid. This design
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(a) Open to Low Pressure (b) Open to High Pressure

Figure 6.6: Sketch of a pilot driven 2-poppet valve arrangement in high and low pressure

configurations

also has the additional benefit of poppet sealing to reduce leakage. In Fig. 6.6, a pilot-

driven two-poppet approach is shown that has one poppet that is normally-open to tank

and another that is normally-closed to high pressure. The two-poppet arrangement is

shown in both the fully open to tank (Fig. 6.6(a)) and fully open to pressure (Fig. 6.6(b))

states. The circle in the center of each figure represents a connection to the piston

chamber, and the opening at the bottom left of each figure is the connection to the

rotating pilot spool.

The connections between the two poppets are designed to ensure that there is no

cross-port leakage and that there is ideal decompression. Since there is no mechanical

link between the connections to tank and pressure, the closed-center feature must be

enforced through other means. For closed-center operation, whichever valve is open

must fully close before the other valve starts to open. In transitioning from Fig. 6.6(a)

to Fig. 6.6(b), the first event that occurs is pilot pressure is applied to the back of

the tank poppet, which closes the tank poppet. The connection between the pilot
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pressure and the bottom of the high-pressure poppet is initially blocked by the tank

poppet. Only when the tank poppet is sufficiently closed will pilot pressure be applied

to the high-pressure poppet, forcing it to open. Thus, the correct timing is enforced

for the opening-to-pressure direction. Once pilot pressure is removed, the springs will

immediately try to close the high-pressure poppet and open the tank poppet. However,

there is a connection between the piston chamber and the back of the tank poppet.

Thus, as long as there is pressure in the piston chamber, the tank poppet will not open.

Since the piston chamber pressure cannot lower until after the high-pressure poppet

is closed, this feature has the effect of both ensuring proper timing and allowing ideal

decompression.

The two-poppet approach can be designed in different configurations, for example, a

two-stage poppet based on a Valvistor [107] design, which uses a pilot flow path through

the main poppet to generate a pressure difference to actuate the valve, could be used

to reduce actuation power at the expense of additional components and leakage. It is

also possible to design a configuration that has the tank poppet normally closed and

the pressure poppet normally open. However, the basic principle of one normally open

poppet and one normally closed poppet that use timed connections and pressure-based

decompression is the same.

The two-poppet approach has a number of advantages; it has poppet sealing to

reduce leakage, it provides for closed-center operation and achieves ideal decompression.

The advantages of using the rotary valve as a pilot device also apply to this design. The

primary disadvantage of this approach is complexity. There are two moving elements

with connections between them that could prove a challenge to fit into a compact

package. As with the decompression chamber on the three-way spool, in the motor

case, the valve must be open to tank before the piston reaches BDC, otherwise there is

a risk of missing a motoring stroke and generating high pressures in the piston chamber.

6.1.5 Stacked Poppets

Figure 6.7 shows a different mechanical configuration that has the same features as the

two-poppet design. The stacked poppet design is pilot driven, closed-center, has poppet

sealing, and has ideal decompression. In this figure, the pilot pressure is applied to the

piston at the bottom of the figure. On the right side of the figure are two ports: the
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bottom port is a connection to tank, and the upper port is a connection to the piston

chamber. As the valve transitions from open to low pressure (Fig. 6.7(a)) to open to high

pressure (Fig. 6.7(b)), the grey valve element on the bottom moves up first. Note that

springs are not shown for clarity, but they are used to hold the valve in the low pressure

state when pilot pressure is absent. After moving a set distance, the bottom valve

element will contact the middle valve element. This contact will close the connection

between piston and tank, and it will also cause the middle valve element to move up

along with the bottom element. The two moving valve elements will then contact the

upper poppet, which opens the connection to high pressure. Note that the back of

this poppet could be referenced to tank to allow easier opening. Once pilot pressure is

removed, the three valve elements will move down together until the top poppet contacts

its seat, closing the high pressure connection. The bottom two elements will continue

to move down until the middle element contacts its seat (which may be a snap ring

for manufacturing purposes). At this point, there is still high pressure in the piston

chamber, which will hold the bottom two elements together since the piston pressure is

connected to the back of the bottom element. Once the piston extends enough to lower

the pressure, the bottom element will separate from the middle element and return to

its seat, opening the connection to tank.

The advantages and disadvantages of this design are nearly identical to the two-

poppet design. This approach could likely be more compact, but it may also be more

difficult to manufacture. There are a number of leakage paths in this design as well, but

without a detailed design, it is difficult to say which design would have more leakage.

6.1.6 Design Selection

The decision on which design to pursue for prototyping must weigh the costs and ben-

efits of each design. While it offers smaller transition and compressibility losses, the

drawbacks of the mechanically controlled whole piston disabling strategy, such as ex-

cessive spool length, high leakage, and large flow ripple, outweigh the benefits. For

the prototype design pursued in this thesis, the drawbacks stemming from the need to

have full power flowing through the rotary spool in the direct acting case are signifi-

cant enough to warrant the additional complexity of a pilot-driven approach. However,

the additional complexity and design risk associated with the two-poppet or stacked
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Figure 6.7: Sketch of a pilot driven stacked poppet valve arrangement in high and low

pressure configurations

poppet designs are not justified by their benefits. The primary advantage of these two

approaches is the fact that they have poppet sealing to reduce leakage. However, both

designs have additional non-poppet leak paths that need to be considered. Also, with

typical tolerances on hydraulic spool valves being less than 10µm, the power loss due to

leakage around the valve spools should not be a significant source of energy loss. The

fact that a three-way valve spool is a common design in the hydraulic industry is also

attractive from a design risk mitigation stand point. It is also the most compact of the

pilot driven options. Additionally, the fact that the two-poppet and stacked poppet

designs rely on full decompression of the piston chamber in order to function properly

presents a risk in that, if there is significant variation in the oil compressibility or ex-

cessive internal leakage in the prototype parts, the device may not function properly.

In the motor case, if the oil volume is not able to be fully decompressed before reaching

BDC, the piston chamber will switch from a motoring chamber to a pumping chamber.

The three-way spool can have the ideal decompression feature added by adding a de-

compression chamber, but it is not a required element of the design. Dynamic modeling

of the decompression chamber approach indicated that it would not provide measurable
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Figure 6.8: Circuit diagram of one piston and mainstage valve driven by the rotary pilot

valve

energy savings, and it would significantly increase the mechanical complexity. Finally,

in the three-way spool and stacked poppet designs, closed-center operation is mechani-

cally enforced, and does not rely on precise timing. This guarantees that there will be

no cross-port leakage. For these reasons, the pilot-driven three-way spool design was

chosen for the prototype. In the next section, a dynamic model of the three-way spool

design is described.

6.2 Dynamic Model of a Piston Chamber and a Rotary

Pilot Driven 3-Way Spool Valve

Figure 6.8 shows a system schematic of the two-stage valve control design described in

the previous section. The rotary pilot valve is connected to the pump/motor shaft, and

as it rotates it connects the end of the mainstage spool to either tank or pilot pressure.

This forces the three-way mainstage spool to be connected to either tank or supply

pressure. With a mechanical design selected, a detailed dynamic model of the valve
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Figure 6.9: 3-way spool with features labeled

mechanism can be derived to study the power losses affected by the system dynamics,

such as the transition loss and the compressibility loss. The model is also used as a tool

for the mechanical design by simulating the effects on the overall power loss attributed

to different design decisions. In this section, a model of the rotary pilot valve, mainstage

spool valve, pump/motor piston, and the oil volumes between the elements is developed.

Simulations of a single-piston device operating as a pump and a motor are presented,

and transition speed and overall loss of the system are predicted.

Figures 6.9 and 6.10 depict the details of the mainstage valve and the piston chamber.

Figure 6.9 shows the three-way mainstage spool, which is acted on by pilot pressure on

the left end, and a spring force on the right end. The spool is shown at the position

x = 0, which corresponds to the spool being fully open to pressure. The equation of

motion for the spool is given by:

Msẍ =
π

4
D2
p (Pp − Ptank)− Fs −Ksx− bẋ (6.1)

where Ms is the spool mass, and x is the spool position. x is limited to be between 0

and xmax = Lh +Ld +Ll, which are the length of the high pressure opening, the length

of the deadband, and the length of the low pressure opening respectively. Ds is the

main spool diameter, and Dp is the diameter of the end of the piston that is in contact

with Pp, which is the pressure in the oil volume on the end of the spool that switches

between Ppilot and Ptank. Note that in the mechanical design described in section 6.3.3,
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Figure 6.10: Pump/motor piston with features labeled

the end of the spool that is at diameter Dp and the rest of the spool are made from

two separate pieces for ease of manufacturing. Fs and Ks are the spring preload force

and spring rate respectively. b is the coefficient of viscous friction that can be estimated

from the following equation, which assumes a uniform, laminar, Newtonian fluid film

between the spool and the bore:

b =
Dsπ (L1 + L2) +DpπL3

c
µ (6.2)

where L1 and L2 are the lengths of the two lands of the spool that have diameter Ds,

and L3 is the length of the spool that is at diameter Dp. c is the radial clearance between

the spool and the bore. It is assumed that the clearance around Ds and Dp are the

same. The spring chamber on the right end of the spool is referenced to tank, as is the

annulus on the left end of the spool between Ds and Dp.

The mainstage spool orifices are circumferential about the spool, with the edge of the

spool opening up to the full annulus created by undercuts in the bore. This allows for the

highest possible flow gain, which minimizes the transition time. The open orifice areas
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to pressure and tank are related to the spool position through the following equations:

Apres (x) =

Dsπ (Lh − x) if x < Lh

0 if x ≥ Lh
(6.3)

Atank (x) =

Dsπ (x− Lh − Ld) if x > Lh + Ld

0 if x ≤ Lh + Ld

(6.4)

The flow rates into (Qhigh) and out of (Qtank) the piston and valve volume, Vd, are

given by the orifice equation, with the open areas defined by Eqs. (6.3) and (6.4).

Qhigh = cdApres (x)

√
2 |Phigh − P |

ρ
sign (Phigh − P ) (6.5)

Qtank = cdAtank (x)

√
2 |P − Ptank|

ρ
sign (P − Ptank) (6.6)

The discharge coefficient, cd, can be used to match the orifice flow rates to computational

fluid dynamics (CFD) results, as described in section 6.3.4. Phigh and Ptank are set as

inputs to the simulation, but the pressure, P , in the piston volume is computed as a

state:

Ṗ =
β (P )

Vd +Ap (Dpitch tan (α)− xp)
(Qhigh −Qtank +Apẋp) (6.7)

where β (P ) is the pressure dependent bulk modulus given by Eq. (2.4), Vd is the dead

volume of oil in the piston chamber and mainstage valve, Ap is the area of the end of

the piston, α is the angle of the wobble plate, and xp and ẋp are the piston position and

velocity given by Eqs. (5.3) and (5.6). Figure 6.10 shows the piston chamber with the

important variables labeled.

The pressure in the oil volume on the end of the spool, Vp, is also computed as a

state:

Ṗp =
β (Pp)

Vp +D2
p
π
4x

(
Qpilot +D2

p

π

4
ẋ
)

(6.8)

where the flow into the oil volume from the pilot valve is given by:

Qpilot =

cdAori,pilot (θ)

√
2(Ppilot−Pp)

ρ if Aori,pilot (θ) > 0

−cdAori,tank (θ)
√

2(Pp−Ptank)
ρ if Aori,tank (θ) > 0

(6.9)
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Figure 6.11: Diagram of an unwrapped pilot spool

where Aori,pilot and Aori,tank are the orifice areas on the pilot valve spool that are open

to pilot pressure and tank respectively. As the pilot valve rotates, it will connect the

end of the mainstage spool to either pilot pressure or tank by opening either Aori,pilot

or Aori,tank. The open areas of the pilot are a function of the pilot spool geometry, the

diameter of the orifice connecting the pilot spool with oil volume Vp, and the rotation

angle of the pilot spool.

Figure 6.11 depicts the profile of the spool shown in Fig. 6.3 unwrapped to a plane.

The surface of the spool is divided into regions of pilot (red) and tank (blue) pressure.

Since the mainstage spools are spring biased to high pressure, applying tank pressure to

the end of the spool will result in high pressure being applied to the piston. Conversely,

when pilot pressure is applied to the end of the mainstage spool, tank pressure will

be applied to the piston. Thus, the red area in Fig. 6.11 corresponds to a disabled

piston, and the blue area corresponds to an enabled (pressurized) piston. Figure 6.11
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also shows eight circles representing connections to eight different three-way spools.

These connections are all at the same axial position on the spool (vertical position in

the figure), and are evenly spaced around the circumference of the spool. As the pilot

valve rotates, it will move relative to the eight connections to the mainstage spools.

This can be visualized as the circles in Fig. 6.11 moving horizontally with respect to the

rest of the figure, although in reality, the eight holes are fixed and the spool is moving.

Note that the pilot spool is fixed to the main shaft, which also rotates the wobble plate.

Thus, TDC of the wobble plate, with corresponds the center of Fig. 6.11, will remain

fixed in relation to the area profiles on the pilot spool.

As shown, a circle moving from left to right on the upper half of the figure will result

in a pumping piston, while a circle on the bottom half will connect to a motoring piston.

If the circles are instead moving from right to left, representing the opposite direction

of pump/motor rotation, then the pump and motor sections will switch places. To vary

the displacement of the device, the eight connections to the mainstage spools are moved

vertically with respect to the metering lands on the pilot spool. For a pump operating

at full displacement, the circles would be at the top Fig. 6.11. As the connections to the

spool move down, the pump displacement is decreased until the pump is fully disabled

with the circles in the center. If the circles move from the center toward the bottom of

the figure, the device becomes a motor with increasing displacement, until it reaches full

displacement with the spool connections at the bottom of the figure. In the pumping

case, the fraction of the rotation over which the pump is enabled is reduced from the full

displacement case by delaying the connection of tank pressure to the end of the spool,

and thus delaying the application of high pressure to the piston. In the motor case, it

is decreased by ending the region of tank pressure earlier than in the full displacement

case.

For an individual piston, an example of the area profiles is shown in Fig. 6.12, with

a displacement of 35%. This is similar to the example shown in Fig. 6.11. As designed,

the pilot spool is critically lapped, meaning that the width of the land on the pilot

spool is equal to the diameter of the connection between the pilot spool to the end of

the mainstage spool. However, the derivation of the pilot areas can easily be adjusted

to take overlap into account. To compute the pilot areas, the first step is to find the

transition rotation angles where the pilot spool blocks both the connection to supply
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and the connection to tank. One of the points is associated with the piston at TDC,

which is defined as 0 or 2π. The other point can be found by computing the rotation

angle over which the piston is enabled, θpartial, which was defined in Eq. (5.10):

θpartial = cos−1 (1− 2s) (6.10)

where s is the displacement of the pump/motor. This equation can be used to find

the other transition point where the pilot blocks the orifices to both pilot and tank

pressures:

θswitch,pump = 2π − θpartial (6.11)

θswitch,motor = θpartial (6.12)

where θpartial the rotation angle for which the piston is enabled. For the pump case,

the tank orifice area can be found as follows. First we compute the variables hopen and

hclose which represent the instantaneous amount of overlap between the pilot spool land

and the orifice with diameter, D0:

hopen,pump,tank = (θ − θswitch,pump)
Dpilot

2
sin (ϕ) (6.13)

hclose,pump,tank = (2π − θ)
Dpilot

2
(6.14)

where Dpilot is the diameter of the pilot spool, and ϕ is the angle from horizontal of

the angled land shown in Fig. 6.11. Note that ϕ is the angle of a helix when wrapped

around a spool. hopen is the distance, normal to the helical land, from the edge of the

helical land to the leading edge of the orifice. The sin (ϕ) term is used to ensure that

hopen is normal to the helical land. Figure 6.13 depicts the orifice in various stages of

transition for the motor case, with the hopen and hclose parameters shown. With this

parameter, the open area can easily be computed from the equation for the area of a

circular segment:

Aopen =
D2

0

8

(
2 cos−1

(
hopen − D0

2
D0
2

)
− sin

(
2 cos−1

(
hopen − D0

2
D0
2

)))
(6.15)

hclose is the distance, normal to the vertical land, from the edge of the vertical land to

the trailing edge of the orifice. This parameter can be used to compute the amount of
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Figure 6.13: Examples of partially covered pilot orifices for the motor case

the orifice that is blocked by the vertical land on the pilot spool:

Aclose =
D2

0

8

(
2 cos−1

(
(D0 − hclose)− D0

2
D0
2

)
− sin

(
2 cos−1

(
(D0 − hclose)− D0

2
D0
2

)))
(6.16)

The total orifice area can then be computed by subtracting the blocked area from the

open area. This will allow computation of the orifice area even when one side of the

orifice starts to close before the other side is fully uncovered. For very small values of

s, this is an approximation. When the width of the tank area is smaller than the orifice

diameter, D0, the orifice will be partially covered by both the vertical and the angled

lands. In this condition, some of the area that is computed as blocked by one land may

not have been uncovered yet by the other land due to the lands being at different angles.

However, it provides a good estimate for most of the operating range.

Atank = Aopen −Aclose (6.17)

Equation (6.17) was used to calculate the tank area in Fig. 6.12. A similar process can

be used to compute the pilot area for the pump case, and both areas for the motor

case. The differences are in Eqs. (6.13) and (6.14); for the pumping pilot area and the
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motoring tank area, the sin (ϕ) will be applied to hclose instead of hopen, as the helical

land represents the closing side of that orifice. For the pump case, the orifice area open

to pilot is:

hopen,pump,pilot =θ
Dpilot

2
(6.18)

hclose,pump,pilot = (θswitch,pump − θ)
Dpilot

2
sin (ϕ) (6.19)

For the motor case, hopen and hclose are computed from:

hopen,motor,tank =θ
Dpilot

2
(6.20)

hclose,motor,tank = (θswitch,motor − θ)
Dpilot

2
sin (ϕ) (6.21)

hopen,motor,pilot = (θ − θswitch,motor)
Dpilot

2
sin (ϕ) (6.22)

hclose,motor,pilot = (2π − θ)
Dpilot

2
(6.23)

In Fig. 6.12, the effect of the helical land angle is evident in the different shapes of

opening and closing area profiles. In the pumping case, the closing of the pilot area

and the opening of the tank area occur across the helical land, and it is clear in the

figure that these transitions are slower than the transition across the vertical land. As

the helix angle, ϕ, is increased, the transition profile across the helical land will become

sharper to approach the profile across the vertical land. Ideally the valve would switch

as fast as possible, but in order to make the pilot spool compact with a reasonable axial

stroke, the angle of the helical land must be limited.

In addition to the three-way mainstage valve, there is a check valve between the

piston chamber and the high pressure port. This is included primarily for safety, as it

prevents damaging pressures from building up in the case of a mis-timed three-way valve.

However, it can also improve the efficiency if the opening pressure of the check valve is

lower than the full-flow pressure drop through the mainstage valve. The equations for

the check valve are:

Mcẍc =
π

4
D2
c (P − Phigh)− Fc −Kcxc (6.24)

Qc = cdπDcxc

√
2 |P − Phigh|

ρ
sign (P − Phigh) (6.25)
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where Mc is the mass of the check ball, and xc is the position of the check ball, limited

between 0 when fully closed and a mechanical limit, xc,max. The diameter of the check

ball is Dc, and the spring preload and rate are Fc and Kc. It is assumed that the

damping force on the check ball is negligible.

The dynamic equations of the system can be used to predict the power lost in the

system due to compressibility and throttling through the valve. These losses are difficult

to compute individually since they are occurring simultaneously and have an effect on

each other. For example, the power lost due to throttling when the valve is in transition

is affected by how much oil is going into/out of the oil volume to compress the oil.

For this reason, the throttling and compressibility losses are calculated together by

comparing the average hydraulic and mechanical power flows over one full rotation:

Lcomp,throttle =
ωNp

2π

∫ 2π

0

∓ ẋpAp (P − Ptank)︸ ︷︷ ︸
mech

± (Phigh − Ptank + Eoil) (Qhigh +Qc)︸ ︷︷ ︸
hyd

 dt
(6.26)

where the signs of the two terms depend on whether the mechanical power is the input

(pump) or the hydraulic power is the input (motor). The Eoil term represents the energy

stored in each unit of compressed oil, given by Eq. (2.30).

With this model, it is also relatively simple to calculate the actuation power required

to drive the mainstage valves:

Lpilot,actuation = Np
π

4
Dpxmax

ω

2π
Ppilot (6.27)

Using two different diameters, Dp and Ds, allows flexibility in designing a main diam-

eter and travel that is large enough to minimize throttling, and still only use as much

actuation power as is needed. This equation highlights the fact that, for a hydraulic

valve, the only power needed is to move the valve; there is no holding power as is typical

in electrically powered valves. The pilot valve also exhibits leakage and friction losses,

which can be estimated from the clearance and the land design on the pilot spool. An

estimate of those losses are included in the numerical simulations below.

The leakage in the mainstage spool flow primarily through two leakage paths: there

is leakage from volume Vd in the middle of the spool across Ld + Lh to the tank port,

as shown in Fig. 6.9, and also across L1 from high pressure to tank at the end of the
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spool. If Lh = Ll, then the leakage path across the deadband is constant, except when

the valve is in transition. The leakage path across L1 will differ in length depending on

whether the spool is at 0 or xmax.

Lleak =
πDsc

3 (Phigh − Ptank)2

12µ (Ld + Lh)
+
πDsc

3 (Phigh − Ptank)2

12µ

((
1− s

2

)
L1,min

+
s
2

L1,max

)
(6.28)

where L1,min and L1,max are the lengths of the sealing land between high pressure and

tank when the spool is at xmax and 0. It is assumed that pressure balancing grooves

are used, minimizing the eccentricity.

The losses derived in this section give an estimate of the magnitude of the power loss

in the valve mechanism. In order to compute the overall system efficiency, these losses

need to be combined with results in section 5.2. The equations derived in the previous

chapter relate to losses in the overall pump/motor, excluding the valve-specific losses.

The relevant equations, which will be included in the numerical analysis in the following

section and shown in Fig. 6.21, relate to the piston and slipper losses, Eqs. (5.13), (5.17),

(5.23), (5.30), and (5.38). In the next section, numerical values are provided for the

valve parameters, and simulation results predicting the dynamic response and efficiency

of the valve mechanism are presented.

6.2.1 Simulation Results

The model equations in the previous section were simulated using physical parameters

from the mechanical design, which is described in section 6.3. Throughout the design

phase some of these parameters, such as the spool diameter, spring force, and spool

travel, went through several iterations as efficiency results from the numerical simulation

were balanced with physical design constraints. The simulation was solved numerically

using first-order integration of the differential equations. Different time steps were

tested for numerical stability, and a sample time of 0.2µs was found to produce reliable

results. While the equations are valid for any load pressure, pilot, pressure, and pump

speed with a typical pump operating range, the design point for the prototype was

Phigh = 200bar, Ppilot = 20bar, and ω = 1800RPM .

The main spool had a diameter of Ds = 13mm, a mass of Ms = 28g, a spring rate of

Ks = 4.13N/mm, a spring preload of Fs = 28N , and a radial clearance of 10µm. The
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diameter of the spool end in contact with the pilot pressure was Dp = 7.5mm, and the

initial volume of the pilot chamber was Vp = 1cm3. The pressure and tank orifice lengths

were Lh = Ll = 3mm, and the deadband length was Ld = 2mm. The Np = 8 pump

pistons had an area of Ap = 254mm2, a dead volume of Vd = 4.5cm3, and they were on

a pitch diameter of Dpitch = 82mm. The wobble plate had an angle of α = 16◦. The

leakage lengths on the end of the main spool were L1,min = 8mm and L1,max = 12.5mm.

Using CFD results to include both orifice and connecting passage effects, the discharge

coefficients on the main spool orifices were cd,high = 0.33 and cd,tank = 0.44. The orifice

to the pilot spool had a diameter of D0 = 3.5mm and a discharge coefficient estimated

to be cd = 0.67. The pilot spool had a diameter of Dpilot = 25mm, and the angle

on the helical land was ϕ = 20◦. The check valve had a diameter of Dc = 7.5mm, a

mass of Mc = 1g, a spring rate of Kc = 0.1N/mm, a spring preload of Fc = 1N , and

a max travel of xc,max = 2.5mm. The hydraulic oil was assumed to have a density of

ρ = 876kg/m3, a viscosity of µ = 0.0387Ns/m2, and an entrained air percentage of

r = 3%.

Using these parameters, the simulation was used to predict the spool position, cham-

ber pressures, and valve flow rates, as shown for a pump with a displacement of s = 0.8

in Fig. 6.14.

From this figure, which shows the simulation results over two pump rotations, the

speed of the valve mechanism can be estimated. While the pilot valve takes roughly

4.5ms to open fully, the pressure in the pilot chamber falls almost immediately, and

the mainstage spool starts to move 0.45ms after the pilot spool starts to open to tank,

with the full spring return stroke being completed 3.5ms after the pilot switch. The

mainstage spool completes its travel in the reverse direction roughly 3.75ms after the

pilot valve switches. The pressure rise occurs in about 4ms, with some overshoot due to

the fact that the pumping piston is supplying oil to a valve that is passing through its

deadband. The check valve opens to relieve the spike once it occurs. As the mainstage

valve is opening and when the piston is supplying significant flow, much of the high

pressure flow passes through the check valve. Once the flow from the piston starts to

decrease, the pressure drop across the mainstage orifice is no longer large enough to keep

the check valve open. The speed of the mainstage valve can be increased by raising the

spring force and the pilot pressure, and thus the actuation power, or reducing the mass.
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Figure 6.14: Simulation results for a pump at s=0.8 showing pilot areas, main spool (x)

and check valve (xc) positions, piston (P ) and pilot (Pp) pressures, and flow rates
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Figure 6.15: Hydraulic and mechanical power in a pump at s=0.8

Notice that, due to the time delay between the switching of the pilot valve orifices and

the switching of the mainstage spool, the three-way spool remains open to high pressure

for a small fraction of the piston down stroke. This means that the piston behaves as a

motor for the beginning of its stroke. This does not necessarily result in much additional

power loss, except for the fact that the flow rate is slightly higher during transition and

there is slightly more compressed oil in the piston than there would be if the mainstage

switched at TDC. However, it does reduce the effective displacement of the pump.

This represents one advantage of fully independent valve control, which would allow

adjustable opening times for different pump speeds. However, that is not available in a

mechanically controlled device unless an additional control input is introduced to adjust

the spool timing. One method that could better tune the valve timing at a particular

operating speed is described in section 6.2.2. The power flowing in the device is shown

in Fig. 6.15.
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In this figure the hydraulic and mechanical powers are defined as:

Powerhydraulic =

(
Phigh − Ptank +

E (Phigh, V0)

V0

)
(Qhigh −Qc) (6.29)

Powermechanical = ẋpAp (P − Ptank) (6.30)

where E (Phigh, V0) is the energy stored in a volume of fluid specified by V0, which is

given in Eq. (5.41). Thus, the hydraulic power term accounts for the flow of compressed

energy in the fluid in and out of the pump/motor. The difference in sign for Qhigh and

Qc is due to the fact that Qhigh > 0 is defined as fluid flowing into the piston chamber,

and Qc > 0 is defined as fluid flowing out.

In Fig. 6.15 the mechanical and hydraulic powers are roughly equivalent in magni-

tude and opposite in sign, indicating that the pump is transforming one type of power

into another. At point A, the mainstage valve transitions to being open to high pres-

sure, applying pressure and flow to the piston chamber and raising the magnitude of

the mechanical power in and the hydraulic power out. Immediately upon opening there

is a spike in both the hydraulic and mechanical powers. This is a result of the oil get-

ting slightly over pressurized by the piston as the mainstage valve travels through its

deadband. In Fig. 6.14 there is a pressure spike at the beginning of the enabled portion

of the piston stroke, which corresponds to the spikes in input and output power. While

there is a check valve to limit pressure spikes, it does not open immediately, and while

it is opening, a spike in pressure is generated. While the peak magnitude of the spike

in hydraulic power out is larger than the peak mechanical power in, the duration of

the spike is longer on the mechanical side. In addition, the mechanical power starts

ramping up as the piston chamber is pressurized, before any hydraulic power is output.

Thus, the power input for this transition is greater than the power out. At point B, the

piston has reached TDC, causing its velocity and the net flow in or out of the piston

chamber to go to 0. After this point, the power flows reverse as the piston begins to

move down again. The pilot valve transition coincides with the piston reaching TDC,

but the transition time of the mainstage valve causes high pressure to remain applied to

the piston chamber for a short duration, until the high pressure orifice closes at point

C. Thus, the piston acts as a motor for the beginning of each intake stroke. This has

the effect of slightly reducing the effective displacement of the piston.

In Fig. 6.15, there are some differences in magnitude, which represent losses or
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storing/releasing energy in one of the system states. At the top of the figure, the mean

power over one cycle is shown, and it is clear that the mechanical power input is larger

than the hydraulic power output. The difference between the mean power is also shown,

which quantifies the power losses associated with compressibility and throttling. Note

that, while the leakage calculation uses inputs from the simulation, it is not included in

the pressure state equations, so it will not show up in this power difference and must

be accounted for separately.

Figure 6.16 shows the simulation results for a motor with a displacement fraction

of s = 0.5. In this figure, the pilot valve switches to tank pressure at TDC, and then

roughly 3ms later, the mainstage valve is fully open to pressure. While this is slightly

faster than in the pump case, the return stroke of the mainstage spool takes roughly

4.5ms from the beginning of the pilot valve transition. This is partially due to the

slower pilot switching speed across the helical land, which can be seen if the first plot

in Fig. 6.16; the pilot valve transition that occurs when the piston is at TDC is faster

than the one that occurs after TDC. It is also due to the balance between spring force

and pilot pressure. The pressure rise occurs in 0.1ms, which is significantly faster than

in the pump case. This is due to the fact that, in the motor case, the oil volume is

compressed by adding fluid from the high pressure line, not the motion of the piston.

Thus, the pressure rise rate is determined by how fast high pressure oil can get through

the opening mainstage valve. In the bottom graph, the momentary spike in flow through

the high pressure valve corresponds with this fast pressure rise rate. Notice that, due to

the valve delay, the motoring flow does not begin at TDC. In the ideal motoring case,

the transition to high pressure would begin before TDC so that a small amount of the

pumping stroke could be used to precompress the oil and reduce the large spike in high

pressure flow. Section 6.2.2 will discuss one means of accomplishing that.

Rather than showing the mechanical and hydraulic power flows, as was done for

the pump case, Fig. 6.17 shows the difference between the input hydraulic power and

the output mechanical power. Note that this figure only shows the power difference

for a single motor rotation. Not surprisingly, it shows two large spikes corresponding

to the two switching events in the cycle, which is when there is the most potential for

compressibility and throttling losses. It is interesting to note that the power spike when

the motor is turning off, which occurs around 11ms, is negative, meaning that, for this
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Figure 6.16: Simulation results for a motor at s=0.5 showing pilot areas, main spool

(x) and check valve (xc) positions, piston (P ) and pilot (Pp) pressures, and flow rates
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Figure 6.17: Hydraulic and mechanical power in a motor at s=0.5

event, power is being gained instead of lost. To help describe the power gain and loss

in the system throughout one cycle, Fig. 6.18 shows a zoomed-in view of the difference

between mechanical and hydraulic power.

In Fig. 6.18, the motor rotation is divided into five different regions. The energy loss

in each of these regions is listed in Table 6.1. In region A, the piston is moving down,

but, due to valve transition delay, the mainstage spool is not yet open to pressure. The

power loss in this region starts low and then rises at the end. This loss rise corresponds

to the transition throttling caused as the tank orifice closes. The next region contains

the large power loss spike seen in Fig. 6.17. This spike occurs when the low pressure oil

volume is connected with the high pressure source through the opening orifice. In order

to charge the oil volume, a high flow rate, seen in Fig. 6.16, is needed for a short time.

As described in section 5.2.4, this flow rate must be throttled down from high pressure

to the lower oil volume pressure, which results in a lot of heat being generated. It is

clear from Table 6.1 that the vast majority of the energy loss occurs during region B.

In region C, the mainstage valve is open to high pressure, and oil is flowing from high
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Region Energy Loss (J)

A 0.02

B 5.17

C 0.77

D -0.76

E 0.2

Table 6.1: Table of energy loss in regions A-E of Figure 6.18

pressure to the piston. During this region, there is power loss associated with throttling

across the fully open orifice. There is also energy loss due to the flow of energy stored in

the compressed high pressure oil, which is why the loss in region C is larger than the loss

in region E. In region D, the mainstage valve is transitioning from high pressure back

to tank. As the valve closes, there is a spike in power loss due to transition throttling,

which is shown at the end of region C. Then, as the valve passes through the deadband

and both orifices are blocked, the piston, which is traveling down, extracts some of the

energy that is stored in the fluid. In fact, Table 6.1 shows that the amount of energy

lost in region C is almost completely recovered in region D. Finally, in region E, the

valve is open to tank and all of the power loss is due to throttling across the tank orifice.

Initially, the tank orifice is transitioning, so there is a short spike in the loss. After that,

the power loss is simply due to throttling across the full open tank orifice. Notice that

the spike due to transition at the end of region D is larger than the one in region A.

This is due to the fact that, for s = 0.5, the piston is traveling faster at the beginning

of region E than it is at the end of region A.

At the beginning of region D there is 1.2J of energy stored in the compressed oil in

the piston chamber. As the valve transitions through its deadband during region D, the

moving piston extracts 0.76J from the fluid, or about 63% of the available compressed

energy. It is possible that adding a decompression chamber could extract additional

energy from the compressed oil by increasing the time spent in the deadband. However,

simulations with a decompression chamber showed that, only in the worst case of a high-

displacement motor, when the volume to be decompressed is at its maximum, did the

decompression chamber have any effect on the length of time spent in the deadband. In
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Figure 6.19: Power loss for each piston of a pump or motor due to throttling, compress-

ibility, mainstage leakage, pilot leakage, pilot friction, and actuation power

that case, the vast majority of the compressed energy had already been extracted by the

moving piston before the decompression chamber took effect. With the decompression

chamber slowing the opening of the spool to tank, the throttling loss in transition was

slightly higher, and the net effect of the decompression chamber was a slight increase

in the power loss. The decompression chamber could possibly be useful in systems with

slower moving pistons or larger compressed volumes, although for this design there was

no benefit even at 450RPM motor speed.

Figure 6.18 only describes the power loss due to compressibility and throttling. Fig-

ure 6.19 shows the losses due to compressibility and throttling, along with the actuation

power, mainstage and pilot leakage, and pilot friction across the displacement range.

The mechanical displacement fraction representing the width of the enabled region on

the pilot spool does not correspond directly to the pump/motor displacement due to
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valve delay, pressure dynamics, and the cos (θ) term in Eq.(5.3). Thus, in order to dis-

play a more accurate representation of the displacement, the coordinate on the horizon-

tal axis is the high-pressure flow rate divided by the ideal flow, Qideal =
ωDpitch tan(α)Ap

2π ,

which, in this simulation, is 86.15lpm. Also note that, due to the time delay associated

with the mainstage valve, the end points for the range of s in Eqs.(6.11) and (6.12)

were not 0 and 1, but were adjusted to maintain normal operation. For the pump case

operating at 1800RPM , s ∈ [.32, 1] was used to generate Fig. 6.19. Below this range,

due to the valve closing delay, the time spent as a pump was less than the time spent

as a motor, and the net flow out of the piston was negative. Note that, in Fig. 6.19, the

output pump flow can still be varied from 0 to about 85% of maximum flow, even though

the displacement setting is restricted to s ∈ [.32, 1]. For the motor case, s ∈ [.24, .72]

was used to generate an input flow of between about 17% and 95% of the theorectical

maximum flow. For smaller values of s, the mainstage valve did not move far enough to

open to high pressure before it started to close again. For higher values of s, the valve

was still open to pressure, or transitioning, when the piston started to move up. Note

that these limits on s will change for different values of ω, since the valve transition

time is mostly independent from pump speed. For slower pump speeds, the limits on

the displacement setting, s, are closer to 0 and 1.

There are a number of interesting features in Fig. 6.19. The first is that the motor

case has significantly higher power loss than the pump case, which is due to the large

spike in power loss that occurs when the oil volume is first pressurized (region B in

Fig. 6.18). In contrast, in the pump case, the piston is moving up to pre-compress the

fluid while the valve travels through the deadband, which significantly reduces the com-

pressibility loss. For low values of s in the motor case, the power loss rises dramatically.

This is due to the fact that at these low duty ratios, the mainstage valve does not get

fully open before it starts to close again. Thus, the valve is decelerating and moving

slowly while it is partially open to high pressure, causing a lot of throttling loss across

the valve. Notice also that the motor case cannot run with less than about 17% of the

total flow. One reason for this is that the flow fraction is computed from the amount of

high pressure oil that flows into the piston chamber. As is evident in Fig. 6.16, as soon as

the mainstage valve opens to high pressure, there is a large rush of oil into the chamber

to compress the oil, which will happen for any value of s. Another reason that the flow
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cannot be varied down to 0 is that, due to the valve opening delay, the piston is already

moving down with some speed. Ideally, the valve will be switched at TDC when the

piston isn’t moving, but as designed, the transition occurs after TDC. At lower pump

speeds, or faster valve switching speeds, the valve transition will be a smaller fraction

of the total pump rotation, and the effects described here will be smaller. The valve

transition time also affects the maximum available pump flow. Since the valve delay

time causes the pumping pistons to behave as a motor for a small fraction of stroke, the

maximum net flow is reduced from the ideal case.

Another interesting feature of the power loss plot is the curved shape, which peaks

at around 50% of the max flow. This shape is due to the transition loss. If the transition

time is fixed, then the magnitude of the transition loss is determined by the flow rate

passing through the valve as it transitions. For partial stroke disabling, the fraction of

flow that is output correlates to the fraction of the stroke at which transition occurs.

Since the piston is following a sinusoidal velocity profile, the maximum velocity of the

piston, and thus the maximum flow rate, occurs halfway through the active stroke. If

the valve could transition at TDC and BDC, the transition loss would be 0. Thus, the

curvature of the power loss plot gives an estimate of the max transition loss, which is

roughly 12W in this case.

The power loss shown in Fig. 6.19 includes only the losses that can be calculated

using the dynamic model equations. This does not include the piston losses or the

slipper losses described in section 5.2. Those losses are added to the total loss in

Fig. 6.20, which represents the total modeled power loss in the pump and motor cases.

This total power loss, along with the power output, can be used to estimate the pump

and motor efficiencies as shown in Fig. 6.21.

Figure 6.21 shows the overall predicted efficiency for the pump and motor cases

including all of the modeled losses. There are some additional losses associated with

shaft bearing friction and fluid churning, but these are expected to be small. Comparing

this plot with Fig. 5.14, it is clear that the dynamic power losses not included in the

earlier plot have an impact on the efficiency, particularly for the motor case. However,

for the pump case, the predicted efficiency in Fig. 6.21 is higher than the efficiency that

is predicted for the swashplate case in Fig. 5.14, which does not include any transition

or compressibility losses. The final prediction for the discrete piston motor case is
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Figure 6.20: Total power loss for each piston of a pump or motor

lower than the swashplate efficiency. However, a swashplate motor will face the same

challenges with fluid compressibility as the discrete piston case, but those losses are not

included in Fig. 5.14. Furthermore, there are techniques for reducing the compressibility

loss in the motor case, one of which is described in the next section.

6.2.2 Precompression Backlash

The dominant power loss in the motor case is the loss associated with compressing the

oil volume in the piston chamber from a low pressure up to the high input pressure using

oil throttled down from the high pressure line. This loss does not occur in the pump

case because the oil in the piston chamber is primarily compressed using the motion of

the piston as the valve transitions through its deadband instead of using high pressure

oil. This same approach can be used for the motor case if the valve is switched while the

piston is still moving up. In this case, the piston acts as a pump for a short period of

time, and while the valve is crossing the deadband, the piston will do some compressing

of the oil that will not need to be done with high pressure oil. While the piston may
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Figure 6.22: Unwrapped pilot spool with a pre-compression offset for the motor case

not completely compress the oil up to the load pressure, as Fig. 2.2 makes clear, the oil

is most compressible when it is at a low pressure, so any rise in pressure that can be

accomplished by the moving piston will have a large effect on the energy loss.

Figure 6.22 shows the unwrapped pilot spool areas for a spool that allows precom-

pression for the motor case. Notice that the blue piston-enabled area on the motor side

is shifted to the left by an angle θbacklash. On the pump side, the enabled area remains

in the normal position between 0 (BDC) and π (TDC). This allows the mainstage spool

to start transitioning to high pressure while the piston is still traveling up. Figure 6.23

shows the dynamic model results for a motor with an offset angle of θbacklash = 0.67rad.

In the first plot, it is clear that the transition from pilot area to tank area occurs before

TDC, which is in contrast to Fig. 6.16. Notice that Qhigh is very slightly positive at the

beginning of the power stroke, and that the spike in flow caused by fluid rushing in to

charge the oil volume is significantly smaller than in Fig. 6.16. This near elimination of

the flow spike corresponds to a dramatic reduction in the power loss for the motor case,

bringing it much closer to the power loss from the pump case, as shown in Fig. 6.24.

Figure 6.25 shows that this reduction in the power loss results in a nearly identical

pump and motor efficiency.
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Figure 6.23: Simulation results for a motor at s=0.5 with a pre-compression angle of

0.67rad
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Figure 6.26: Power loss in one piston with a varying offset angle

In Fig. 6.23, the pilot spool transition occurs well before TDC, however, the main-

stage delay causes it to transition very close to TDC. For this simulation, the backlash

angle was tuned so that the mainstage would transition near the ideal point. At a

different speed or pilot pressure, this would not be the case. This highlights one of

the restrictions of mechanical valve control, as opposed to independent valve control

using electrohydraulic valves. However, even when the offset angle is not ideal, it can

still provide a substantial efficiency benefit, as shown in Fig. 6.26. When the backlash

angle is smaller than the ideal, which in this case is roughly 0.7rad, the mainstage

valve transitions after TDC. This would also occur when the motor is rotating faster

than the speed for which θbacklash is tuned. While the power loss is larger than in the

ideal case, it is still less than the no-offset case. When the motor is rotating slower,

the mainstage will transition before TDC, which will result in some pumping action of

the piston before motoring begins. While this will lower the effective maximum power

output, Fig. 6.26 shows that the power loss will still be reduced from the no-offset case.

Figure 6.22 shows how the offset angle can be achieved when the pilot spool is
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moving in one direction. However, the spool is designed so that each end of the spool

can be either the pump end or the motor end, depending on the direction of rotation.

In Fig. 6.22, the circles representing the connections to the mainstage spools are shown

moving to the right with respect to the pilot areas. If the direction is reversed, then

it is clear that the top half, which has switched from the pump end to the motor

end, will not have an offset angle, and the bottom half, which is now the pump end,

will have its turn-off point occur at an offset angle after TDC. This will exacerbate

the problem of the pumping pistons acting as a motor and reduce the effective pump

displacement. However, in the case where the circles are moving to the left, if both

pilot areas are shifted to the right by θbacklash, then the bottom half (pump) will be

lined up with TDC, and the top half (motor) will have the desired offset angle. Thus,

the pilot areas must move with respect to the piston travel profile depending on which

direction the pump/motor is rotating. This can be accomplished by adding backlash

to the pump/motor drive mechanism. The backlash that is required must be between

the drive shaft and the pump/motor element that generates the piston motion profile.

In the prototype described in this thesis, the piston motion profile is sinusoidal and is

generated by an angled wobble plate. When the device is switched to the motor case,

the vertical land on the pilot spool must move from being even with TDC to leading it

by θbacklash. When switching to the pump case, the vertical land must move from being

behind TDC to being even with it. In both cases, the spool must move forward with

respect to TDC. Thus, the pilot spool, which is coupled to the drive shaft, must move

through θbacklash before the drive shaft engages the wobble plate.

A more flexible solution to this problem would be to couple the drive shaft to the

pilot spool through a planetary gear set. The planetary gear, which would have a 1 : 1

ratio between the drive shaft and the pilot spool, would have another input that could

be used to adjust the relative angle between the two parts. Connecting a small motor

to this additional input would allow full flexibility on the timing of the pilot spool,

allowing the offset angle to be adjusted as desired at different pressures and flow rates.

While this would add complexity to the design, it would also provide nearly all of the

flexibility of independent electrical valves to the mechanical control approach.

For the prototype design described in section 6.3, the pre-compression backlash is

not included. However, the drive mechanism is designed to be adjustable so that the
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pilot spool timing can be modified, and the efficiency benefits of adding backlash can

be quantified. The mechanical design of the pump/motor prototype is described in the

following section.

6.3 Mechanical Design

The valve design concept described in the previous sections can be incorporated into

a pump/motor prototype to demonstrate the discrete piston concept. The prototype

pump/motor design for this thesis is based on a wobble-plate type device, which is

similar to a swashplate pump/motor, except that the pistons are stationary and the

angled wobble plate is rotated. The proposed discrete piston control approach is not

limited to the wobble-plate architecture; it was selected due to availability of parts and

a design supplied by Sauer-Danfoss, a company that manufactures pumps and motors.

This discrete piston approach can be applied to any pump/motor architecture that has

stationary piston chambers, such as wobble-plate, inline pump/motors, or radial piston

pump/motors. The radial piston approach may have some added efficiency benefits due

to the fact that the piston shoes are sliding on a central cam, which may allow the

relative sliding speed between the piston and the cam to be low, reducing the friction

loss. This approach could conceivably be applied to a design with a rotating barrel of

pistons, but if the pistons rotate, some form of valve plate is needed to connect the

rotating pistons to the stationary pressure and tank hoses. This would eliminate much

of the efficiency benefit of the discrete piston design.

The prototype was designed to accomplish a number of goals. First, the design

must minimize the power losses, meaning that fluid passages must be large, compressed

volumes should be small, and friction and leakage should be kept to a minimum. The

design should also be compact, simple to manufacture, and allow for sensors to test its

operation. The piston chambers should have check valves between them and the high

pressure line to prevent against excessively high pressures from building up if a valve

does not operate as planned.

In order to keep the compressed volume small, each three-way mainstage valve should

be located close to its associated piston. Since the pilot valve drives all of the mainstage

valves and is driven by the pump/motor drive shaft, it should be located in the center
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Figure 6.27: Cross sectional view of prototype pump/motor assembly

of the pump/motor. Given the size of the pistons, wobble plate, and mainstage valves,

the mainstage valves do not fit within the circle of pistons. To keep them close to

the pistons, the mainstage valves can either be arrayed outside of the piston circle and

parallel to the pistons, or they can be behind the piston chambers perpendicular to the

pistons. The latter arrangement would result in the mainstage valves traveling in the

radial direction from the center. For compactness, the mainstage valves were placed

parallel to the pistons at a larger pitch diameter, which slightly increases the outer

diameter of the pump housing, but not as much as if the valves were arranged radially.

Figure 6.27 shows a cross section of the pump/motor assembly. The housing of the

pump/motor is made up of several different pieces. The Front Housing contains the Main

Shaft and the bearings that support it. Attached to the Main Shaft is the Wobble Plate,

which drives the pistons in their reciprocating motion. The wobble plate rotates in a

low pressure volume of oil that is contained within the Front Housing, the Piston Block,

and a tube that connects them. In the side of the tube is the low pressure connection to

the pump/motor. The Piston Block, Top Cap, and Back Block pieces make up the rest
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of the housing. These three parts contain the pistons, mainstage valves, pilot spool, and

fluid passageways connecting the different parts. The high pressure and pilot pressure

connections to the pump/motor are at the back of the Back Block part. The axial

position sensing and actuation mechanism for the pilot spool is also located at the back

of the Back Block part. The entire assembly is held together with tie rods (not shown)

which provide a clamping force between the Front Housing and the blue plate behind

the Back Block shown in Fig. 6.27.

The component that is at the center of the design and is the key to enabling this

discrete piston design is the pilot valve spool. It is described in detail in the next section.

6.3.1 Pilot Spool Design

The role of the pilot spool is to direct either tank or pilot pressure to one end of each of

the eight mainstage valves for a defined portion of the pump/motor rotation. It must be

able to be rotated by the pump/motor shaft and translate with respect to the hydraulic

connections to the mainstage valves. Figure 6.28 shows a view of the pilot spool. The

spool has two main sections: the control section on the upper left which contains the

pilot and tank pressure pockets, and the pilot inlet section on the lower right. The

section on the left is essentially Fig. 6.11 wrapped around a spool, with two pockets of

tank pressure surrounded by an area of pilot pressure. The control section of the spool

will hydraulically connect to the end of each mainstage spool and control whether it

is open to high pressure or tank. The diameter of the spool is 25mm, and the length

of the control section is 32.5mm, which allows for 29mm of travel and 3.5mm for the

diameter of the connecting orifices. The pockets in the control section are connected to

pilot and tank pressure through two rails running down the center of the pilot spool, as

shown in Fig. 6.29. The tank rail is open to the end of the spool, allowing oil to exit the

spool. The pilot pressure rail connects pilot pressure area of the control section with

the pilot inlet section. The pilot inlet section is connected to pilot pressure through the

pilot sleeve shown in Fig. 6.31. The pilot inlet section is the same length as the control

section so that it will always be in contact with the pilot inlet on the sleeve, no matter

where the spool is in its travel.

The three lands on the spool that bound the control and inlet sections have balance

grooves to promote centering of the spool in the sleeve. The end of the pilot spool that
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Figure 6.28: Pilot spool with features labeled

does not have the tank outlet contains the connection to the pilot spool drive shaft.

The pilot spool must translate as well as rotate, with the rotational torque provided by

a drive shaft connected to the main pump/motor shaft. The end of the drive shaft can

translate within the end of the spool to allow the required axial travel.

The pilot spool also contains features to pressure balance the spool, which are labeled

as pressure balancing notches in Fig. 6.28. The two pockets of tank pressure in the

control section do not balance each other, and thus the pilot pressure on the opposite

side of the spool will generate a force on the spool. In order to counter act this force, the

pressure balancing notches shown in Fig. 6.28 are connected with pilot pressure. There

are also notches on the opposite side of the spool from the labeled notches which are

connected with tank pressure. These tank notches are included to maintain a pressure

balance in a system with a pressurized tank line.

The pressure balancing notches must be located and sized to correctly compensate

for the pressure imbalance generated by the pockets in the control section. Figure 6.30

shows a sketch of a cross section of the pilot spool with the x and z axes labeled (the
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Figure 6.29: Cross section of pilot spool

Figure 6.30: Pressure force acting on a cross-section of the spool
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y-axis is along the axis of the spool). It also shows the resultant pressure force from

the two unbalanced tank pockets in the control section. Since the force is generated

by the unopposed pilot pressure on the opposite side of the spool, the force vectors are

shown as pointing away from the spool from the centroid of the two pockets. Note that,

while the forces from both pockets are shown, those forces are actually occurring at

different positions along the y-axis. It should be clear from this figure that the forces

in the x-direction are balanced, but the forces in the z-direction are not. Also, due to

the different y-positions of the forces, there is a moment about the z-axis caused by the

Fx components of the force. Since the Fz components are in the same direction, there

is no moment generated by these forces. Thus, the pressure balancing notches must be

located and sized to balance the forces in the z-direction and moment about the z-axis.

The component of the pressure force in the z-direction for one pocket is computed

by finding the area of the low pressure pocket and multiplying by the pilot pressure on

the opposing side:

Fz =

∫ Dpilotπ

2

0

∫ Y (s)

0
Ppilot cos

(
2s

Dpilot

)
dyds (6.31)

where s is a distance along the face of the spool. The height of the helix is simply a

linear function of s:

Y (s) = ymax

(
1− 2s

πDpilot

)
+Dori (6.32)

where ymax is the maximum axial length of the pocket, which is 11mm in the prototype.

Dori is the diameter of the orifice in the sleeve connecting the pilot to the mainstage

spools, which in this design is 3.5mm. The minimum height of the helix is Dori to allow

the orifice to be fully uncovered when the pump/motor is at full displacement. The

moment about the z-axis can be computed from:

Mz =

∫ Dpilotπ

2

0

∫ Y (s)

0
Ppilot sin

(
2s

Dpilot

)
(ycenter − y) dyds (6.33)

where ycenter is the location of the center of the control section. The resultant force from

the pilot pressure in the pilot balancing notch must balance Fz and Mz. In order to

balance the moment about the z-axis, the balancing notch must apply a force component

in the x-direction, with a magnitude depending on how far the notch is located from

the center. The magnitude and angle of the pressure balancing force must be:
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Fbalance =

√
F 2
z +

(
Mz

yoffset

)2

(6.34)

θbalance = tan−1

(
Mz

Fzyoffset

)
(6.35)

where yoffset is the distance from the center of the control section to the center of the

pressure balancing notch. This is a design parameter that must take into account space

and leakage considerations. In the prototype design, yoffset = 24.25mm, which was 8mm

below the bottom of the pocket. The area of the pocket can be computed from Fbalance.

There is flexibility in selecting the width and depth of the pocket to achieve that area.

Note that this calculation is an approximation; there is likely to be a pressure gradient

across the helical land which is not taken into account. This can easily be included,

however, for the prototype parts, the strategy was to neglect this because it is easier to

make the notches larger if need be rather than smaller.

The pilot spool will be spinning inside a pilot sleeve, shown in Fig. 6.31. The

sleeve part was made separately from the pump housing to provide design flexibility; it

allowed the housing to be built in several pieces, and it allowed for a different material

and hardening selection on the sleeve than on the rest of the housing. A design made

for production could do away with the sleeve part to save space and cost. As shown,

the sleeve has a pilot pressure rail that connects pilot pressure to the inlet section of

the spool, and it has eight 3.5mm orifices to connect the pilot spool to each of the

mainstage spools. All of these features have o-rings around them to seal against the

pump/motor housing, which contains the sleeve. The radial clearance between the pilot

spool and the sleeve was chosen to be a nominal value of 7.5µm, and was specified to

be within +12.5µm and −5µm. The nominal value may be a bit tighter than needed,

but it allowed for some tolerance on the machining and heat treatment without getting

excessive leakage. If the spool proves to be too tight in testing, it is easier to remove

material than to add it.

The drive shaft that connects to the end of the pilot spool provides the rotary

actuation, but not the axial actuation. Figure 6.32 shows the mechanism that controls

the axial position of the pilot spool within the sleeve. The pilot spool is acted on by

a spring on the driveshaft end. On the other end of the spool, the Pilot Push part
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Figure 6.32: Pilot spool actuation and sensing assembly
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will contact the spool to push against the spring. The Pilot Push part is essentially a

small hydraulic cylinder with a rounded tip on one end, and an extension for a position

sensor on the other end. The rounded end of the Pilot Push rod will be in contact with

the rotating pilot spool. Since the rod does not rotate, there will be relative motion

between these parts, so the rounded end is intended to provide as small of a contact

area as possible. To control the position of the pilot spool, oil is added to or removed

from the port in the Back Plug part from an external control valve. The opposing

spring is designed to accommodate a pressure of 20bar pushing on the rod, although

the device should still be able to reach full stroke at 10bar. With the selected spring rate

(1.06N/mm), spool mass (0.25kg), and 20bar pilot pressure, the pilot spool should fully

compress the spring in 15ms and fully return to its neutral position in 30ms. The ends

of the pilot spool are both referenced to tank pressure, and large flow paths between

the ends of the spool and tank should ensure minimal fluid restriction on the motion

of the pilot spool. The Pilot Push rod extends out the back of the Back Plug part so

that the axial position of the pilot spool can be sensed. For this prototype, a magnetic

linear encoder was selected as the sensing device, although this could be replaced by

a different type of position sensor. For precise control, the position of the pilot spool

should be sensed and controlled. However, the pilot position is similar to the swashplate

angle on a typical variable displacement pump. In many cases, swashplate pumps do not

have closed-loop control of the swashplate angle, and instead rely on pressure feedback

to control the pump/motor, using either electrical or mechanical compensators. Such

an approach would also be possible for the discrete piston pump/motor, which could

reduce cost and complexity.

The drive shaft must transmit sufficient torque to the spool to overcome the friction

on the spool, as well as translate with respect to the spool. There are many different

profiles of splined shafts that can accomplish this. The profile selected for this prototype,

as shown in Fig. 6.33, is a roughly triangular shaped profile with three rounded corners

and a larger radius arc between the corners. This profile was selected primarily for

manufacturability; it can be machined into the spool using an end mill, as opposed to

more complex operations for designs with more pronounced teeth. The design of the

mechanical drive system that connects to this profile is discussed in the next section.
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Figure 6.33: End of the pilot spool showing drive shaft profile

6.3.2 Driveshaft Design

Figure 6.34 shows a cross sectional view of the mechanical drive line1 for the pump/

motor. The Main Shaft is the mechanical connection to the power source/sink, and it

will transmit the torque from the wobble plate to the application it is connected to. The

Main Shaft is supported by two bearings; a tapered roller bearing to support axial and

radial loads, and a ball bearing to support the moment on the shaft. All components

are sized to withstand forces generated by a 200bar pressure on the pistons. There is

a shaft seal to prevent oil leakage. The Wobble Plate is connected to the Main Shaft

via two pins, and the Drive Shaft is connected via an adjustable clocking mechanism.

The connection between the two shafts is designed to allow misalignment between the

Main Shaft and the Pilot Spool by only transmitting torque through a small pin that

runs transversely through the end of the Drive Shaft. The pin is held in place by a

small ring with notches in it, which is secured to the Main Shaft with a set screw.

This arrangement allows the angle between the Main Shaft and the Drive Shaft to be

adjusted. As mentioned in section 6.2.2, in the motor case, it is desirable to have an

offset between TDC and the start of the motoring stroke. In order to truly realize this

benefit for motoring while not degrading pump performance, backlash would need to be

added between the Main Shaft and the Wobble Plate. If backlash is added between the

mainshaft and the wobble plate, then when switching directions, the mainshaft and the

1 C. Larish [109] did a significant amount of the design work for the drive line parts.
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Figure 6.34: Cross section of the mechanical drive line for the pump/motor
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pilot spool will move while the wobble plate stays in place across the backlash angle.

This will make the pilot spool lead TDC on the wobble plate as described in section

6.2.2. While this is possible to achieve, the high forces/torques involved at this junction

made adding backlash a significant design risk in the prototype. In place of the backlash,

which would automatically adjust the offset for pump and motor modes, this adjustable

clocking mechanism was designed. Thus, the offset angle can be manually adjusted in

pump and motor modes to test the effect of a variable offset.

The Wobble Plate in the prototype has an angle of 16◦, which was taken from the

design of a donated pump prototype. As shown in Fig. 6.34, the Wobble Plate has a

radial ball bearing and a thrust bearing attached to it, and riding on those bearings

is the Shoe Plate. The pistons interface with the Shoe Plate, which can rotate with

respect to the Wobble Plate. This design allows for the friction force generated by the

pressure force acting on the pistons to be primarily rolling friction instead of sliding

friction. As shown in Fig. 5.13, which assumes a rolling friction coefficient, the friction

between the slipper and the swashplate is one of the largest sources of energy loss in the

pump/motor, and anything that can reduce it will have a significant effect on the overall

efficiency. Using a plate that does not rotate with the Wobble Plate to interface with

the piston slippers also reduces the risk associated with non-hydrostatically balanced

pistons. Designs that have rolling friction on the wobble plate exist in the hydraulic

industry, but they are not as common as designs with hydrostatically balanced pistons.

With the mechanism for generating the piston motion profile described, the next section

details the design of the mainstage valves to control the flow in and out of the piston

chamber.

6.3.3 Piston and Valve Design

In order to reduce the compressed volume of oil and create a compact design, the

mainstage valve should be located as close to the piston chamber as possible. Figure

6.35 shows a cross section of one piston and valve pair. The piston has a diameter of

roughly 18mm and was taken from a donated prototype check ball pump. There is no

connection from the piston chamber to the face of the slipper as this design does not use

hydrostatically balanced pistons. The piston was designed to house a check valve that

could draw fluid from the low pressure chamber on the intake stroke. Since the discrete
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Figure 6.35: Pump/motor piston and mainstage valve

piston design includes a connection to low pressure through the mainstage valve, this

check valve is not needed. To take up the added compressed volume in the center of

the piston, a Piston Plug part was designed. The Piston Plug removes roughly 3cm3 of

unnecessary compressed volume from the piston chamber and acts as the seat for the

piston return spring. The return spring was sized to match the force on the donated

pump/motor prototype. At the end of the piston chamber, there is a check valve that

can connect the piston chamber to high pressure. While this flow path is redundant

with the connection through the mainstage valve, it is included as a safety valve to

ensure that the pressure in the piston chambers does not get excessively high in the

case of a mis-timed mainstage valve. In the pumping case, this check valve can act as

a parallel flow path and reduce the throttling loss through the mainstage valve. The

prototype uses a check ball made out of polycarbonate instead of steel to reduce the

mass and response time of the check valve.

The connection between the piston and the mainstage valve is not in the plane of the

cross section shown in Fig. 6.35, but it can be seen as a drilled hole intersecting the back
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of the spool bore, and there is another drilled hole on the other side of the spool bore

that has been removed by the cross sectional view. The original design had only a single

connection hole that was in the cross sectional plane, but CFD analysis, described in

section 6.3.4, showed that the throttling loss could be substantially reduced by adding a

second drilled hole. The cost of the second flow path is additional compressed volume,

but simulations indicated that the reduction in throttling losses was larger than the

increase in compressibility losses.

The mainstage spool is shown in its bore, which contains undercuts for connecting

to high pressure (red) and tank (blue). In this design, the mainstage spools are designed

to be spring biased open to pressure. This was chosen because the control of the pilot

spool is accomplished using pilot pressure, which may only be available if the pump is

able to build pressure. In order to ensure that pressure would be available to control the

pilot spool, the mainstage spools are in the default position to allow pressure. There are

some downsides to defaulting to high pressure, especially in the motor configuration,

and the design can easily be adapted to be normally open to tank.

The mainstage spool is acted on by a spring on the tank side, and by the Spool Push

part on the pressure side. In designing the mainstage valve to operate at a nominal 20bar

pilot pressure, it was beneficial to have flexibility in selecting the mainstage diameter,

which determines the main flow area, and the area acted on by pilot pressure, which

determines the actuation power. The Spool Push part allows that flexibility without

requiring a tight concentricity tolerance on two different diameter bores. The Spool

Push part is connected to the pilot spool through the pilot pressure flow path. Both

the mainstage spool and the Pilot Push parts have holes drilled in them to reduce the

mass and response time of the valve.

The return spring on the mainstage spool was designed to provide roughly the same

transition time in either direction when using a pilot pressure of 20bar. The radial

clearance between the spool and bore was designed to be nominally 9µm and with

tolerances allowed to be between 13.5µm and −2.5µm. This is a wider tolerance than

could be achieved using typical hydraulic component manufacturing practices, so leakage

could likely be reduced in a production design.

Figure 6.35 shows the three parts of the main pump/motor block, with two gray parts

of the housing separated by a yellow part in the middle. The piston and mainstage valve
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are housed in the Piston Block part of the housing, the yellow part is called the Top

Cap part, and the gray housing piece on the right of the figure is the Back Block. The

housing was designed in three pieces to allow all of the fluid passages and component

housings to be created using machining operations, rather than requiring a casting to

be designed. This was done primarily for ease of prototyping, and a production design

could easily make use of a casting to create a more compact design. The next section

discusses the design of the housing and the fluid passages contained within it.

6.3.4 Fluid Passage Design

The main pump/motor housing block needs to direct high pressure, tank pressure, and

pilot pressure to different components within it. Of these, the high pressure and the

tank flow paths must be large enough to allow large flow rates to pass through them

with minimal pressure drop. As a rule of thumb, all high pressure passages are designed

to have at least 5mm of material surrounding them. In this section the Piston Block

end of the housing which faces the wobble plate is referred to as the front, and the Back

Block end of the housing that contains the high pressure and pilot pressure connections

is referred to as the back.

In front of the Piston block is an open chamber containing the wobble plate, which

is bounded by a steel tube. In the side of tube is the connection to tank pressure, and

the chamber surrounding the wobble plate is intended to be filled with low pressure oil.

While this does lead to some fluid churning losses, it also provides lubrication for the

piston/swashplate interface and the shaft bearings. It also provides a simple connection

to tank pressure from the Piston Block. In Fig. 6.35, the right side of the mainstage

valve is shown as connecting to tank pressure through a large opening in the face of the

Piston Block. This creates a large, short flow path between the piston chamber and tank,

which is critical to reducing throttling losses, particularly at low displacements. CFD

analysis described in section 6.3.4 confirms that this flow path achieves low throttling

losses.

The Piston Block also contains the pistons and mainstage valves as shown in Fig.

6.35. The mainstage spool is connected to all three of the different pressures in the

housing, with orifices opening to high pressure and tank, and pilot pressure pushing

on its end. The high pressure connects to the middle of the mainstage spool. This is
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accomplished through a high pressure rail that surrounds the central pilot sleeve and

connects to each of the eight mainstage valves. This pilot rail is partially contained in

the Piston Block part, and partially contained in the Top Cap part. The fact that the

pressure rail exists at the junction of the two parts is what allows it to be machined on

the interior of the pump/motor housing. In addition to connecting the eight mainstage

valves, the high pressure rail also surrounds the check valves at the end of the piston

chambers, creating a simple connection between the check valves and high pressure. The

high pressure oil is brought to the back of the housing through three drilled passages

connecting the pressure rail with the Back Block part of the housing. Within the Back

Block, the three high pressure passages are brought together at the high pressure port.

There is also a low pressure rail between the Top Cap and Piston Block parts as

shown in Fig. 6.35. While this low pressure rail does not contain the main flow through

the pistons, it is important for allowing oil to fill in behind the mainstage valves as they

transition from pressure to tank. Without this connection to tank, a vacuum would be

drawn behind the valves, slowing down their transition. In order to reduce the fluid

damping effect on the piston speed, this connection to tank should be large. Similarly,

low pressure oil should be routed to the back of the pilot spool to allow it to transition

without significant fluid damping. There are four tank pressure passages that bring

tank pressure from the wobble plate chamber to the back of the pump/motor. These

four passages run through the low pressure rail, connecting it to tank. They run into

the Back Block part where perpendicular channels connect them in the center of the

pump/motor, behind the pilot spool.

Figure 6.36 shows a view of the fluid passages in the Back Block part. The four blue

tank pressure passages can be seen connecting behind the pilot spool, and the three

high pressure passages which bring oil from the high pressure rail to the high pressure

port are also shown connecting in the Back Block. The eight yellow passages connecting

the Pilot Sleeve with the ends of the mainstage valves can be seen extending radially

from the center, the ends of which are to be blocked by plugs (except for one, which will

be blocked by a pressure sensor). The yellow pilot pressure inlet passage can be seen

running parallel to the four tank passages through the center of the part. In order to

maintain 5mm of material between the passages as the pilot inlet line passes through

the eight radial pilot passages and still connect to the Pilot Sleeve through the Top
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Figure 6.36: Transparent view of the Back Block part

Cap, the pilot inlet line has an offset, as shown on the front face of the Back Block part.

All of the passages are surrounded by o-ring grooves at the interface between the Back

Block and Top Cap parts.

Figure 6.37 shows the front face of the Top Cap part, which mates against the

Piston Block part. In this figure, the four outer most holes are part of the tank pressure

passages, and the eight holes just inside of those contain the Spool Push parts shown

in Fig. 6.35. Inside of those holes is the nose that forms part of the high pressure rail.

Inside that nose are the eight holes that contain the check valves. In the middle of

the Top Cap part is a star-shaped pattern, which is included as a pressure relieving

mechanism. While all passages are sealed with o-rings, if high pressure were to leak

out of the high pressure rail or around the check valves and pressurize the entire face

between the Top Cap and the Piston Block, the tie rods might not be strong enough

to hold the pump/motor together. The star-shaped pressure relieving area is a shallow

0.5mm cut into the face of the Top Cap which connects to a small passage to tank

around the outside of the Pilot Sleeve. This is included as a safety device, but could
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Figure 6.37: Front face of the Top Cap part

likely be excluded from a production design.

The fluid passages that direct the main pump/motor flow between the pistons, tank,

and high pressure need to be large enough to minimize throttling losses. The next section

details the CFD analysis and design iterations done to create an efficient design.

CFD analysis

In section 6.2, the orifice area in the mainstage spool between high pressure or tank was

described as the cylindrical open area defined by the mainstage spool circumference

times its max opening distance of 3mm. However, these simple orifices do not account

for all of the throttling losses experienced by the flow as it passes between the pistons

and the high pressure or tank ports. Fluid friction and head loss due to changes in

direction account for a significant portion of the throttling loss. To accurately analyze

these losses, the simple orifice equation (Eq. (5.39)) is not sufficient. Computational

Fluid Dynamics (CFD) software was used2 to predict the throttling losses, and the

feedback from this analysis was used through several design iterations to reduce the

overall throttling loss. Note that, while section 6.2 uses simple orifice equations, the

2 M. Wang set up, executed, and processed the CFD data.
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Figure 6.38: Initial design iteration of high pressure fluid domain with static pressure

contours

results of this CFD analysis are included in the simulation results by adjusting the

discharge coefficient (cd) values to approximate the full path throttling losses. The

CFD analysis was performed using Ansys CFD software to solve the incompressible

Navier-Stokes equations. The settings used to compute the solution are identical to

those used in [86], which describes the details of the numerical solver used.

Figure 6.38 shows the high pressure fluid domain colored by the static pressure

at the walls. This is the initial design of the high pressure flow path, which includes

the passage through the mainstage valves, the high pressure rail, and the three high

pressure connections that are brought together in the Back Block. The model only

includes three pistons connected to high pressure since the maximum individual piston

flow occurs when three pistons are active, which can be seen in Fig. 5.16. For the

CFD analysis, the pressure drop was computed for the pumping case with three flow

input boundary conditions at the three pistons and an outlet pressure condition at the

high pressure outlet. The input flow rates were 23.925lpm at two of the pistons, and
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33.84lpm at the center piston, for a total of 81.69lpm through the high pressure path.

The average pressure drops at the three pistons were 1.62bar at the lower flow

pistons, and 2.66bar at the high flow piston. This was significantly higher than the

throttling loss through just the valve orifice, and higher than desired to demonstrate

the efficiency of the discrete piston approach. In Fig. 6.38, there are several step changes

in pressure that indicate flow restrictions. The first is from the piston chamber to the

passage connecting the piston to the mainstage valve. In this initial design, there was

only a single flow path, which caused a roughly 0.5bar pressure drop. The second large

pressure drop is between the mainstage valve chamber and the high pressure rail. This

transition includes the mainstage orifice area, but the pressure drop was significantly

larger than predicted by the orifice equation. The CFD analysis showed that the flow

was not evenly distributed around the annular mainstage orifice, with most of the flow

passing through the valve near the opening to the high pressure rail. This indicated that

the flow path from the back of the high pressure annulus around the spool to the high

pressure rail was too restrictive. Finally, the long flow paths from the high pressure rail

to the pump outlet had a gradual pressure drop along them, especially after the three

flow paths were joined together.

The CFD analysis of the pressure drop indicated several opportunities for improve-

ment in the design of the high pressure flow path. The first was to increase the flow

area between the pistons and the mainstage valves. Initially, the diameter of the pas-

sage was increased, but it could not be increased enough without causing the mainstage

spool to increase in length. So, instead of a single, large passage, a second passage was

added, with the two connections evenly spaced on either side of the mainstage spool.

In addition to increasing the flow area, this had the effect of helping to spread out the

flow through the mainstage orifice. Since the flow was now entering the valve chamber

on either side, rather than in the middle, the flow was more evenly distributed around

the circumference of the mainstage spool, lowering the pressure drop across the orifice.

This was further improved by increasing the size and depth of the pressure rail. In the

initial design, the high pressure annulus around the valve spool intersected the pressure

rail near its edge, creating a restrictive rectangular opening between the annulus and

the pressure rail. By increasing the depth of the high pressure rail so that its outer

diameter was roughly in line with the center of the mainstage valve, the restriction
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Figure 6.39: Final design of the high pressure fluid path with pressure colored pathlines

between the annulus and the pressure rail was removed. Finally, the three flow paths

connecting the high pressure rail to the common exit port, and the common exit port,

were increased in diameter. With these improvements, the average pressure drops were

reduced to 0.7bar on the lower flow pistons, and 1.06bar on the high flow piston. The

pressure colored pathlines for the improved design are shown in Fig. 6.39, which shows

the reduction in pressure drop. Note that this analysis assumes that all of the flow from

the piston is passing through the mainstage valve, and not across the parallel check

valve. For the pumping case, once the pressure drop across the mainstage valve rises

above the check valve cracking pressure, the flow will be split between the two paths,

lowering the pressure drop.

The flow path between the piston chamber and the tank outlet is much simpler

than the high pressure path. When the mainstage valve is connected to tank, the fluid

flows from the piston chamber, through the cylindrical mainstage valve orifice, and

around the end of the valve spool into the chamber enclosing the wobble plate. For the

CFD analysis, it was assumed that the pressure drop through the large wobble plate
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Figure 6.40: Low pressure fluid path with static pressure contours

chamber was negligible, so only the path between the piston chamber and the wobble

plate chamber was modeled. Since the tank flow path for each piston is independent

of the other pistons, only one piston needed to be analyzed. Figure 6.40 shows colored

pathlines through one path from the piston to tank. This flow path is much shorter

and more direct than the high pressure paths, which accounts for the significantly lower

pressure drop of 0.60bar at 33.84lpm. The values of 1.06bar and 0.60bar for the high

and low pressure flow path pressure drops at max flow were used along with the fully

open orifice area on the mainstage valve to estimate the discharge coefficient, cd, in

section 6.2. This is an approximate way of including the full flow path pressure drop in

the simulation model, which relies on the orifice equation.

The mechanical design was completed in conjunction with the dynamic modeling to

ensure that the prototype would have a design that demonstrates the expected efficiency

benefit of the discrete piston approach and is also mechanically feasible to construct.
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6.4 Conclusion

In this chapter, a design for a mechanically controlled discrete piston pump/motor

was presented. The use of a mechanical control strategy has a number of advantages,

such as a simpler, lower cost, and more robust control mechanism, a single control

input that only requires hydraulic or mechanical power, repeatable valve timing, a more

compact design, and minimal holding power. Several valve concepts were discussed,

and a design based on a two degree of freedom pilot valve that drives three-way spool

valves to control the individual pistons was selected. A dynamic model of the selected

design was created, which showed that the valve could operate at the target speed of

1800RPM , and predicted the overall efficiency of the device. Due to compressibility

effects, the motor case was predicted to have significantly higher power loss, but a

solution to this problem involving adding mechanical backlash to the drive train was

described. This additional backlash was added to shift the valve timing in the motor

case so that the mainstage valve would be crossing through its deadband as the piston is

approaching TDC, allowing for some degree of precompression of the oil volume. Finally,

the complete mechanical design of the discrete piston pump/motor was presented. The

proposed design is capable of operating as a pump or a motor for either direction of

rotation of the shaft, allowing it to be a full four-quadrant device. In the next chapter,

the experimental tests performed on the prototype and their results are discussed.



Chapter 7

Experimental Results of a

Discrete Piston Controlled

Hydraulic Pump-Motor

In the previous chapter, a detailed design of a discrete piston controlled pump/motor

based on the concept of a two degree of freedom control valve was described. Chapter

5 indicated that discrete piston control has the potential to significantly improve the

efficiency of variable displacement pumps and motors, particularly at low displacements.

The dynamic model presented in section 6.2 indicated that the proposed design should

be capable of operating up to the design point of 1800RPM , and it should demonstrate

an efficiency of > 90% down to a displacement setting of about s = 0.3 for the pump

case. While the baseline motor case was predicted to have a lower efficiency due to

compressibility, with the use of a timing shift mechanism to achieve precompression

(such as adding backlash), similar efficiency characteristics can be achieved in the motor

case.

In this chapter, the experimental results of the prototype design described in the

previous chapter are presented. The device was tested as both a pump and a motor,

and the dynamic behavior and efficiency of the pump/motor were recorded.
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Figure 7.1: Manufactured parts used to build the discrete piston pump/motor

7.1 Experimental Results

The discrete piston pump/motor was manufactured according to the design described

in the previous section. Figure 7.1 shows the individual components of the design prior

to assembly. All manufactured parts were machined (not cast), and several of the parts

were hardened using a nitrocarburizing process: the pilot spool, pilot sleeve, piston

block, wobble plate, and shoe plate. Most of the housing components (i.e. piston block,

top cap, back block, piston sleeve) were made from ductile iron, and the spools were

made from mild steel. The front housing is shown at the top center of the picture,

with the drive shaft, wobble plate, shoe plate, and bearings pressed together into an

assembly. The design of this part of the pump/motor is described in [109].

The pump/motor was assembled and mounted on a test stand, as shown in Fig. 7.2.

The test stand, which used many components from the design described in [108], has

a 28cm3 closed-loop pump/motor that can be driven in either direction to drive or

brake the Unit Under Test (UUT). In this case, the test stand pump/motor was smaller

than the 48cm3 device being tested. This placed some restrictions on the pressure level



260

Figure 7.2: Discrete piston pump/motor installed on the test bench

that could be achieved during testing. Hydraulic power to the UUT and the drive

pump/motor was supplied by a 20GPM power unit. The test stand was equipped with

pressure, speed, torque, and flow meters which were sampled at a 1ms rate through a

computer running Matlab XPC Target. The original design for the test stand called for

the drive pump/motor and the UUT to be connected in a regenerative configuration,

with the high-pressure pump output being used to help drive the motor, and the hy-

draulic power unit only needed to make up for the power losses in the system. However,

the fact that the displacement of the UUT was larger than the drive pump/motor meant

that this configuration would limit testing of the UUT to only about half of its total

displacement. Thus, the stand had to be configured differently, with individual circuits

for testing the motor and pump configurations of the device.

7.1.1 Motor Testing

The circuit used for testing the discrete piston motor is shown in Fig. 7.3. In this

circuit, the hydraulic power unit is used to supply energy to drive the discrete piston

motor, with a Pressure Reducing Valve (PRV) upstream of the motor used to set the

desired test pressure. The exhaust flow from the motor was connected to the inlet of

the test stand pump, which was used to brake the motor by pumping high pressure oil
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Figure 7.3: Schematic of hydraulic circuit for testing the discrete piston motor

across a needle valve. Since the displacement of the motor (UUT) was larger than the

displacement of the pump, the outlet of the motor also needed to be connected to the

return on the power unit. The hoses were connected in a way that the oil from the

motor would primarily flow into the pump and then back to the power unit, as opposed

to most of the motor flow returning to the power unit and oil circulating in a closed

circuit through the pump. This was done to keep the temperature of the oil in the

pump circuit at a reasonable level. The pilot pressure needed to drive the mainstage

valves was also supplied via a PRV from the power unit supply, with a pressure setting

of 20bar. There were pressure sensors on the high pressure port and the low pressure

port. There were also pressure sensors connected to one piston chamber and one pilot

line associated with that piston. There was a flow meter on the motor input flow and a

torque sensor and speed sensor on the shaft between the pump and motor. With these

sensors, the hydraulic input power and the mechanical output power could be recorded.

The displacement of the motor was designed to be controlled via a hydraulic control

valve that would supply fluid to push on the pilot push rod (see Fig. 6.32) and close

the loop using a magnetic encoder mounted on the sensor mount plate. However, the

seal used around the pilot push rod to seal the control pressure chamber added so much

friction that the pilot spool could only spring return at a very slow speed. However,

for efficiency mapping and pump/motor characterization, a displacement adjustment

mechanism was not necessary (or desired). For the testing described in this chapter,

the pilot push rod was positioned manually and then clamped.
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Figure 7.4: Pressure traces from a motor operating at two displacements

Figure 7.4 shows traces from the four pressure sensors with the motor operating

at two different displacements and roughly 900RPM . The operating principle of the

motor is clearly shown, with the pressure in the pilot line between the pilot spool and

the mainstage spool dropping, and then a short time later, the pressure in the chamber

rising up to high pressure. The chamber pressure then falls after the pilot pressure starts

to rise again, forcing the mainstage spool back to the low pressure position. The two

displacement settings show the piston connected to high pressure for a varying fraction

of the motor rotation, demonstrating the partial stroke disabling control.

The delay between the decrease in pilot pressure and the increase in the chamber

pressure is a result of the transition time of the mainstage spool. This delay was

measured as the time between the pilot pressure dropping below 15bar and the chamber

pressure rising half way to the high pressure. Figure 7.5 shows a histogram of the time

delays calculated using this method. This data was taken for a motor running between

30bar and 100bar and over a speed range of 500RPM to 1300RPM , with 60 rotations

taken at each pressure and speed point. The distribution appears roughly normal, with
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traces
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Figure 7.6: Measured efficiency of the discrete piston motor

a mean around 3ms. This agrees with the transition time predicted by the dynamic

model in Fig. 6.16 for the motor and Fig. 6.14 for the pump. Note that the actual

transition time likely varied less than is shown in this figure since the method of using

threshold crossings to estimate transition time introduced some variation into the data.

This transition time should be sufficient to allow the pump/motor to operate effectively

up to at least 1800RPM , as was simulated in section 6.2.

With the input hydraulic power measured by the pressure sensor and flow meter, and

the output mechanical power measured using the shaft speed and torque sensors, the

overall efficiency of the device was computed. The result is shown in Fig. 7.6. This plot

shows the efficiency as a function of estimated displacement fraction, which is computed

from the width of the piston chamber pressure pulse and the mainstage valve transition

delay:

Dest =
1

2
(cos (tdelayω)− cos (thighω + tdelayω)) (7.1)

where thigh is the time that the chamber pressure is at high pressure, ω is the motor

shaft angular velocity, and tdelay = 0.003s is the estimated time delay to open or close
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Figure 7.7: Displacement estimation method for the motor, motor with backlash timing

adjustment, and pump cases

the mainstage spool. The time delay due to the mainstage valve transition needs to

be included because, due to the sinusoidal trajectory of the piston, the distance the

piston travels in a given time, thigh, will vary depending on where in the trajectory the

high pressure period falls. thigh is determined by measuring the time that the pressure is

above a threshold value during each pump rotation. Figure 7.7 depicts the displacement

estimation method for the motor (Eq. (7.1)), motor with backlash (Eq. (7.2)), and the

pump (Eq. (7.3)).

For each data point in Fig. 7.6, the measured values are averaged over 60 pump

rotations. This method of estimating the motor displacement was used instead of mea-

suring the position of the pilot push rod for two reasons. The first was that, despite

being clamped in place, in a few of the tests, the pilot push rod appeared to move over

time as a result of vibrations on the motor. Second, the delay time of 3ms resulted in a

delay angle that varied with the rotational speed, which changed the effective displace-

ment. This variation with motor speed could easily be compensated for with closed loop
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Figure 7.8: Measured motor flow as a function of speed and displacement

control of the pilot spool position.

The efficiency measurements were taken with the motor operating at 5 different

nominal pilot spool positions, speeds of 500, 700, 900, 1100, and 1300RPM , and pres-

sures of about 35, 70, and 100bar. The measured efficiency reached a maximum of about

80% at full displacement, and then dropped down to around 40% at 20% displacement.

While not terrible, this efficiency is considerably lower than was predicted in section

6.2. The primary reason for this is much higher than expected leakage.

Figure 7.8 shows the overall motor flow as a function of speed and estimated dis-

placement, with the data separated into three groups by inlet pressure. As expected,

the flow through the motor increases as both the displacement and speed increase. How-

ever, less expected was the fact that the flow into the motor also noticeably increases

with the inlet pressure. While this is difficult to see in the two dimensional figure, the

effect is clear in the group of points at the lower left of Fig. 7.8. These fourteen points

were all taken at the same displacement, and it is clear that there is an increase in flow

with increasing supply pressure. This indicates a significant amount of internal leakage
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Figure 7.9: Estimated motor leakage using several methods

through the motor.

The amount of leakage was estimated in several ways. One method was to fit the

flow data shown in Fig. 7.8 to a plane in pressure and speed for each nominal setting

of the pilot spool position. As mentioned above, in several of the tests, the pilot spool

seemed to move through the test, so the quality of the plane fit for those tests was low.

However, for two of the pilot spool settings, the data fit well to the plane. The slope

of these planes with respect to pressure was used to estimate the leakage. The slopes

for the two data sets were 0.0935lpm/bar and 0.1135lpm/bar. Figure 7.9 shows these

two slopes as lines labeled Plane Slope High and Plane Slope Low. This plot also shows

leakage estimated by directly measuring the flow when the motor was not spinning.

By setting the pilot spool in the middle of its travel, the mainstage valves were all

held open to low pressure, and the motor did not spin, which should have resulted in

zero flow. However, significant flow was measured in this case. The last method for

estimating the leakage, labeled Bucket in Fig. 7.9, was to allow the tank line to flow

into a bucket and measure the volume of oil over time. One thing to note with this
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Figure 7.10: Picture of two mainstage spools after testing

last method is that it was done when the oil was cool, relative to the other leakage

tests. This may explain why the bucket method estimated slightly lower leakage than

the other tests. The No Spin data points seemed to agree well with the Plane Slope

Low estimate, with both tests run at typical testing temperature. The Plane Slope

Low method was used to estimate the leakage flow. Note that the figure also shows

the amount of leakage that was estimated around the mainstage valves by the leakage

equation and the best case designed clearance between the spools and bores of 8µm.

Note that for the prototype manufacturing, the clearance was allowed to be larger than

that, but in a proper production environment, the clearance could probably be even

tighter.

There are several possible leak paths through the pump motor, with around the

mainstage spools, around the pistons, and through the check valve seat being the most

likely. Of these, leakage around the mainstage spools was likely to be the largest.

Figure 7.11 depicts some of the possible leakage paths around the pistons and valves.

The pistons were made by a hydraulic pump manufacturer, and were measured to be

within the specified dimensions. The nominal diametral clearance on the pistons was

15.5 ± 10µm, with a relatively long sealing length. The pistons ran smoothly in their

bores, but they did not feel like they had much clearance. The polycarbonate check
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Figure 7.11: Potential leakage paths around the piston, mainstage valve, and check

valve

balls, while they did show some marks after the pump/motor was disassembled, were

also not likely to be a significant source of leakage in the motor case, as they should have

remained pressed against their seats by high pressure. On the other hand, the mainstage

spools showed evidence of being significantly undersized and a likely cause of the high

leakage. On the drawing, the clearance on the mainstage spools/bores was 28− 50µm.

However, the nitrocarburizing process used to harden the piston block was expected

to contribute 5 − 10µm of growth to the bores, resulting in a clearance of 8 − 40µm.

While this amount of variation was not ideal, it was considered an acceptable range

for prototype parts. Unfortunately, the hardening process did not appear to add any

thickness to the parts, resulting in an additional 10 − 20µm clearance over the design.

This also affected the pistons bores. In addition, the mainstage spools were measured to

be at the very bottom of the drawing specification, resulting in a clearance of 50µm on

the spools before they were run. Finally, the spools appeared to experience significant

wear in use. Figure 7.10 shows two of the spools after the testing was complete. In this

picture, there is clear evidence of wear on the land on the left side, which is the land

that seals off the high pressure rail. This wear region was about 5mm wide, which is the

amount that the land travels into the bore in operation. The measured diameter in this
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Figure 7.12: Efficiency of the discrete piston motor when the estimated leakage is re-

moved. Estimated pump and motor efficiencies at 200bar are also shown.

region was 20 − 30µm smaller than the non-worn parts. Thus, the clearance on some

of the spools could have been as high as 80µm. Since the leakage equation (Eq. (6.28))

shows that the leakage flow is proportional to the clearance cubed, an increase from

8µm to 80µm should result in a 1000-fold increase in leakage. It should be noted that

the two spools shown in Fig. 7.10 had the most obvious evidence of wear; other spools

had wear marks, but not nearly as significant. The spools were not hardened, and it

is likely that burrs in the bores on the edge of the high pressure rail wore some of the

spools in operation.

Using the Plane Slope Low method shown in Fig. 7.9, the leakage could be estimated

for a given pressure. If that leakage flow is subtracted from the measured input flow,

then the efficiency of the motor without leakage can be estimated, which is shown in

Fig. 7.12. This plot also includes estimates of the power lost to pilot spool leakage,

about 5W , and the mainstage actuation power, about 0.7J per switch. In this figure,
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Figure 7.13: Measured efficiency of the discrete piston motor with a timing adjustment

on the pilot spool

the efficiency is above 90% down to about 60% displacement, and then drops down to

about 60% efficiency at 20% displacement.

Figure 7.12 also includes the pump and motor efficiency predicted in section 6.2.1

and shown in Fig. 6.21, which shows the predicted efficiency for the pump and motor

without backlash cases. Since the simulations were run at 200bar, the highest pres-

sure experimental data points, shown in red, are the best points for comparison. The

estimated experimental efficiency with the leakage removed is similar to the predicted

motor efficiency, with the high pressure points falling slightly above the prediction at

high and low displacements, and slightly below the prediction for mid-range displace-

ments. Since the uncertainty of the leakage estimation is high, it is difficult to draw

firm conclusions from this data. However, the experimental data does fall in a similar

range as the predicted efficiency.

Figure 7.13 shows the measured efficiency for a motor with the timing of the pilot

spool adjusted to simulate the pre-compression backlash described in section 6.2.2. In
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order to simulate the backlash, the shaft driving the pilot spool was rotated so that

the pilot spool transition lead TDC on the wobble plate by about 30◦. The method for

estimating the displacement fraction takes this timing adjustment into account:

Dest =
1

2
(cos (tdelayω − θbacklash)− cos (thighω + tdelayω − θbacklash)) (7.2)

where θbacklash = 30◦ is the motor timing adjustment.

One challenge with the pre-compression setting was that, at lower displacements,

when the motor was not spinning, the pistons acted as a pump nearly as much as a

motor, which made it difficult to start the rotation. In a controlled system, this could

be overcome by using a high displacement to start spinning, and then backing off to a

lower displacement when in motion. However, this was difficult to accomplish with a

fixed pilot spool position. Thus, only higher displacements could be tested. Figure 7.13

shows the measured efficiency, which can be compared with the no-backlash measured

efficiency in Fig. 7.6. The measured efficiency with the timing adjustment is slightly

above the measured efficiency without the timing adjustment.

Figure 7.14 shows the efficiency of the motor with a timing adjustment with the

estimated leakage removed. The internal leakage was estimated using the same method

as for the motor without the timing adjustment, and also includes an estimate of the

pilot leakage (5W ) and actuation power (0.7J per switch) losses. The figure also shows

the pump and motor efficiencies predicted in section 6.2.2 for a motor with backlash and

shown in Fig. 6.25. The highest pressure experimental points, shown in red, are the most

useful for comparison with the simulation results, which were generated for a system

operating at 200bar. The high pressure points clustered around 45% displacement are

slightly lower than the predicted efficiency, but when compared with Fig. 7.12, the

efficiency is about 10% higher for the motor with a timing adjustment. For the lower

pressure points, there is also an efficiency improvement in the timing adjusted case,

although it is closer to a 5% improvement. Despite the uncertainty present in the

leakage and displacement estimations, these results indicate that the timing adjustment

is beneficial for improving the motor efficiency.

One difference between the simulation and the experiment is that pressure drop in

the hoses between the motor outlet and the reservoir could cause the tank pressure to be

slightly elevated above atmospheric pressure. Since the low pressure sensor measured
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Figure 7.14: Efficiency of the discrete piston motor with a timing adjustment on the

pilot spool and the estimated leakage removed
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Figure 7.15: Schematic of hydraulic circuit for testing the discrete piston pump

about 2bar gauge pressure, this is likely. Since the oil is most compressible at low

pressure, a significant amount of the energy loss in compressing the oil occurs when

raising the oil volume pressure from atmospheric pressure to a slightly elevated pressure.

By raising the pressure of the tank line, it is possible that some of the compressibility

loss was avoided. If the inlet pressure had been kept closer to atmospheric pressure, the

improvement provided by the timing adjustment may have been even more apparent.

7.1.2 Pump Testing

Figure 7.15 shows the hydraulic circuit used to test the discrete piston pump. In this

configuration, the discrete piston pump and the load motor were driven by two separate

hydraulic circuits. This was done because the hydraulic power unit did not have enough

flow to supply both units running faster than about 1000RPM . They could also not

be connected in series because, due to the displacement mismatch, the inlet pressure to

the motor needed to be higher than the outlet of the pump. The discrete piston pump

also needed to have a low pressure supplied to it due to the design of the shaft seal,

which limited some of the possible configurations. With this circuit, the power unit

was used to supply pilot pressure and a low pressure, roughly 1bar, inlet supply to the

pump. The power unit did not have a low pressure port designed to directly supply oil

to the suction inlet of a pump, so the high pressure outlet had to be reduced down to

the pump inlet pressure.

The pressure traces for the discrete piston pump are shown in Fig. 7.16. This figure
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Figure 7.16: Pressure traces from a pump operating at two displacements

is nearly identical to Fig. 7.4 for the motor case, except the high pressure is at a lower

level. One other subtle difference is that, in this figure, the slope of the pilot pressure

decreasing appears to be slightly shallower than the slope of the pilot pressure increasing,

whereas in the motor case, these slopes appear reversed. This difference in slopes can

be explained by the shape of the lands on the pilot spool. As can be seen in Fig. 6.11,

in the motor case, the power stroke starts at TDC with a straight land uncovering the

connection to the mainstage spool, and the power stroke ends at a variable part of

the rotation with an angled land covering the mainstage connection. The area profile

of a circle being uncovered by an angled land is shallower than it is with a straight

land. In the pump case, the power stroke starts with the angled land and ends with

the straight land. Despite this difference, Fig. 7.5 shows that the mainstage transition

delay is essentially identical for pump and motor.

The measured efficiency for the pump is shown in Fig. 7.17. The efficiency is shown

as a function of estimated displacement fraction, which is calculated in a similar way to
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the motor case:

Dest =
1

2
(cos (2π + tdelayω)− cos (2π − thighω + tdelayω)) (7.3)

Since the pilot spool was timed so that TDC corresponded with the end of the active

region on the pilot valve, the tdelay of about 3ms caused the piston chamber to remain

at high pressure after passing TDC. Thus, at high speeds where the time delay had the

largest effect, a significant fraction of the high pressure stroke was spent as a motor.

For example, the lowest effective displacement point of 0.1277 for a pump at 1140RPM ,

the total angle spent at high pressure was 1.22rad, and the delay angle was 0.36rad,

meaning that the ratio of stroke spent as a motor to the stroke spent as a pump was 0.18.

Note that the pressures achieved in the pump case are lower than in the motor case;

with such high leakage it was difficult to generate enough flow to build a high pressure,

especially at the lower displacements. The smaller displacement of the load motor also

limited the pressure range that was achievable at high displacement settings on the

pump. As a result, only the mid-range displacements have test results at reasonably

high pressures.

In Fig. 7.17, the measured efficiency for the pump is significantly lower than in the

motor case. This could be due to higher mechanical friction, or even higher leakage than

the motor case. In the pump case, the no load torque can be directly measured, unlike

in the motor case. Figure 7.18 shows the power used to spin the unloaded pump, with

four experimentally measured points and a best-fit curve. This loss includes the bearing

friction, churning loss, and throttling loss through the valves. When compared with the

input power, which ranged up to about 2.5kW at the higher speeds, this torque loss

is fairly low. The torque loss will increase as pressure is applied, due to the increased

friction on the slippers and pistons, but those losses should also exist in the motor. Note

that the fact that the transition delay causes part of the pressure stroke to extend into

the motoring region will add some additional frictional losses, which will also contribute

to the lower efficiency in the pump case.

In theory, the leakage in the pump case should be the same as in the motor case.

The no-spin points shown in Fig. 7.9 were taken with the pilot spool in the center of

its travel, which is in between the pump and motor configurations. Using the method

of fitting the output flow data to a plane and using the slope to estimate the leakage
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Figure 7.17: Measured efficiency of the discrete piston pump

yielded a variety of leakage estimates. A different plane was fit for each pilot spool

position setting, and some of the estimates were higher than in the motor case, and

some were lower. Figure 7.19 shows the estimated efficiency if the same coefficient used

in the motor case (0.0935lpm/bar) is used to estimate the leakage flow, which is added

to the output flow in the pump case.

In this figure, the pump efficiency is increased up to about 65% for a wide range

of displacements. Adding the estimated leakage did not have a large effect on the high

displacement points since they are at relatively low pressures, and thus had lower esti-

mated leakage. In the mid-range displacements, adding the estimated leakage brought

efficiency of the high pressure points up above that of the low-pressure points. It is

possible that some of the mismatch in efficiencies between the pump and motor case is

due to the overall lower pressure level in the pump case, which makes the no-load losses

more significant.

By adding the estimated leakage to the pump output flow, the majority the volu-

metric losses are removed from the efficiency calculation, leaving the mechanical losses.
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Figure 7.18: Unloaded mechanical power input in the pump case

The compressibility losses are still present in the estimate, but those should be small in

the pump case. By computing the difference between the mechanical input power and

the hydraulic output power with the estimated leakage added, the mechanical power

loss can be estimated. This is shown in Fig. 7.20(a), along with the no-load power loss

depicted in Fig. 7.18. In this figure, most of the low pressure points (blue) and many

of the medium pressure points (green) have an estimated mechanical loss that is only

slightly above the no-load loss. This makes sense, as the additional mechanical losses

due to the loading of the pistons should be low in the low-pressure tests. The higher

pressure points in Fig. 7.20(a) are scattered and significantly higher than the no-load

power loss. This indicates that either the mechanical losses due to higher pressure on

the piston are significant, or that the leakage was under estimated at higher pressures,

resulting in some volumetric losses remaining in Fig. 7.20(a).

In Fig. 7.20(b), a similar analysis is done for the motor, with the mechanical power

output compared to the hydraulic power input with the leakage removed. This figure

also includes the no-load mechanical loss depicted in Fig. 7.18. When compared with
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Figure 7.20: Non-leakage power losses estimated from the difference between the me-

chanical power and the hydraulic power compensated with the estimated leakage
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the motor data, it is clear that many of the test points have a higher power loss that

is not included in the estimated leakage. Since the mechanical friction caused by high

pressure being applied to the pistons should be similar between the pump and motor

cases, and many of the motor test points were run at higher pressure than the pump

case, this suggests that the leakage in the pump case is higher than in the motor case.

There are several possible reasons that the leakage could be higher in the pump case

than in the motor case: first, the pump testing was conducted after the motor testing.

To the extent that the leakage was exacerbated by wear on the spools, it is possible that

the clearances were larger for the pump testing than the motor testing. In the pump

case, the check valves could open and close as pressure built in the piston chambers; it

is possible that the check valves did not always seat properly or got damaged as they

opened and closed. After testing, some of the check balls did show some marks on

their surfaces, but it was not clear that they were damaged enough to cause additional

leakage. Another possibility is that some of the additional loss occurred as the mainstage

valve was transitioning through its deadband while the piston was moving at high speed.

In the motor case, this transition occurs as the piston is retracting, which should tend

to extract compressed energy from the fluid or draw a small vacuum in the piston

chamber. In the pump case, the piston will be pumping against a blocked volume until

the mainstage valve or the check valve opens. During this time, the piston chamber could

experience additional leakage. However, the duration of this event is short, roughly 3ms,

so the amount of leakage would likely not be high.

The experimental results described in this section showed the operation of the dis-

crete piston pump/motor, and demonstrated efficiencies that were fairly flat over a wide

range of displacements. Unfortunately, the high amount of leakage in the prototype ob-

scured some of the efficiency benefits of the discrete piston approach. Attempts were

made to estimate the leakage, and use that to predict the efficiency in a low-leakage

device, which showed good potential.

7.2 Conclusion

In this chapter, experimental results showing the operation of the discrete piston pump/

motor in both pump and motor mode were described, along with measured efficiency
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in both cases. While the efficiency remained fairly flat down to low displacements, the

overall efficiency was degraded by high leakage in the device. The high leakage was due

to larger than desired clearances in the prototype parts, and several methods were used

to estimate and remove the leakage from the efficiency map. With the estimated leakage

removed, the efficiency of the device was very high. However, there is some uncertainty

in determining the best way to estimate the leakage in the pump case. Tests of the

backlash timing indicated that adjusting the pilot spool timing to allow for some pre-

compression of the piston chamber volume in the motor case resulted in a 5 − 10%

efficiency improvement.

After testing the prototype discrete piston pump/motor, a number of opportunities

for improving the design were revealed. The first improvement is to harden the main-

stage spools and reduce the clearance between the spools and bores. The leakage that

occurred in the prototype due to loose clearances and worn spools resulted in much lower

efficiencies than are possible with the design. Another feature that should be changed to

improve the assembly of the device is the pilot spool drive shaft. In Fig. 6.34, the drive

shaft is shown passing through a bearing assembly that holds the pilot spool spring and

allows it to rotate with the pilot spool. However, the triangular drive on the end of the

shaft was too large to fit through the bearing assembly, requiring the bearing assembly

to be installed on the drive shaft prior to the wobble plate being pressed on to the main

shaft. The design intent was for the front housing, shaft, and wobble plate assembly to

be placed on top of the rest of the device and bolted together, but the presence of the

bearing assembly around the pilot drive shaft forced a difficult installation of the bear-

ing assembly into the piston block with very little clearance between parts. This could

be remedied by a change to the pilot drive shaft or the pilot spring bearing assembly.

The operation of the displacement control mechanism could also be improved. In the

prototype, the seal friction was too high, and the pilot return spring was barely able to

de-stroke the pilot spool. A change to the seal or the pilot spring could improve this.

Alternatively, using a sensing method that could be immersed in oil, such as an lvdt,

could remove the need for a dynamic seal entirely.

There are also larger changes that could be made to the design to improve the

performance or efficiency. Changing the mainstage valve from a spool type to a poppet

type valve could greatly reduce the leakage. Some designs for this approach are shown
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in section 6.1. The trick is to achieve a design that is closed-center but also has poppet

sealing. Changing from a wobble plate to a radial piston design would be a drastic

change, but it should reduce the friction loss on the slippers by reducing the relative

speed between the slipper and the cam. This is the approach taken in [59]. In this

prototype, the oil volume around the wobble plate needed to be maintained at a low

pressure to protect the seal on the main shaft from being damaged. Changing the design

of the tank flow path to include a separate case drain port would allow the device to

be used with an elevated tank pressure since the shaft seal could be isolated from the

higher pressure. Finally, adding soft stops to the ends of the mainstage pistons could

help reduce the noise caused by the spools hitting their endstops at high speeds.

Despite the list of improvements to be made, the tested design shows the potential of

the discrete piston control approach for improving the efficiency of hydraulic pumps and

motors at low displacements. Future development of this concept could include reducing

the power loss mechanisms, such as leakage, simplifying the design by reducing parts

and size, and finding ways to mitigate the flow ripple and noise associated with using

on/off valves to control individual pistons.



Chapter 8

Conclusion

In this thesis, the use of on/off valves to create efficient hydraulic systems was inves-

tigated. On/off valves can be used in numerous configurations to create systems that

avoid valve throttling losses or reduce hydraulic component losses, several of which were

discussed in this thesis. In the first chapter, the Virtually Variable Displacement Pump

(VVDP) circuit was studied, which uses an on/off valve to periodically unload excess

flow from a fixed displacement pump to create a variable flow device. In contrast to

conventional bleed-off circuits, the flow in a VVDP is unloaded at low pressure, min-

imizing the energy loss. Experimental results from a small test circuit showed that

on/off control can dramatically reduce the power losses when compared with a throt-

tling valve controlled circuit. For example, at 50% of the full flow, the throttling valve

power loss of 230W was reduced to 110W in a system operating at 10Hz, and it was

further reduced to 40W in an on/off system at 2.5Hz. However, the periodic switching

creates a discontinuous power flow, resulting in a ripple on the output and requiring an

accumulator to provide flow and pressure smoothing. The dynamics of the accumulator

affect the response of the system, and a trade off exists between the size of the ripple

and the responsiveness of the system. This trade off can be improved by increasing the

switching frequency of the on/off valve. However, due to power losses that occur every

cycle, such as transition throttling, compressibility, and actuation power, increasing the

switching frequency can reduce the efficiency of the system. Experimental results from

a system switching at frequencies up to 10Hz demonstrated that the frequency depen-

dent losses can quickly become the dominant power loss in the system as the switching

284
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frequency increases.

Chapter 3 presented the concept of soft switching, which can significantly reduce the

frequency dependent power losses described in chapter 2. The soft switching concept

uses a check valve to bypass a transitioning high pressure orifice, and a soft switch

chamber to bypass a transitioning low pressure orifice. The soft switch chamber is a

small chamber with a piston and a spring that can temporarily absorb oil while the valve

is in transition. The stored oil is then released at low pressure once the valve is fully

open. In order to eliminate losses in all four of the valve transitions, an active locking

mechanism is needed that can release the soft switch piston at the correct time to enable

the absorption of oil. While the final design of this locking mechanism was not defined

in this thesis, several potential approaches for creating it were described. Another

concept for creating the locking mechanism is discussed in [30]. In simulation results,

the soft switching approach eliminated 81% of the transition losses, which reduced the

overal power loss in the system studied by 64%. This enables higher efficiency systems

to be created without requiring fast valves to minimize transition losses. While the

softswitching concept was described in the context of a VVDP, it could be applied to

other on/off valve configurations, such as a Virtually Variable Displacement Motor or

a switching transformer.

One frequency dependent loss mechanism that was not quantified in chapter 2 but

can cause substantial power losses, is the power needed to actuate the on/off valve. This

is due to the fact that, in conventional poppet and spool valves, the valve element moves

linearly and must be accelerated for every switch. As the switching frequency increases,

the actuation power needed to accelerate the valve element increases with a cubic re-

lationship. To avoid this problem, a two degree of freedom valve that can rotate and

translate was designed. This valve was described in chapter 4 as the switching element

in both a VVDP and a Virtually Variable Displacement Pump/Motor (VVDPM). The

power loss mechanisms for the valve, such as full-open throttling, transition throttling,

leakage, compressibility, and actuation power, were modeled and the design of the valve

was formulated as a constrained energy loss minimization problem. Design constraints,

such as limits on the physical parameters and a lower bound on the switching frequency,

were applied to ensure that the valve was feasible to manufacture and could perform as

desired. Two different approaches for actuating the valve were compared: one method
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used the fluid momentum to spin the spool, and the other used an external actuation

source. While the self-spinning approach has a number of packaging benefits, the opti-

mization results indicated that the design constraints required to achieve self-spinning

caused significantly higher power losses in the valve. The VVDP valve is a 3-section

3-way valve that was optimized at a constant pressure and flow. The VVDPM valve

is a 4-section valve that either connects the two ports of a pump/motor to supply and

tank, or it connects them to each other. The optimization of this valve was done over a

specific duty cycle, with both a uniform grid of pressure and flow points and an appli-

cation specific duty cycle applied as examples. The VVDPM application example was

the wheel motor of a Hydraulic Hybrid Passenger Vehicle.

In the final three chapters, a different approach to using on/off valves to improve

system efficiency was described. Rather than using an on/off valve external to the

pump or motor to control the full hydraulic power flow, on/off valves were used inside

the pump/motor to turn individual pistons on and off. The purpose of using discrete

piston control to vary the displacement of a pump/motor, as opposed to the traditional

method of varying the stroke length of the pistons, was to reduce the power losses in the

pump/motor, particularly at low displacements. Most of the inefficiency of conventional

variable displacement devices stems from leakage and friction between the moving parts

of the pump/motor. By varying the stroke length but maintaining high pressure on

all pistons regardless of the displacement, many of the power losses in a conventional

pump/motor remain constant. In contrast, in a discrete piston controlled device, high

pressure is removed from the pistons as the displacement is decreased, reducing the

resulting leakage and friction. In chapter 5, an analysis of the power losses in a discrete

piston and in a swashplate type pump/motor was described. By deriving how the

different loss mechanisms scale with displacement, the potential efficiency benefit of the

discrete piston approach was demonstrated. Some of the losses, such as the throttling

and piston friction increased in the discrete piston approach, however other losses, such

as the swashplate and valve plate friction and the valve plate leakage, decreased by a

much larger amount. For the pump motor studied, which was an 8 piston device with

a displacement of about 48cm3, the potential efficiency benefit of the discrete piston

approach was about 5% at a displacement of 30%, and even larger at lower displacments.

In addition to demonstrating the potential efficiency benefits of discrete piston
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control, chapter 5 described several different strategies for disabling the pistons in a

pump/motor. There are two primary approaches for disabling the pistons: whole pis-

ton disabling, which involves disabling a variable number of pistons for their entire

power stroke, and partial stroke disabling, which disables all of the pistons for a vari-

able fraction of stroke. The advantage of whole piston disabling is that the disabled

pistons are not enabled for any part of their stroke, which results in no transition throt-

tling or compressibility losses. However, this approach also has a larger flow ripple than

the partial stroke disabling strategy. In addition, the whole piston disabling approach is

much harder to realize using a hydromechanical control mechanism, which was discussed

in chapter 6.

Controlling the pistons mechanically was a focus in this thesis as mechanical control

can reduce the complexity and cost of the system while ensuring reliable timing and

simple, robust actuation. This is in contrast to competing designs that use either

one or two electrically controlled valves for each piston. In order to achieve effective

discrete piston control, a valve that switches quickly with little actuation power, can

scale up its switching speed with the pump/motor speed, and has reliable timing with

respect to the rotating pump/motor shaft was required. The rotary valve described in

chapter 4 possessed all of these characteristics, and was well suited to being adapted

to control the pistons of a pump/motor. In chapter 6, several different concepts for

creating a hydromechanical discrete piston control mechanism were discussed for both

the discrete piston and partial stroke disabling strategies. In order to utilize the whole

piston approach, the rotary valve would need to be very long, and would be difficult

to package into a compact design. The long spool would also lead to manufacturing

challenges and large leakage paths, which could negate any efficiency benefit gained by

avoiding transition and compressibility losses on the disabled pistons. Thus, a rotary

valve design focused on creating a partial stroke disabled device was selected. Another

design decision was whether the control mechanism should be single stage, with the

rotary valve directly controlling the pressure at the piston, or two stage, with the rotary

valve acting as a pilot stage driving a set of main stage valves. While a two stage device

is more complex and has less precise timing, it also alleviates many of the design trade

offs described in chapter 4 by reducing the flow and pressure flowing through the rotary

valve. The selected main stage valve was a closed center 3-way valve, which was simple
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to manufacture and ensured there was no cross port leakage. A dynamic model of the

system was used to predict the overall efficiency of the device as well as to size some

of the design parameters. Finally, the detailed mechanical design of a discrete piston

pump/motor based on a wobble plate design was described.

In the final chapter, experimental measurements of the system prototype described

in chapter 6 were presented. The results demonstrated the feasibility of the concept

for creating a bidirectional variable displacement pump/motor based on discrete piston

control. Unfortunately, due to large manufacturing tolerances and component wear, the

device experienced much higher than anticipated internal leakage, which obscured the

efficiency benefits of the approach. Several techniques were used to estimate the leakage,

and when it was removed from the efficiency calculations, the device did appear to have

a very high efficiency that was fairly flat across a wide displacement range. It is expected

that manufacturing improvements to the device could demonstrate the efficiency benefits

of the discrete piston approach.

8.1 Contributions

This thesis contributes to the existing body of research on hydraulic on/off valve control

in a number of areas. While many researchers have studied on/off valve controlled

systems, and several have examined the specific VVDP circuit, the analysis showing

the trade off between the power ripple and response time, which was demonstrated

through analysis and experimental results, is a new contribution. Furthermore, the

positive impact of switching frequency and closed loop control on the system dynamics

was demonstrated. The detailed study of the losses in the VVDP through analysis and

experiments, particularly the effect of switching frequency on the system efficiency, is

an important contribution. This is particularly true of the compressibility loss. While

the effect of compressibility on the system efficiency has been studied in the past, other

researchers have made use of a constant bulk modulus approximation. While this is often

an acceptable technique for systems that operate continuously at elevated pressures, the

low bulk modulus of the oil and entrained air when the pressure is low, which occurs

every switching cycle in an on/off controlled system, can have a detrimental effect on

the system performance and efficiency, and thus a pressure dependent bulk modulus
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model should be used.

The concept of soft switching, while well established for electrical switching convert-

ers, is a novel concept in hydraulic systems. This approach, as proposed in this thesis,

has the potential to drastically reduce the power loss in on/off valve controlled systems.

It can also enable effective on/off valve control with conventional switching valves that

may be too slow to be efficiently used without soft switching. Thus on/off valve systems

could be created using cheaper or lower power valve designs.

The two degree of freedom rotary valve described in chapter 4 is a novel type of

on/off valve that was developed in conjunction with other members of the research team

[50, 86, 88]. This unique type of on/off valve reduces the power needed to actuate the

switching valve element, enabling high PWM frequencies to be achieved efficiently. The

concept of a switching valve enabled VVDPM is unique to this research group, along

with the extension of the rotary valve to a four-way configuration needed to create

it. This demonstrates a new potential application for on/off valve controlled hydraulic

systems. This approach provides an alternative to conventional variable displacement

pump/motors, which can be bulky and expensive.

One of the primary contributions to the area of discrete piston control is the an-

alytical analysis and comparison of the power losses in the swashplate and discrete

piston control techniques. While other researchers have demonstrated high efficiency in

discrete piston controlled devices, the reasons for this, namely, the reduction in many

of the leakage and friction losses as pistons are disabled, has not been shown in de-

tail. The demonstration of how the losses scale with displacement can help guide the

design of future devices and highlight the key motivation for selecting discrete piston

control. While there have been a couple of discrete piston pumps developed that are

controlled by mechanical means [55, 57], these devices cannot operate as a motor. The

design proposed in chapter 6 is the first hydro-mechanically controlled discrete piston

pump/motor to be demonstrated. The hydro-mechanical control approach can provide

many benefits, such as lower cost and complexity, more compact packaging, simpler

control, and lower electrical power consumption when compared with competing ele-

crohydraulic designs. Furthermore the analysis of the high compressibility losses when

compressing a fluid volume using high pressure oil presented in section 5.2.4 outlines an

important characteristic of on/off valve or discrete piston controlled systems that must
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be considered to avoid potentially detrimental effects to the system efficiency.

8.2 Future Work

There are several directions for extension of the work presented in this thesis. In chapter

2, an analysis of the system dynamics and power losses in on specific type of switching

circuit, the VVDP, were studied. A similar analysis can be done for other on/off con-

trolled circuits. Studying the characteristics of a Virtually Variable Displacement Motor

or Actuator could be especially useful. While a VVDP provides efficiency benefits over

the combination of a fixed displacement pump and a proportional bleed off valve to vary

the flow, it is in competition with conventional variable displacement pumps, which can

provide an efficient, if expensive, solution to provide a variable flow rate. In contrast,

an on/off valve system that distributes power to, or absorbs power from, an actuator

will be replacing a throttling valve in the vast majority of hydraulic systems. This

could provide significant system energy savings. However, this approach is not without

challenges. As shown in section 5.2.4, the compressibility losses when compressing a

fluid volume with high pressure oil, as opposed to a mechanical pumping element, can

be high. The on/off controlled actuator case also requires an inertia to smooth force or

torque applied to it, which can be more difficult to incorporate than an accumulator.

Finding ways to address these challenges is a possible area of future work.

The method of soft switching was proposed in chapter 3 as a way to reduce the

transition losses in a VVDP. The effect of soft switching on other on/off valve architec-

tures was not studied, but that is an potential area for future investigation. The locking

mechanism that is needed to maximize the effectiveness of the soft switch is another

topic that needs further development. Several concepts were presented, but a thorough

analysis of different options and a detailed design have not been completed. The design

of the locking mechanism could be tied to the design of new switching valves, as one

effective way to trigger the unlocking of the soft switch is to use the geometry of the

valve as it transitions between states.

For the rotary valve presented in chapter 4, there are several directions for further

research. While the optimization results indicated that spinning the spool using an

external actuator has significant efficiency benefits over the self-spinning approach, this
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presents a number challenges related to packaging, sealing, and controlling the two

degree of freedom valve and external rotary actuator. Another potential way to improve

the rotary valve could be to incorporate the soft switching concept, as there may be ways

to trigger a locking mechanism using the rotation of the valve spool. Finally, the power

loss analysis of the VVDP and VVDPM did not consider the effect of the switching valve

on the power losses that occur within the fixed displacement pump/motor. By studying

the effect of the losses in the fixed displacement pump/motor, a better estimate of the

overall VVDP or VVDPM efficiency could be generated.

The discrete piston pump/motor studied in chapters 5-7 presents a number of ar-

eas for continued research. The logical next step is to re-manufacture the main stage

spools to reduce the clearance and harden them against wear. The polycarbonate check

valves should also be replaced with steel balls. This should allow the high efficiency

potential of the discrete piston approach to be demonstrated. Further improvements to

the prototype include making it easier to assemble by changing the pilot return spring

bearing, reducing the seal friction on the displacement control mechanism to allow for

position control on the pilot spool, and improving the test stand to allow testing at

higher pressures. A more thorough re-design of the pump/motor could investigate dif-

ferent valve architectures that make use of poppet sealing, which could further reduce

the internal leakage. Several designs that accomplish this are described in chapter 6,

but they present the challenge of ensuring that there is no simultaneous opening of

the pressure and tank ports. Different pump/motor architectures could also be investi-

gated. In particular, a radial piston design has the potential to improve the efficiency

by reducing the relative speed between the piston slippers and the rotating cam. Fi-

nally, the backlash mechanism that was described in section 6.2.2 could be integrated

into the design. While the concept of changing the pilot spool timing with respect to

the wobble plate in the motor case was tested by manually adjusting the pilot drive

shaft, a solution that could work in a real operating environment is to add backlash

between the main shaft and the wobble plate. This would allow the motor to transition

to high pressure as the piston is approaching Top Dead Center, which can reduce the

high compressibility losses in the motor case. Further timing flexibility could also be

added by placing a planetary gear set between the main shaft and the pilot spool with

an additional mechanical input to vary the timing. The feasibility and potential benefits
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of this approach is another area of potential research.

Another area of research that would provide significant benefits to the field of on/off

control is developing ways to mitigate the noise and power ripple associated with switch-

ing valves. The flow and pressure ripple that stems from the discontinuous power flow

through the switching valves is the biggest drawback on/off valve controlled systems,

and finding techniques to mitigate the ripple would help to make them more attractive.

Some possible areas of research could be variable energy storage elements (i.e. vari-

able pre-charge accumulators or variable inertia flywheels) or active ripple cancellation

elements. Other noise suppression techniques, such as suppressors or valve soft stops,

could be used to reduce the audible noise that is often generated by switching valves.

Overall, the approach of using on/off valves to control hydraulic systems presents

both challenges and opportunities for creating efficient hydraulic systems. On/off valves

can be used to create hydraulic circuits that are more efficient than traditional throttling

valve circuits, and they can be used to improve the efficiency of hydraulic pumps and

motors. However, care must be taken when designing the system components and

selecting the on/off switching frequency, as the power loss mechanisms in the valve

can increase dramatically as the frequency is increased. The primary disadvantage of

on/off control is the power ripple caused by the discontinuous power flow through the

valve. In systems that can tolerate some power ripple or can incorporate sufficient

energy smoothing accumulators or flywheels, on/off control is an attractive option for

improving hydraulic efficiency.
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Appendix A

Derivation of VVDPM Transition

Loss

The transition loss across the different inlet orifices as they transition between on and

off states for the VVDPM is derived here. For this analysis, it is assumed that the oil

is incompressible, and the pressure drop can be described by the orifice equation. The

inlet orifice to the valve are rhombus shaped, and thus they exhibit a linear area profile

with respect to the rotation angle of the valve spool. Due to the incompressibility and

the linear area profiles, the throttling loss across an opening orifice is the same as the

throttling loss across that same orifice closing. The area of an inlet orifice is given by:

Aopen =
RhD

4
(θ) Aclose =

RhD

4
(θt − θ) (A.1)

where θt = 2Rw/D is the angle needed to complete one half transition (i.e. on to blocked

or blocked to off). For the motor case, the energy loss for one rotation (two identical

transitions) is given by:

Eloss,motor =
2

ω

∫ θt

0
Qv (∆PD−B + ∆PA−C + ∆PA−B) +Qc (Pc,low − Pspool − Pout) dθ

(A.2)

where the subscripts refer to the port labels in Fig. 4.14 and Qv is the flow though the

valve. Note that there are three pressure drops to take into account: the pressure drop

across the two orifices in the on state, and one orifice in the freewheeling case. The loss
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from these three orifices is derived separately. Qc is the flow through the low pressure

check valve, with opening pressure Pc,low, when the inlet to the motor is closing off.

The pressure drops Pspool and Pout must be subtracted from Pc,low because Eq. (4.33)

computes the full open loss as though the full flow is always passing through the valve.

∫ θt

0
Qv∆PD−Bdθ = Q

∫ θc1

0
∆PD−Bdθ +

∫ θt

θc1

Qv∆PD−Bdθ (A.3)

= Q

∫ θc1

0
∆PD−Bdθ +

∫ θt

θc1

Qv (P − (Pc,low + Pspool + Pout)) dθ

(A.4)

= Q

∫ θc1

0
Po

(
θt

θt − θ

)2

dθ +

∫ θt

θc1

Qv (P − (Pc,low + Pspool + Pout)) dθ

(A.5)

where θc1 is the angle at which the pressure drops low enough that the check valve to

tank, with opening pressure Pc,low, opens. After this angle, the pressure drop across

the orifice is fixed. Po is the full-open pressure drop across the inlet orifice, and Pspool

and Pout are the pressure drops across the internal spool passage and the outlet turbine.

Note that when two flow paths are open through the valve, there are two Pspool and

Pout pressure drops. The pressure drops across the spool and the outlet turbine are

included in the full-open equation (Eq. (4.33)), so they must be excluded here. Note

that for the first integral, all of the flow is passing across the closing valve orifice, but

in the second integral, this is not the case since some is coming across the check valve.

At the transition angle, θc1,

P − (Pc,low + Pspool + Pout) = Po

(
θt

θt − θc1

)2

(A.6)

θc1 =

(
1−

√
Po√

P − (Pc,low + Pspool + Pout)

)
θt (A.7)

Solving the first integral in (A.5):
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Q

∫ θc1

0
Po

(
θt

θt − θ

)2

dθ = QPo

(
θ2
t

θt − θc1
− θt

)
(A.8)

= Q
√
Poθt

(√
P − (Pc,low + Pspool + Pout)−

√
Po

)
(A.9)

When θ > θc1, the pressure drop is constant, but the flow through the valve varies:

Q = cd

√
2

ρ
(P − (Pc,low + Pspool + Pout))

RhD

4
(θt − θc1) (A.10)

Qv = cd

√
2

ρ
(P − (Pc,low + Pspool + Pout))

RhD

4
(θt − θ) (A.11)

Qv =
θt − θ
θt − θc1

Q (A.12)

Solving the second integral in (A.5):

∫ θt

θc1

Qv (P − (Pc,low + Pspool + Pout)) dθ (A.13)

= Q (P − (Pc,low + Pspool + Pout))

∫ θt

θc1

θt − θ
θt − θc1

dθ (A.14)

= Q (P − (Pc,low + Pspool + Pout))

θ2
c1
2 − θc1θt +

θ2
t
2

θt − θc1
(A.15)

= Q (P − (Pc,low + Pspool + Pout))
1

2
(θt − θc1) (A.16)

= Q
√
Poθt

(
P − (Pc,low + Pspool + Pout)

2
√
P − (Pc,low + Pspool + Pout)

)
(A.17)

The second term in Eq. (A.2) refers to the flow through the check valve when orifice

D-B is closing and is past the critical angle, θc1. This loss needs to be added to the loss

in Eq. (A.17). The flow through the check valve is:

Qc = Q−Qv =
θ − θc1
θt − θc1

Q (A.18)
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∫ θt

θc1

Qc (Pc,low − Pspool − Pout) dθ (A.19)

= Q (Pc,low − Pspool − Pout)
∫ θt

θc1

θ − θc1
θt − θc1

dθ (A.20)

= Q (Pc,low − Pspool − Pout)
∫ θt

θc1

θ2
c1
2 − θc1θt +

θ2
t
2

θt − θc1
(A.21)

= Q (Pc,low − Pspool − Pout)
1

2
(θt − θc1) (A.22)

= Q
√
Poθt

(
Pc,low − Pspool − Pout

2
√
P − (Pc,low + Pspool + Pout)

)
(A.23)

The second orifice that causes transition loss is between the outlet of the motor and

tank, which is represented by the second integral in Eq. (A.2). This integral can also

be broken into two parts: one part for when the pressure across the orifice is not high

enough to open a relief valve or a check valve to supply, and a second part when it is.

Note that Fig. 4.14 depicts relief valves to limit any pressure spikes across transitioning

orifices. This function can also be achieved with check valves to supply, which is a more

efficient approach. The transition loss will be derived for the check valve case. At the

critical angle where the relief/check valve opens, θc2, the pressure across the inlet orifice,

spool and outlet turbine is equal to the supply pressure plus the drop across the check

valve. Note that for a self-spinning valve, the check valve opening pressure should be

higher than Pspool + Pout to ensure that fluid flow through the valve when it is fully

open.

Pc,high + P = Po

(
θt

θt − θc2

)2

+ Pspool + Pout (A.24)

θc2 = θt

(
1−

√
Po√

Pc,high + P − Pspool − Pout

)
(A.25)
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With θc2 defined, the energy loss across the closing tank orifice is:∫ θt

0
Qv∆PA−Cdθ (A.26)

= Q

∫ θc2

0
Po

(
θt

θt − θ

)2

dθ +Q

∫ θt

θc2

Pc,high − Pspool − Poutdθ (A.27)

= QPo

(
θ2
t

θt − θc2
− θt

)
+Q (Pc,high − Pspool − Pout) (θt − θc2) (A.28)

= Q
√
Poθt

(√
Pc,high + P − Pspool − Pout −

√
Po +

Pc,high − Pspool − Pout√
Pc,high + P − Pspool − Pout

)
(A.29)

The energy lost across the orifice that opens to the other side of the motor to enter

the freewheeling state is derived in a similar manner, with a critical angle, θc3 defined

to determine the point at which the check valve to supply closes.

Pc,high + P = Po

(
θt
θc3

)2

+ Pspool + Pout (A.30)

θc3 =

√
Po√

P + Pc,high − Pspool − Pout
θt (A.31)

With this critical angle defined, the energy loss across the opening orifice is:∫ θt

0
Qv∆PA−Bdθ (A.32)

= Q

∫ θc3

0
Pc,high − Pspool − Poutdθ +Q

∫ θt

θc3

Po

(
θt
θ

)2

dθ (A.33)

= Q
(Pc,high − Pspool − Pout)

√
Po√

P + Pc,high − Pspool − Pout
θt +QPoθ

2
t

(
1

θc3
− 1

θt

)
(A.34)

= Q
√
Poθt

(
(Pc,high − Pspool − Pout)√
P + Pc,high − Pspool − Pout

+
√
P + Pc,high − Pspool − Pout −

√
Po

)
(A.35)

By combining equations (A.9), (A.17), (A.23), (A.29), and (A.35) and multiplying

by two to account for the symmetric opening and closing losses, the total energy loss

due to transition for one cycle is given by:
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Eloss,motor =
2Q
√
Poθt
ω

(√
P − (Pc,low + Pspool + Pout)− 3

√
Po

+ 2
√
P + Pc,high − Pspool − Pout +

Pc,high − Pspool − Pout√
P + Pc,high − Pspool − Pout

+
P − 2Pspool − 2Pout

2
√
P − (Pc,low + Pspool + Pout)

)
(A.36)

Multiplying by the PWM frequency, fpwm = Nω
2π , and using the definitions of θt =

2Rw
D and κ = 4NRw

πD , the power loss in the valve due to transition in the motor case can

be written as:

Ltrans,motor =
κQ
√
Po

2

(√
P − (Pc,low + Pspool + Pout)− 3

√
Po

+ 2
√
P + Pc,high − Pspool − Pout +

Pc,high − Pspool − Pout√
P + Pc,high − Pspool − Pout

+
P − 2Pspool − 2Pout

2
√
P − (Pc,low + Pspool + Pout)

)
(A.37)

In the pumping case, there are also three orifices that cause a power loss as they

transition. However, two of them are already derived for the VVDP in Eq. (4.19). The

orifice closing from the pump outlet to supply and then the orifice opening from the

pump outlet to the pump inlet are the same as in the VVDP case. The third orifice in

the VVDPM case is the orifice between tank and that pump inlet. Note that there is a

check valve in parallel with this orifice, so, depending on the setting of this check valve,

the transition loss may be negligible. However, in the self-spinning case, the check valve

opening pressure needs to be higher than Po + Pspool + Pout to keep oil flowing through

the valve. In this case, a pressurized tank would likely need to be used to prevent

cavitation. For this transition, there is a critical angle, θc4, at which the check valve

opens:

Pc,low = Po

(
θt

θt − θc4

)2

+ Pspool + Pout (A.38)

θc4 =

(
1−

√
Po√

Pc,low − Pspool − Pout

)
θt (A.39)
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The loss across the inlet orifice from tank and the tank check valve is:

Q

ω

∫ θc4

0
Po

(
θt

θt − θ

)2

dθ +
Q

ω

∫ θt

θc4

Pc,low − Pspool − Poutdθ (A.40)

=
Q
√
Poθt
ω

(
2
√
Pc,low − Pspool − Pout −

√
Po

)
(A.41)

This energy loss is multiplied by two and by the PWM frequency and then added

to Eq. (4.19) to get the total power loss for the VVDPM pump case.

Ltrans,pump =
κ
√
PopenQ

2

[
Pc,high − Pout − Pspool√

Pload + Pc,high − Pspool − Pout

+
√
Pload + Pc,high − Pspool − Pout + 2

√
Pc,high − Pout − Pspool

+2
√
Pc,low − Pspool − Pout − 3

√
Popen

] (A.42)
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