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Abstract

Automotive transmissions are required to efficiently transfer energy from the engine
to the wheels. Automatic transmissions are one of the most widely used transmission
systems in the United States. This transmission houses a hydraulic system which is used
to actuate the clutch system to realize different gear ratios. Currently, these clutches
are primarily controlled in open-loop using hydraulic valves in a physical embodiment
designed specifically for a given transmission system in order to perform precise pressure
and flow control. To meet the increasing demand for higher fuel economy, transmissions
with greater number of gear ratios are being introduced. The hydraulic architecture is
becoming increasingly complicated with more clutches and control elements. With the
advancement of MEMS technology, the sensor-based direct feedback control of clutches
becomes possible. This paper first analyzes the current architecture of transmission
hydraulic system and then presents a new architecture for the feedback-based clutches.
The proposed architecture is further validated through experiments using hardware-in-

the-loop system.
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Chapter 1

Introduction

1.1 Background and Motivation

With increasing concerns about fuel economy, the demand to produce and transmit
energy efficiently is more than ever. The internal combustion engine operates at widely
varying efficiencies under different loading conditions. Automotive transmissions are
thus used to operate the engine at more efficient operating points and also transfer the
torque in a smooth manner. Many transmission systems have been developed over the
years [I] to optimize the engine operating conditions by varying gear ratios between the
input and output. Automatic transmissions (AT) are extensively used in North Amer-
ica. Other transmissions include manual transmission (MT) [2], automated manual
transmission (AMT) [3], [4], dual-clutch transmission (DCT) [5, 6] [7], hybrid transmis-
sions [8, 9, [10], and continuously variable transmission (CVT) [I1} 12]. The challenges
associated with each of the transmissions has been documented in [I3]. MTs and AMTs
have an inherent issue of torque interruption during gearshifts. DCTs may experience
driveline vibrations during gearshifts, due to the absence of torque converters which
provide damping. Hybrid transmissions require an additional power source and are ex-
pensive due to the complexity. CVTs provide the flexibility to run the engine at more
efficient operating points due to the ability to vary the ratios. But mainly belt CVTs
have been mass produced so far which have limited torque capacities. It is, therefore,
still desirable to use stepped gear ATs in automotive applications.

The transmissions use clutches to accomplish the gear ratio variation. A clutch is a



mechanical device that transfers power between two rotating shafts. While one shaft is
usually connected to an engine or a motor, the other shaft usually provides the output
work. The clutch is a disc mounted on one shaft and is actuated to squeeze against
the other shaft. Due to the friction between the components, torque starts getting
transferred and slip speed between the shafts eventually reduces to zero or the desired
value. Traditionally, it is actuated using hydraulics. There are two different types of
clutches, dry [14] and wet [I5]. A wet clutch is immersed in lubricating fluid that keeps
the surface clean, and gives a smoother performance and longer life. Typically, multiple
clutch plates are used to compensate for the smaller friction coefficients. But, some
of the energy is lost to the fluid. Their motion is relatively small and restricted to a
maximum of 1 —3mm. On the other hand, dry clutches, as the name suggests, are dry.
It is not very uncommon to find a dry clutch with a single clutch plate as the friction
is higher. The displacement of a dry clutch is higher to up to 7 — 10 mm, which makes
it suitable for implementing a displacement sensor based control. The dry clutches are
normally air-cooled.

Figure shows the cross-section of an automatic transmission. ATs use a combi-
nation of electro-hydraulic wet clutches and planetary gear sets to achieve different gear
ratios. Their arrangement for a 4-speed transmission [16] is shown in The trans-
mission architecture for a General Motors 4-speed transmission has been discussed in
[17]. An in-house hydraulic system is used to actuate the clutches, which are controlled
using control elements like Transmission Electro-Hydraulic Control Module (TEHCM)
and valve body. Both the elements consist of different types of Variable Bleed Solenoid
(VBS) valves. A two-stage control is achieved by these components to precisely control
pressure and flow into the clutch chamber as there is no sensor feedback available in
the existing system. The pilot pressure signals are generated by TEHCM and are used
by the valve body to produce the required flow. The basic structure of the hydraulic
architecture is similar in all the existing systems. Figure [I.3] summarizes the current
architecture.

A hydraulic architecture for ATs is modeled and analyzed in [I8, [19, 20]. Instead of
the VBS valve, Pulse-Width Modulated (PWM) solenoid valve is used to generate the
pressure signal. Based on this signal, a pressure control valve modulates the pressure

of the line supplying fluid to the clutch. [2I] used linear solenoid valves to generate
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Figure 1.1: Cross-section of an Automatic Transmission

pressure signals which are sent to relay valves to control clutches. In [22], solenoid
valves and directional valves are used to perform similar functions. The inlet pressure
control for clutches performing gear shifts were separated by using additional shift and
linear solenoid valves in Honda’s 4-speed transmission [23]. The pressure control valves
were later eliminated by redesigning the linear solenoid valves in [24]. The Toyota’s
6-speed transmission in [25] uses large-flow small solenoids and manual shift valves to
reduce the number of valves while increasing the calibration effort.

The number of speeds in stepped gear ATs has been increasing consistently [26] and
is competing with CVTs in terms of achieving optimal performance for the engine. This
is resulting in the increasing number of planetary gear sets being used in ATs. They
require more clutches and other control elements, which adds to the complexity of the
architecture. Certain logic valves in the valve body would have to be redesigned as they

are specifically machined for a given transmission system. The flow requirements of
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Figure 1.2: A 4-speed Automatic Transmission

the transmission are also increasing with the increase in the number of components due
to the leakages [I7]. During a gear shift, clutch-to-clutch shift control is performed by
releasing one of the two engaged clutches and engaging another clutch in a synchronized
way in order to continuously transmit torque to the wheels [27, 28, [29]. This shift control
is performed almost entirely in open-loop due to spatial and cost constraints to embed a
sensor into the clutch except for the limited feedback from speed sensors at the input and
output of transmission thus requiring extensive calibration. It is, therefore, imperative
to take a step back to analyze and redesign the overall architecture of the ATs in order
to simplify the overall design and to improve the transmission efficiency.

In recent years, MEMS-based sensors have become more economically viable which
makes them suitable for automotive control [30]. A pressure-based feedback control for
an electro-hydraulic clutch was developed by [31]. Leveraging this idea, the proposed
architecture is designed for similar clutches fitted with pressure sensors. The hydraulic
control architecture could be simplified due to the addition of feedback. There are three
main advantages of the new architecture. First, the new architecture provides flexibility
to accommodate additional clutches into it without modifying any existing components.
Second, due to the simplified design, fewer components are required. This would reduce
the leakage losses in the system and in turn, the pump can be downsized. Finally, the
quality of gear shifts can be improved as pressure feedback gives an accurate estimate
of the torque capacity of a clutch.

The model for the new architecture has been built using MATLAB/SimHydraulics
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along with the entire powertrain to analyze its performance. To further validate its
performance, experiments have been conducted in a hardware-in-the-loop (HIL) envi-
ronment. A HIL simulation using a real-time control module for AMTs was performed
in [4] . A HIL platform was built using a commercial software (dSPACE), to study the
AT characteristics by performing calculations in real-time [32], B3], B84, 35]. A pair of
electric motors were controlled by multiprocessor computers to simulate the load expe-
rienced by transmission in [36]. A real hydraulic valve was operated in a HIL fashion
as part of a complete powertrain model in [37]. In this thesis, the HIL simulation is
executed using a real clutch setup while the entire driveline model is simulated. The
real clutch is synchronized with the simulated clutches during gear shifts to analyze the

performance of the architecture and the results thus obtained have been discussed.

1.2 Organization of the Thesis

The rest of the document is organized as follows:
Chapter [2| explains the layout and benefits of the proposed architecture over the ex-
isting architecture. It also discusses the models of all the components of the automotive

powertrain gathered from the literature necessary to validate the new architecture.



Chapter [3] presents the control method employed to determine and perform clutch-
to-clutch shift for this new architecture. The various levels of controllers are discussed.
Also, the procedure and the mathematical basis for the implementation of different
shifts are provided.

Chapter [4] introduces the hardware-in-the-loop simulation and describes the experi-
mental setup. The clutch characteristics are identified experimentally. The experimental
results pertaining to its operation over an entire EPA FTP cycle to test for reliability
under different operating conditions are presented. Gear shifts representing the perfor-
mance over the cycle are selected and discussed to demonstrate the shift quality.

Chapter [b| summarizes the research and proposes possible future extensions of the

work.



Chapter 2

Proposed Architecture and

Powertrain Modeling

2.1 Proposed Architecture

The electro-hydraulic clutches control the path of power flow through the planetary gear
sets in the automatic transmissions. They are actuated by a hydraulic system housed
inside the transmission. Traditionally, these clutches are controlled electronically using
different stages of valves. A simple sketch of the current architecture is shown in Fig.
The Transmission Electro-Hydraulic Control Module (TEHCM), valve body and
accumulators are used to control the fluid between pump and the clutches. They perform
a two-stage control on pressure and flow rate of the fluid flowing into the clutches using
Variable Bleed Solenoid (VBS) valves. TEHCM generates pressure signals which are
then used by the valve body to produce the required flow. Due to the large number
of components in this hydraulic system, the leakages in the system are significant[I7]
which require a larger pump. These components are necessary to precisely control
the clutch with the existing architecture as there is no feedback available. During
gearshifts, only feedback from speed sensors is used [27]. The clutch torque or its
capacity cannot be detected directly since the current architecture does not employ any
other sensors. Instead, a feedforward control is designed based on extensive calibration
of the transmission under various operating conditions.

The proposed architecture for the hydraulic system of the automatic transmission
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Figure 2.1: Proposed Architecture

system is shown in Fig. The architecture has been very much simplified due to
the addition of sensor feedback with the control distributed to individual clutch units.
The clutch units are fitted with a pressure sensor inside the chamber and this feedback
is used to control the clutches. Displacement sensors are difficult to implement due to
spatial constraints. The VBS valves in TEHCM and valve body have been replaced by
simple 2-position 3-way proportional pressure reducing valves.

It can be seen that while progressing from a transmission requiring n clutches to
n + 1 clutches, an additional clutch could be added easily to the architecture without
requiring any modifications. The only other component required apart from the clutch is
a proportional pressure reducing valve. To achieve the same in conventional architecture
would be difficult since the control architecture would require redesign of the valve body
to accommodate the additional clutch and its associated components. Furthermore, the
number of components used for control are reduced which would reduce the leakage
losses occurring in the system. As a result, the pump can be downsized as the flow
requirement from the system goes down. During gear shifts, pressure sensor feedback
from the clutch chamber can be used in addition to the speed sensors to improve shift
quality, as it is related to the torque capacity of the clutch as explained in Sec.

In order to evaluate the performance of this new architecture, an evaluation criteria

has to be defined. Since the only way to gauge the performance of a transmission is by



implementing it in a powertrain, the complete model of an automotive drivetrain is built
using various models from literature. Under steady gear conditions, this architecture is
no different from the traditional architecture in terms of its output performance. The
clutches are fully engaged and the torque carried by the clutches is typically lower than
their capacities which allows it to transmit completely. Without a complete hydraulic
setup, it is difficult to accurately predict the peak and average flow rate consumption.
During gear shifts, the behavior of this new architecture can be studied by applying the

same control methods used currently while utilizing the additional feedback element.

2.2 Powertrain Modeling

The schematic of an automotive powertrain is shown in Fig. The engine is connected
to the pump end of the torque converter which is a fluid coupling that dampens the
vibrations in the driveline. The turbine end of the torque converter is connected to
the transmission. The transmission encloses the planetary gear sets and the hydraulic
system used for clutch actuation. The clutches are engaged to the planetary gears to
realize different gear ratios between the transmission input and output. The output of
the transmissions connects through the differential to the vehicle.

In order to test the proposed architecture, the hydraulic system has been simulated
using SimHydraulics package of MATLAB/Simulink. The remaining components of the
powertrain are coded as m-functions. The mathematical models for all the components

used in the powertrain are provided in this section.

2.2.1 Engine

The engine is modeled as a torque source that can produce the desired torque. The
loading on the engine is due to the torque converter, which connects it to the rest of the
driveline. So, the engine speed depends on the entire driveline dynamics of the vehicle.
The engine and torque converter models are provided in [38]. The engine dynamics can
be described by:

Jetse = T, — Ty — T} (2.1)
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Figure 2.2: Automotive Powertrain with a blown-up view of transmission

where J, is the inertia of the engine, w, is the engine speed, T¢ is the torque generated
by the engine and treated as the input, 7}, is the pump torque of the torque converter,

and T is the friction torque on the engine given by

T; = 0.1056 we + 15.10 (2.2)

2.2.2 Torque Converter

The torque converter damps the driveline vibrations as it is a fluid coupling that connects
the engine to the transmission and vehicle. It has three components: the impeller or
pump, the stator, and the turbine. The pump side of the torque converter loads the
engine and rotates at its speed. It pushes the fluid to the turbine side and rotates
it. The turbine finally drives the load. The fluid is recirculated back to the impeller
through the stator which guides it appropriately. The torque converter operates under
two modes, converter and fluid-coupling. In the converter mode, the pump and turbine

operate separately, while in the fluid coupling mode, the pump and turbine are locked

10



down and rotate together. The equations describing the two modes are given in [39]:

T, =3.4325 x 10 %w? + 2.2210 x 10 %wyw; — 4.6041 x 10™°w; (2.3)
T; =5.7656 x 10wy + 0.3107 X 10 wpw; — 5.4323 x 10wy (2.4)

for converter mode (i.e., wy/wy < 0.9) and:
T, = T, = —6.7644 x 10 %w? + 32.0084 x 10 wpw; — 25.2441 x 10 %w?  (2.5)

for fluid coupling mode (i.e., wi/w, > 0.9), where T}, and T} are pump and turbine
torques, and wy(= w,) and wy are pump and turbine speeds. This model reaches engine
idling condition at 70.49rads™1 or 673.1 RPM by setting w; = 0 and idling torque of
the engine at 18.16 Nm.

The transmission consists of two sets of planetary gear sets, electro-hydraulic clutches

and an in-house hydraulic system to actuate the clutches.

2.2.3 Hydraulic Pump

A small internal-external crescent gear pump [I7] model is used as the hydraulic pressure
source. It consists of an inner gear and outer gear as shown in Fig. (Source: [17]). It
is a fixed displacement pump. If the inner gear completes one revolution, the volume of
fluid transported between the inlet and discharge ports is equal to one-half of the volume
enclosed between the addendum and dedendum circles of the gear. The displacement

and flow rate of this pump are given by:

DdiSP :ng[rzl - (Taz - 69)2] (2.6)

Q¢ = DgispNp (2.7)

where b, is the gear width, r,, and 74, are the addendum radius of inner and outer

gears, e, is the distance between their centers, and NN, is the angular velocity of the

pump.
The leakage in the pump due to the pressure difference between the ports is given
by
107 d,qc2 ec 3
Qu=—""9"11+15 ( AP 2.8
p(dg — ds) Cr (28)

11
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Figure 2.3: Internal-External (I-X) Crescent Gear pump

To account for the losses due to the rotational speed of the pump, the general

expression for total leakage is written as
Qu. = KiAP + K3N, (2.9)

where K5 is an experimentally determined coefficient.

2.2.4 Piping

The piping between the pump and the clutches has a fixed volume. The only dynamics
in this part are that of pressure. The inflow is due to the pump and the outflow is into

the clutches. Therefore, the pressure dynamics model for the piping can be written as:

. B(P;
Ppipe = M(Qt — Qit — Qcir — Qo123 — Qczs — Qo24) (2.10)
Vpipe
where Pi,e is the pressure of the fluid in the pipe, Vjipe is the volume of the piping,
and Qc1r, Qo123, Qcsa, and Qoo4 are the flow rates into clutches C1R, C123, C34, and

C24 respectively.

12



2.2.5 Clutch System

A standa

rd clutch used in the current automotive systems has been used for the sim-

ulation and the subsequent experiments. The clutch chamber is fitted with a pressure

sensor and its inlet is connected to a proportional valve as shown in Fig. The pro-

portional

valve is a 3-way valve connecting the clutch chamber to the pump and tank

respectively depending on the voltage applied. It has been modeled in [31].

Pump

Tank

Proport

Pressure
Sensor
Clutch
Chamber U
=

Clutch
Plates

]

Proportional PRV

=R

Figure 2.4: Clutch System

ional Pressure-Reducing Valve Dynamics

The proportional pressure reducing valve operates as a 3-way 2-position valve as shown
in Fig. (Source: [31I]). It is used to control the clutch chamber pressure based on

the input voltage. The input voltage controls the spool position of the valve ensuring

the appropriate amount of orifice is open. When there is no control voltage, the spool

is kept at the the top position by the return spring. The spool dynamics are described

as follows:
Lspool = Uspool (211)
. 1
VUspool = T[Fmag(VOl) - Kspring(Lspool + Lpreload) - Dspoolvspool
spool
- Aspoolpr] (212)

13
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where Lgpo01 is the spool position, vspeol is the spool velocity, Mool is the spool mass,
Kpring is the spool spring constant, Lpreload is the spring preload, Agpoo is the cross-
sectional area of the spool, D001 is the damping coefficient, and P, is the clutch chamber
pressure (gauge). Fiag(Vol) is the force applied by the solenoid on the spool given by:

Fag(Vol) = Ky xi = K x (w Vol+imin> (2.13)
Olmax

where K is the coil magnetic constant, imax and iy are the maximum and minimum
currents that can be generated from the power amplifier, and Volpax is the maximum
control voltage corresponding to iax. The area between the high pressure port and the

clutch chamber port is dependent on the spool position Lgpee1 as follows:

Aorifice(Lspool) = TLspool SIn(#) X (dspool — Lspool sin(f) cos(#)) (2.14)

14



where dgp001 is the diameter of the spool, and 6 is the spool surface slant angle. Similarly,

the orifice area Agump between the clutch chamber port and the tank port is given by
Adump(LSpool) = _TFLspool Sin(e) X (dspool + Lspool Sin(e) COS(Q)) (2.15)

The flow dynamics across the valve orifice is given by

[2| Py, — Py| .
Aoriﬁce(Lspool) Cd |hpT| Slgn(Ph - Pr‘)a (Lspool > 0)

Q(Lspooly Pr) = 0, (Lspool = 0)
2| P,
Adump(Lspool) C'd |p |; (Lspool < O)
\
(2.16)

Clutch Piston Dynamics
The dynamics of clutch motion are described by the following state equations:
:'Bl = X2 (2.17)

. 1
To = M X [Ap X (Pr + PC) — Kp(.CEl + .Tp(]) — Dpxg
p

- Fdrag(P'r + Pc) - Feng] (218)

where x71 is the clutch piston displacement, x9 is the clutch piston velocity, M, is the
effective mass of the piston, A, is the piston surface area, K, is the clutch spring
stiffness, x,0 is the return spring preload, D, is the clutch damping coefficient, and
P, is the centrifugal force induced pressure generated from the rotation of the clutch
assembly. Fy,ae is the piston seal drag force, which is dependent on the piston motion.

It is modeled as

F _ {[km(Pr + Pc) + Cm] X Sign(x2)a (552 # 0)
drae FStiCk7 (1'2 = 0)

where Fipg is the force exerted by the clutch plates on the clutch piston after fill and

(2.19)

during engagement. Fitic, is the static friction on the piston which can be written as:

ks Pr Pc ] i Fne ’ Fn > Fsic
Fsﬁck:{{u + Fo) + o] % sign(Fue). (|Fetl 2 [ Futick) (2.20)

Fneta (|Fnet| < |Fstick’)

where Fjet is the net driving force on the piston.
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Pressure Dynamics

Pressure dynamics need to be considered whenever the fluid either enters or exits the
clutch chamber. It is described by the following equation:

B(E)
%

Pr = (Q(Lsp0017 Pr) - Apj?Q) (221)

where V' is the chamber volume, which is assumed constant due to small clutch piston
displacement, and [ is the effective bulk modulus. The entrained air in oil could cause
the variation of bulk modulus with the pressure in the clutch chamber, especially during
clutch fill when the pressures are low. The bulk modulus model used in the simulations
is obtained from SimHydraulics as shown in Eq. .

1
P, ~
1+R
i <Pa+Pr)

1
P
1+R—GL+150
V(Pa“"Pr) v

B(Pr) = Bo (2.22)

where [y is the bulk modulus of the fluid with no air entrainment, « is the ratio of
specific heats for air, P, is the atmospheric pressure, and R is the percentage of air

entrained in the fluid by volume.

Reduced Order System

As described in [31], the dynamic response of the proportional valve is much faster
as compared to the clutch dynamics. This would simplify the control design as the

proportional valve spool dynamics are converted to static mapping.

1
Lspool = Ki[Fmag(u) - Kspring X Lpreload - AspoolPT] (223)

spring

where u = Vol is the control input to the proportional valve. Therefore, the pressure

dynamics will be modified to

B = 5(‘];7")(Q(u, P,) — Apia) (2.24)

Finally, the reduced order system of the spool consists of equations [2.17], [2.18] [2.23] and,
2. 24
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Clutch Torque

The clutch transmits torque by squeezing the clutch plates together. The torque capac-
ity of the clutch depends on the force applied by the clutch piston on the plates and is

also the maximum torque that a clutch can transmit which is given by:
T = :u(wslip)aneanFeng (225)

where Rpean 1S the mean radius of the clutch, and n is the number of clutch packs.
p(wsiip) is the coefficient of friction dependent on the slip speed between the clutch
plates as shown in Normally, it is expected that the static friction coefficient
is greater than the kinetic friction coefficient. But it induces the problem of clutch
judder which has been discussed in [40]. This problem has already been tackled in the
previous decade and clutches with greater kinetic friction coefficient have been designed

by various manufacturers [40)], 41].

0.14 - T T

085

0.13

025 v D

Friction coefficient (L)

0.12 : : '
0 500 1000 1500 2000

Slip Speed (RPM)

Figure 2.6: Variation of friction coefficient with slip speed

The curve used for determining the engagement force, Fepg, in the simulated clutches

CIR, C123, and C34 is shown in [2.7]
The engagement force for clutch C24 is estimated using pressure-displacement data
from the experiments and is discussed further in Section All the clutches are

assumed to modeled in the same way but with different dimensions in order to account

for the difference in their torque capacities.
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Figure 2.7: Engagement Force vs Clutch Displacement after fill for C1R, C123, and C34

2.2.6 Gearbox

The planetary gear sets enable the transmission to achieve desired ratios by engaging a
defined set of clutches. To monitor the quality of the shift, it is important to understand
and model the dynamics of these planetary gear sets. For a 4-speed transmission, the
ring gear of the first planetary gear set is rigidly connected to the carrier of the second,
and the ring gear of the second planetary gear set is rigidly connected to the carrier of
the first as shown in Fig The effect of backlash within the gear sets has not been

considered for this analysis.

Figure 2.8: Planetary gear sets in a 4-speed transmission

Given these constraints and the location of the clutches, the motion of the all the
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gears can be predicted by calculating the motion of any two gears. The complete
derivation for these gear sets has been performed using Lagrangian formulation in [42].
It is possible to implement a continuous model during gear shifts using this model. By
defining the angles of rotation of the sun, carrier, pinion, and ring gears as «, 3, v and

0, we can write the dynamics of a 4-speed transmission as:

Ts,
Bi1 B é:1]_ —A2 0 Ay 1| | Toyr, (2.26)
Bs1 By 0o Ai 1 —As5 O Ts,
L TCQRl m

where Ts,, TcyRr,, Ts,, and T, r, are torque inputs at the sun and ring gears of the
first and second planetary gears respectively. The radius of the sun(Rg), pinion(Rp)
and the ring gear(Rp) are constrained by the equation, Rr = Rs + 2Rp.

The elements of the coefficient matrix can be calculated by using the following:

Rp Rp

A = 1 A A = A e 1
1 + Ao, 2 Rs, ' 3 Rp,
Rp Rp

Ay =1 A Ay = 2 As = 2
4 + As , 5 Rs, ' 3 Rp,

By = Agfsl + nlAgfpl +Icyr, + Ai[gvz + ng [A%Ip2 +mp,(Rs, + RP2)2]
Blg = Bgl = —AlAgfsl — nlA:%Ipl — A4A5ISQ — ngA?;IPQ
By = Ails, + n2AZIp, + Ioy g, + AZIE, +m[A3Ip, + mp (Rs, + Rp)?]

where Is,, Ip,, Ic, Ry, mp,, Is,, Ip,, Ic,r, and mp, are the moments of inertias of the
sun, pinion, combined inertia of the carrier and the ring gear, and mass of the pinion
gear of the first and second planetary gears respectively.

The accelerations of the remaining gears can be calculated from the ring gear accel-

erations, 6, and 6 by

e
. 0
| (2.27)
fe%) 0o
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where

A
A; —A

c=|" ’ (2.28)
Ay —As
~Ag  Ag

The gear ratios used in this analysis are [2.393 1.450 1.000 0.670].

2.3 Vehicle Model

The transmission is followed by a differential which connects it to the wheels. The
differential is modeled as a constant reducing gear pair with a ratio of rgig. The vehicle
experiences three types of resistances, namely, rolling, wind and grade resistances. The
loads on a vehicle have been analyzed by [43], [44], and [45]. The rolling resistance is

the friction force between the tire and the road surface given by:
RR = K,M,gcos(f,) (2.29)

where K is the dimensionless rolling resistance coefficient, M,, is the mass of the vehicle,
g is the acceleration due to gravity, and 6, is the grade angle.
The wind resistance, as the name suggests, is the aerodynamic drag experienced by

the vehicle is written as

1
WR = §paCfAf1)2 (2.30)

where p, is the density of air, Cy is the aerodynamic drag coefficient, A; is the frontal
area of the vehicle, and v is the vehicle speed.
The grade resistance is due to the gravity on roads with a gradient. Using the grade

of the road, 8,, the grade resistance can be computed by
GR = M,gsin(f,) (2.31)
So, the total resistive forces can be combined and written as

Fp = RR+ WR+ GR + Firaking (2.32)
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where Firaking is the load due to braking from the driver. It is input to the model as a
map.

The vehicle inertia is reflected to the other side of the differential and lumped with
the output gears of the planetary gear sets in this analysis. The entire load on the
vehicle, therefore, is used as an input to the transmission. The total resistive torque

due to vehicle acting on the transmission is
TClR2 = —Tr = —Fr1y (233)

where 7, is the radius of the tire.

The parameters related to the simulation are tabulated in Tab.

Table 2.1: Values of Parameters

Symbol Name Value

Je Engine Inertia 0.1454 Kgm?
J; Turbine Inertia 0.05623 Kgm?
by Gear Width 0.010013m
Tay Addendum radius of inner drive gear 0.035131m
Tay Addendum radius of outer internal gear 0.034245m
eg Center distance 0.007445 mm
N, Pump speed 1500 RPM

Cr Radial clearance 0.002m

7 Absolute viscosity 1.3603 cP

dg Dedendum diameter 0.05m

ds Shaft diameter 0.01m

éc Eccentricity 0.003 m

Viipe Volume of piping 1.7e-3m3
Kpring Valve Spring stiffness 1087.6 N/m
Lpreioada  Valve Spring Preload 0.0067 m
Agpool Valve Spool Cross-sectional area 5.0645e-6 m?
Ky Coil magnetic constant 22.7TN/A
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Table 2.1 : Values of Parameters (contd.)

Symbol Name Value
Tmax Maximum current from power amplifier 1.28A

Tmin Minimum current from power amplifier 0.25 A
Volmax Maximum voltage 10V

0 Spool angle /6 rad

Cy Coefficient of discharge 0.7

M, Clutch piston Mass 0.4Kg

A Clutch piston cross-sectional area 0.00628 m?
K, Clutch spring stiffness 242640 N/m
Tpo Clutch spring preload 0.0015928 m
D, Clutch piston damping 135.4Ns/m
km, Kinetic friction coefficient 0.001517
Cm Kinetic friction constant 5.22

ks Static friction coefficient 0.00153

Cs Static friction constant 5.26

Bo Bulk Modulus of oil 17000 bar
p Oil density 880 Kg/m3
R Entrained air content 6%

v Ratio of specific heats 14

NC1R Number of clutch plates in C1R 7

nc123 Number of clutch plates in C123 7

ncsa Number of clutch plates in C34 5

neo4 Number of clutch plates in C24 10

Rcir Mean radius of clutch C1R 0.0648 m
Rci93 Mean radius of clutch C123 0.0466 m
Rcsy Mean radius of clutch C34 0.0652m
Recog Mean radius of clutch C24 0.0321m
S1 Number of Sun gear teeth - 1 56

Ry Number of ring gear teeth - 1 78

Py Number of pinion gear teeth - 1 11
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Table 2.1 : Values of Parameters (contd.)

Symbol Name Value

So Number of sun gear teeth - 2 42

Ry Number of ring gear teeth - 2 88

P Number of pinion gear teeth - 2 23

Rg, Radius of sun gear - 1 0.046786 m
Rp, Radius of ring gear - 1 0.065166 m
Rp, Radius of pinions gears - 1 0.00919m

Rg, Radius of sun gear - 2 0.031962m
Rp, Radius of ring gear - 2 0.0669795 m
Rp, Radius of pinions - 2 0.017509 m

Is, Moment of inertia of sun gear - 1 0.00102 Kgm?
Iy, Moment of inertia of ring gear - 2 & carrier gear - 1 0.00902 Kgm?
Ip, Moment of inertia of pinion gear - 1 6.7295¢-6 Kgm?
Is, Moment of inertia of sun gear - 2 0.00452 Kgm?
Icyr, Moment of inertia of ring gear - 1 & carrier gear - 2 0.005806 Kgm?
Ip, Moment of inertia of pinion gear - 2 4.7637e-6 Kgm?
mp, Mass of pinions gears - 1 0.060967 Kg
mp, Mass of pinions gears - 2 0.053199Kg
ny Number of pinions - 1 4

N9 Number of pinions - 2 4

Tdiff Differential ratio 3.37

g Acceleration due to gravity 9.8 m/s?

K, Rolling friction coefficient 0.015

M, Mass of the vehicle 1500 Kg

0, Grade angle of road 0

Pa Density of air 1.225 Kg/m?
Cy Aerodynamic drag coefficient 0.3

Af Vehicle frontal area 2.35m?

T Radius of tires 0.325m
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Chapter 3

Control Methodology

The transmission is a very crucial component of a driveline since it affects the drivabil-
ity and fuel efficiency. The control elements in the driveline are the electro-hydraulic
clutches. As mentioned in previous chapter, the gear ratios are achieved by the plan-
etary gear sets through the actuation of the electro-hydraulic clutches. Each ratio is
referred to as a gear state and two clutches are engaged while in a gear state. A gear
shift is performed through a clutch-to-clutch shift to continuously transmit torque with-
out interruption. In a clutch-to-clutch shift, one of the two clutches disengages while
a different clutch engages. The on-coming clutch is prepared to engage by moving it
till it starts touching the clutch plates. This process is called clutch fill [I3]. After the
completion of clutch fill, the torques in the on-coming and off-going clutches are syn-
chronized and the relation between them can be derived using lever diagram analysis
[46]. In the current architecture, transmission control is performed in open loop or by
using feedback from speed sensors [27) 28]. For the proposed architecture, the control
is performed by two controllers using feedback from pressure sensor in addition to the

speed sensors.

3.1 High-level Controller

The high-level controller determines the occurrence of the gear shift by using a shift
scheduling chart. It is a lookup table that determines the gear shift based on the
throttle input by the driver and the velocity of the vehicle as shown in Fig. The
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hysteresis between up-shift and down-shift ensures that there is no chattering during

gear shifts.

100

80

92}
o

Veh Speed (m/s)
5
o

20

Throttle

Figure 3.1: Shift scheduling graph showing up-shift and down-shift

3.2 Low-level Controller

To actually perform the shift, there is a lower level controller that synchronizes the on-
coming and off-going clutches in a clutch-to-clutch shift. It uses the feedback from three
sensors: Clutch chamber pressure sensor, Transmission Input Speed Sensor (TISS) and
Transmission Output Speed Sensor (TOSS). It controls the clutches and their torque
capacities by tracking trajectories which are either predetermined or generated in real-
time during the shift. To perform pressure tracking, a PID controller has been used as

shown in Eq. .

V:er—l—/Kiedt—f—de; (3.1)
where V is the control input to the proportional pressure reducing valve, e is the error
in pressure tracking, and K, K; and Kg are calibrated constants of the PID controller.

To determine these reference pressure trajectories, it is required to understand the
relation between torques carried by various clutches for each steady gear state and gear

shift.
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3.2.1 Steady Gear State

In order to design or control the clutches, the mechanism behind realizing the gear
ratios in a transmission and the correlation between the torques transmitted has to be
understood. Lever diagram is a useful tool to understand the gear ratio mechanics (Refer
[46]). The lever diagram of a 4-speed automatic transmission system is shown in Fig.
This transmission consists of five clutches which are used in multiple combinations
to achieve different gear ratios between the input and the output of the transmission.
Three clutches (C123, C34 and CR) can directly connect the respective gears to the
engine while two other clutches (C1R and C24) are used to ground the gears by locking
them to the transmission casing. A planetary gear set is a two degree of freedom (2-
DOF) system. Two of them are connected so that the combined DOF remains two. So,
in the transmission system shown, only two of the five clutches are engaged at a time
for each gear state. The clutch engagement schedule for this transmission is shown in
Tab. Since the clutch CR is used only for reverse gear, it has been ignored in the

implementation.

Input l
C34

C123 LiU
CIR

SG, C,; i
LlJ C24
2 O0——0
RG, C, SG,
Output

Figure 3.2: Lever diagram of 4-speed automatic transmission system

Each of the clutches carry different amount of torque depending on the gear state

and the location where it is applied. The net torque from all the engaged clutches will
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Table 3.1: Clutch Engagement Schedule

Gear CIlR C123 C24 C34 CR
1 X X - - -

contribute towards the output. In the following sections, torques transmitted through
different clutches while in gear and during shift are calculated.

When the vehicle is moving steadily in a given gear state, the torque from the engine
is transferred to the vehicle through planetary gear sets. The clutches determine the
path of power transfer and the ratio that is realized in that gear state. The equivalent
lever diagram for the transmission in first gear is shown in Fig. The input torque
coming from the engine and through the torque converter is transmitted through clutch
C123 only. The ring gear of the first planetary gear set is grounded using clutch C1R. By
constraining two of the gears, the output torque of the transmission and the effective

gear ratio can be calculated. The equations for this arrangement can be written as

shown in Eq. (3.3)) to Eq. (3.5)).

To123 = Tin (3.2)

Te12s(R1 + 51) = TouSt (3.3)
TinR1 = Te1rS (3.4)

= T = (LN, (35)

Similarly, the torque ratios with respect to the input torque in each of the clutches
for various gears is shown in Table
The automatic transmissions are designed such in a way that whenever a gear shift

occurs, only one of the two clutches will be disengaged and a different clutch will be
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Figure 3.3: Lever diagram for 1% gear

engaged. This is called single transition shift. It simplifies the control required for shift
control. The on-coming and off-going clutches are to be synchronized based on the

understanding of gear shifting mechanics in order to achieve a smooth gear shift.

3.2.2 Clutch Fill

Clutch fill is a crucial part for effective gear shift control [I3]. Immediately after the
value of the gear command changes, the clutch fill process begins for the on-coming
clutch. This clutch is moved to a position where it is starts to touch the clutch plates,
without squeezing them. It is then ready to be engaged. Additional motion can cause
over-fill which will cause the clutch to start transmitting torque before it is desired.
This can cause a partial tie-down of the transmission and will result in deceleration of
the engine and the vehicle. Under-fill occurs when the clutch stops short of the desired
fill position. In this case, it is difficult to synchronize the shift as the clutch is not ready
to transmit torque and might lead to engine flare.

Since the clutch uses pressure feedback in this architecture, a pressure profile has

been designed that ensures that the clutch piston overcomes the friction and spring force
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Table 3.2: Torques in individual clutches (xTj,)

Gear C1R C123 C24 C34 CR
Ry
1 il 1 ; ; ;
S1
R1S5
2 - 1
S1(Rg + S2)
R+ 51 Ry + 51
S
4 : 22 ; 1
Ry + 5
Ry
R 142 : ; . 1
+ S,

to achieve a good fill. The exact details will be discussed later in Sec. [£.2] Following the
clutch fill, either up-shift or down-shift will be done depending on the gear command

from the high-level controller.

3.2.3 Up-shift

Up-shift is defined as the gear shift occurring when the gear changes from a lower gear
to a higher gear. The ratio between the input and output decreases after the shift.
It has been illustrated using the example of a 1-2 up-shift. To accomplish this shift,
clutch C1R needs to be released and clutch C24 needs to be applied while clutch C123
is kept engaged throughout the shift. Fig. shows the lever diagram for the up-shift
from 1% to 2"? gear. The on-coming clutch (C24) is filled while keeping the off-coming
clutch (C1R) as it is. The relationship between the torque capacity of the clutch and
the pressure in the clutch chamber has been discussed earlier in Sec. Then, the
pressure in the clutch C1R is reduced to a level where its torque capacity matches with
the actual torque carried by the clutch. This is detected through a change in sign of
the first derivative of the ratio between transmission input and output speeds. Imme-
diately, the torque phase occurs when the torque from the clutch C1R gets completely
transferred to the clutch C24 in a synchronized way based on Eq. and Eq.
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. In order to avoid dealing with multiple-input multiple-output (MIMO) systems, the
problem has been split into two independent single-input single-output (SISO) systems.
The clutches, C1R and C24, are made to track two different pressure trajectories which
would ensure that the clutches remain synchronized throughout the shift when tracked

successfully (see Fig. [3.5).

Ry Ry
T = Tpm— — T — +1 3.6
C1R S, 024 (52 + ) (3.6)
Ry + 5 Ry
Towt = Tin | ——— | —Teoou— 3.7
¢ ( S ) oy (3.7)

where T, is the input torque, To1r is the torque in clutch C1R, To4 is the torque in
clutch C24, and R;, Rs, S1, and S are the number of teeth on ring gear and sun gear

of the planetary gears.

Input l

C123 i

R1 7\ Sl

SG, C, RG, i
L] co4
S, R, n‘(— :
N A
RG, C, SG,
Output

Figure 3.4: Up-shift from 1%¢ to 2"? gear

It is then followed by the inertia phase (Eq. (3.8])) where the engine speed is brought
to the desired value. After the clutch C1R completely disengages, the torque capacity
of clutch C24 is further increased to its maximum to bring the system to the final ratio,

thus completing the shift.

Towt = (Tz - Izna) (1 + iz 52 >

—_— 3.8
S1 Ry + 52 (3:8)
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Figure 3.5: 1-2 Up-shift

where T,,; is the output torque, I, is the lumped inertia at the engine, and « is the
acceleration or deceleration of the engine based on whether it is an down-shift or an
up-shift.

For this example, since the speed at TISS will be reduced from the first gear level
to the second gear level, a is negative. The clutch C24 will transmit the torque at full
capacity until the desired engine speed is attained. This will cause the output torque
to rise as shown in Fig. Eventually, o goes to zero and the engine speed will reach

the second gear level.

3.2.4 Down-shift

A similar approach is adopted for the down-shift control as shown in Fig. 3.6 But, the
inertia phase occurs first as the gear ratio increases. The on-coming clutch (C1R) is filled

and simultaneously, the engine speed is allowed to rise until it reaches the final desired
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speed by releasing the pressure in the off-going clutch (C24). During this period, the
rate of increase of the speed ratio is maintained at or above a specific value based on the
requirement of shift duration. This can be done immediately after the shift command
is given because it takes longer for the engine speed to rise than to complete the clutch
fill. As the engine speed approaches the desired value, the torque phase begins and both
the clutches are synchronized at calculated slopes similar to up-shift based on Eq. .
The shift is completed when all the torque is transferred from clutch C24 to clutch C1R.

Inertia Torque
Phase . Phase_

|

I ¥
Engine Speed :/

|

Output Acceleration

TC1R - CAP
Teoacpe v 0 femcaeaa—aaa
TC1R
TCZ4
: >
Time

Figure 3.6: 2-1 Down-shift

Similarly, all the other shifts have been designed and controlled. The slopes of the
pressure trajectories for the on-coming and off-going clutches are designed using Tab.

and their respective torque capacities.
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Chapter 4
Hardware-in-the-loop Testing

Hardware-in-the-loop (HIL) is a common testing technique used in automotive industry
to develop and validate real-time systems. It is very useful in scenarios where a com-
ponent of a complicated system needs to be tested in the absence of the real system.
Instead, the system is mathematically modeled and simulated, and is allowed to interact
with the component in real-time with the help of sensors and actuators. This is an ef-
fective way to validate and measure its performance in real-time during its development
phase. For this project, a HIL simulation is performed for the proposed transmission
architecture to analyze its performance.

In this chapter, the experimental setup is discussed and the results are presented.

4.1 Experimental Setup

The setup for the hardware-in-the-loop (HIL) simulation is shown in Fig. The entire
powertrain is simulated in the computer and one of the clutches, C24, is replaced by a
real clutch system. The choice of this clutch comes from the fact that C24 is involved
in every gear shift after launch. Along with the hydraulics of remaining clutches (C1R,
C123 and C34), the engine, torque converter, gearbox, and vehicle are all simulated
using appropriate models. Clutch C1R is ignored in this implementation as it is used
only for reverse gear. The clutch apparatus consists of the clutch piston, a pump, and
a proportional pressure reducing valve. A ball valve is connected at the top to bleed

the trapped air better instead of using the ball capsule. Unlike the real system, there
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Figure 4.1: Setup for HIL Simulation

is no rotation of the clutch to evenly bleed the air through the ball capsules. This is
very important to achieve good clutch fill due to the variation of bulk modulus at lower
chamber pressures. The pressure sensor is also connected at the top of the chamber.
The displacement sensor is a DVRT which is clamped in front of the clutch piston.
The input voltage to control the proportional valve comes from the simulation, and
the pressure and displacement measurements are sent back to the simulation. The
pressure measurement is used as feedback to control the clutch and the displacement
measurement is converted into torque capacity of the clutch to estimate its real torque

capacity. Thus, the experiment progresses.
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The hydraulics have been modeled using using the SimHydraulics package while the
driveline model is created using MATLAB/Simulink functions in a host computer. The
program uses two different sampling times which interact with each other during the
experiment. The simulations are run at a time step of 0.1 ms, while the experiment
runs at 1ms. In simulations, larger time steps cause the simulation to fail at the hard
stops and pressure chambers. This is due to the high stiffness of the system. Using
smaller time step in experiments does not fetch better results as the time constants of
the Proportional PRV and the clutch piston are relatively larger.

The model is then compiled to generate a C-code using a C-compiler. At the end
of the build process, the C-code gets uploaded to the target computer which does all
the computation required to implement the experiment. The SimHydraulics package in
MATLAB is computationally intensive and the target computer does not possess high
enough computing power. There are three main tasks that had to be completed before
the model can be run successfully in real-time in the target computer. First, a more
efficient C-compiler was identified and installed. This can be a critical issue when the
time step is very close to the Task Execution Time (TET) value as in this case. The
TET is the time taken by the computer to perform calculations for one time step. It
should always be less than the time step. Initially, Watcom 1.9 C-compiler was used
but it was found that the TET of the experiment with this compiler exceeded the time
step of the model. So, Microsoft Visual Studio 10.0 was later used in this project which
reduced the TET to 1/4'® of that of Watcom 1.9. Second, the solver settings and the
convergence criterion for the model had to be relaxed. The consistency tolerance is set
to le — 5 from the default 1le — 9 in the solver configuration block. Also, the fixed-cost
run time consistency iterations is checked and the number of nonlinear iterations are
reduced to 1. Third, the model was built with as few SimHydraulics blocks as possible
and using m-functions wherever possible. Every block used from this package adds
considerably to the computational burden.

Once this model is uploaded to the target computer, it is executed for an entire FTP

driving cycle. The real clutch is characterized before beginning the cycle.
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Figure 4.2: Clutch Characteristics

4.2 Clutch Characteristics

The real clutch system is shown in the Fig. The clutch chamber is slightly pressur-
ized to 1.6 bar in order to release the entrapped air. Due to static friction, the clutch
piston does not move until the pressure reaches about 1.68 bar. It should travel 0.7 mm
in about 0.25s to successfully complete clutch fill. To achieve this, the pressure refer-
ence is increased from 1.68 bar to 1.97 bar in 0.15s and then reduced to 1.91 bar in the
next 0.05s. Since the clutch piston comes in contact with the plates after the fill, the
displacement between fill position and fully engaged position will be very small as it
is due to the squeezing of the plates. During this period, the reference for the cham-

ber pressure is linearly increased from 1.91 bar to 7 bar in 0.4 s to perform engagement.
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The errors during clutch fill and engagement are well within acceptable range with the
maximum error less than 0.2bar. In case of aggressive air-bleeding, the piston may
move before the clutch chamber is pressurized. The peak flow requirement of the clutch
is 3.67 liter/min occurring at the beginning of the engagement when the proportional
valve operates at full voltage. The maximum flow rate achievable through the smallest
orifice in the hydraulic circuit is 4 liter/min for the given pressure settings.

The disengaging process follows a similar procedure. The pressure reference is lin-
early reduced from 7bar to 1bar in 0.48s. The magnitude of error tends to increase
at lower pressures as there is not enough flow to reduce the pressure as per the desired
reference. The error grows large during this period but the clutch stops transmitting
torque by then as the pressure is lower than the clutch fill pressure. The clutch char-
acteristics along with the control input to the proportional valve are plotted in Fig.
The gains for the PID controller are documented in for pressures measured in
psi. As spool position of the proportional valve is also dependent on the clutch cham-
ber pressure, the control input required to maintain the same spool position varies at
different pressures. The controller outputs both positive and negative values while the
proportional valve accepts only positive voltage inputs. So, a bias voltage is added to

the controller input to restrict the controller output to 0 to 7V using Eq. (2.23)).

Table 4.1: PID controller gains

Clutch State Kp K; Kp
Steady (Low Pressure) 6 5.5 0.075
Fill 6 5.5 0.075
Engagement 8 7.5 0.25
Steady (High Pressure) 5 4.5 0.25
Disengagement 5 6 0.125

From Sec. [2.2.5] the clutch torque characteristics can be determined. It cannot be
obtained directly from experiments as the clutch is a standalone apparatus in the labo-

ratory and has no rotation or torque transmission. So, an indirect approach, using both
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the clutch models and experiments, is employed to estimate the torque characteristics
for this clutch. In this approach, the engagement force is calculated from the clutch

model using its response from experiments as a function of the compression of the clutch

plates.
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Figure 4.3: Fgy calibration: (a) Pressure (b) Displacement

The clutch chamber pressure tracked using a given reference and the resulting dis-
placement are shown in Fig. [£-3] Figure[d.4]gives a better representation of the variation
of the clutch displacement with its chamber pressure. The experiment is fairly repeat-
able and so, a reasonable map could be obtained. Using this data, the engagement
force is estimated from the clutch model in Eq. . The mean of the pressure and
displacement data from all the trials is converted to engagement force and plotted in
Fig. A 5th-order polynomial is fit through the data which is finally used for the

experiments.
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4.3 FTP Cycle

4.3.1 Background

The United States Environmental Protection Agency, usually referred to as EPA, de-
vised various driving cycles in order to test the emissions and fuel economies of vehicles
under different conditions. Each testing cycle is called a Federal Test Procedure (FTP).
FTP-75 and FTP-72 cycles are typically used to evaluate light-duty vehicles. FTP-75
cycle (See Fig. is used to evaluate this new architecture. The entire FTP cycle

consists of the following phases:
e Cold start transient phase (ambient temperature 20-30C), 0-505 s,
e Stabilized phase, 506 — 1372s,
e Hot soak (min 540s, max 660s),
e Hot start transient phase, 1372 — 1877s (repeat of 0 — 505s).

Emissions from each phase are collected in a separate Teflon bag, analyzed and expressed
in g/mile (g/km). The weighting factors are 0.43 for the cold start phase, 1.0 for the
‘stabilized” phase and 0.57 for the hot start phase.

The following are some basic parameters of the cycle:.
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Figure 4.6: FTP Cycle: Vehicle Velocity
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Duration: 1877s

Distance traveled: 11.04 miles (17.77 km)

Average speed: 21.2mph (34.12km/h).

e Maximum speed: 56.7 mph (91.25km/h).

For emission certification, vehicles must meet the applicable FTP emission stan-
dards. From model year 2000, vehicles have to be additionally tested on two Sup-
plemental Federal Test Procedures (SFTP) designed to address shortcomings with the
FTP-75 in the representation of (1) aggressive, high speed driving (US06), and (2) the
use of air conditioning (SC03). Fuel economy values are calculated on the basis of FTP
testing for the city rating, while the highway rating is determined based on Highway
Fuel Economy Testing (HWFET).

4.3.2 Implementation

Using the models and the control method described in the previous chapters, the com-
plete EPA FTP-75 cycle has been performed to evaluate this new architecture. Even
though this is a test for emissions, it can be used to test the reliability of this new
architecture as the vehicle runs under a wide range of operating conditions during this
cycle. To run this cycle, various input maps have to be generated such as the input
engine torque, braking torque at the wheels, and the gear schedule map.

The FTP cycle is usually associated with the vehicle velocity profile (See Fig. |4.6)).
Using the velocity and acceleration, the tractive effort required to run the vehicle is
computed from power-demand analysis. The braking torque is separately added as the
engine cannot really provide negative torque assuming there is no engine braking. This
tractive effort is then reflected back through the differential and the transmission to
the torque converter output. And finally, the load is transferred to the engine using the
torque converter model from Sec. Based on the required engine speed and torque,
the engine map is used to determine the throttle opening. The idling engine torque is
set to 18.17 Nm and the angular speed to approximately 700 RPM. The throttle opening
and the vehicle speed determine the occurrence of gear shifts with the help of the shift-

scheduling chart from Fig. These shifts are assumed to occur instantaneously
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during these input map calculations. This procedure employed to obtain input maps is
adapted from [47].

After the generation of these maps, the full FTP cycle test is performed in a HIL
environment using the procedure described in earlier sections. The inputs to the simu-
lation are the engine torque, braking torque at the wheels, and the gear schedule map
as shown in Fig. 4.7l From the results shown in Fig. a), it can be seen that the
error in velocity is very small (< 1 m/s) even though it was assumed that the gear shifts
occur instantaneously while generating input maps. The vehicle acceleration for the
entire cycle can be seen in Fig. [£.8(b). In Fig. [4.8|c) and (d), the speed and torque of
the engine and the turbine side of the torque converter are plotted. An amplification
of torque can be observed at the torque converter with speed reduction. Also, with the
engine speed reaching only a maximum of 2800 RPM, the FTP cycle can be said to be
fairly conservative.

To clearly study the quality of the shifts with this new architecture, a few shifts
have been chosen to demonstrate the performance during this entire cycle. They have
been marked in red in Fig. [4.7|(c). It is desirable that the entire gear shift be completed
within 1s and the duration of the shift the user experiences be limited to 0.5 s, which is
the summation of the time taken to complete torque and inertia phases. The plots are
made between the chamber pressures of the on-coming and off-going clutches. Simul-
taneously, the torque capacities and the torques carried by these clutches are plotted.
The oscillations in the pressure and torque capacity are due to the dynamics of the
clutch piston. The high stiffness of the clutch plates and to some extent, the pressure
control as well, contribute to these oscillations of clutch piston. Even a minor error in
tracking pressure can affect the displacement. To analyze the impact of the shifts on the
vehicle performance, the vehicle acceleration is plotted. The speed ratio is also shown,
which is the ratio between the turbine speed of the torque converter and the output of
the transmission. The engine and turbine speeds are plotted to study the effect on the

engine side.
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4.3.3 1-2 Up-shift

The 1-2 up-shift occurs very frequently in this cycle as the vehicle is brought to rest
and restarted many number of times. Figure [£.9]is an up-shift occurring as clutch C1R
synchronizes with the clutch C24. The effect of overfill of clutch C24 can be seen with
the torque capacity rising prematurely. The off-going clutch C1R is released until a
blip in the speed ratio is observed and immediately the clutches are synchronized. As
the torque gets transferred to the clutch C24, the oscillations in the acceleration can be
observed from the piston dynamics. The oscillations do not affect the engine speed due

to the torque converter. The entire shift duration is 0.94s and the torque and inertia

phases take place in 0.23s.
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4.3.4 2-3 Up-shift

In the 2-3 up-shift, the off-going clutch is C24 and the on-coming clutch is C34. As
the torque carried by the clutches is lower during this period, the off-going clutch C24
disengages almost completely to observe a slight increase in speed ratio before the on-
coming clutch C34 is engaged. Due to the nature of the algorithm, the C34 is directly
connected to the pump once the capacity of C24 reduces to zero. This causes its torque
capacity to rise very steeply and is seen in the acceleration as a spike. It brings the
engine speed to the new level very quickly as shown in Fig. [£.10] This is due to the

absence of inertia phase control during up-shifts. The user experiences 0.141s out of

the total 0.844 s long shift.
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4.3.5 3-4 Up-shift

The 3-4 up-shift is very similar to the 2-3 up-shift in terms of its behavior as seen in
Fig. 11} The torque supplied by the engine is lower and therefore, it takes much
longer to cause the speed ratio to change. Again, it results in the off-going clutch C123
being almost fully disengaged before the on-coming clutch C24 is engaged. The torque
directions are opposite but that it does not affect the reference slopes. The torque and
inertia phases last for 0.145s while the entire shift lasts for 1.55s. A more aggressive

shifting strategy can be designed when the torque carried is low.
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4.3.6 2-1 Down-shift

The 2-1 down-shift occurred mostly before coming to rest except in a couple of cases
where the speed was reduced. During the inertia phase, the speed ratio increases to the
desired value through controlled disengagement of the off-going clutch C24. At the end
of this phase, the remaining torque of the clutch C24 is synchronized with clutch C1R.
This shift takes place relatively faster as the engine torque is higher which will accelerate
the engine at a quicker rate. The duration of this shift is approximately 0.725s and the

inertia and torque phases last 0.229s.
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4.3.7 3-2 Down-shift

The algorithm is the same for the 3-2 down-shift but the rate of speed ratio increase is
different for each shift during inertia phase. Even though the torque in clutch C34 is
low, it is increased due to an overfill from clutch C24 as they are counteracting torques.
This is particularly useful because the speed ratio increases at a faster rate and the
torques are easier to synchronize with larger magnitudes. It can be used as a strategy
to rise the engine speed at low torques during down-shifts. It should be noted that it
can cause the vehicle to accelerate which is undesirable during braking. It takes 1.15s

to complete the shift while it requires 0.25s to initiate and complete the inertia and

torque phases.
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4.3.8 4-3 Down-shift

The 4-3 down-shift occurs only twice in the entire cycle. In both the cases, the vehicle
experiences sudden braking and comes to rest in a short span of time. Due to the
small torque carried by off-going clutch C24, it can be inferred that the engine torque is
small. So, even after reducing its torque capacity to zero, the engine does not flare. It
can be achieved faster if the on-coming clutch C123 is engaged earlier. But, unlike 3-2
down-shift, there is no overfill here to enhance the rate. So, the shift period is 0.847s
and the inertia and torque phase periods together is 0.244s.
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4.3.9 Summary

From the FTP cycle, a few shifts have been chosen to study and evaluate the perfor-
mance of the architecture. The shifts mostly conform to the criteria specified except
at lower torques. Most of the shifts complete within 1s with inertia and torque phases
lasting well below 0.5s. There are a few overfills that occur with the on-coming clutch
but the control algorithm is quite robust to it. The accelerations during down-shifts
are very well regulated by controlling the inertia phase. But, the inertia phase has not
been controlled during up-shifts which caused occasional peaks in acceleration. Also,
at lower input torques, the engine speed rises very slowly as seen in 3-4 up-shift and
3-2 down-shift. A more aggressive disengaging strategy can handle this issue provided
this condition can be identified. Overfills or early engagement could help accelerate the
shift in these conditions but it will accelerate the vehicle too which is undesirable under

braking. Overall, the architecture meets the preliminary targets to a satisfactory level.
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Chapter 5
Summary and Conclusion

A new architecture has been proposed for the automatic transmission system. The ar-
chitecture requires that the clutches contain pressure sensors as the feedback elements.
It simplifies the transmission hydraulic system and makes it more flexible for adapting
it to transmissions with greater number of speeds. The feedback element reduces the
calibration effort required as the clutches can now be controlled in closed-loop using
pressure feedback. In order to test this architecture, all the driveline elements have
been simulated using models from literature. Since the steady state performance of this
architecture will be similar to the current architecture, it has been evaluated through
gear shifts. The gear shifting strategy for the current system is adapted for this new
architecture. The control algorithm uses the pressure feedback from the clutches in
addition to the feedback from the input and output speed sensors of transmission. The
clutch chamber pressure has been found to have a direct correlation to the torque ca-
pacity of a clutch during engagement and disengagement. This was useful to implement
a closed loop control during gear shifts.

The architecture was then validated by conducting experiments in a HIL environ-
ment using the driveline model and a real clutch setup. The engagement force of the
real clutch has been characterized using experiments and models. The performance of
the architecture for an entire EPA FTP driving cycle is presented as it provides a variety
of operating conditions to test this architecture. To analyze the gear shift quality, a
few shifts are chosen for detailed analysis. The simulated clutches were synchronized

with the real clutch during gear shifts. The results show that the performance of the
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proposed architecture is able to meet the preliminary targets.

Future work could include developing more aggressive gear shifting strategies as the
feedback gives greater control of the clutches. Another possible extension would be
to design optimal shift trajectories based on required flow rate for the clutch chamber
pressures. High pressure control could be developed to downsize the pump further and

make the system more compact.
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Appendix A

Simulink Models

A.1 Real-Time Model
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Figure A.1: High level real-time model
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A.2 Driveline Elements
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Figure A.2: Engine and Torque Converter
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Figure A.4: Simulated clutch system
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Figure A.5: Proportional PRV model
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Figure A.6: Simulated clutch piston model
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Figure A.7: Engagement force model
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The relief valve control
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Figure A.8: Real clutch system
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Figure A.9: Valve Control
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Figure A.10: Command gear generator
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Figure A.11: Planetary gear set model
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Figure A.12: Vehicle load model
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