
Condition Based Monitoring of Gearbox Transmission  

Elements in a Spur Gear Cutter Bar 

 

 

 

A THESIS  

SUBMITTED TO THE FACULTY OF THE GRADUATE SCHOOL 

OF THE UNIVERSITY OF MINNESOTA 

BY 

 

 

 

Garrett Vernon Pommeranz 

  

 

 

IN PARTIAL FULFILLMENT OF THE REQUIREMENTS  

FOR THE DEGREE OF  

MASTER OF SCIENCE 

 

Dr. Jonathan Chaplin 

 

August 2010 

 

 
 



 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

© Garrett Vernon Pommeranz 2010



i 
 

Acknowledgements 

 

The author would like to thank Case-New Holland for the creation of this project 

and for providing the funding and test equipment to successfully complete the research.  

The author would also like to thank Chris Napoleon and Napoleon Engineering Services 

for their expert advice with respect to bearing theory and operation as well as preparing 

bearings for testing.  Finally, the author would like to thank his thesis advisor, Dr. 

Jonathan Chaplin, for all his support and guidance throughout this investigation. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



ii 
 

Abstract 

 

 This research investigated bearing failures in a spur gear cutter bar used in the 

agricultural equipment sector for cutting forage crops.  The cutter bar is under 

consideration by Case-New Holland (CNH) for use in their equipment.  The primary 

focus of this investigation was to develop and test a real time monitoring system to 

monitor the health of the bearings during operation and alert the operator of the location 

of a pending bearing failure.  This system uses temperature as the monitoring parameter 

and does not estimate the remaining useful life after the initial failure mode has been 

detected.  The temperature profile of interest is that just before catastrophic failure and 

based on that is used to alert the operator. 

 Causes of bearing failure within the cutter bar are also investigated theoretically 

to determine the effect that they would have on bearing life.  Both cutter bar bending and 

bearing misalignment were analyzed from a theoretical perspective.  Bending of the 

cutter bar was determined to not have a detrimental effect on the contact stresses within 

the bearings and thus no shortening of bearing life.  Bearing alignment is a critical factor 

in bearing condition as excessive misalignment creates high contact stresses reducing the 

useful life.  The gear train and bearings are retained between two steel halves creating a 

case, and to prevent excessive misalignment the case halves cannot shift by more than 

0.47 ±0.04 mm relative to the vertical axis of each bearing mount.   

 Additional testing determined that operating the cutter bar on a hill has no effect 

on bearing life and that oil temperature can be used to monitor the correct amount of oil 

in the cutter bar. 
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CHAPTER 1 

 

INTRODUCTION 

 

1.1 Description of Problem 

 

Case-New Holland (CNH), the second largest agricultural equipment manufacturer 

(www.cnh.com), is interested in developing a real-time monitoring system for bearing 

condition in spur gear cutter bars.  The cutter bar is used in the forage industry for the 

production of hay for livestock.  Currently, there is no active system for monitoring 

bearing condition in cutter bars; most programs are either passive or reactive.  Passive 

monitoring is usually conducted by the operator of the machine during routine 

maintenance and reactive monitoring addresses the issue after a failure has occurred.   

A search of the US patent office (www.uspto.gov) yielded no results for an active 

monitoring system, henceforth known as condition-based-monitoring (CBM).  Patent 

searches were undertaken for the major agricultural equipment manufacturers of hay and 

forage equipment: Claas, Hesston (part of the AGCO Corporation), John Deere, and 

Vermeer.  Amongst the major equipment manufacturers, active monitoring systems exist 

for other aspects of machine performance, the most notable being the yield monitor for 

combines to measure grain yield during harvesting (www.ext.vt.edu). 
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1.2 Research Objectives 

 

The main objective of this research is to evaluate the ability to monitor bearing 

condition and other associated parameters of bearing performance and determine the time 

and location of a pending failure.  This system attempts to address operating parameters 

on a bearing by bearing basis and alerts the machine operator of the location of the 

damaged bearing allowing the operator to replace the suspect bearing before it fails.  This 

study will be limited to only the bearings used in the spur gear cutter bar and will not be 

assumed to be accurate for other situations or systems.  To properly address the main 

objective, secondary objectives were laid out: 

• Determine the appropriate type of CBM for the cutter bar application. 

• Select instrumentation based on the type of CBM chosen 

• Identify the optimum location(s) for sensing equipment. 

• Evaluate sensing equipment through various test runs 

• Evaluate CBM at different operational RPMs 

 

1.3 History of Rolling Bearings 

 

After the invention of the wheel, it became readily apparent that less effort was 

required to move an object on rollers than to slide the object over the same surface.  The 

Assyrians used wood rollers to move large stones for buildings rather than slide the 

stones along the ground; furthermore, an unearthed Roman ship had bearings supporting 

platforms with rolling elements of bronze and wood (Dowson, 1979).  Even Leonardo Da 
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Vinci conceived various ball bearing designs including a device to space the balls, 

illustrated in Figure 1.1 (Harris and Kotzalas, 2007a).  Roller bearings struggled to gain 

acceptance, up to the 20th century, by design engineers as endurance characteristics of 

hydrodynamic sliding bearings were superior.  This has changed throughout the past  

 

 

 

 

century and especially within the last 60 years by the development of superior rolling 

bearings steel and by constant improvement in manufacturing techniques providing long-

lived and extremely accurate rolling bearing assemblies (Harris, 1991).  Long and 

trouble-free operation is only achieved if three conditions are met: Low surface 

roughness of the rolling elements; contacting raceways to ensure the separation of 

components during operation; and fatigue-resisting high alloy steels (Yu, 1999). 

The late 19th century and early 20th century experienced the rise of the most of the 

well-known bearing companies.  In 1852, Fischer Bearing Manufacturing Ltd., the 

forerunner of Kugelfischer George Schaefer & Co. (FAG), was established as a bicycle 

Figure 1.1: Leonardo Da Vinci cage design (left) and Da Vinci bearing fabricated with a Plexiglass 
plate at Institut National des Sciences Appliquees de Lyon (INSA) (right) (Harris and Kotzalas, 2007a). 
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manufacturer in Schweinfurt, Germany.  The Timken Co. began in 1898 in St. Louis, 

Missouri, as part of Timken Carriage Co.  What is now known as SKF Industries, 

Aktiebolaget Svenska Kullagerfabriken, began manufacturing bearings in 1907.  By 

1920, the vast majority of bearing manufacturers were in business and most types of 

rolling element bearings used today were in production (Yu, 1999). 

Around 1875, carbon and chromium steel became available for use in rolling element 

bearings.  Currently, American Iron and Steel Institute (AISI) specifications 52100, steel 

moderately rich in chromium, is the most used bearing steel today.  It is easily hardened 

throughout (through-hardened) to 61-65 Rockwell C scale hardness (Harris, 1991).  

Miniature ball bearings that are used in sensitive instruments such as gyroscopes are 

typically manufactured from stainless steels such as AISI 440C.       

Harris (1991) explains that the development of highly accurate bearings was triggered 

by the requirements for high speed aircraft gas turbines.  Once this occurred, competition 

between bearing manufacturers increased substantially in the 1970s as manufacturers 

sought new markets and customers throughout the world.  Today, many types and styles 

of roller bearings of outstanding performance and reliability are available at relatively 

low cost to the consumer. 

 

1.4 Rolling Bearing Terminology 

 

The term rolling bearing refers to all forms of bearings that use either balls or 

rollers to permit minimum friction and constrained motion of one body relative to 

another.  A ball bearing generally has rolling elements that are spherical or ball shaped 
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while a roller bearing typically has rolling elements that are cylindrically shaped.  While 

the general operations of either are similar, no roller bearings were used in this study.  

Ball bearings are comprised of four main elements: the outer ring, the inner ring, steel 

balls, and a cage, as illustrated in Figure 1.2.  Usually, these are assembled and sold as 

one unit.  The two rings have hardened raceways on which the balls roll.  The balls 

permit rotation between the rings with minimal friction   

 

 

 

 

 

 

 

 

 

 

and the separator, or cage, functions to maintain the relation of the balls with the rest of 

the assembly.  The inner ring is usually fastened to the rotating shaft, with the groove on 

the outer diameter serving as the inner raceway.  The outer ring, incorporating a similar 

raceway groove in its bore, is mounted in the bearing housing.  These raceway groves 

usually have curvature radii of 51.5% to 53% of the ball diameter (Khonsari and Booser, 

2001).  Smaller raceway curvatures are generally avoided because of high rolling friction 

from the tight conformity of the balls and raceway and more restricted tolerance for 

Figure 1.2: Ball bearing terminology 
(Khonsari and Booser, 2001). 
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misalignment.  Although typical applications use the inner ring as the rotating ring, some 

application may require the inner ring fixed, with the outer ring rotating.  

 

1.5 Literature Review 

 

 Although rolling element bearing research pre-dates the beginning of the 20th 

century, the modern era generally can be assumed to start with the work of Palmgren.  

Palmgren along with Lundberg performed their bearing fatigue life study in the early 

1930s (Palmgren, 1945).  This study related bearing life to bearing load and bearing 

structure through the famous equation (Palmgren, 1945): 

 

           (1.1) 

 

where: λN is the life in millions of revolutions, C, is the specific capacity of the bearing in 

kg for a life of one millions revolutions, P is the bearing load in kg, and a is the load-life 

factor with a = 3 for ball bearings and a = 10/3 for roller bearings.  Palmgren (1945) 

discovered that slipping friction between the rolling elements and the inner and outer 

raceways was an important part in bearing mechanical friction.  However, due to the 

complicated nature of bearing mechanics and friction, Palmgren relied on experimental 

data rather than a theoretical expression.  Based on the experimental data, he was able to 

determine the bearing viscous friction torque from lubricant shearing.  With these 

equations, the average bearing temperature could then be calculated through the balance 

of the bearing heat generation and conduction and convention of the bearing assembly.  
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Lundberg and Palmgren’s work (1947), led to the International Organization for 

Standardization (ISO) being created along with the American National Standards Institute 

(ANSI) and the Anti-Friction Bearing Manufacturers Association (AFBMA).  The 

AFBMA develops standards for the load ratings and life of rolling element bearings (Yu, 

1999).  Palmgren’s equations are still popular at low speeds to estimate bearing friction 

torque. 

 After Palmgren and Lundberg, Harris further advanced bearing theory (Zhang, 

1993).  His work developed calculation methods for bearing load, ball motion, load 

distribution, and fatigue life as well as temperature considerations of bearings.  Prior to 

Harris’ work on temperature prediction in bearings, there was little in the field of reliable 

temperature prediction equations (Harris, 1964).  He was able to simplify the heat 

transfer within a bearing assembly and solve the system of equations to accurately 

calculate bearing temperature.  In his work, Harris illustrated the importance of proper 

node selection and that the accuracy of the analysis depends on the number of nodes 

within the system.  As modern computing technology has improved, the accuracy of 

Harris’ work has subsequently increased. 

 Fatigue life prediction has been an important area of bearing research starting 

with the Lundberg-Palmgren (LP) method for predicting useful bearing life.  Nearly 

seven decades have passed since first publication of their work and many other models 

have been developed.  Recent fatigue life models can be categorized into either 

engineering models or research models (Tallian, 1992).  Engineering models utilize 

extensive experimental data along with a simplified failure process to predict the useful 
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life whereas research models will target a specific portion of the failure process and are 

based on limited experimental data.   

 Although the LP model laid the foundation for fatigue life prediction in bearings, 

shortcomings have become apparent since the model was first published.  

Elastohydrodynamic Lubrication (EHL), developed in the late 1960s, expanded the 

knowledge of lubricating films under contacts and how the lubricating film separated the 

mating surfaces.  Also, experimental data was indicating much longer lives than predicted 

by the LP model under clean lubricant conditions (Yu, 1999).  The Ioannides and Harris 

(IH) model was a modification of the LP model and used the stress volume to relate to 

fatigue and fatigue life of bearings under different loading conditions (Ioannides and 

Harris, 1985).  This model includes aspects that were excluded from the LP model and 

was accepted as the manufacturer standard for SKF Industries in 1986.   

 Improvements to the fatigue life model continue to be made even today and will 

probably continue indefinitely as technology progresses.  In 1999, Yu (1999) developed a 

new stress based fatigue life model for rolling bearings and his results indicate the model 

could be a more accurate predictor than either the LP or IH model.  This work deviated 

significantly from the LP model by associating the fatigue life purely with the induced 

stress field in a power function form.  While the model was developed via an element test 

rig, it could be extended to an entire bearing assembly.  Since it is stress-based, the model 

is useful over the entire spectrum of bearing operating conditions.   

The previous fatigue life models considered useful bearing life ended at the onset 

of the initial spall (pitting of rolling elements).  Even with the initial damage, most 

bearings can be run for an additional amount of time before catastrophic failure would 
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occur.  Kotzalas (1999) developed a method to determine the amount of remaining useful 

life after the onset of the initial spall.  A ball/v-ring test rig was used to spall the bearing 

balls and continue spall progression.  Kotzalas (1999) reported that the spall progression 

and remaining bearing life as predicted in the mathematical models were reasonably close 

to the empirical data.  This model allowed for additional bearing run time to be achieved.   

 In the mid-1970s, Booser (1974) developed a forecast model for grease life in 

bearings.  Much of the work done by Palmgren (1945) and by Harris (1991) dealt with oil 

lubricated bearings and these researchers do not present any governing equation for the 

performance of grease.  Though oil-lubricated bearings represent a large portion of the 

bearings in use, many applications require sealed bearings that are grease lubricated; 

therefore it is important to predict the useful life of grease.  Booser (1974) was able to 

accurately predict the useful life of grease in bearings as a function of bearing type, load, 

speed, and operating temperature.  Additional refinements to the governing grease 

equation were made by Booser (1997) after utilizing data collected by Smith and Wilson 

from testing bearings in over 2000 fractional horsepower motors.   

 

1.6 History of Condition-Based-Monitoring  

 

Throughout the history of mechanical systems, maintenance has been a vital 

aspect of keeping a system operating.  As technology has progressed, maintenance 

approaches have become more sophisticated and have in turn created better reliability and 

reduced downtime in mechanical systems.  The common maintenance approaches are 

detailed below. 



10 
 

 

1.6.1 Failure-Based Maintenance 

 

This is the least effective maintenance method and, as the name suggests, requires 

a failure to occur before repairing the damage and falls under the category of reactive 

maintenance strategies.  If the cost of failure and the cost of repair are low, this can be an 

effective maintenance method.  However, when unexpected failures occur, this usually 

results in a loss of productivity and can be disruptive to existing activities. 

 

1.6.2 Time-Based Maintenance 

 

Due to the financial impact of failure-based maintenance, time-based maintenance 

evolved to stem the problems of failure-based maintenance.  This system relies on regular 

intervals of maintenance regardless of the condition of the equipment.  When components 

typically fail from fatigue over a period time, this is a very effective system.  The primary 

downfall of time-based maintenance is the random nature of failures.  Since no real-time 

monitoring is being performed, unexpected failures can cause long down times and high 

repair costs similar to failure-based maintenance.  A secondary problem of time-based 

maintenance is that at the designated time for inspection, perfectly good equipment is 

disassembled.  This not only has costs associated with needless repair or replacement but 

good components can become at-risk due to introduced containments or human-based 

reassembly error. 
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1.6.3 Reliability-Centered Maintenance 

 

This maintenance scheme was developed by the aircraft industry and consists of 

maintenance schedules developed on the principle that the reliability of systems and 

structures and the performance achieved are functions of design and build quality.  

Reliability-centered maintenance begins with a failure modes and effect analysis (FMEA) 

to identify all possible means of failure for each component based on its function.  Based 

on the FMEA analysis, a maintenance strategy is developed that focuses on the dominant 

causes of failure.  This strategy is composed of cost-effective tasks that preserve 

important machine functions. 

 

1.6.4 Condition-Based Maintenance  

 

Condition-based maintenance is based on evaluating the system from many 

aspects and assessing the current state of operation or performance.  This maintenance 

method has the benefit of being more economically efficient because maintenance 

schedules are driven by the current workload and state of the system.  Furthermore, 

expenses related to other components not monitored by the system but affected by the 

failure of the system are eliminated because the suspect component is removed before it 

has an effect on the rest of the system.    

 The first instance of conditioned-based-monitoring dates back to the 1940s in the 

United States.  Early infrared (IR) techniques were being used by the US Forest Service 
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to detect forest fires, by steel mills to monitor temperature uniformity in the heating of 

strip, the canning industry to evaluate soldered seams in tin cans, and the detection of hot 

joints on electrical transmission lines (Sharpe, 1982).  In the late-1950s, IR detection was 

being used on railway cars to locate overheated axle bearings.  Thermal imaging began to 

take off in the mid-1960s as semiconductor technology developed.  The military then 

applied this technology to night vision systems.   

Condition-based monitoring (CBM) in mechanical systems comes from the fact 

that bearings will eventually fail.  No bearing gives an unlimited length of service 

(Palmgren, 1945).  Regardless of how well bearings are lubricated, mounted, protected, 

and properly operated, bearings will eventually fail from fatigue on the surfaces in 

contact.  As illustrated in Figure 1.3, rolling bearings have a statistical life similar to light 

bulbs and humans (Harris, 1991).  Mechanical component CBM did not come to fruition 

until the early 1970s with the introduction of sensors and modern   

 

 

 

 

 

 

 

 

 

 Figure 1.3: Comparison of bearing life distribution with humans and 
light bulbs (Harris, 1991). 
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computing tools.  Prior to the early 1970s, most maintenance was performed on a fixed 

time schedule or in the event of a system or component failure (Bhushan, 2001b).  

Vinzintin et al. (2001) reported that even in 1973 some people were still using sharpened 

soapstone to balance rotating equipment.  With improvements in hardware, software, and 

sensor technology, monitoring components in real-time has become a reality.  The first 

type of CBM adopted in widespread industry use was vibration monitoring. 

Since vibration monitoring has been the industry standard, the bulk of the 

literature reviewed centered on this.  Selected work reviewed is detailed below; however 

this is not an exhaustive list as simply reviewing all the work would take up the rest of 

the document.  Other types of sensing are available, primarily temperature based, yet 

there is limited literature available on using temperature for CBM.  Karloff (1999) 

worked with roller bearings used in railroad cars and modeled the excitation vibrations of 

the cages to determine how cage life was affected.  High stresses generated in the cage 

reduced the fatigue life of the bearings and contributed to cracking of the cages which 

would eventually cause catastrophic failure in the bearings.  Karloff’s work sought to 

improve the design basis for the cages.  Single bearings were tested on a bearing test rig 

with individual components of the bearing being monitored with accelerometers to 

collect vibration data.  However, Karloff (1999) did not analyze a railcar as a whole 

system or analyze how the bearing operated within that system. 

The development of vibration processing algorithms has significantly improved 

the bearing fault detection capabilities.  Ocak (2004) created two frequency domain 

algorithms to estimate the running speed (in revolutions per second of the inner race) and 
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bearing defect frequencies from the Fast Fourier Transform (FFT) of the vibration data.  

After demodulating the vibration signals, Ocak (2004) then used a hidden Markov model 

(HMM) to represent both faulty and normal bearing conditions.  Faults were detected by 

comparing the output of the current HMM to the HMM trained for the normal case of 

operation.  The model was capable of detecting different types of bearing faults based on 

the energies of a wavelet packet decomposition of the vibration signal.  Fault causes were 

detected by the presence of energies associated with each fault type.   

A comparative study of various vibration-based techniques for condition 

monitoring of bearings was undertaken by Khan (1991).  Kahn explored the individual 

capabilities of various vibration-based techniques in an attempt to use them in parallel to 

develop a reliable and cost effective system.  A test rig was used to run several roller 

bearings to examine the techniques. Kahn discovered that Peak and Root Mean Squared 

(RMS) acceleration measurements in various frequency bands from 0 to 50 kHz can 

detect damage.  However, this method is insufficient to provide full detection confidence 

without information of the time waveform pattern and spectrum analyses.  Various 

frequency bands do not respond equally to dynamic changes due to damage.  Incipient 

damage excites high frequency resonances of the system.  RMS acceleration at this level 

could be successfully used to predict the remaining life through extrapolation of the trend 

curve forward in time until it exceeds a pre-defined “danger” level.  From Kahn’s 

investigation, a new technique, ratio analysis, was developed which monitors the ratio of 

various frequency bands, which is effective in monitoring bearing condition. 

Lai (1990) worked with small size, high speed bearings to better determine the 

relationship between developing failures and the change in vibration response.  The 
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results indicated that acceleration instead of velocity or displacement has the best 

capability to detect developing bearing faults and that monitoring of vibration is most 

accurate in the 6 kHz to 20 kHz range.  Within the acceleration sensing parameters, the 

conventional acceleration frequency range showed almost the same effectiveness as the 

high frequency range descriptors such as energy spikes.   

This work though has tended to be focused on the bearing itself or a spindle 

system consisting of two bearings, front and rear, that hold a high speed machine spindle.  

For instance, Chiu (1990) reported that current existing bearing monitoring techniques 

were ineffective in high noise environments.  Chiu’s work investigated using adaptive 

noise cancellation to filter the noisy signal and then analyzed the bearing condition 

through kurtosis analysis.  This was done on a motor/pump system monitoring the 

bearings in the motor.  The motor included two bearings, but only the bearing close to the 

water pump was monitored and defect frequencies for the inner and outer race, rolling 

elements, and cage were determined.   

The largest industry using temperature CBM is the railroad industry.  The railroad 

industry has what is referred to as “hot box” detectors which are positioned along the 

track to monitor train car axles as each car passes by the detector.  The detector monitors 

the IR wavelength of each axle as it passes by and if the wavelength exceeds a certain 

level, the detector sends a warning message to the train operator.  As of March 1993, this 

was the primary method for the railroad industry (Railway Age, 1993).  While the “hot 

box” detection system has been proven to be highly accurate, it still suffers from some 

flaws.  The first flaw is the amount of what the industry refers to as “false positives” - 

high IR readings that are not accurate.  One source of error is the sun.  As train cars pass 
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the detector, the opening between cars allows the sunlight to hit the detector, triggering 

an alarm.  At this time, most acoustic detector programs are dormant.  As of January 

1996, on-board detection systems were still in the development phase (Railway Age, 

1996).   

 

1.7 CNH Maintenance Strategy  

 

Currently, CNH employs a time-based and reactive maintenance strategy for 

servicing cutter bars.  During routine maintenance, the operator will check the cutting 

discs to determine if there is excessive wobble, which would indicate a failing bearing.  

However, this is typically based on operator intuition rather than a certain specification 

that disc wobble can be checked against.  Furthermore, on a spur gear cutter bar, idler 

gears are contained completely within the gearbox and virtually impossible for the 

operator to check.  Another approach an operator will use is to touch the top of the 

housing where each bearing is located and check if the bearing temperature feels 

excessive.  Again, this typically depends on the skill of the operator as many operators do 

not have the requisite tools to properly check this parameter. 

In custom cutting operations, machine operators are typically not skilled or not 

instructed in proper maintenance and servicing of the machine.  This creates an 

environment in which bearing failures has the possibility of increased occurrence, in 

which the reactive maintenance strategy takes over.  After a failure, the cutter bar is taken 

apart, the faulty bearing located and replaced along with other main components, such as 

gears, that might have been damaged or destroyed by the bearing failure.  The goal of a 
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CBM system is to create a preventative, proactive environment in which the suspect 

bearing is identified, located, and removed before failure thus saving unnecessary 

downtime and added costs in repairing or replacing other damaged components.  
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CHAPTER 2 

 

CUTTER BAR  

 

2.1 Cutter Bar Overview 

 

 The cutter bar is the first component involved in the haymaking process and starts 

the chain of events that will eventually lead to either chopped or baled hay that is 

predominately used to feed livestock.  The purpose of the cutter bar is to cut standing 

forage crops to facilitate the eventual chopping or baling and is coupled to a system that 

can include an auger to gather the cut crop, conditioner or flail rolls to both process and 

move the crop to the rear of the system, and windrow shields to lay the crop in a narrow 

strip for chopping and/or baling.   

 

 

 

 

 

 

 

 

 

 Figure 2.1: New Holland self-propelled windrower (Case-New 
Holland, 2007). 

Header

Cutter Bar  
Location 
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This system is generally referred to as a header and can be either pulled through 

the field (referred to as a pull-type mower) or propelled through the field (referred to as a 

self-propelled windrower), illustrated in Figure 2.1.  CNH is one manufacturer of hay 

cutting machinery and manufacturers both pull-type and self-propelled models of 

equipment. 

The cutter bar cuts standing crop by means of rotating discs with a free-swinging 

knife attached at each end of the disc, illustrated in Figure 2.2.  As the cutter bar moves 

through the field, the rotating knives cut the standing crop in front of the cutter bar and 

the disc propels the cut crop towards the rear of the header either into the auger or the 

conditioning rolls.  This is in contrast to a sickle mower where the crop is cut via a set of 

reciprocating blades.  The cutting discs rotate between 1500 and 2600 RPM which will 

serve as the basis for testing speeds.  Cutter bar RPM is dictated by crop conditions and 

 

 

 

 

 

 

 

 

 

 

 Figure 2.2: Cutting disc attached to the cutter bar (View from top, no knives 
attached for safety) (Picture taken by author). 
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machine travel speeds; small RPM changes can significantly affect cutting performance 

in different crops.  The cutter bar used in this study is being evaluated by CNH to replace 

the current production cutter bar.  The current production setup is a modular style where 

the discs are driven by a bevel gear setup with connecting (drive) shafts between each 

bevel gear pair, as illustrated in Figure 2.3.  The production cutter bar is unique in that 

each disc section is a self-contained gearbox with its own oil bath whereas the cutter bar 

in this study is a spur gear continuous oil bath type.   If spur gear cutter bars were to go 

into production, CNH intends to have two lengths available: a 10-disc model (4536 mm 

overall length) and a 12-disc model (5690 mm overall length). 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2.3: Current production modular bevel gear setup 
(Case-New Holland, 2007). 

Bevel Gearing 

Cross Shaft 
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2.2 Cutter Bar Setup  

 

The CNH cutter bar has three main components: cutter bar case, drive gear 

assembly and idler gear assembly.  The cutter bar case consists of two steel halves bolted 

together with an oil pan in the bottom half to retain oil, illustrated in Figure 2.4.  The 

idler gear assembly is comprised of the idler gear, single-row deep-groove ball bearing, 

and a top and bottom bearing spacer; illustrated in Figure 2.5.  The bearing is press fit 

into the bore of the idler gear and retained with snap rings on the bottom and top.  The 

drive gear assembly is comprised of the drive gear, double-row angular-contact bearing, 

drive gear housing, hub, disc, and knives (not pictured); illustrated in Figure 2.6.  The 

bearing is press fit into the top of the housing and retained with a snap ring.  The drive 

gear is then pressed in from the bottom and also retained with a snap ring.  Drive and 

idler gears are manufactured from 8620 heat-treated steel with 41 teeth on the drive gear 

and 45 teeth on the idler gear.  This gives the idler gears a 1:0.91 over speed when 

compared to the drive gears.   
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There are 10 drive gears and 18 idler gears on the 10-disc cutter bar and 12 drive 

gears and 22 idler gears on the 12-disc cutter bar.  With two idler gears between each 

drive gear, the discs rotate opposite to one another which is referred to as a counter-

rotating setup.  The discs are normally numbered left to right when looking at the rear of 

the cutter bar so the left-most disc is number 1 and the right-most disc is number 10 or 12 

(depending on the length of the cutter bar).  To drive the cutter bar, drive shafts are 

directly coupled to discs 1 and 10 on the 10-disc cutter bar and discs 2 and 11 on the 12- 

disc cutter bar.  The drive shafts are aligned vertically above the discs and are powered 

either by hydraulic motors or a belt-and-pulley setup.  

 

Cutter Bar Bottom 

Cutter Bar Top 

Figure 2.4: Cutter bar case (Solid 
models provided by CNH 

engineering). 
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Figure 2.5: Idler gear components (Picture taken by author). 
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Drive Gear 

Hub 

Ball Bearing 
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Figure 2.6: Drive gear components (Picture taken by author). 
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2.3 Cutter Bar Operation 

 

 The rotational configuration of the cutter bar can be setup in two different ways: 

counter-rotating and co-rotating.  Each disc in a counter-rotating setup spins in the 

opposite direction as the adjacent disc.  This creates a crop stream between each pair of 

discs.  The outer most discs will always rotate towards the center of the cutter bar 

because crop would fail to move over the bar into the windrow if the disc rotated away 

from the center of the cutter bar.  In a co-rotating disc setup, the discs on each half of the 

cutter bar rotate in the same direction.  This essentially creates a single crop stream in the 

center of the cutter bar as the crop from each end is propelled towards the center of the 

bar.  Illustrated in Figure 2.7 are the rotations of the both styles of cutter bar with the 

direction of rotation indicated by the arrows.           

 

 

 

 

1 2 3 4 65 987 10

1 2 3 4 65 987 10

Counter-Rotating Disc Setup 

Co-Rotating Disc Setup 

Direction of Travel 

Figure 2.7: Disc rotation terminology and disc numbering on a 10-disc cutter bar (Figure created by author). 
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2.4 Cutter Bar Oil and Oil Volume 

 

CNH recommends ISO VG 320 grade oil (SAE-60 gear oil equivalent) for use in 

the cutter bar.  Available makes of this oil are: Mobilgear 632, Spartan EP 320, Omala 

Oil 320, Sunep 1090, and Meropa 320 (P. Ehrhart, personal communication, 29 

November 2007).  For this study, Spartan EP 320 was selected to lubricate the cutter bar.  

For the two potential cutter bar lengths, the following volume of oil is required: 10-disc, 

4.5 L; 12-disc, 5 L.  The cutter bar supplied for this research was a 10-disc model; 

however certain limitations forced a reduction in the cutter bar length.  Reasons and 

justifications will be detailed in a later section.  Because of limitations the cutter bar was 

sectioned to 1299 mm.  The sectioned oil pan length is 1223 mm which requires an oil 

volume of 1.25 L.   

Oil depth was calculated for the original cutter bar length.  The original oil pan 

length was 4407 mm.  From the bottom of the oil to the top, there is a slight slope at each 

end; however this has been ignored for calculation purposes because the oil volume 

contained in this section is small when compared to the rest of the pan.  The sides of the 

pan are sloped and have been included in the oil depth calculations.  The cross section of 

the cutter bar is depicted in Figure 2.8. 

The original cross section was determined from the 3D models of the cutter bar.  

Simplifications were made to the original cross section for calculation purposes due to 

the complex shape.  A trapezoid was selected as the simplest shape most closely 

resembling the original cross section.  Measurements were taken from the 3D model to 

size the trapezoid.  There is gap between the bottom of the gears and the bottom of the  
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cutter bar which was measured on the actual cutter bar as 5.61 mm.  Due to the angled 

sides of the oil pan, Microsoft® Excel® was used to iterate the oil depth.  The cross 

section was divided into four areas: the center section without the gear train which stays 

constant as a rectangle, the center section that includes the gear train which also stays 

constant as a rectangle, and two triangle shaped areas at each side.  These areas are 

represented by the red lines in Figure 2.8.  Multiplying the cross section area by the 

length of the cutter bar yields the oil volume.  

The numbered areas represent different portions of the cross section.  Area 1 is 

the constant rectangle section of the cutter bar, Area 2 is the gear train, and Areas 3 and 4 

are the angled sides of the oil pan.  Areas 3 and 4 are mirror images of one another.  

Although Figure 2.8 shows a cross section of the cutter bar, this was done for illustrative 

purposes.  The calculations were done using the bottom pan area not the cross section 

area.  As the oil height was iterated, this was multiplied by the area to calculate the 

volume.  At 5.61 mm and below, the gear train does not interact with the oil and is not 

part of the calculations.  Once the oil passes the bottom of the gears, the gears are 

included in the calculations.  To simplify the calculations, each gear was modeled as a 

Figure 2.8: Cutter bar cross section with dimensions (Solid model provided by CNH 
engineering). 

19.8 mm 
5.61 mm 

115°

179 mm

201 mm

Area 3 Area 2 Area 1 Area 4 
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cylinder.  The face area of the drive gear is 18516.1 mm2 and face area of the idler gear is 

21870.9 mm2.  Total area of the 10 drive gears is 184193.2 mm2 and the 18 idler gears is 

393676.6 mm2 giving an overall face area of the gear train of 578579.5 mm2.  

Multiplying the face area by the height the oil passes the bottom of the gears equals the 

volume of oil displaced by the volume of the gearing.  Calculating the oil depth was done 

by guessing a value for the depth and using it to calculate the width of Area 3 and Area 4.  

The calculated width, x, was then used to check the guessed depth.  This was iterated 

until the depth values matched.  Equation 2.1 was used to calculate the width and was 

used until the oil depth reached the bottom of the gears.  Once the oil depth passed the 

bottom of the gear train, Equation 2.2 was used to account for the oil displaced by the by 

the gears (Equation 2.1 and 2.2 developed by author).   

 

4499887
4407 178.8                    (2.1) 

   

178.8 4407 578579.5 5.61 2 4407 tan     (2.2) 

 

where: x is the width of the Area 3 and Area 4 in mm, y is the oil depth in mm, V is the 

volume of oil remaining above the bottom of the gear train in mm3, and θ is the angle of 

the sloped part of the cutter bar case in degrees.  4499887 mm3 corresponds to a volume 

of 4.5 L and 4407 mm corresponds to the length of the oil pan in the 10-disc cutter bar. 

 After guessing a depth and calculating the horizontal length in the sloped area, the 

length was used to check the depth guess.  Equation 2.3 is used to check the oil depth: 
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                     (2.3) 

 

When y of Equation 2.1 matched y of Equation 2.3, the iteration was stopped.  The 

calculated oil depth was 5.61 mm where the oil just touches the bottom of the gear train.  

The measured oil depth was 5.79 mm which was determined by using a dial calipers.  

This is an error of 3.10% which is below the 5% threshold acceptable for this study.  

Equation 2.2 is used later to calculate the change in oil depth during testing of different 

oil volumes and to illustrate how a small change in oil depth translates into a large change 

in oil volume and the difficulty an operator has on accurately measuring the oil depth to 

determine the volume of oil in the cutter bar.      

 

2.5 Cutter Bar Bearings 

 

The cutter bar in this study uses two popular styles of ball bearings.  The first is a 

single-row deep-groove ball bearing.  Illustrated in Figure 2.9, this is the most popular 

rolling bearing (Harris, 1991).  Today, many deep-groove ball bearings are used with 

internal shields or seals (Brandlein et al., 1999).  This gives the bearing a long life and 

results in a compact design especially in situations where there is not room for a seal 

adjacent to the bearing.  This bearing is manufactured by SKF Industries and is sealed 

with steel sheet and nitrile rubber (NBR) on both sides to retain the grease lubricant and 

prevent the introduction of dirt into the bearing.    

The bearing is greased for life.  It is designed primarily to carry a radial load, 

although it can support small axial loads under certain conditions.  Because of the high 
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oscillation and the need for an appropriate ball diameter and ball complement to 

substantially fill the bearing pitch circle, the deep-groove ball bearing has a 

comparatively high load-carrying capacity when accurately manufactured (Harris and 

Kotzalas, 2007a).  With proper cage design, this bearing can withstand misaligning loads 

(moment loads) of small magnitude.  The second style of bearing is a double-row 

angular-contact ball bearing.  Depicted in Figure 2.10, this bearing is designed to carry 

combined radial and axial loads and is also manufactured by SKF Industries.   

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2.9: Single-row ball bearing with grease seals 
(Picture taken by author). 

Figure 2.10: Double-row angular-contact ball bearing 
with grease seals (Picture taken by author). 
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With a double-row configuration, axial loads can be carried in either direction and 

the bearing can effectively withstand moment loading.  The amount of axial loading that 

can be supported is based on the contact angle between the balls and raceways, illustrated 

in Figure 2.11.  Larger contact angles will support greater axial loading.  Bearings will 

small and large contact angles are illustrated in Figure 2.11.  The contact angle of the 

bearings used in this study is 40° which is also the recommended limit for the contact 

angle in angular-contact bearings (Harris and Kotzalas, 2007a).    

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Property Double-Row Single-Row 
Bore 35 mm 40 mm 
Pitch circle 
diameter 54.5 mm 60 mm 

Number of 
balls 2 x 14 9 

Ball diameter 11.112 mm 12.303 mm 

Cage material Polymid 66 glass 
fiber reinforced Polymer 

Grease type Shell GHG MT 33 

Table 2.1: Bearing specifications. 

Figure 2.11: Small and large contact angles for 
angular- contact bearings (Harris and Kotzalas, 2007a). 
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In similar fashion to the single-row bearing, the double-row bearing is also sealed 

on both sides and is greased for life.  The seals are sheet steel and NBR rubber.  Listed in 

Table 2.1 are brief specifications for both bearings.  Full specifications sheets for each 

bearing are located in Appendix B. Both of the bearings involved in this study are 

designed to operate between 3000 and 5000 hours (P. Ehrhart, personal communication, 

11 November, 2007).  
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CHAPTER 3 

 

SENSOR SELECTION 

 

3.1 Introduction 

 

 Before beginning testing, the first part of the research involved evaluating 

different styles of CBM to determine the best method for monitoring the condition of the 

cutter bar bearings.  Currently, there are many types of CBM commercially available.  

Some types are referred to as offline as they require the machine to be stopped and a 

certain parameter evaluated: e.g. taking an oil sample to determine the amount of debris 

from bearing wear.  While an offline system is useful in many applications and is 

typically more cost effective, CNH is not interested in an offline system because an 

offline system uses failure-based, time-based, or reliability-centered maintenance 

strategies as described in sections 1.6.1 to 1.6.3 and will not be discussed further.  An 

online system, in contrast, collects data in real-time and can relay the data to an operator 

or control system.  Online monitoring systems include installed sensors, wires, and signal 

processing equipment, as well as software to interpret the signals in real-time.  CBM 

reduces the likelihood that a catastrophic failure will occur between inspection intervals.  

 Based on the optimum type of CBM, the best sensor could then be determined.  

The sensor must give an electrical signal that can be monitored by the electronics in the 

tractor.  In a production setting, the CBM system would be integrated into the Controller 

Area Network (CAN) bus and would use the network to monitor the system performance 

and alert the operator of a pending failure.  Since this study concerns itself with first 
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assessing the feasibility of a CBM system on the cutter bar, integrating into the CAN bus 

is not addressed.  However, it should be relatively easy to connect this system to the CAN 

bus in the future were this system to go into production. 

 

3.2 Determination of Optimum Type of CBM 

 

 This section reviews the common CBM techniques that would be applicable for 

use in the cutter bar.  As stated previously, any offline CBM techniques will not be 

discussed in this section.  The reader is encouraged to consult the Modern Tribology 

Handbook by (Bhushan, 2001a and 2001b) and the Handbook of Condition Monitoring 

by (Rao, 1996) for an exhaustive list of CBM techniques (both offline and online) 

currently in use.  Listed below are the main types of CBM techniques that were reviewed:   

1. Vibration Analysis: This is the most well-established technique for detecting 

system irregularities.  When a sizable local defect occurs, continued rolling over 

the damaged area will create repetitive measureable shocks.  Each shock is 

dependent on the rotational speed and geometry of the bearing.  This includes the 

number of rotating balls, the diameter of each rotating element, bearing pitch 

diameter, and the contact angle between the rolling element and races.  The 

bearing supplier for the CNH cutter bars will have this data.  It should be noted 

that the calculated frequencies do not account for rolling element slip which in 

real life will occur  Calculated frequencies assume that a rolling element will 

maintain pure rotation with respect to the bearing race whereas in real life a 

rolling element will have some sliding along the bearing race.  This will cause 
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some discrepancy in the measured versus theoretical results.  Accelerometers are 

preferred for most vibration monitoring applications and are mounted directly 

onto the surface of interest (e.g. the bearing housing).      

2. Ferrography: Typically, oil debris monitoring is an offline technique, however 

the exception is direct reading (DR) ferrography.  This technique provides a direct 

measurement of the amount of ferrous wear particles present in the oil.  A sample 

of oil is drawn through a collector tube that lies over a magnetic plate.  Large 

particles in the oil (>15 microns) are strongly attracted to the magnet and build up 

at the entrance to the tube while smaller particles, which are weakly attracted by 

the magnet, deposit equally along the tube (Bhushan, 2001b).  The amount of 

light blockage at the collector entrance and along the length of the tube is then 

measured to determine the quantity of large and small particles.  These values are 

then correlated to the wear in the system.  After a failure mode is identified and 

repaired, the wear particles need to be removed from the collector and the system 

reset.   

3. Thermal Monitoring: This consists of contact and non-contact methods for 

measuring thermal properties.  Though bearings have been labeled antifriction 

bearings, there is never-the-less a small amount of friction generated during 

rotation.  The heat generation can be numerically calculated based on parameters 

similar to those in vibration analysis.  Thermal monitoring can be done by contact 

involving a thermocouple, resistance temperature detector (RTD), or thermistor 

attached to the area of interest.  Non-contact thermal monitoring uses 

electromagnetic waves caused by heat generation from the surface of an object.  A 
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sensor collects wavelength data and interprets it as temperature.  This technique 

can analyze large areas from safe distances and is done with an Infrared Radiation 

(IR) thermocouple.      

4. Acoustics Emission (AE) Detection: Acoustic emissions are stress waves 

produced by sudden changes in the internal structure of a material.  This can 

possibly be caused by cracks in the material which involve crack initiation and 

growth as well as material phase transformation.  As most sources of acoustic 

emissions are damage related, the detection and monitoring of these emissions are 

commonly used to predict material failure.  The AE detector measures signals 

over a threshold level and determines the peak of the signal as well as how many 

times the signal crosses the threshold.  The area under each signal event is the 

energy and will change as the component fails.  

5. Corrosion Monitoring: Corrosion is a chemical reaction of the surface of a 

component with its environment.  The electrochemical activity as the chemical 

reaction occurs can be monitored through electrical resistance probes.  The probe 

monitors the metal loss from corrosion.  As a component undergoes corrosion, 

there is a change in electrical resistance of the base metal which is detected by the 

probe.  These can be used in all working environments; however actual metal loss 

from corrosion must occur before a response is obtained.   

6. Magnetic Particle Monitoring: As a component fails, small amounts of metal will 

flake off and become suspended in the lubricating oil.  A magnetic chip detector 

will collect the metal fragments as they near the sensor.  As the particles buildup 

on the sensor, the current flowing through the sensor changes which indicates the 
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amount of material on the sensor.  Similar to DR ferrography, the sensor needs to 

be cleaned after a failure mode has been identified and repaired.   

The first system evaluated was vibration analysis since it is the most well-established 

CBM technique (Vinzintin et al., 2004).  For the purpose of this study, this type of CBM 

suffers from several shortcomings which do not make it a feasible type of CBM.  When 

performing vibration spectrum analysis, all the vibrations of the system are being 

recorded.  If signal frequencies are close to one another, the bearing vibration signal may 

not be as significant as the background noise.  Zhang (1993) investigated vibration 

monitoring in high speed spindle bearings and discovered that strong background noise 

interfered with the bearing signal.  It was also noted that vibration can be used to indicate 

the bearing defect situation and predict the remaining life, but typically cannot be used to 

detect severe bearing loading or lubrication failure.   

Zhang (1993) determined that a highly loaded bearing or a bearing with poor 

lubrication generally will not produce defect frequencies that can be analyzed to 

determine pending bearing failure.  Both of these situations can and will occur in the 

cutter bar bearings.  As the grease in the bearings decays, the bearings will suffer from a 

lack of lubrication, especially since the bearings cannot be re-greased.  Vibration CBM is 

most commonly used in plant operations on equipment that is fixed-mounted with fairly 

constant operating speeds.  The cutter bar is operated in a very dynamic environment: as 

the machine moves through the field, additional vibrations are transferred to the system 

from the terrain on which the machine is operating.  This requires additional signal 

processing by accounting for the vibration from external sources.  The cutter bar is also 

operated at multiple speeds and under changing loading parameters. 
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Zhang (1993) also investigated using AE detection on spindle bearings.  Zhang 

reported that AE signals have a wide frequency range, AE sensors are naturally resonant 

and the signals do not have a simple frequency response curve but rather a dominant peak 

and many other peaks.  In selecting sensors, sensitivity, frequency response, and size are 

important parameters.  Zhang (1993) reported in order to prevent attenuation and 

interference of the signal, the cabling should be as short as possible, a pre-amplifier 

should be placed as close to the sensor as possible, and the sensor should be placed very 

near to the AE source.  These requirements posed significant challenges for justifying AE 

detection.  The geometry of the cutter bar and header, as well as the distance between the 

cutter bar and operator’s cab, would have created numerous problems.  Also, similar to 

vibration analysis, the cutter bar is in a highly changing environment which requires 

additional signal processing to filter noise from the source.  

 The remaining monitoring techniques: ferrography, corrosion monitoring, and 

magnetic particle monitoring all suffer from the same downfall.  Because the cutter bar is 

in a continuous oil bath, these three techniques will only be able to detect an impending 

failure or increased component wear - not the actual location of the failure.  One aspect of 

this study is that impending failure not only needs to be recognized, but it is critical that 

the location be determined as well.  These techniques would require that the operator 

inspect the bearings to determine the location of the pending failure.  In the current 

production cutter bar where each disc module is a self-contained gearbox, these 

techniques could be useful in isolating the disc module that is failing.  This would still 

not identify the exact bearing as there are three bearings in each module, but it would 

significantly reduce the number of bearings that need inspection. 
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Based on this information, the optimum CBM system for the CNH cutter bar is a 

thermal monitoring system.  Thermal monitoring is used most extensively in the railroad 

industry to monitor the wheel bearing of the train cars.  Railway Age (1993, 1996) 

magazine reported that the thermal monitoring system in the railroad industry consists of 

IR sensors to detect the temperature in the wheel bearings.  These “hot box” sensors are 

interspersed along the track to periodically measure the bearing temperature.   

 

3.3 Types of Temperature Sensors 

 

     There are a variety of thermal sensors used in CBM systems and they can be broken 

into two distinct types - contact and non-contact.  Contact temperature sensors refer to a 

sensor being placed on the component being monitored.  This can include thermal paints 

and thermometers, but these types of contact temperature sensors fall into the offline 

sensor category and like other offline sensors will not be considered further.  Online 

contact temperature sensors include thermocouples, resistance temperature detectors 

(RTDs), and thermistors, which will be discussed further.  Non-contact temperature 

sensors are based on the principle that all objects emit electromagnetic waves 

proportional to their temperature.  By using a sensor that can detect electromagnetic 

waves, one can turn this information into temperature.  Non-contact methods have the 

advantage of sensing temperature from safe distances from the object of interest and can 

survey large areas in a short amount of time.  The most common non-contact sensor is an 

IR thermocouple.  A brief description of each sensor is found below.   
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3.3.1 Contact Sensors 

 

Thermocouple 

A thermocouple (Figure 3.3) consists of two dissimilar wires connected together at one 

end with a voltage measurement device connected across the free ends (Childs, 2001).  A 

temperature difference will generate a voltage between the ends, which is known as the 

Thermoelectric Effect (Rao, 1996).   

 

 

 

 

 

 

 

 

 

Resistance Temperature Detector (RTD) 

A RTD (Figure 3.2) is based on the principle that temperature and wire resistance are 

directly proportional.  There is a positive change in resistance for a positive change in 

temperature.  The temperature coefficient relates the amount of change in temperature to 

the change in resistance and is well known for many metals.   

 

 

Figure 3.1: Thermocouple probe 
(National Instruments, 2008). 
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Thermistor 

Thermistors are “thermally sensitive resistors” which possess a high negative temperature 

coefficient of resistance (Rao, 1996).  As the temperature near the thermistor increases, 

the resistance decreases.  Thermistors are constructed using metal oxides sintered to 

ceramic material; a thermistor is illustrated in Figure 3.3.   

 

 

 

 

 

 

 

 

 

Figure 3.2: RTD probe  
(National Instruments, 2008). 

Figure 3.3: Thermistor sensor 
(National Instruments, 2008). 
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3.3.2 Non-Contact Sensor 

 

IR Thermocouple 

An IR thermocouple (Figure 3.4) operates by 

detecting radiant energy wavelengths from the visible 

light portion to the infrared portion of the 

electromagnetic spectrum.  Since all warm bodies 

emit electromagnetic waves, the detector converts 

this radiant energy into an electric signal and this 

signal is interpreted as a temperature.  A number of 

these detectors added together make up a thermopile 

detector.     

 

3.4 Selection of Temperature Sensor  

 

As illustrated above, there are multiple types of temperature sensors that in 

essence do the same job.  When weighing the advantages and disadvantages of each 

sensor, it is important to consider the environment in which the selected temperature 

sensor will be placed.  It is important that the sensor(s) be rugged, as it will be in a dirty 

and dusty location.  The sensor(s) need to be cost effective, especially if more than one 

will be used.  The advantages and disadvantages are highlighted in Table 3.1. 

 

 

Figure 3.4: IR thermocouple 
(National Instruments, 2008). 
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Sensor Advantages Disadvantages 

Thermocouple 
Self powered 

Rugged 
Inexpensive 

Wide temperature range 

Non-linear 
Reference temperature required 

Least stable 
Least sensitive 

RTD Most stable 
Most accurate 

More linear than thermocouples 

 
Expensive 

Self-heating 
 

Thermistor High output 
Fast response 

Non-linear 
Limited temperature range 

Fragile 
Self-heating 

IR 
Thermocouple 

Wide temperature range 
Responds reliably; wavelengths 
in both visible and IR spectrum 

Complex 
Used in laboratory setting 

Requires blackbody calibration 
   

 It should be noted that although four different types of temperature sensors were 

reviewed in the section above, this is not an exhaustive list.  Childs (2001) lists 34 

independent methods of measuring temperature.  Many of these methods are either 

offline, not readily available, or designed for laboratory only testing.  The four sensors 

under consideration are the most cost effective and commercially available on the market 

today. 

The non-contact temperature sensor was removed from consideration based on 

two factors: cost and measuring capabilities.  Although on an absolute cost basis, a non-

contact sensor is relatively low cost (<$1000), when sensor cost is factored into the entire 

unit cost, it quickly becomes cost prohibitive to use a non-contact sensor.  Listed in Table 

3.2 are the cost per unit and total cost per 10-disc cutter bar.  While non-contact sensors 

can measure a wide temperature range and do this remotely, in the cutter bar application 

this becomes a problem.  As a non-contact sensor moves away from the surface of 

Table 3.1: Advantages and disadvantages of temperature sensors. 
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interest, it measures a greater area giving the average temperature over the entire area.  

The geometry of the cutter bar and header would require the sensor to be mounted a 

distance of at least 0.9 m away from the location of the bearing.  At that location, the IR 

thermocouple would cover an area with a radius of 1.55 m, averaging the temperature 

over that entire area creating a large measurement error.   

 

 

 

 

 

 

 

 

 

This would cause the sensor to monitor an area greater than the size of the bearing 

itself.  The mounting location is further complicated by having to mount the sensor above 

the cutter bar looking down on the cutter bar.  High measurement error will be introduced 

by the sensor measuring the temperature of the rotating disc and the crop flowing over 

the cutter bar.  There is no location that would allow a non-contact sensor to directly 

measure the temperature of the bearing or the bearing mounting surface. 

Based on the above listed information, thermocouple sensors were selected to 

monitor the temperature of the cutter bar bearings.  Thermocouple sensors are 12% of the 

cost of the IR thermocouples and 60% less than thermistor sensors which would have the 

Sensor Per Unit Cost Total 
Cost 

% Cost of 
Maximum 

IR 
Thermocouple 

    $159 (OS36-01 series) $4452 100% 

RTD $60 (PR-20-2-100 series) $1680   38% 

Thermistor         $47 (OL-701 series) $1316   30% 

Thermocouple  $19 (TTSS-116G series)   $532   12% 

Table 3.2: Cost analysis of temperature sensors. 
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second lowest cost.  Furthermore, thermocouples are more rugged than other contact 

sensors and can be directly mounted to the bearing of interest.  Other contact sensors 

need to be powered whereas thermocouples are self-powered.  However, thermocouple 

sensors do need a reference temperature to monitor the temperature at the location of 

interest.     

 

3.5 Thermocouple Sensors 

 

A combination of two dissimilar conductors, which may be metals, alloys, or non-

metals connected at one end, is known as a thermocouple (Michalski et al., 2001).  The 

point at where the two wires are joined is called the measuring location and is also where 

the temperature of interest is located, while the free ends are referred to as the reference 

junction, illustrated in Figure 3.5.  

 

 

 

 

 

 

 

 In 1821, Seebeck discovered that current flows in a closed loop of two dissimilar 

metals when their junctions are at two different temperatures (Michalski et al., 2001).  

Figure 3.5: The physical structure and notation of 
a thermocouple (Michalski et al., 2001). 
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The voltage generated by this temperature differential can be related to a certain 

temperature at the measuring junction if the reference junction temperature is known. 

The Seebeck effect (or Thermoelectric Effect), as Seebeck’s discovery is known 

(Michalski et al., 2001), is the generation of voltage in a conductor whenever there is heat 

transfer and is a consequence of electron movement when heat transfer occurs.  The 

magnitude of voltage generated is a function of the temperature difference between 

junctions as well as the type of conductor material (Childs, 2001).  This coefficient is 

used to calculate the voltage that a certain measured temperature will generate when the 

reference temperature is known, as illustrated in Equation 3.1 (Childs, 2001). 

 

                      (3.1)  

 

where: E is the voltage in µV, SAB is the Seebeck coefficient in µV/K, T1 is the reference 

temperature in K, and T2 is the measured temperature in K.  SAB is determined by taking 

the difference in Seebeck coefficients between conductor 1 relative to platinum and 

conductor 2 relative to platinum.  For the purpose of this research, the temperature is then 

converted to Fahrenheit before being outputted.  The versatility of the Seebeck effect 

gives rise to an almost limitless amount of combinations of conductors that can create a 

thermocouple.  However, there are currently eight standardized calibrations (known as 

types) which fall into three general categories: 

• rare-metal thermocouples (types B, R and S) 

• nickel-based thermocouples (types K and N) 

• constantan negative thermocouples (types E, J and T) 
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The thermocouple sensors used in this study are manufactured by Omega Engineering, 

Inc. are type T, and are series TTSS with a 1/16” sheath diameter.  A small diameter 

sheath was chosen to improve the response time of the thermocouple.  Industry 

applications typically use either Type J or Type K calibration, but Type T was selected 

for this study.  As illustrated in Figure 3.6, Type T has a smaller temperature range than 

either Type J or Type K.  However, Type T thermocouples have smaller standard limits 

of error than both Type J and Type K (±1.0% versus ±2.2%).  The normal operating 

temperature for the bearings is around 82.2°C (180°F) (P. Ehrhart, personal 

communication, 11 November 2007) therefore, the maximum operating range of 370°C 

(698°F) for Type T is sufficient.  Finally, type T resists moisture well which is critical 

since the cutter bar is sometimes used in a high moisture environment.    

 

  

 

 

 

 

 

 

 

 

 

 

Figure 3.6: Thermal emf, E, of commonly used thermocouples as a 
function of temperature (Thermocouple calibration denoted by 

letters B-T) (Michalski et al., 2001). 
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All thermocouples used in this study are sheathed to protect the thermocouple 

from its environment with an integral junction where the wire is welded to the sheath.  As 

illustrated in Figure 3.7, there are three types of junction configurations.  Type (a), 

integral junction, thermocouples are used in this study.  Exposed junction thermocouples 

respond the fastest, but exposed junctions are subject to their environment, while remote 

junction thermocouples are shielded, but remote junctions have lower response times.  

Remote junctions are useful in a high temperature environment where the thermocouple 

wires need to be protected from the heat.  Since the cutter bar environment is a relatively 

low temperature, the integral junction is the ideal type for this study. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 Figure 3.7: Thermocouple junction configurations 
(Magison, 1990). 
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3.6 Measurement Error 

 

The selection of a contact style sensor will create measurement error in the 

medium of interest by distorting the temperature in comparison to the original medium as 

illustrated in Figure 3.8.  The isotherms in the left-hand figure are undistorted while the 

right-hand figure depicts the change in isotherms as a contact sensor is placed on the 

surface of interest.  Non-contact sensors do not suffer from this problem as they are 

monitoring the temperature remotely.  This has been taken into account during this study 

and while there is an expected error from  

 

 

Figure 3.8: (a) Isotherms, lines representing constant temperature, in a solid body with a 
convective boundary condition at a surface. (b) Distortion caused to the isotherms due to the 

presence of a surface probe (Childs, 2001). 
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the true temperature value during operation, this is not of significance in this study.  The 

temperatures of interest only relate to the other temperatures being monitored not the 

absolute temperature of operation.  The temperature disturbance created by installing the 

thermocouple probe will be similar in all the bearings so the effect will be negated by 

having each bearing monitored at the same time.  
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CHAPTER 4 

 

METHODS OF ANALYSIS 

 

4.1 Introduction 

 

 This section contains the theoretical analysis of the bearings and cutter bar.  Two 

possible failure modes were investigated theoretically: cutter bar bending and bearing 

misalignment.  The former was evaluated to determine if lab testing was necessary and 

the latter could only be examined theoretically due to testing difficulties.  Possible 

bearing failure modes were reported as well as an evaluation of causes of cutter bar 

bearing failure.  Lubrication issues involving the greases used in the bearings were also 

investigated.  

 

4.2 Failure Modes 

 

 For a ball bearing, there are numerous potential causes of failure, but most are 

correctable once recognized and they can be easily eliminated.  (Harris, 1991) lists five 

root causes of bearing failure: mechanical damage, wear damage, lubricant deficiency, 

crack damage, and corrosion.  Mechanical damage results from improper machining or 

handling of the bearings during assembly and installation.  If the surfaces of the contact 

elements are marred, stress conditions will arise and significantly reduce the life of the 

bearing.  Material can be nicked off the bearing during rough handling and can become 

lodged inside the bearing causing raceway damage.  Mechanical damage can also result 
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from a condition known as brinelling.  Brinelling is a permanent indentation in the 

raceway that will ultimately lead to failure.  This can be caused by an overloaded rolling 

element, or by vibration that occurs when the bearing is not operating (i.e. during transit). 

 Wear damage arises from a gradual deterioration of bearing components.  Harris 

(1991) reported two distinct types of wear: adhesive and abrasive.  Adhesive wear is the 

removal of material from one mating surface and the transferring to the other mating 

surface.  When inadequate lubrication occurs, increased friction causes localized 

deformation and friction welding.  As this occurs, one surface becomes pitted and the 

other contains excessive material.  In contrast to adhesive wear, abrasive wear occurs 

when hard particles become located in the rotating elements.  The elements move relative 

to the contacting surfaces and create furrows in the surfaces. 

 Lubricant deficiencies allow the rolling elements to contact one another.  Under 

normal operating circumstances, the rolling elements are separated by the EHL film 

preventing metal-on-metal contact.  Improperly lubricated bearings have greater friction 

in the elements which leads to contacting surface deterioration and reduced life.  As the 

lubrication deficiency persists, the metal-on-metal contact creates plastic deformation in 

the contacting surfaces and eventually leads to fracturing of the surfaces creating fine 

steel particles.  The freed particles will then cause either adhesive or abrasive wear.  

Another problem with insufficient lubrication is an increase in operating temperatures 

which reduces viscosity which in turn increases frictional forces that make the conditions 

progressively worse. 

   Fatigue or overloading conditions can cause cracking of bearing components.  

Although cracking can occur during manufacturing, most cracks arise from cyclic 
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loading.  The stress states that arise are very complex and can be caused by combined 

effects of component residual stress state, static stresses imposed by mounting, and 

stresses superimposed by applied loads (Harris, 1991).  

 The final type of failure Harris (1991) reported is corrosion-initiated failure.  This 

is often the most difficult type to recognize.  Bearings that operate in moisture laden 

environments can experience surface oxidation whereby rust particles and pits can 

develop.  Similar to lubrication issues, these particles can produce rapid wear via 

abrasion.  The pits can function as stress raisers providing sites for crack initiation 

(Harris, 1991). 

According to (Harris and Kotzalas, 2007b), lubrication and contamination 

problems of ball bearings are the dominant causes of failure in the field, as illustrated in 

Figure 4.1.  Even under conditions of proper alignment, proper lubrication, and adequate 

protection, a ball bearing can fail from rolling contact fatigue, especially if the loading is 

sufficiently high.  

  

 
Figure 4.1: Frequency of occurrence of bearing failure modes (Harris and 

Kotzalas, 2007b). 
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Palmgren (1945) reported that under normal operating conditions, cages in ball 

bearings are lightly strained but are usually sensitive to poor lubrication.  Only in rare 

cases will fatigue cracks develop in cages, but where there is a lack of lubrication or dirt 

and wear particles, the cages may break and block the bearing (Palmgren, 1945).  Once 

the cage fails, the balls no longer have a retaining element and are unable to properly 

restrict the motion of the shaft. 

 

4.3 Identified Causes of Failure in the Cutter Bar 

 

 Based on the failure modes reported by Harris in Section 4.2 and personal 

communication with CNH engineering, causes of failure in the cutter bar bearings during 

field operation were identified.  The analyses in the following sections pertain to 

operational conditions in the cutter bar that lead to failure modes identified by Harris 

(1991).  The main failure mode of cutter bar ball bearings is fatigue failure that has 

several root causes.  Continued operation will eventually lead to catastrophic failure.  

Identified causes of premature failure are: shock or impact loading, lubrication failure, 

cutter bar bending, and bearing misalignment (P. Ehrhart, personal communication, 11 

November 2007).   

 Shock or impact loading results from the cutter bar contacting a solid object 

during field operation.  As the cutting discs are spinning at 1500 RPM or greater, there is 

significant energy transferred from the disc to the drive train.  This often results in 

damaged gears but also transfers additional loading into the bearings resulting in high 

contact stresses accelerating the fatigue rate.  Lubrication failure results from insufficient 
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grease in the bearing cavities which creates higher operating temperatures accelerating 

wear and increasing the metal-on-metal contact of components.  The bending of the cutter 

bar would result in higher contact stresses within gear teeth if the clearances between 

gears lessen and tooth - root contact occurs.  Finally, misalignment in the bearing would 

also cause increased contact stresses.  These potential causes are investigated below.   

 

4.4 Contact Stresses and Fatigue Failure 

 

 As the rolling elements within a bearing interact, loading occurs in only small 

contact areas between the elements.  Although loading may only be moderate, stresses 

induced on the surfaces of the rolling elements are usually large.  Harris and Kotzalas 

(2007a) reported that it is not uncommon for ball bearings to operate continuously with 

normal stresses exceeding 1380 N/mm2.  The classical solution of two elastic bodies 

contacting at a single point was first developed by Hertz in 1881 and today contact 

stresses are normally referred to as Hertzian or Hertz stresses (Harris, 1991). 

 The Hertz stresses are generated as the raceways and balls interact.  As the 

components are stressed through millions of cycles, subsurface cracks will develop in 

these areas.  Continued operation of the bearing will cause these cracks to propagate and 

eventually coalesce at the surface causing a portion of the contacting material to be 

removed.  This is referred to as spalling or pitting and will eventually cause even properly 

lubricated bearings to fail.  

 For the purpose of this study, it is assumed that normal operation of the cutter bar 

will not create excessive contact stresses that would reduce the bearing life substantially.  
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Essentially, the contact stresses that do occur would not reduce the life below the design 

life of 3000 to 5000 hours.  The interest, therefore, of this section is to evaluate the 

contact stresses generated by a shock or impact load.  As the disc impacts a solid object 

in the field, the force of the impact is transferred through the gear train.  Due to the 

pressure angle of the gear teeth, there are both tangential and radial loading during 

normal operation and shock loading.  The tangential load is what drives the gear train 

while the radial load creates stresses in gears and bearings.  During normal operation, the 

radial load is not sufficiently high to reduce the operating life below the design life.  

However, during an impact the loading is greatly increased to the point where the gear 

teeth can fracture.  The fracture of gear teeth limit the load transferred to the idler 

bearings so the maximum radial load is the maximum load the teeth will transmit before 

breaking.   

 The analysis started with determining the tooth load during normal operation and 

then calculating the maximum tooth strength to determine the percentage increase in 

loading on the idler gear.  The idler gear contact stress is being analyzed because these 

bearings are more susceptible to failure from impact loading than the double-row 

bearings due to the decreased loading potential. Therefore, it is assumed that failure will 

occur at the idler gear first.  Tooth loading during operation is determined from Equation 

4.1 (Shigley et al., 2004): 

 

            (4.1) 
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where Wt is the tangential tooth load in N, V is the pitch line velocity in m/s, and P is the 

power in W.  The power is based off of prior testing CNH had performed in Holtville, 

CA during the summer of 2005 (P. Ehrhart, personal communication, 23 November 

2007).  The maximum power observed during the California testing was 26.6 kW for the 

lower RPM and 49.9 kW for the upper RPM.  The pitch line velocity is based on the gear 

pitch diameter and the RPM as illustrated in Equation 4.2 (Shigley et al., 2004): 

 

           (4.2) 

 

where d is the pitch diameter in m, and n is the RPM.  The radial load is determined from 

the tangential load via the pressure angle of the gear tooth.  The idler gear has a 20° tooth 

pressure angle, based on specifications provided by CNH engineering.  Radial load is 

calculated by Equation 4.3 (Shigley et al., 2004): 

 

tan           (4.3) 

 

where φ is the tooth pressure angle.  The radial load was calculated for the minimum 

(1500 RPM) and maximum (2600 RPM) operating speeds of the idler gear: 1500 and is 

listed in Table 4.1.   

 With the normal operating loads determined, the maximum load before tooth 

failure occurred was then calculated.  Tooth strength in the tangential direction is based 

on the Lewis bending equation, Equation 4.4 (Shigley et al., 2004): 
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           (4.4) 

 

where Wm is the maximum tangential tooth load in N, σy is the yield strength of the gear 

tooth in MPa, F is the face width of the gear teeth in m, Y is Lewis from factor which 

takes into account the gear geometry and is dimensionless, Dp is the diametral pitch in 

teeth/m, and Kv is the pitch line velocity factor and is dimensionless.  Kv represents the 

loading effect on the gear teeth from the operational speed and was discovered in the 19th 

century by K. G. Barth (Shigley et al., 2004).  Kv is determined by Equation 4.5 (Shigley 

et al., 2004): 

 

. √
.

            (4.5) 

 

where V is the pitch line velocity in m/s.  The yield stress was provided by CNH 

engineering for the heat treated gears.  The yield stress used in the analysis was 1700 

MPa (T. Haus, personal communication, 6 March 2008).  Diametral pitch is the same for 

idler and drive gears and is 281.5 teeth/m.  The face width for the drive gear is 0.0156 m 

and for the idler gear is 0.0155 m, based on specifications provided by CNH engineering; 

the minimum tolerances specified for idler gear were used to represent the smallest radial 

load that could be transferred and thus determine how significant this is compared to the 

normal operating load.  The calculated Lewis form factor for the idler gear is 0.3992.  

Based on these values, the maximum tangential load was determined for both 1500 and 

2600 RPM.  Once the tangential load was determined, Equation 4.3 was used to 
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determine the radial load and these values are listed alongside the operating loads in 

Table 4.1.  

The radial load is transferred from the gear train to the raceways and rolling 

elements.  To keep terminology consistent, the maximum radial tooth load, Wm is equal 

to the ball radial load, Qr.  The radial tooth load will be now be referred to as the ball 

radial load.  A rolling element can support a normal load along the line of contact 

between the rolling element and the raceway, as illustrated in Figure 4.2 (Harris and  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Tangential 
Loading, N 

Operational Speed, RPM 
1500 2600 

Normal tooth load  1059.3 1146.5 
Maximum tooth 
load  8412.2 6754.1 

Radial Loading, N  
Normal tooth load   385.6   417.3 
Maximum tooth 
load 3061.8 2458.3 

Table 4.1: Tooth loads. 

Figure 4.2: Radially loaded ball (Harris 
and Kotzalas, 2007a). 
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Kotzalas, 2007a).  When the radial load, Qr, is applied to the ball in Figure 4.2, the 

normal load supported is determined by Equation 4.6 (Harris, 1991): 

 

           (4.6) 

 

where α is the contact angle in degrees.  In the case of the deep-groove single-row ball 

bearing α is 0° and therefore Equation 4.6 reduces to Q = Qr = Wm.  With the ball normal 

loads determined for the minimum and maximum operational speeds, the contact stresses 

within the idler bearings were determined.  Hertz assumed that the area of contact 

undergoing stresses formed the shape of an ellipsoid (Harris and Kotzalas, 2007a).  The 

compressive stress distribution during the point contact of the balls and raceways is 

illustrated in Figure 4.3.  Harris (1991) reported that for an elliptical contact area, the 

maximum compressive stress occurs at the geometrical center.  

 

 

 

 

 

 

 

 

 

 

Figure 4.3: Ellipsoidal surface compressive stress distribution of point contact 
(Harris and Kotzalas, 2007a). 
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The magnitude of this stress is calculated by Equation 4.7 (Harris, 1991): 

 

             (4.7) 

 

where σmax is the maximum compressive stress in MPa, a is the semi-major axis of the 

projected contact in mm, and b is the semi-minor axis of the projected contact ellipse in 

mm.  The semi-major and semi-minor axes are determined from Equations 4.8 and 4.9 

(Harris, 1991): 

 

0.0236           (4.8) 

 

0.0236           (4.9) 

 

where a* is the dimensionless semi-major axis of the contact ellipse, b* is the 

dimensionless semi-minor axis of the contact ellipse, Σρ is the curvature sum in mm-1.  

The curvature sum is the sum of all the radii of curvature of the bodies in contact, 

illustrated in Figure 4.4.  The curvature sum is determined by using Equation 4.10 

(Harris, 1991): 

   

Σ          (4.10) 
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where r is the raceway groove curvature radius in mm, while subscripts I and II denote 

the body of contact, and subscripts 1 and 2 denote the major and minor axes.  For the 

idler bearings of interest, there are two contact points: the outer raceway and the rolling 

element, and the rolling element and the inner raceway.  Because of this, there will be 

two sums of curvature, one for each contact point.   

 

 

 

 

 

 

 

 

 

 

 

The curvature, ρ, is a function of the radius of the contacting bodies, as defined in 

Equation 4.11 (Harris, 1991):  

 

            (4.11) 

 

where ρ is the curvature in mm-1 and r is the raceway groove curvature radius in mm.  

Equations 4.10 and 4.11 need to be expanded to encompass all points of contact to allow 

Figure 4.4: Geometry of contacting bodies (Harris and Kotzalas, 2007a). 
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the curvature sum to be determined.  The radii components, rI1 and rI2 are equal for outer 

raceway-rolling element contact and rolling element-inner raceway as follows (Harris, 

1991): 

 

          (4.12) 

 

where D is the rolling element diameter in mm. Focusing on the outer raceway-rolling 

element interaction, the remaining two terms, rII1 and rII2, are calculated as follows 

(Harris, 1991): 

 

          (4.13) 

 

           (4.14) 

 

where dm is the bearing pitch diameter in mm and fo is the dimensionless parameter of 

ro/D.  The equations for the rolling element-inner raceway are similar to the equations 

above.  Because Equation 4.12 is a function of just the rolling element diameter, the 

equation stays the same while Equations 4.13 and 4.14 change as follows (Harris, 1991): 

 

           (4.15) 

 

           (4.16) 
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where di is the inner raceway diameter in mm and fi is the dimensionless parameter of 

ri/D.  With all curvature radii determined for bodies in contact, the curvature sum is then 

determined.  The dimensionless contact parameters, a*
 and b*, are a function of the 

curvature difference between the bodies in contact.  The curvature difference is defined 

by Equation 4.17 (Harris, 1991): 

 

         (4.17) 

 

As with the curvature sum, the curvature difference has two values depending on which 

two bodies are in contact.  According to Harris and Kotzalas (2007a), present-day 

practice uses σmax = 3449 MPa as a practical limit for steel ball bearings.  Listed in Table 

4.2 are the values for the curvature sum and difference, axes, and contact stresses for 

outer raceway-rolling element and rolling element-inner raceway contacts for normal and 

maximum tooth load at minimum and maximum operating speeds. 

From Table 4.2, the contact stresses during normal operation are 3292.3 MPa and 

less at normal tooth loads during minimum and maximum operating RPMs which is 

below the 3449 MPa recommended by Harris and Kotzalas (2007a).  At the maximum 

tooth loads, the contact stresses exceed the recommended stresses; contact stresses are 49 

to 85% above the recommended stresses.  During shock loading, contact stresses increase 

significantly thereby reducing the life of the idler bearings.  As illustrated in Table 4.2, 

bearing life is reduced even during minor shock loading where tooth breakage does not 

occur.  A radial load of 500 N is enough to exceed the recommended contact stresses.  
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Contact stresses are also more severe for the rolling element-inner raceway contact than 

for the outer raceway-rolling element. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Bearing Interaction 
Outer Race-

Rolling 
Element 

Rolling-
Element-

Inner Race 

Curvature Sum, Σρ, mm-1 0.358 
 

0.372 
 

Curvature Difference, F(ρ), mm-1 0.091 
 

0.126 
 

Semi-
major 
Axis, a 

Normal 
tooth load 

1500 RPM 0.258 
 

0.261 
 

2600 RPM 0.264 
 

0.268 
 

Maximum 
tooth load 

1500 RPM 0.514 
 

0.520 
 

2600 RPM 0.478 
 

0.484 
 

Semi-
minor 
Axis, b 

Normal 
tooth load 

1500 RPM 0.228 
 

0.220 
 

2600 RPM 0.264 
 

0.226 
 

Maximum 
tooth load 

1500 RPM 0.455 
 

0.439 
 

2600 RPM 0.478 
 

0.408 
 

Contact 
Stress, 

σmax, MPa 

Normal 
tooth load 

1500 RPM 3134.5 
 

3206.7 
 

2600 RPM 2849.8 
 

3292.3 
 

Maximum 
tooth load 

1500 RPM 6253.4 
 

6397.5 
 

2600 RPM 5146.9 
 

5946.1 
 

Table 4.2: Contact stresses and associated parameters for rolling element interaction. 
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4.5 Grease Theory 

 

 While oil generally provides superior lubrication, grease is a common first choice 

for most ball bearings.  Although bearings are normally referred to as antifriction 

bearings, there is still an element of friction in the system.  Khonsari and Booser (2001) 

reported that from the viewpoint of lubrication, oil is more effective in carrying away 

heat, feeds more readily into loaded contact areas, and flushes out contaminants such as 

dirt, wear products, and water.  They further state that despite the desirable lubricating 

properties of oil, grease is more often used because of the possibilities for simpler 

housing design, less maintenance, and easier sealing against dirt and moisture.  

Regarding the CNH cutter bar, using sealed, grease lubricated bearings is important for 

two reasons: 1. The cutter bar operates in a dirty, wet environment in which a high 

amount of dirt and moisture could be introduced inside of the housing and 2. Because the 

cutting in the field can result in the cutter bar operating at an angle pooling oil in one half 

of the bar removing the lubrication source from the bearings in the other half. 

 Grease is made by combining three components: oil, thickener, and additives.   

Proper lubrication from the grease is maintained until half of its initial oil content is lost 

(Booser, 1997).  Once this occurs, friction rises to intolerable levels accompanied by 

increased wear of the bearing surfaces and early failure.  Loss of half of the initial oil 

content corresponds to the following percentage thickener, Sf in the grease at failure 

(Khonsari and Booser, 2001): 

 

100               (4.18) 
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where S0 is the percentage of thickener in the fresh grease.  A sufficient estimation of 

grease life can be determined from the operating temperature if the operational speed, N 

and the bearing bore, D are known.  This was first reported by Booser (1974) and is 

based on over 2000 grease life tests in ball bearings by Smith and Wilson (Booser, 1997).  

The results serve as a rough guide for life reduction in grease-lubricated, double-sealed 

bearings and enable quick estimates of grease life as a function of bearing temperature, 

size, speed, and load.  Grease life data was collected in four distinct operating regimes.  

The four regimes are: 

• Hot: Above 200 C: Rapid oxidation leads to shorter life. 

• Warm: Between 50 and 200 C: Most common operation. 

• Cool: Between 50 and -10 C: Grease life drops rapidly as temperature is reduced. 

• Cold: Below -10 C: Life not influenced by temperature. 

This is illustrated in Figure 4.5.  Booser (1997) suggests that the surprising decrease in 

life once temperature dropped below 50 C is explained by the fact that grease mobility 

decreases, which reduces the grease effectiveness.  For the “warm” operating range, 

which covers most typical applications including the operation of the cutter bar, the best 

correlation of mean life in hours was given by the following equation (Booser, 1974): 

 

log 1.91  
°

9.6  10       (4.19) 

 

where kf is the speed factor, D is the bore in mm, and N is the operating RPM.  Grease 

life versus temperature as a function of kfDN is illustrated in Figure 4.6.  Kf for the 
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single-row deep-groove bearing is 1.1 and kf for the double-row angular-contact bearing 

is 2 (Booser, 1997).       

 

 

 

 

Figure 4.5: Operational regimes for bearing temperatures (Booser, 1997). 
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4.6 Cutter Bar Bending  

 

As a beam bends, the total length of the beam is reduced the further away from 

the neutral axis one gets.  If the bending in the cutter bar is sufficient, the clearances 

Figure 4.6: Grease life versus temperature as a function of kfDN (Khonsari and 

Booser, 2001). 
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between gears in the gear train will be removed causing the gear teeth to interfere; gear 

interaction is illustrated in Figure 4.12.  Tooth interference will cause additional radial 

load to be applied to the bearings increasing the contact stresses between the rolling 

elements.  This was considered as a possible mechanism causing bearing failure and was 

modeled theoretically to determine if laboratory testing was necessary.  Based on the 

theoretical results, cutter bar bending situations could be set up in the Biosystems and 

Agricultural Engineering (BAE) laboratory to test the results.   

Two forms of bending were considered: simple beam bending and cantilever 

bending.  To simplify the analysis, the cutter bar was modeled as a simple beam with a 

pinned-pinned end and a pinned-free end.  In reality, the cutter bar is rigidly mounted at 

both ends but this simplification was made to reduce the difficulty in performing the 

analysis.  Another simplification was to limit the loading conditions; only static loading 

was considered.  The objective was to determine if static loading was sufficient to cause a 

failure based on the location of cutter bar supports.  If static loading was sufficient based 

on the analysis, this situation could then be tested in the laboratory to confirm the 

theoretical results.  The cutter bar experiences two types of loading: Point loads and 

distributed loads.  Distributed loads are a combination of the weight of the cutter bar case 

and the weight of the oil.  Point loads are the weights of the idler gear and drive gear 

assemblies.  The distances between gears were taken from the 3D model of the cutter bar.  

There are three distances used for calculations: 1. The distance between the outside drive 

gears and the end of the cutter bar, 2. The distance between the drive gear and idler gear, 

and 3. The distance between two idler gears.  Table 4.3 includes the loads and distances 

used for calculations.   
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In both cases of bending, calculations begin with the original length of the 10 disc 

cutter bar.  Cutter bar length is reduced in increments of 5% until only 5% of the original 

length is left; the final reduction is 2.5%, leaving only 2.5% remaining.  Although in 

production, the cutter bar would never have the original length supported at only two 

ends, this was done to determine the minimum required support spacing to support the 

weight of cutter bar and illustrate the effect the support length has on bending.  Table 4.4 

lists the effective cutter bar lengths at each percentage interval as well as the number of 

gear (idler and drive) used in the calculation.   

The maximum deflection for each case was calculated first.  For simple beams, 

maximum deflection was calculated for the center of the cutter bar and at the end of 

cutter bar for cantilever bending.  Deflection at the midpoint (for simple beam) and at the 

end (for cantilever) is calculated for the distributed load, each drive gear point load, and 

each idler gear point load.  Each individual deflection is added together to determine the 

overall deflection from all contributing parts, based on the superposition principle (Gere, 

2001).  Deflection is governed by the following equations (Gere, 2001): 

 

 

Location Load Distance Between, mm 

Cutter bar case and oil 0.027 kg/mm End and drive 
gear 

166.1 
 

Drive gear assembly    9.07 kg Drive gear and 
idler gear 

153.4 
 

Idler gear assembly    4.54 kg Idler gears 160.3 
 

Table 4.3: Loads and distances for cutter bar bending. 
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            (4.20) 

  

        (4.21) 

 

        (4.22) 

 

           (4.23) 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Percentage 
of Cutter 
Bar 
Supported 

Actual 
Cutter Bar 

Length, mm 

Number of 
Drive 
Gears 

Number of 
Idler Gears 

100% 4536         10         18 
  95% 4310 9         18 
  90% 4082 9         17 
  85% 3856 8         16 
  80% 3627 8         15 
  75% 3401 7         14 
  70% 3175 7         13 
  65% 2949 6         12 
  60% 2723 6         11 
  55% 2494 5         10 
  50% 2268 4 9 
  45% 2042 4 8 
  40% 1814 4 7 
  35% 1588 3 6 
  30% 1361 3 5 
  25% 1133 2 4 
  20%   907 2 3 
  15%   681 2 2 
  10%   455 1 1 
    5%   226 1 0 
    2.5%   114 0 0 

Table 4.4: Effective cutter bar lengths and total gearing.  
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 3           (4.24) 

 

where δ is the maximum deflection in mm, q is the distributed cutter bar load in kg/mm, 

P is the point load from the gears in kg, L is total cutter bar length in mm, a is the 

distance from the left end of the beam to the point load in mm, b is the distance from the 

right end of the beam to point load in mm, E is the modulus of elasticity in N/mm2, and I 

is the moment of inertia (area) in mm4.  

Equations 4.20, 4.21 and 4.22 represent bending for simple beams and Equations 

4.23 and 4.24 are for cantilever loading.  Equations 4.20 and 4.23 represent distributed 

loading deflection and Equations 4.21, 4.22 and 4.24 are for point loading deflection.  

Illustrated in Figure 4.7 are the basic free body diagrams for both types of bending; 

deflections are illustrated in Figure 4.8.  The modulus of elasticity used in the 

calculations is for the steel that makes up the cutter bar case and is 207 MPa.  The section 

modulus is simplified to only include the cross section of the cutter bar case and was 

taken from the 3D models.  The moment of inertia is 466179.2 mm4 and was determined 

by using the 3D models.  Listed in Table 4.5 are the maximum deflections for each type 

of loading.  As shown in Table 4.5, deflections can be extremely severe when the cutter 

bar is not well supported.   

 After determining the maximum deflections during static loading, radii of 

curvature for each situation was calculated.  From each radius of curvature, the change in 

length of the cutter bar as the distance from the neutral axis is increased could then be 

calculated.  The basic free body diagrams for radii of curvature for both simple  
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beam and cantilever bending are illustrated in Figure 4.8.  Angles of rotation θA and θB 

for regular bending and θB for cantilever bending are used to determine how far the cutter 

bar rotates from the horizontal axis during bending (Gere, 2001): 

 

 , for distributed loads      (4.25) 

 

  , for point loads       (4.26) 

 

  , for point loads       (4.27) 

 

Figure 4.7: Cutter bar beam free body diagram representations: simple beam distributed 
loading (top left), simple beam point loading (top right), cantilever distributed loading 

(bottom left), and cantilever point loading (bottom right) (Gere, 2001).  



74 
 

 , for distributed loads        (4.28) 

 

 , for point loads        (4.29) 

 

Equations 4.25-4.27 are used to calculate angles of rotation for a simple beam while 

Equations 4.28-4.29 are used for the cantilever angle of rotation.  As before, the 

equations containing q represent the rotation created by the distributed loading.  

Equations containing P represent the rotation created by point loads.  Depicted in Figure 

4.9 is the visual representation of angles of rotation for both simple beam and cantilever 

loading. 

 

 

With the angles of rotation determined then the radii of curvature are equal to the 

following equations (Gere, 2001): 

 

 
 

 , for simple beam bending      (4.30) 

 

Figure 4.8: Simple beam angles of rotation (left), cantilever angle of rotation (right) (Gere, 2001). 
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  , for simple beam bending       (4.31) 

 

 , for cantilever bending      (4.32) 

 

where ρ is the radius of curvature in mm and θ is the angle of rotation in degrees.  

Equations 4.30 and 4.31 again correspond to simple beam loading with Equation 4.32 

representing cantilever loading.  Figure 4.9 illustrates the radius of curvature setup in 

both a simple beam and cantilever bending.  Since there is only one radius in cantilever 

loading only a single equation is needed.  In simple beam bending of the cutter bar, the 

radii of curvature, ρA and ρB, are equal so the equations become redundant.  Knowing the 

radii of curvature, the length loss is then determined from the following equation (Gere, 

2001): 

 

          (4.33) 

 

where LL is length loss in mm, L is the original cutter bar length used in the calculation in 

mm, and y is distance from neutral axis in mm.  The neutral axis is centered vertical on 

the gear train so the maximum distance away from the neutral axis is ½ of the gear 

thickness equal to 7.5mm.  As illustrated in Figure 4.10, as the beam bends the length of 

line e-f becomes shorter while the length of line n-q becomes longer than the neutral axis.  

This becomes more pronounced as the distance, y, from the neutral axis (line s-s in the  
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Figure 4.10) is increased until it reaches the top of the beam (line A-B).  The length loss 

and the radius of curvature for each effective length are listed in Table 4.5  

 

 

 

 

 

 

 

 

 Figure 4.10: Length difference during beam bending as the 
distance from the neutral axis is increased (Gere, 2001). 

Figure 4.9: Radii of curvature for simple beams (left) and cantilever beams (right) (Gere, 2001). 
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along with the maximum deflections from Equations 4.20-4.24.  Once the length loss 

from bending was determined, the final step was to determine the total clearance in the 

gear train at each effective length.  The operating clearance, c, is the amount by which the 

dedendum in a given gear exceeds the addendum of the mating gear.  The dedendum is 

the depth of the gear tooth below the pitch line and is typically greater than the addendum 

of the mating gear (to prevent interference).  Gear tooth terminology is illustrated in 

Figure 4.11. To determine if the total clearance had been taken up, gear interaction was 

Simple Beam Bending, mm Cantilever Bending, mm 
Beam 
Length, 
mm 

Deflection Radius of 
Curvature 

Length 
Loss Deflection Radius of 

Curvature 
Length 

Loss 

4536.44 -34.251 29549 0.508 -679.800 37769 10.075 
4310.38 -27.896 31380 0.470 -552.809 40515   9.316 
4081.78 -22.480 33273 0.365 -454.174 43558   7.369 
3855.72 -17.873 35186 0.292 -352.949 50979   5.773 
3627.12 -14.032 37093 0.263 -283.073 55326   5.298 
3401.06 -10.816 38953 0.208 -212.916 66132   4.090 
3175.00   -8.200 40711 0.154 -165.581 72638   3.118 
2948.94   -6.048 42333 0.119 -119.376 89232   2.344 
2722.88   -4.345 43733 0.103   -89.123 99591   2.115 
2494.28   -2.966 44901 0.076   -60.682 126961   1.553 
2268.22   -2.012 45731 0.052   -42.808 144915   1.117 
2042.16   -1.326 50651 0.045   -29.298 166514   0.990 
1813.56   -0.816 63137 0.032   -17.428 230052   0.685 
1587.50   -0.480 71528 0.020   -10.778 274589   0.457 
1361.44   -0.261 94846 0.014     -5.458 420101   0.289 
1132.84   -0.126 111714 0.011     -2.832 536067   0.241 
  906.78   -0.039 167179 0.005     -1.055 998651   0.134 
  680.72   -0.008 214789 0.001     -0.375 1478377   0.061 
  454.66   -0.001 464440 0.000     -0.061 4767639   0.013 
  226.06    0.000 914624 0.000     -0.011 13505354   0.001 
  114.30    0.000 246212593 0.000     -0.001 184659445   0.000 

Table 4.5: Simple beam and cantilever bending deflections, radii of curvature, and length losses. 
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analyzed.  The minimum amount of clearance would be available when the tooth of one 

gear was centered in the width of space of the mating gear.   

 

 

 

 

 

 

 

 

 

When tip of the gear tooth is not centered in the width of space, extra clearance will 

be available which will lessen the effect of any length loss from bending, therefore the 

analysis only considered fully mated gear teeth.  There are three interaction cases that 

were considered; Figure 4.12 illustrates the mating of the drive and idler gears: 

1. Tip of drive gear tooth centered in idler gear width of space 

2. Tip of idler gear tooth centered in drive gear width of space 

3. Tip of idler gear tooth centered in idler gear width of space 

These three models are constantly in flux and minimum clearance will occur during 

a limited amount of time during operation.  For calculation purposes minimum clearance 

is assumed to be constant throughout and no measure is taken for the dynamics of 

operation.   Gear clearance is calculated by Equation 4.34 (Shigley et al., 2004): 

 

Figure 4.11: Gear tooth nomenclature (Shigley et al., 2004). 
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             (4.34) 

 

where c is the clearance in mm, Dr
 is the dedendum of the first gear in mating, in mm, 

and At is the addendum of the second gear in mating, in mm.  Located in Table 4.6 are 

the dedendum and addendum of the drive gear and idler gear as well as the operating 

clearances for each interaction mode.  The worst case for interference is when the idler   

 

 

 

 

 

 

 

gear tooth is meshing with the drive gear width of space, as should be expected since the 

idler gear has a larger pitch diameter than the drive gear, pitch diameters are 159.8 mm 

and 145.5 mm, respectively.  The gear teeth clearances used were the maximum tolerance 

for the tooth and minimum tolerance for the width of space.  This creates a situation with 

the smallest amount of allowable clearance, or the worst case scenario.   

Each individual gear pair is referred to as a node and each node clearance is added 

together to determine the amount of free space between all the gears.  The tooth 

alignment was determined using the 3D models from CNH as illustrated in Figure 4.12.  

Starting from the left end of the cutter bar, the first node could have one of two 

interaction scenarios: 1. Drive gear tooth and idler gear root or 2. Drive gear root and 

Interaction 
Mode 

Drive Gear 
Dedendum, mm

Mating Gear 
Addendum, mm 

Clearance, 
mm 

1 0.2001 0.1534 0.0467 

2 0.1736 0.1399 0.0337 

3 0.2001 0.1399 0.0602 

Table 4.6: Gear tooth dimensions and clearances. 
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idler gear tooth.  The second node is the two idler gears interacting so exact tooth-root 

arrangement is not important as the clearance remains the same.  The third node is again 

the idler gear and drive gear interaction and this pattern continues for the rest of the cutter 

bar.  In the first node, one drive gear tooth (or root) was centered on the centerline of the 

gear train as well as one idler gear root (or tooth).  Although alignment of all the gear 

teeth and roots was attempted in the model, there was some deviation from the centerline 

on the remaining gears.  To account for this, three combinations were created to cover the 

range of clearances.  The first was where the drive gear tooth-idler root and idler tooth-

drive gear root alternated between nodes; the second maintained drive gear tooth-idler 

root alignment throughout while the third maintained idler tooth-drive gear root 

alignment throughout.  On a full 10 disc cutter bar there are 27 nodes with 18 nodes 

consisting of drive gear-idler gear interactions and 9 nodes idler gear-idler gear 

interactions.  As the effective length is reduced the number of nodes decreased 

corresponding to which gears were still active in the calculations.  The total clearances 

for each combination of node and tooth-root interaction using minimum tolerance values 

are listed in Table 4.7. 

The length loss is the difference between the original length and the calculated 

length a distance of y away from the neutral axis.  If the length loss exceeds the available 

clearance for the gears in the calculation then there will be binding of the gears and 

additional contact stresses on the single-row and double-row ball bearings reducing the 

operating the life of the bearings and possibly the gears.   

 

 



81 
 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 Gear Interactions, mm 

Total Clearance Alternating 
Idler Gear 

Tooth-Drive 
Gear Root 

Drive Gear 
Tooth-Idler 
Gear Root 

27 Nodes 35.1 32.1 29.2 
26 Nodes 33.9 31.0 28.3 
25 Nodes 32.4 29.4 26.8 
24 Nodes 31.2 28.6 25.9 
23 Nodes 30.0 27.4 25.1 
22 Nodes 28.5 25.9 23.5 
21 Nodes 27.3 25.0 22.7 
20 Nodes 26.1 23.8 21.8 
19 Nodes 24.6 22.3 20.3 
18 Nodes 23.4 21.4 19.4 
17 Nodes 22.2 20.2 18.6 
16 Nodes 20.7 18.7 17.1 
15 Nodes 19.5 17.9 16.2 
14 Nodes 18.3 16.7 15.3 
13 Nodes 16.8 15.1 13.8 
12 Nodes 15.6 14.3 13.0 
11 Nodes 14.4 13.1 12.1 
10 Nodes 12.9 11.6 10.6 
  9 Nodes 11.7 10.7   9.7 
  8 Nodes 10.5   9.5   8.9 
  7 Nodes   9.0   8.0   7.3 
  6 Nodes   7.8   7.1   6.5 
  5 Nodes   6.6   6.0   5.6 
  4 Nodes   5.1   4.4   4.1 
  3 Nodes   3.9   3.6   3.2 
  2 Nodes   2.7   2.4   2.4 
  1 Node   1.2   0.9   0.9 

Table 4.7: Total clearance within cutter bar gear train based on nodal interaction. 
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By comparing Table 4.5 to Table 4.7, it is evident that even in the most extreme 

case of the cutter bar being supported at only two ends, sufficient clearance remains that 

there will not be a detrimental effect on the bearings.  Because the maximum distance 

away from the neutral axis (7.5 mm) is very small compared to the radius of curvature, ρ 

(29,549 to 246,212,593 mm), even though the maximum deflection can be very severe 

with the cutter bar only supported at the ends, the radius of curvature is so large that the 

length loss is minor when compared to total clearance.  Likewise for cantilever bending, 

Figure 4.12: Cutter bar gear train alignment and node layout 
(Solid model provided by CNH engineering). 

Node 

Left End 

Idler Gear 

Drive Gear 
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the radius of curvature (37,769 to 184,659,445 mm) is so large that although the length 

loss is greater than for the simple beam case (10.075 mm compared to 0.508 mm) the 

clearance is still greater than the length loss.  Although the deflections are severe (34.4 

mm for simple beams and 679.8 mm for cantilever) the clearance within the gear train is 

sufficient to prevent bearing damage from bending. 

 

4.7 Bearing Misalignment 

 

 As stated in the introduction, the single-row deep-groove bearing can withstand 

small amounts of misalignment.  Although misalignment could arise from a variety of 

sources, for this study bearing misalignment arises from either misalignment in the top 

and bottom halves of the cutter bar or improper installation of the bearings and spacers 

(P. Ehrhart, personal communication, 11 November 2007).  During prior inspections of 

the assembly of the cutter bar, CNH engineering noticed that the bolts holding the top and 

bottom sections together were improperly torqued when assembled creating a slight 

misalignment between the cutter bar case halves.  This is the focus of this section; to 

determine the amount of case misalignment that can occur before the bearings are 

adversely affected.  Since the double-row angular-contact bearing is designed to handle 

larger amounts of misalignment, and is not retained by the two halves of the cutter bar, 

cutter bar case misalignment will not cause failure in the double-row bearings.  

Therefore, the only concern is with the single-row bearing.  Allowable misalignment in 

the single-row bearings is dependent on several factors which will be detailed below.  

The first parameter is the bearing pitch diameter (dm) (Harris, 1991): 
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          (4.35) 

 

where di is the inner raceway diameter in mm and do is the outer raceway diameter in 

mm.  For the single-row ball bearing, the pitch diameter is 60 mm.  The diametral 

clearance, Pd, is calculated by Equation 4.36 (Harris, 1991): 

 

2           (4.36) 

         

where D is the ball diameter in mm.  Pd of the single-row ball bearings is 0.151 mm.  The 

final parameter necessary to determine the misalignment is the ratio of the inner and outer 

groove radii to the ball diameter, also known as f (Harris, 1991): 

 

            (4.37) 

 

where:  is the groove radius in mm.  Since the inner and outer groove radii are equal 

there is no need for separate equations.  The free angle of misalignment is defined as the 

maximum angle through which the axis of the inner ring can be rotated with respect to 

the axis of the outer ring before stressing bearing components (Harris, 1991).  Illustrated 

in Figure 4.13 is the free misalignment of the inner and outer rings as well as 

corresponding symbols.  Since the parameters of the inner and outer rings are the same, 

the misalignment angles, θ, will be equal and the equations will be the same.  Based on 

Figure 4.13, the law of cosines is used to determine the misalignment angle, calculated by 

using Equation 4.38 (Harris, 1991): 
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cos 1         (4.38) 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4.13: (a) Free misalignment of inner ring of single-row ball 
bearing, (b) free misalignment of outer ring of single-row ball 

bearing (Harris and Kotzalas, 2007a). 

Bearing race 

Bearing race 
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The free angle of misalignment is the sum of the inner and outer angles of misalignment.  

Through trigonometric identity, the free angle of misalignment can be determined from 

Equation 4.39 (Harris, 1991): 

 

2 1  2      (4.39) 

 

Based on the values calculated in the above equations, the maximum allowable 

misalignment of the single-row ball bearing is 0.457°.  Note how small the allowable 

misalignment is.  Because of the small misalignment, it is critical that the bearing be 

properly installed. The 3D cutter bar models provided by CNH were used to determine 

how much the two halves of the cutter bar case could shift relative to the vertical axis of 

the top and bottom mounting holes before bearing misalignment occurred.  The idler gear 

and the outer race of the single-row ball bearing were assumed to remain horizontal while 

the inner race rotated as the case halves shifted.  The case halves were shifted laterally 

until the free misalignment angle was reached, as illustrated in Figure 4.14.  Cutter bar 

case shift is not limited to simply lateral shift of the top and bottom halves, any shift in 

the horizontal plane relative to the vertical axis exceeding the allowable amount will 

result in excessive misalignment.   There is only a small amount of offset between the 

case halves before bearing misalignment occurs.  The 3D model started with the 

mounting holes concentric with the bottom half fixed as the top half was shifted.  From 

Figure 4.14, the offset between the case halves is 0.47 ±0.04 mm.  Therefore, it is critical 

that the cutter bar case be properly assembled and the bearings properly installed.  
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0.47 mm 

0.46° 

Figure 4.14: Cutter bar case misalignment (Solid model provided by CNH 
engineering). 
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CHAPTER 5 

 

TEST METHODOLOGY 

 

5.1 Test Rig 

 

The cutter bar, located at the BAE laboratory, is the smaller of the two models 

under consideration by CNH with 10 drive gears and 18 idler gears.  The overall length is 

4536 mm and the cutter bar has an approximate weight of 318 kg.  Due to the difficulty 

in handling the full cutter bar along with having a limited amount of power with which to 

run the cutter bar, the cutter bar was sectioned.  This was done not only to simplify the 

handling and power requirements, but to reduce the number of sensors required to 

conduct the tests.  The bar was cut between the third and fourth drive gear with 

everything after the third drive gear being removed.  This leaves three drive gears and 

Figure 5.1: Steel plate to seal open end of cutter bar (Picture taken by author). 
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four idler gears.  To close the open end, a steel plate was adhered to the cutter bar using 

high-strength silicone sealant, as illustrated in Figure 5.1. 

Sectioning the bar for testing simplicity was based on the following six assumptions: 

1.  The middle drive gear of the sectioned bar is representative of the entire middle 

portion of the bar from discs 2 through 9 (or discs 2-11 on a 12 disc cutter bar). 

2. The behavior of the middle drive gear can be applied to any one of discs 2 

through 9 (or discs 2-11 on a 12 disc cutter bar). 

3. The thermal error at the third gear due to sectioning and the different geometry 

from the steel plate adhered to the end will have a negligible effect on the 

behavior of either the first, second, or third gear. 

4. The idler gears will all have the same behavior. 

5. The bearing degradation during non-failure test runs is not significant enough to 

warrant bearing replacement.  

6. Power is evenly distributed through each gear in the gear train. 

A test rig was fabricated to hold the cutter bar and associated test equipment 

including the motor and dynamometer, as illustrated in Figure 5.2.  The cutter bar is 

driven by a hydraulic motor connected via a belt and pulley setup with a 1:1 reduction 

between the pulleys, illustrated in Figure 5.3.  On a production cutter bar, the cutter bar is 

driven by a vertically mounted drive shaft directly coupled to a hydraulic motor.  This 

prevents any radial loading on either the hydraulic motor or drive hub shortening the life 

of both.  Although the belt and pulley setup induces a radial load on the drive hub and 

hydraulic motor, this is not an issue as the loading is consistent for each run, similar to 

the measurement error introduced by the thermocouples in Chapter 3.  The hydraulic    
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Figure 5.2: Cutter bar test rig (shields removed) (Picture taken by author). 

Figure 5.3: Drive pulley setup (shields removed) (Picture taken by author). 
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motor is designed to handle a radial load and the increased radial load will only 

accelerate the failure rate of the bearing with failure being one of the research objectives. 

The cutter bar is loaded at the opposing end of the hydraulic motor via a right angle 

gearbox and a water brake dynamometer illustrated in Figure 5.4.  A right angle gearbox 

was needed to change the axis of rotation from vertical to horizontal for proper operation 

of the dynamometer.  The right angle gearbox has a maximum operating speed of 1750 

RPM while the cutter bar maximum speed is 2600 RPM, therefore a 1:1.51 reduction 

between the pulleys was used to keep the gearbox maximum speed under the allowable 

range.  The dynamometer is a water brake style which is essentially an inefficient water 

pump and is manufactured by Land-and-Sea, Inc. out of Concord, NH and can handle 

power up to 22 kW (www.land-and-sea.com). 

 

 

Figure 5.4: Loaded side of cutter bar with right angle gearbox and dynamometer (shields removed) 
(Picture taken by author). 
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5.2 Power Units 

 

 Two power units were used in this study, as illustrated in Figure 5.5.  The original 

test plan was to use a hydraulic trainer manufactured by Capital Engineering Co.  The 

hydraulic trainer is powered by a 5-hp 440 V electric motor and delivers 7.5 gpm at 1000 

psi.  After operating the trainer, it was discovered that the trainer would not have 

sufficient flow to operate the cutter bar at the high end RPM, as the maximum RPM from 

the hydraulic motor was 1650 RPM.  Also, once the cutter bar was loaded the hydraulic 

trainer did not have sufficient power to operate the cutter bar.  The BAE laboratory has a 

John Deere 6400 tractor that could deliver sufficient pressure and flow (2610 psi and 25.4 

gpm) to operate the cutter bar at the 2600 RPM level.  Although, the John Deere provided 

enough power, there was significant fuel consumption during testing and eventually the 

2600 RPM level during failure testing was eliminated in favor of being able to operate 

the cutter bar with hydraulic trainer so as to not use large quantities of diesel fuel. 

 

 

 

Figure 5.5: Power units; John Deere 6400 (left) and Capital Engineering Co. hydraulic trainer (right) 
(Pictures taken by author). 
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5.3 Data Acquisition  

 

The thermocouples selected in Chapter 3 were connected to a National Instruments 

(NI) data acquisition chassis.  NI data acquisition equipment and software was utilized to 

collect and process the cutter bar data.  A data collection program was written in NI 

LabVIEW® 7.1.  The front panel, depicted in Figure 5.6, serves as the control panel and 

contains numerical indicators displaying drive and idler bearing, oil, and ambient air 

temperature, cutter bar RPM, number of iterations, and file path.  Operator controls allow 

for toggling data collection on/off and to stop the test.  Test results are automatically 

saved in a LabVIEW® measurements file (LVM) and are then imported into Microsoft® 

Excel® for processing.  Figure 5.7 contains the block diagram which is the programming 

structure for the data collection program.  A larger version of the block diagram structure 

is located in Appendix C. 

 The NI data chassis, as illustrated in Figure 5.8, is a compact Data Acquisition 

(DAQ) (cDAQ)-9172 that has 8-slots that can hold up to eight C-series Input/output (I/O) 

modules.  The cDAQ allows for quick changes of different types of modules for 

collecting various types of data (temperature, strain, frequency, etc).  To record 

thermocouple measurements, two NI 9211 thermocouple modules were used.  Each NI 

9211 module has four channels and has built in cold junction compensation (to maintain a 

known reference temperature, T1) as well as anti-aliasing filters for high-accuracy 

measurements.  For RPM measurements, one NI 9401 transistor-transistor logic (TTL) 

digital I/O module was selected to collect pulse measurements from the optical RPM 

sensor.   
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Figure 5.6: LabVIEW® data acquisition front panel (National Instruments, 2008). 

Figure 5.7: LabVIEW® data acquisition block diagram (National Instruments, 2008). 
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5.4 Instrumentation 

 

 Five thermocouple sensors were used to measure temperatures of various parts of 

the cutter bar.  Three thermocouples were used to measure drive gear bearing 

temperatures with one sensor on each drive gear bearing.  A thermocouple was mounted 

on the number one idler gear and the final sensor was mounted in the cutter bar case to 

measure oil temperature.  Only one idler gear bearing was monitored because of the 

assumption that all idler gear bearings have the similar operational characteristics.  A 

sixth thermocouple was placed outside of the cutter bar to measure the ambient air 

temperature during operation.  An optical RPM pick up was used to measure operating 

speed of the cutter bar.  

Significant challenges were encountered when selecting a location for the 

thermocouple sensors.  To accurately measure the bearing temperature, the 

Figure 5.8: NI DAQ chassis (Picture taken by author). 



96 
 

thermocouples must be located as close to the bearing as possible, ideally contacting the 

bearing race.  If this is not accomplished, measurement error will be introduced from the 

thermocouple measuring the distribution of heat through the bearing supporting material.  

(Eisenmann and Eisenmann, 1998) recommended that the number of radial bearing 

temperatures sensors need to be increased if the ratio of L/D is greater than 0.5 where L is 

the length (width) of the bearing and D is bore.  As illustrated in Table 5.1, neither 

bearing used in this study has an L/D value greater than 0.5.  Because of this only one 

temperature sensor is needed for each bearing.   

 

Bearing 
Length 
(width), 

mm 

Bore, D, 
mm L/D 

Double-row 
ball bearing 33 72 0.46 

Single-row 
ball bearing 18 80 0.23 

 

 Bhushan (2001a) reported that the ideal location for a thermocouple sensor is in 

contact with the outer race of the bearing, mainly because in typical applications the outer 

race is stationary and mounted in a gearbox while the inner race supports a rotating shaft 

and rotates with the shaft.  However, this created a problem for monitoring the idler gear 

bearing(s) as the inner race is stationary while the outer race rotates as it is press fit into 

the idler gear.  Because of this, the thermocouple had to be mounted to contact the inner 

race of the single-row bearing.       

 Because some of the same challenges associated with IR thermocouples are also 

associated with contact thermocouples, mounting the thermocouples was difficult.  

Ideally, the thermocouples would have been installed inside of the gear case to eliminate 

Table 5.1: Bearing L/D. 
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the need for extra shielding of the extension wires.  Limited internal clearance as well as 

bearing location relative to the gears makes it infeasible to locate the thermocouples 

inside of the case.  The bottom half of the cutter bar is protected by metal plates called 

skid shoes that would protect the thermocouple wires, but since the double-row ball 

bearing is above the drive gear, the drive gear prevents thermocouple mounting and wire 

routing through the bottom of the case.   

To best contact the outer race of the drive gear bearing, a hole was bored and 

threads tapped into the steel hub and the thermocouple was mounted horizontally to 

contact the outer race.  This exposed the end of the thermocouple and the extension wires 

were routed on top of the cutter bar case.  A sectioned view of the drive gear housing 

with the thermocouple bore cutaway is illustrated in Figure 5.9.  The mounted 

thermocouple is illustrated in Figure 5.10.  In a production setting, the wires would need 

some type of encasing to protect them from the rotating disc and the subsequent crop that 

would be flowing over the cutter bar.  The design of shielding and subsequent mounting 

equipment is outside the scope of this study and would be part of the design for the 

production header.  

 

 

 

 

 

 

 

Figure 5.9: Thermocouple cutaway in the sectioned drive gear bearing housing (Solid 
model provided by CNH engineering). 

Thermocouple Cutaway 
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The idler gear bearing thermocouple mounting location is on the bottom of the 

cutter bar with the bottom bearing spacer drilled and tapped for the sensor.  This puts the 

thermocouple in a vertical position and the thermocouple contacts the bottom of the inner 

race.  The first idler gear bearing, located next to the first drive gear bearing, was 

monitored for temperature.  The location for the thermocouple bore was determined using 

the 3D cutter bar model, as illustrated in Figure 5.11.  The installed idler gear bearing 

thermocouple is depicted in Figure 5.12. 

 The thermocouple used to monitor oil temperature is installed in place of the drain 

plug, illustrated in Figure 5.13.  Similar to the drive and idler gear bearing 

thermocouples, the oil temperature thermocouple is sheathed and grounded.  The end of 

the thermocouple sits just above the top of the drain-plug-well so as to contact the cutter 

bar oil, but not interfere with the operation of the drive train.      

Figure 5.10: Mounted thermocouple for the drive gear bearing (Picture taken by 
author). 
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The RPM sensor, manufactured by Monarch Instruments, is an optical pickup 

type (www.monarchinstrument.com) and was mounted on the rotating shaft driving the 

Figure 5.11: Thermocouple cutaway in the sectioned bottom spacer 
(Solid model provided by CNH engineering). 

Figure 5.12: Installed idler gear bearing thermocouple (Picture taken by author). 

Thermocouple Cutaway 
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dynamometer .  An optical RPM pickup uses differing light and dark bands to determine 

the period of the rotating element.  A small strip of white tape was placed on the rotating 

shaft with the remaining portion black.  As the white tape passes by the sensor, it detects 

the color difference and sends a pulse measurement to the NI module.   

 

 

           

5.5 Test Plan 

 

 Initially, when laying out the test plan, the test runs were to be carried out at 

intervals of 200 RPM with the exception of the low end speeds at intervals of 250 RPM.  

This translates into test speeds of 1500, 1750, 2000, 2200, 2400, and 2600 RPM with the 

Figure 5.13: Oil thermocouple location (Picture taken by author). 
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objective of determining how the cutter bar responds under incremental increases in the 

operating speed.  Due primarily to time constraints and secondarily to financial 

constraints, the incremental operating speeds were abandoned, in favor of testing at the 

1500 RPM and 2600 RPM end ranges.  The data from each end was then tested for 

significant differences between the two speeds to determine if intermediate RPM ranges 

needed to be tested.  The following test runs were performed: No-load warm-up, loaded 

warm-up, side-hill operation, oil volume, and bearing failure.  

 Before testing began, the cutter bar was run with no load for 5 hrs to break the 

bearings in.  Since the first part of testing did not involve bearing failure, the same 

bearings were used for each test to eliminate disparities by installing new bearings.  Each 

type of test was repeated several times to create several samples.  Initially, the entire test 

plan was randomized to minimize selection bias, but the setup required for some of the 

tests required the test plan to be modified.  Also, when testing was started the control box 

for the dynamometer was not functioning and had to be returned to the manufacturer.  

Because of this, some tests were performed without using the dynamometer and were 

randomized with the no-load warm-up runs, as illustrated in Table 5.2.  Randomization 

for the other tests was not a practical option as will be described below. 

 Ambient temperature was monitored during the entire testing phase.  Large 

changes in the ambient air temperature around the cutter bar affect the heat transfer in the 

system.  The air temperature was controlled to best extent allowable in the shop.  The 

RPM for each test run varied up to ± 50 RPM from the test RPM.  Although attempts 

were made to hold the RPM to a closer tolerance, it was not feasible with the hydraulic 

system used to power the cutter bar.   
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 Random Table 

Test RPM Replicate Randomization 
(in Excel®) 

Run # 

No-load warm-up 

1500 
1  182 11 
2    83   4 
3    96   6 

2600 
1  199 12 
2      3   1 
3  127   8 

Side-hill operation 

1500 
1    87   5 
2    19   2 
3  161   9 

2600 
1    52   3 
2  100   7 
3  170 10 

  

5.5.1 Warm-up Runs 

 

 Warm-up runs were done at 1500 RPM and 2600 RPM for the no-load situation 

and 1800 RPM and 2600 RPM for the loaded situation.  The warm-up runs establish a 

baseline for operating parameters with which to compare the other tests.  Trying to load 

the cutter bar at 1500 RPM caused the dynamometer to become unstable and would drop 

the operating RPM below 1000 RPM.  1800 RPM was the lowest operating speed that 

could be maintained with load on the cutter bar.  The warm-up runs were all powered by 

the John Deere 6400 and the cutter bar oil was at the recommended volume for normal 

operation (for the sectioned cutter bar): 1.25 L.     

 

Table 5.2: No-load warm-up and side-hill run randomization. 
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  5.5.2 Side-hill Operation Runs 

 

 Prior generations of spur gear cutter bars used non-greased bearings that were 

lubricated by the oil bath in the cutter bar.  When the machine is operated on a hill, the 

cutter bar becomes angled which causes the oil to pool on whichever side is the lowest.  

This caused problems with the oil lubricated bearings as there would be insufficient oil to 

keep the bearings properly lubricated causing premature failure.  Because of this the 

industry changed the bearings to sealed, greased-for-life (P. Ehrhart, personal 

communication, 15 January 2008) to maintain lubrication within the bearings even if the 

oil has pooled to the other end of the cutter bar.   

The purpose of this testing was to evaluate the effect of cutting on a side-hill on 

the sealed greased for life bearings to determine if there is a difference in operating 

temperatures between the bearing at the bottom of the cutter bar and the bearing at the top 

of the cutter bar.  Each individual drive gear bearing was also compared to the operating 

temperature of the drive gear bearing when horizontal (during the warm-up runs).  

Although sustained cutting in an angled position is not a typical operation, the cutter bar 

can be in an angled position for significant periods of time.  To reduce the number of test 

runs needed, this study examined the effect at the extreme range of slopes expected to 

determine the significance at those levels.  Further refinements could then be made, if 

necessary.  The maximum recommended operating angle for mowing is a grade of 25%, 

which corresponds to an angle of 12.5° (Danielsen et al, 1999).  The author 

acknowledges that there are probably operators that cut on steeper grades, but this is the 

maximum recommended angle.   
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The cutter bar was propped up on one side as illustrated in Figure 5.14.  It was 

assumed that cutter bar bearing temperature performance would be similar enough 

regardless of which side of the cutter bar was propped up.  At this point in the study the 

dynamometer was not operational because of a failed control box so testing was 

performed with the cutter bar unloaded and was done in conjunction with the no-load test 

runs.  As in the no-load warm-up runs, the cutter bar was powered by the John Deere 

6400. 

 

 

5.5.3 Oil Volume Runs 

 

The cutter bar oil volume is crucial to proper bearing operation and too little or 

too much will contribute to accelerated bearing degradation (P. Ehrhart, personal 

communication, 13 December 2007).  Though the bearings are double-sealed and greased 

Figure 5.14: Simulated side-hill operation of the cutter bar (Picture taken by author). 

Horizontal 

12.5° 
Angle 
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for life, the additional heat generated from an incorrect oil volume will quickly degrade 

the grease.  While the primary failure mode in this situation would be grease degradation 

causing metal-on-metal contact in the bearing, it stems from the oil volume in the cutter 

bar and this can be reliably controlled in the lab.  This is an important situation to 

replicate since the cutter bar is one continuous gearbox, and in a field situation 

maintenance is often performed with nothing more than a visual inspection of the oil 

volume.  Since a slight variance in the height of the oil can have a dramatic effect on the 

volume of oil in the cutter bar, it would be easy for an error to occur in the volume of oil 

in the cutter bar.  Furthermore, the reality is that many operators are either ill-trained or 

too busy to accurately monitor the gearbox oil.  Therefore, it is critical to develop a 

reliable way to monitor oil volume in the cutter bar independent of the operator. 

Test runs were performed at increments of 25%, 50%, 75%, and 100% above the 

recommended volume of oil and at an oil volume decrease of 50%.  These increments 

were chosen to provide an even spread for measurements and could be refined if 

necessary.  If large temperature differences were discovered, additional tests with smaller 

changes in oil volume could be performed to highlight the effect of varying oil volumes.  

Each 25% change in volume translates into 312.5 mL of oil.  As illustrated in Table 5.3, 

there exists a challenging situation for properly discerning the volume of oil in the cutter 

bar based on the depth. Doubling the volume of oil in the cutter bar to twice the 

recommended volume changes the height by only 16.3 mm.  This highlights the 

importance of monitoring the effect of the change in oil volume on bearing temperature 

without relying on the operator to accurately measure the oil depth in the cutter bar.  

Initially changing oil volume was part of the randomized block design, but the difficulties 
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in adjusting the oil volume between tests forced the tests to be done sequentially.  After 

the 1800 and 2600 RPM loaded warm-up runs were done, oil was added in 312.5mL 

increments and the two RPM levels rerun.  This continued until twice the recommended 

amount of oil was added.  The oil was then removed to 50% less than recommended.   

The John Deere 6400 was used to power the cutter bar.  Three runs were done for 

each RPM, 1800 and 2600, at each oil volume.  Since the dynamometer became unstable 

below 1800 RPM, 1800 RPM was used as the low operating speed.      

   

% Change in 
Oil Volume 

Volume of 
Oil in Cutter 

bar, L 

Calculated 
Change in Oil 

Depth, mm 
 -50% 0.625  -2.769 
    0% (Full) 1.250   0.000 
  25% 1.563   4.902 
  50% 1.875   9.119 
  75% 2.188 12.827 
100% 2.500 16.281 

  

5.5.4 Failure Runs 

 

 The final portion of testing was running the bearing to failure to monitor the 

temperature profile.  The temperature profile was analyzed to determine the feasibility of 

using temperature to monitor bearing condition and to alert the operator of impending 

failure.   

 Each bearing was run to failure.  Failure criterion was defined as when the disc 

wobbles more than 1 mm whereby CNH recommends replacing the bearing (M. 

Harkcom, personal communication, 27 June 2008).  Previous cutter bar testing had been 

done at CNH to evaluate bearings and the test methodology from this was used as the 

Table 5.3: Oil volumes and depths. 
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basis for the failure runs.  To fail the bearings in the CNH tests, a mass was placed on one 

side of the drum to create a load imbalance on the disc.  A cutter bar drum is a cylindrical 

fixture that is mounted on the top of the disc to help move crop over the cutter bar.  The 

mass is attached to the top of the drum so that the centripetal force acts along the vertical 

axis creating a moment on the bearing, increasing the radial load.  This has proved 

effective in reducing the life of the bearings.  The mass that was used was 113 g; a mass 

greater than this created excessive vibrations in the cutter bar and test rig (M. Harkcom, 

personal communication, 7 December 2007).   

 No drum was used on the cutter bar in this testing so a fixture was fabricated to 

mount to the drive shaft as illustrated in Figure 5.15.  The mass was 127 mm above the 

top of the bearing and 102 mm away from the center of the driveshaft.  Centripetal 

loading of the drive shaft is illustrated in Table 5.4 for the cutter bar.  Equation 5.1 was 

used to determine the load on the driveshaft (Beer and Johnston, Jr., 1996): 

 

           (5.1) 

 

where Fc is the centripetal force in N, m is the imbalance mass in kg, v is the linear 

velocity at the location of the mass in m/s, and R is the radius from the center in m.   

 

RPM Centripetal Force, N 
1500   426.2 
1600   484.9 
2600 1280.4 

 

 

Table 5.4: Centripetal loads on the first drive gear 
bearing. 
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Although, a 0.113 kg mass was used for the CNH testing, the potential time to 

failure was significantly higher than what would have been practical for this testing so the 

mass was increased.  At a mass of 0.300 kg, there were extreme vibrations in the test rig 

to the point where it was affecting the thermocouple performance.  Illustrated in Figure 

5.16, is the drive gear 1 thermocouple performance at this mass.  Therefore, the mass had 

to be below this level to maintain a stable operating regime for the thermocouples.  A 

mass of 0.170 kg kept the rig from having extreme vibrations and did not adversely affect 

the thermocouple performance.  In a production setting, erratic thermocouple behavior 

may be able to indicate problems in the cutter bar; however, it is outside the scope of this 

study and will not be considered further.  

 After operating the bearing for over 80 hours with no noticeable change in 

operating temperature, the rig was stopped and the bearing removed.  The races and balls 

Figure 5.15: Weight imbalance fixture for loading the first drive gear bearing (Picture taken by 
author). 
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did not have any appreciable wear and the cage was fully intact.  Because of time 

considerations, the required time to failure was excessive.  In an attempt to reduce the 

time-to-failure, a new bearing was disassembled and the grease removed from both sets 

of balls.  The bearing was then reassembled and installed in the first drive gear and run 

for over 40 hours.  No noticeable wear was visible on the races, balls, and cages.  In an 

effort to create failure in a reasonable amount of time, a new bearing was prepped by 

again removing the grease and then filling the top half of the bearing with a ½ tablespoon 

of Briggs and Stratton 120-grit valve lapping compound and then reassembling the 

bearing as illustrated in Figure 5.17.  This reduced the time to failure to less than 8 hours. 

 

 

  

Figure 5.16: Vibration effect on thermocouple performance from unbalanced loading. 
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Six failure runs were performed on the first drive gear bearing at 1600 RPM.  

Initially, the John Deere 6400 was used to power the test rig, but due to the significant 

run time while trying to create a failure, the hydraulic trainer was used to power the rig.  

The maximum RPM that could be attained was 1600 RPM which was used as the basis 

for testing.  After completing the runs on the first drive gear, a bearing was prepped for 

the second (middle) drive gear.  For the second drive gear bearing, there was no side 

loading from the weight imbalance as the spindle used to mount the load imbalance 

fixture was still attached to drive gear 1.  Without the additional radial loading, the 

Briggs and Stratton 120-grit valve lapping compound alone was insufficient to fail the 

bearing in less than 20 hours.  Because of this, the middle drive gear bearing testing was 

stopped and failure analysis performed on the drive gear 1 bearing data.        

 

 

 

 

Figure 5.17: Internal components of a clean bearing (left); internal components after valve lapping 
compound was added (right) (Pictures taken by author). 
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CHAPTER 6 

 

RESULTS AND DISCUSSION 

 

6.1 Introduction 

 

 This section contains the results and analysis from the tests that were conducted 

on the cutter bar.  Warm-up runs were performed for various operational speeds along 

with the following tests: side-hill operation, oil volume, and failure runs with 

corresponding temperature data for each test.  During each run, the cutter bar was 

warmed-up to steady state and then operated for a period of time under steady state 

conditions.  For no-load tests, the cutter bar was brought up to operating speed within the 

first 10-15 seconds of starting the test; for loaded tests, the cutter bar was brought up to 

speed in the same fashion as no-load tests and then load was applied via the water brake 

dynamometer.  Data used in the analysis was taken from the steady state part of the run.  

The data collected from the NI instrumentation was imported into Microsoft® Excel® for 

processing.  The steady state data was averaged in Excel® and then statistical analysis 

was performed using JMP® from SAS® (www.jmp.com).  The level of significance used 

was 0.05.   

 

6.2 Warm-Up Runs 

 

 Three no-load warm-up runs were performed at 1500 and 2600 RPM, 

respectively.  Test speeds varied ±50 RPM from the target speed.  Although a smaller 
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range of RPM was preferable, the test rig could not be held to a finer tolerance.  During 

the no-load warm-ups, no additional load was applied from the dynamometer; however, 

the right angle gearbox remained part of the cutter bar system to allow the optical sensor 

to monitor RPM.  Illustrated in Figure 6.1 is a typical test run depicting the warm-up 

period and the steady state period.  Temperature data were recorded at 1 Hz or one 

sample per second for each channel.  Six channels of temperature data were taken: drive 

gear 1, 2, and 3 bearings, idler gear bearing, oil, and ambient temperature.  The data from 

the steady state portion of the run were averaged and are listed in Table 6.1. 

 

 

 

 

Figure 6.1: Warm-up run illustrating warm-up period and steady state period temperatures.

Warm-up Steady state 
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Prior to starting the remaining tests, the warm-up runs were performed to 

establish a baseline for cutter bar temperature operation.  Each warm-up was run for one 

hour: a 30-minute warm-up period and a 30-minute steady state period.  Several 

preliminary runs were performed to establish the warm-up period.  No-load power 

required to drive the cutter bar for the low and high end operating speeds was 0.22 and 

0.37 kW, respectively. 

 

 

 

  

 

 

 

 

 

 

The loaded warm-up runs were performed in the same manner as the no-load 

warm-up runs.  The dynamometer was used to load the cutter bar, although the load 

created by the dynamometer was not as substantial as anticipated.  A water brake 

dynamometer was used and develops load by pumping water through a turbine.  The 

higher the volume of water moved corresponds to a greater load on the system driving the 

dynamometer.  Loads on the cutter bar for low and high end operating speeds were only 

2.8 and 3.6 kW, respectively.  The loads only increased by up to 3 kW, which is not 

No-Load Warm-Up 

°C 1500 RPM 2600 RPM 
Run 1 Run 2 Run 3 Run 1 Run 2 Run 3

Ambient   25.3 23.1 29.3 26.6 25.3 25.6 
Oil 34.6 30.9 38.4 39.8 37.9 38.3 
Drive Gear 1 
Bearing 56.4 46.7 52.6 52.1 56.6 56.7 

Drive Gear 2 
Bearing 58.3 47.2 51.7 57.6 56.3 56.5 

Drive Gear 3 
Bearing 47.7 43.4 47.4 51.8 49.7 38.3 

Idler Gear 
Bearing 48.6 51.2 51.9 56.4 57.3 58.2 

RPM 1482 1505 1492 2598 2587 2635 

Table 6.1: No-load warm-up averages. 
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representative of loads seen in the field.  Initially, the low RPM of the loaded warm-up 

runs was going to be 1500 RPM to match the no-load test runs.  While loading the cutter 

bar down to 1500 RPM, the dynamometer became unstable below 1800 RPM and would 

continue to apply load until the speed reached approximately 700 RPM.  Because of this, 

1800 RPM ±50 RPM was set as the low end operating speed.  2600 RPM remained as the 

top end operating speed.  Three runs were planned at both 2600 RPM and 1800 RPM, but 

the third set of data for 1800 RPM was damaged and could not be repaired for use in 

analysis.  Each run was for one hour with a 30-minute warm-up period and a 30-minute 

steady state period.  Temperature data was collected at 1 Hz and the steady state period 

was averaged to use for statistical analysis and is listed in Table 6.2.        

  

 

 

 

 

 

 

 

 

 

 

 

Loaded Warm-Up 

°C 1800 RPM 2600 RPM 
Run 1 Run 2 Run 3 Run 1 Run 2 Run 3 

Ambient 28.2 29.7 N/A 28.8 28.8 28.4 
Oil 41.3 43.2 N/A 44.6 45.7 44.5 
Drive Gear 1 
Bearing 56.3 57.8 N/A 61.3 62.5 61.9 

Drive Gear 2 
Bearing 58.2 59.1 N/A 62.8 63.8 63.9 

Drive Gear 3 
Bearing 41.2 43.1 N/A 54.3 55.3 54.9 

Idler Gear 
Bearing 58.7 59.8 N/A 64.3 64.0 63.8 

RPM 1785 1809 N/A 2567 2639 2620 
Power, kW    2.8    2.8 N/A    3.6    3.6    3.6 

Table 6.2: Loaded warm-up averages. 
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Statistical analysis was performed on the warm-up runs to determine if there were 

any significant differences of the operational temperatures between each gear and 

between the 1500 RPM and 2600 RPM operating speeds.  Statistical analyses were 

performed for both the no-load and loaded warm-up runs.    

The no-load averages were compared using Tukey and Kramer’s Honestly 

Significant Difference (HSD) for comparison of many means in a one-way analysis of 

variance (ANOVA) (Wilson, 2008).  Each gear was compared against the other gears at 

both 1500 and 2600 RPM.  The means and standard deviations for each test run are 

illustrated in Figure 6.2 along with the comparison circles illustrating the significant 

differences between the gears.  The top and bottom vertical points on each green diamond 

represent the 95% upper and lower confidence intervals, the middle horizontal line is the 

mean of each group, and the lines that slice the top and bottom of the diamonds are called 

overlap marks.  If there is a horizontal separation between the top overlap of one group 

and bottom overlap of another group, the means of the two groups could be significantly 

different.  The comparison circles to the right of the group averages visually illustrate 

significant differences between group means.  The further apart the circles are, the greater 

the significance of the group means.  When there is a significant difference between 

means, the circles will change color to indicate which means are and are not different.  

The diamonds represent statistics of each group.  The center horizontal line of the 

diamond represents the group mean and the vertical height of the diamond corresponds to 

the 95% confidence interval (CI).  The top and bottom horizontal lines are overlap marks 

and are drawn (√2)/2 • CI/2 above and below the group mean.  The line connecting each 

group mean is to illustrate the relative difference between each mean.  Based on the 
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results from Figure 6.2, there is not a significant difference between the operating 

temperatures of any gears at either the 1500 RPM and 2600 RPM level at the 95% level.  

Tukey and Kramer’s HSD was also used to compare the loaded warm-up run 

temperatures at 1800 RPM and 2600 RPM. The results from the loaded warm-up runs are 

illustrated in Figure 6.3.  During the loaded warm-up runs there are significant 

differences between operating temperatures within the cutter bar drive train as well as 

between the 1800 RPM and 2600 RPM warm-up runs. From Tukey and Kramer’s HSD, 

Table 6.3 was generated.  Table 6.3 is based on the significant differences from Figure 

6.3.    

 

 

 

 

 

 

Figure 6.2: No-load warm-up significant difference statistical analysis. 
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Each letter in Table 6.3 represents temperatures for clusters of gear bearings and 

RPMs that are not significantly different from one another.  Gear bearings in group A 

also have the highest means and the subsequent letters represent gear bearings with lower 

means that are not significantly different.  Drive gear 1 bearing at 1800 RPM falls into 

both group B and group C indicating that it’s temperature is not significantly different 

from gear operating temperatures in either group.  From Table 6.3, it is apparent that 

there is a significant difference in the operating temperatures of each bearing between the 

Figure 6.3: Loaded warm-up significant difference statistical analysis. 
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1800 RPM and 2600 RPM speeds.  There is also a difference in the temperature of some 

bearings at each operating RPM.         

 

 

 

 

   

  

 

6.3 Side-Hill Test Runs 

 

 During side-hill testing, three test runs were performed at 1500 RPM and 2600 

RPM.  No external load was applied to the cutter bar with the exception that the right 

angle gearbox was still connected to the cutter bar system to facilitate RPM 

measurements.  Data were collected at 1 Hz.  Following the same procedure as the warm-

up testing, each test was run for one hour with a 30-minute warm-up period followed by a 

30-minute steady state period.  The data collected during the steady-state portion of the 

test were averaged to perform the statistical analysis.  Listed in Table 6.4 are the average 

temperatures for both 1500 RPM and 2600 RPM.  

To evaluate the effect of operating the cutter bar at an incline of 12.5°, the bearing 

temperatures were analyzed in two different ways.  The first method of analysis was to 

compare the temperatures between each bearing during tests with the cutter bar at an 

incline.  Operating temperatures were analyzed to check for significant differences 

 Group 
Bearing 
Location 1800 RPM 2600 RPM

Drive gear 1 B/C A 
Drive gear 2 B A 
Drive gear 3 D C 
Idler gear B A 

Table 6.3: Significant difference pairings of 
bearing operating temperatures during loaded 
warm-up runs. 
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between each bearing.  The second method of analysis was to compare each bearing 

temperature during inclined testing against the benchmark temperatures during no-load 

warm-up testing and check for significant differences in the temperatures.  Tukey and 

Kramer’s HSD was used for both methods of analysis at the 95% level of significance.   

The results from Tukey and Kramer’s HSD for the first method of analysis are 

illustrated in Figures 6.4 and 6.5.  Figure 6.4 contains the results at 1500 RPM while 

Figure 6.5 depicts the results at 2600 RPM.  At 1500 RPM, there is a significant 

difference between the gears when operating at an angle.  Drive gear 3 bearing is 

significantly different from bearings at drive gear 1 and 2 which would appear plausible 

as the third drive gear bearing is at the bottom of the angle therefore the oil volume will 

be located there removing heat from this bearing.  However, the results are reversed at 

2600 RPM with drive gear 1 bearing having the lowest group mean.  There are significant 

differences between the average bearing operating temperature for the gears but the trend 

is the opposite of 1500 RPM.  One would expect the drive gear 1 bearing to have the 

highest temperature.  Listed in Table 6.5 are the groupings for the 1500 RPM and 2600 

RPM runs.  Whereas in Table 6.3 the 1800 RPM and 2600 RPM runs were grouped 

together, runs in Table 6.5 are separate from one another.  As shown in Table 6.5, there 

are more groups during the 2600 RPM testing than at 1500 RPM.   
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For the second method of analysis, four tests were performed using Tukey and 

Kramer’s HSD.  Four different bearing pairs were analyzed: drive gear 1 bearing side-hill 

against drive gear 1 bearing no-load warm-up; drive gear 2 bearing side-hill against drive 

Side-Hill Test Runs 

°C 
 

1500 RPM 2600 RPM 
Run 1 Run 2 Run 3 Run 1 Run 2 Run 3 

Ambient 22.3 23.3 23.8 20.7 21.1 21.6 
Oil 40.6 42.3 43.4 48.7 49.9 50.4 
Drive Gear 1 Bearing 53.5 53.2 47.8 52.9 52.4 52.2 
Drive Gear 2 Bearing 46.3 47.6 47.9 55.2 56.1 56.8 
Drive Gear 3 Bearing 40.6 43.2 43.2 53.8 55.3 54.8 
Idler Gear Bearing 47.3 48.4 48.2 57.9 59.3 58.8 

RPM 1486 1492 1519 2645 2618 2579 

Table 6.4: Side-hill test run operating temperature averages. 

Figure 6.4: 1500 RPM one-way analysis of operating temperatures during side-hill 
operation. 
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gear 2 bearing no-load warm-up; drive gear 3 bearing side-hill against drive gear 3 

bearing no-load warm-up; and idler gear bearing side-hill against idler gear bearing no-

load warm-up for both 1500 RPM and 2600 RPM.  The results are illustrated in Figures 

6.6-6.13.  Based on these results, there are no significant differences between any pairs 

and there should be no effect on bearing life when the cutter bar is operated on an incline.   

  

 

   

 

 

 

 

 

 Grouping 
 1500 2600 

Drive Gear 1 Bearing A C 
Drive Gear 2 Bearing A / B B 
Drive Gear 3 Bearing B B 
Idler Gear Bearing A A 

Figure 6.5: 2600 RPM one-way analysis of operating temperatures during side-hill operation. 

Table 6.5: Significant difference pairings of bearing operating temperatures 
during side-hill test runs. 
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Figure 6.6: 1500 RPM one-way analysis of drive gear 1 
bearing temperatures during side-hill operation. 

Figure 6.8: 1500 RPM one-way analysis of drive gear 3 
bearing temperatures during side-hill operation. 

Figure 6.7: 1500 RPM one-way analysis of drive gear 2 
bearing temperatures during side-hill operation. 
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Figure 6.9: 1500 RPM one-way analysis of idler 
gear bearing temperatures during  

 side-hill operation. 

Figure 6.10: 2600 RPM one-way analysis of drive 
gear 1 bearing temperatures during  

 side-hill operation. 

Figure 6.11: 2600 RPM one-way analysis of drive 
gear 2 bearing temperatures during  

 side-hill operation. 
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6.4 Oil Volume Test Runs 

 

 Oil volume test runs were done at 1800 RPM and 2600 RPM with the cutter bar 

loaded via the dynamometer.  Originally, three runs were performed at both RPM levels 

but the data from the third 1800 RPM run was corrupted and could not be repaired for the 

analysis.  No runs at 1800 RPM were collected for the 100% increase in oil volume.  The 

Figure 6.12: 2600 RPM one-way analysis of drive 
gear 3 bearing temperatures during  

 side-hill operation. 

Figure 6.13: 2600 RPM one-way analysis of idler 
gear bearing temperatures during  

 side-hill operation. 
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cutter bar oil volume started at a 50% decrease from the recommended oil volume; after 

completing the test runs the oil volume was increased to 25% above the recommended 

volume.  Test runs were performed at 50%, 75%, and 100% above the recommended oil 

volume.  There were two objectives during the oil volume test runs: 1. to evaluate the 

significance of increasing or decreasing the oil volume and its effect on operating 

temperature, and 2. To evaluate the ability of monitoring the oil temperature to indicate to 

the operator if there is an inadequate or excessive amount of oil in the cutter bar.  Each 

test was run for 1-hour with a 30-minute warm-up period to reach steady state 

temperature and then run for another 30-minute period.  Data from the second 30-minute 

period were averaged for data analysis.  Listed in Table 6.6 are the average values for the 

oil volume test runs.  Data were taken at 1 Hz.  

The mean temperatures of the oil at different oil volumes were analyzed in JMP® 

for significant differences between the groups.  Data were separated between the 1800 

RPM and 2600 RPM operating speeds.  As with the warm-up and side-hill test runs, 

Tukey and Kramer’s HSD was used to test for significant differences between the means 

at the 95% level.  Illustrated in Figures 6.14 and 6.15 are the results from the HSD test at 

1800 RPM and 2600 RPM, respectively.  The oil volume groupings for 1800 RPM and 

2600 RPM are listed in Table 6.7.  There is some discrepancy in the results.  At the 1800 

RPM level, the benchmark oil volume (1800 RPM no-load warm-up) is significantly 

different than at all other oil volumes.  Yet from 25% to 75% increase in oil volume, 

there is not a significant difference between the oil temperatures.  Without data at the 

100% oil volume increase at 1800 RPM, no inferences can be made for temperature 

performance at that level.  The mean bearing operating temperatures were analyzed to 
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check for a greater amount of differences than with the oil temperature.  Assuming that 

the mean temperature increase for the oil was the same or greater than the mean bearing 

operating temperatures of gears then monitoring the oil temperature could be used to 

prevent overheating of the gears and bearings and alert the operator of an incorrect oil 

volume.  The number of significant difference groups for the bearing temperatures was 

less than the number of significant difference groups for oil temperatures indicating that 

oil temperature could potential serve as an early warning for bearing condition.   

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

1800 RPM 2600 RPM 
Oil Volume 25% Increase Oil Volume 25% Increase 

°C Run 1 Run 2 Run 1 Run 2 Run 3 
Ambient 29.9 29.6 27.9 29.7  27.3 
Oil 46.6 46.2 47.7 48.9 47.1 
Drive Gear 1 Bearing 58.1 58.4 61.7 60.0 58.6 
Drive Gear 2 Bearing 59.4 58.9 63.1 65.8 62.8 
Drive Gear 3 Bearing 54.2 54.2 57.9 58.8 56.6 
Idler Gear Bearing 60.2 58.4 60.9 62.6 61.6 

RPM 1815 1820 2579 2595 2623 
Power, kW    2.8    2.8    3.6    3.6    3.6 

Oil Volume 50% Increase Oil Volume 50% Increase 
°C Run 1 Run 2 Run 1 Run 2 Run 3 
Ambient 27.6 27.1 27.5 28.7 29.0 
Oil 46.8 45.9 49.8 50.6 51.0 
Drive Gear 1 Bearing 56.6 55.5 60.8 61.9 63.2 
Drive Gear 2 Bearing 60.5 58.9 64.6 65.7 64.9 
Drive Gear 3 Bearing 52.7 52.7 58.5 60.2 58.9 
Idler Gear Bearing 59.2 58.3 61.7 61.8 62.6 

RPM 1821 1804 2585 2553 2604 
Power, kW    2.8    2.8    3.6    3.6    3.6 

Table 6.6: Mean temperatures for oil volume test runs. 
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Oil Volume 75% Increase Oil Volume 75% Increase 
°C Run 1 Run 2 Run 1 Run 2 Run 3
Ambient 28.3 30.1 29.3 31.7 33.3 
Oil 48.8 49.9 52.7 56.1 57.3 
Drive Gear 1 Bearing 59.0 59.9 66.1 68.4 69.4 
Drive Gear 2 Bearing 61.0 61.9 67.4 69.7 71.2 
Drive Gear 3 Bearing 53.2 53.7 58.2 61.3 62.1 
Idler Gear Bearing 60.5 61.1 63.8 66.1 68.8 

RPM 1861 1853 2535 2595 2632 
Power, kW    3.1    3.1    3.1    3.1    3.1 

Oil Volume 100% Increase Oil Volume 100% Increase 
°C Run 1 Run 2 Run 1 Run 2 Run 3
Ambient N/A N/A 34.6 34.3 33.8 
Oil N/A N/A 76.8 74.3 70.7 
Drive Gear 1 Bearing N/A N/A 81.9 80.4 77.5 
Drive Gear 2 Bearing N/A N/A 83.3 81.3 78.2 
Drive Gear 3 Bearing N/A N/A 77.5 75.1 71.3 
Idler Gear Bearing N/A N/A 79.8 78.1 74.6 

RPM N/A N/A 2310 2313 2323 
Power, kW N/A N/A    2.5    2.5    2.5 

Oil Volume 50% Decrease Oil Volume 50% Decrease 
°C Run 1 Run 2 Run 1 Run 2 Run 3
Ambient 25.6 27.1 24.2 27.6 29.5 
Oil 77.9 79.6 35.3 37.3 43.6 
Drive Gear 1 Bearing 53.6 56.8 60.6 61.6 63.3 
Drive Gear 2 Bearing 50.6 55.1 63.0 61.5 63.9 
Drive Gear 3 Bearing 43.7 46.1 35.2 37.3 54.1 
Idler Gear Bearing 56.7 59.7 60.6 62.4 63.2 

RPM 1762 1888 2652 2561 2641 
Power, kW    2.8    2.8    3.6    3.6    3.6 
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The average bearing operating temperature groupings are listed in Table 6.8.  This 

indicates that the oil temperature is more sensitive to changes in volume than the bearings 

are and that monitoring the oil temperature during operation could prevent damaging 

temperatures from occurring within the gear bearings.   

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Oil Volume Grouping 
1800RPM 2600RPM 

-50% A A/B 
   0% (original) B B 
  25% C B 
  50% C B/C 
  75% C C/D 
100% N/A D 

Table 6.7: Significant difference pairings of oil temperatures 
during oil volume test runs. 

Figure 6.14: 1800 RPM one-way analysis of oil temperatures with different oil 
volumes. 
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While testing at the 50% decrease in oil volume, the thermocouple monitoring the 

oil temperature began to act erratically, reporting temperatures greatly higher than those 

from the bearings.  This occurred at the 1800 RPM level, but it didn’t occur at the 2600 

RPM level.  The erratic behavior is visible in the graph for the 1800 RPM 50% decrease 

oil volume run, as illustrated in Figure 6.16.  The oil thermocouple was checked for 

malfunction, but it was correctly wired.  After the test was completed and the system 

returned to ambient temperature, the oil thermocouple displayed the correct temperature. 

Several additional tests were run at the 1800 RPM level with the same results.  

While conducting the failure test runs, the oil thermocouple functioned normally, which 

would indicate that the lack of oil in the cutter bar during the oil test runs affected the 

thermocouple performance.  This also happened during the 2600 RPM test runs, but to a 

lesser extent.  The significant differences between the benchmark oil temperature and oil 

Figure 6.15: 2600 RPM one-way analysis of oil temperatures with different oil volumes. 
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temperature at the 50% decrease in oil volume at the 2600 RPM indicates that the low oil 

volume affected the ability of the thermocouple to accurately measure oil temperature.  

 

  Bearing Grouping 
 1800RPM 2600RPM  1800RPM 2600RPM

Drive Gear 1  Drive Gear 3  
-50% A A -50% A A 
   0% A A    0% A B 
  25% A A   25% B B 
  50% A A   50% B B 
  75% A B   75% B B 
100% N/A C 100% N/A C 

 
Drive Gear 2  Idler Gear  

-50% A A -50% A A/C 
   0% A/B A    0% A A/C 
  25% B A   25% A C 
  50% B A   50% A A/C 
  75% B B   75% A A 
100% N/A C 100% N/A C 

Table 6.8: Significant difference pairings of bearing temperatures during oil volume test runs. 

Figure 6.16: Oil temperature erratic behavior at 1800 RPM. 
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Monitoring the oil temperature to protect the bearings during operation is depicted 

in Figures 6.17 and 6.18 for 1800 RPM and 2600 RPM, respectively.  The group means 

were averaged to illustrate the greater variance with the oil temperature when compared 

to the gear bearing temperatures.  Apparent in both figures is the variability in the mean  

 

 

temperatures at the 50% decrease in oil volume.  The 50% decrease in oil volume was 

tested to determine if the results were similar to the 50% increase in oil volume, thereby 

allowing the data collected as the oil volume was increased to be applied to a decrease in 

oil volume.  However, from Figures 6.17 and 6.18, it is readily apparent that the 50% 

decrease in oil volume is not similar to the 50% increase in oil volume. 

Even though the 50% decrease in oil volume data does not correlate well with the 

rest of the test and the 1800 RPM test runs do not include the 100% increase in oil 

Figure 6.17: 1800 RPM mean operating temperatures throughout oil volume test runs. 
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volume, the trends are apparent none-the-less.  The oil temperature is related to oil 

volume when the oil volume is increased and this temperature could be used to alert the 

operator of an incorrect oil volume and possibly indicate how much oil needs to be 

removed (or added, in the event the decrease in oil volume tests become reliable).   

 

 

 

 

 

 

 

Figure 6.18: 2600 RPM mean operating temperatures throughout oil volume test runs. 
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6.5 Failure Test Runs 

 

 After completing the other test runs, the cutter bar oil was drained and replaced 

with fresh oil.  Multiple runs were done with new bearings without failure so new 

bearings were disassembled and prepped with valve lapping compound to hasten time to 

failure.  Six test runs were performed using drive gear 1 as the mounting location.  The 

cutter bar test rig was operated at 1600 RPM ±50 RPM and load was applied via the 

dynamometer.  Due to the amount of time required to fail the bearings even with the 

valve lapping compound, the cutter bar was powered via the hydraulic trainer.  Because 

of this, only a small amount of external load was able to be applied before the hydraulic 

trainer would fail to keep the RPM above 1500.       

The temperature for the bearing in drive gear 1 was monitored via the LabVIEW® 

front panel.  Each test was closely monitored to look for a definite change in temperature 

profile to indicate when a failure occurred.  Fortunately, for the testing, there was a 

definite spike in temperature during each test.  After this spike occurred, the test rig was 

stopped and the disc wobble inspected.  The disc wobble of drive gear 1 for each test run 

was greater than the 1 mm recommended by CNH as the basis to determine failure.  This 

amount of disc wobble indicated that the bearing had failed and the drive gear was 

disassembled.  For each test run, the valve lapping compound caused catastrophic failure 

of the cage, illustrated in Figure 6.19.  This is the failure mode for each test; as the 

bearing cage disintegrated, the balls were unable to maintain the relation between the 

inner and outer raceways causing the wobble. 
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The time to failure varied from 1.94 hrs to 4.77 hrs.  After each test, the cutter bar 

was inspected for damage and to determine if any cage fragments or valve lapping 

compound were in the oil.  By placing the valve lapping compound in the upper portion 

of the top raceway, this insured that the bottom raceway and seal would retain all bearing 

fragments.  The bearing was replaced and the test rig was allowed to return to ambient 

temperature before starting another test.  The bearing temperature profile of drive gear 1 

for each test is depicted in Figure 6.20.  The time to failure, average operating 

temperature, maximum temperature, and power are listed in Table 6.9. 

 

 

 
Time to 

Failure, hrs 

Average 
Temperature 

before Failure, °C

Maximum 
Temperature at 

Failure, °C 

Power, 
kW 

Run 1 4.77 66.4 191.8 1.19 
Run 2 1.97 62.6 180.3 1.19 
Run 3 1.94 65.2 104.2 1.19 
Run 4 3.94 60.1 155.3 1.19 
Run 5 2.47 63.4 149.9 1.19 
Run 6 2.86 61.2 166.3 1.19 

Table 6.9: Failure run times, temperatures, and power. 

Figure 6.19: Bearing cage prior to testing (left), bearing cage post testing (right). 
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Although the maximum temperature at failure is significantly greater than the 

average operating temperature, Zhang (1993) reported that the actual temperature of the 

bearing is not as indicative of failure as the rate at which the temperature increases.  To 

determine the rate of temperature increase, regression analysis was used to determine a 

regression equation.  Linear regression was used to simplify the analysis.  The slope of 

the regression equation represents the rate of temperature increase, in °C/s.  Four time 

intervals where used to determine the rate of temperature increase: 1000-seconds, 750- 

seconds, 500-seconds, and 250-seconds.  Each interval ended at the maximum observed 

temperature during failure of the bearing, and then counted backwards 250-seconds to 

1000-seconds.  Multiple intervals were used because steepest rate of temperature increase 

occurred shortly before the maximum temperature, but a larger time interval would 

reduce the chance for false-positives as well as indicate how effective linear regression is 

over a greater time interval.  The 250-second interval represented the average time 

interval of the highest rate of temperature rise in Figure 6.20.  In contrast, the 1000-

second interval represented the time interval where the temperature deviated from the 

steady state temperature through the maximum temperature.    

False-positives, readings that indicate a failure has occurred when it hasn’t, are a 

problem of many CBM systems.  To help prevent this while monitoring the cutter bar 

bearings, the rate of temperature rise during failure was compared to the rate of 

temperature rise during the initial warm-up.  Based on the graphical results, this was the 

only other instance of a large temperature rise.  If the rate of temperature rise during 

failure was significantly different and greater than the rate of temperature rise during 

warm-up, then the number of false positives should be minimal. 
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 Illustrated in Figures 6.21-6.32 are graphs for the warm-up and failure intervals 

for each test run along with the regression equations and the coefficients of 

determination, R2.  As the time interval is increased, the R2 is reduced, which is readily 

visible in the graphs.  While longer time intervals decrease the accuracy of the linear 

regression, if the significant difference is better for the failure rate of temperature 

increase, this level of error is acceptable.  Listed in Table 6.10 are the rates of 

temperature increase in °C/s for each run.  The rates of temperature rise were then 

imported into JMP® for statistical analysis.  Confidence intervals at the 95% level were 

determined for the warm-up and failure period for each time interval.  The confidence 

intervals are listed in Table 6.11.  Graphical representation of the confidence intervals is 

illustrated in Figure 6.33.  Readily apparent in Figure 6.33 is the greater spread in 

Figure 6.20: Drive gear 1 bearing temperature profile for all failure test runs. 



137 
 

confidence intervals at 250-seconds when compared to the other time intervals.  

Significant difference testing was conducted at the 95% level between the warm-up 

period and the failure period.  When significant differences are determined, then the rate 

of temperature increase during warm-up will not cause false-positives to occur in the 

system if the rate of temperature rise during the failure period is used.  The rate of 

temperature rise during warm-up is assumed to have the greatest temperature rise rate 

during normal operation of the cutter bar.  Once the cutter bar has reached normal 

operating temperature, the rate of increase or decrease in temperature should be much 

lower, therefore comparing the rates of temperature rise between warm-up and failure 

appears to be the most useful comparison.   

 

 

 

 

 

 

 

 

 

 

 

 

                

Figure 6.29: Run 1 warm-up temperature regression analysis. 

Figure 6.21: Run 1 warm-up temperature regression analysis. 
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Figure 6.22: Run 1 failure temperature regression analysis. 

Figure 6.23: Run 2 warm-up temperature regression analysis. 
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Figure 6.24: Run 2 failure temperature regression analysis. 

Figure 6.25: Run 3 warm-up temperature regression analysis. 
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 Figure 6.26: Run 3 failure temperature regression analysis. 

Figure 6.27: Run 4 warm-up temperature regression analysis. 
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Figure 6.28: Run 4 failure temperature regression analysis. 

Figure 6.29: Run 5 warm-up temperature regression analysis. 
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Figure 6.30: Run 5 failure temperature regression analysis. 

Figure 6.31: Run 6 warm-up temperature regression analysis. 



143 
 

 

 

 

 

°C/s 
Warm-up, seconds Failure, seconds 

250 500 750 1000 250 500 750 1000 

Run 1 0.056 0.030 0.020 0.015 0.420 0.133 0.077 0.051 

Run 2 0.055 0.032 0.022 0.019 0.199 0.136 0.105 0.075 

Run 3 0.056 0.043 0.033 0.024 0.072 0.036 0.025 0.021 

Run 4 0.032 0.022 0.017 0.013 0.207 0.086 0.046 0.036 

Run 5 0.040 0.025 0.019 0.016 0.280 0.173 0.143 0.125 

Run 6 0.041 0.027 0.020 0.016 0.281 0.173 0.143 0.125 

Figure 6.32: Run 6 failure temperature regression analysis. 

Table 6.10: Rate of temperature increase for multiple time intervals during warm-up period 
and failure period of each test run. 
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To check for significant differences, matched pair analysis was done between the 

warm-up and failure rates of temperature increase for each time interval.  Illustrated in 

Figures 6.34-6.37 are the graphical results from each test for warm-up and failure 

intervals.  The grey diamond encapsulates the recorded averages with the grey line at 

zero representing no change between 1500 RPM and 2600 RPM with respect to 

temperature.  The dashed red lines are the 95% confidence bands for the data.  If the 

dashed red lines flank the grey zero line then there is no significance between the pairs.  

If both dashed red lines fall on one side of the grey zero line then there is a significant 

difference between the 1500 RPM and 2600 RPM operating range for that gear at the 

95% level.  As illustrated in the figures, the rate of temperature increase for the failure 

period is significantly different than during the warm-up period.    

  

 

 

 

 

 

 

 

Along with this, the rate of temperature rise during failure is greater than during 

warm-up.  Listed in Table 6.12 are the t-ratio values for each test along with the 

probability of getting a value greater than the t-ratio in the population.  The t-ratio is the 

difference between means divided by the standard error, so obtaining greater t-ratios in 

Time 
Interval, 
seconds 

°C/s 
Warm-Up 
Average 

Lower 
95% 

Upper 
95% 

Failure 
Average

Lower 
95% 

Upper 
95% 

  250 0.047 0.038 0.055 0.243 0.151 0.336 
  500 0.030 0.024 0.036 0.123 0.080 0.165 
  750 0.022 0.017 0.026 0.090 0.050 0.129 
1000 0.017 0.014 0.020 0.072 0.036 0.108 

Table 6.11: Confidence intervals for the mean rates of temperature rise for warm-up and  
failure periods. 
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the population indicates that the rate of temperature rise during failure is significantly 

greater than during warm-up.  Based on these results, the system should successfully be 

able to detect a failing bearing without the occurrence of false positives.        

 

 

Figure 6.33: Confidence intervals for warm-up and failure average rates of temperature rise. 

Figure 6.34: 250-second interval matched 
pair analysis. 

Figure 6.35: 500-second interval matched 
pair analysis. 
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After determining that there are significant differences between the warm-up and 

failure periods, the final step was to determine the appropriate time interval to use for the 

regression analysis.  Tukey and Kramer’s HSD test was used to determine significant 

differences between the time intervals at the 95% level.  Illustrated in Figure 6.38 are the    

 

 

 

 

 

 

 

results from Tukey and Kramer’s HSD test.  The results illustrate that only the rate of 

temperature rise at the 250-second interval is significantly different from the other 

intervals.  Intervals of 500, 750, and 1000-seconds are not significantly different from 

Interval, 
seconds T-Ratio Probability

  250 -3.563 0.9919 
  500 -4.149 0.9955 
  750 -3.557 0.9919 
1000 -3.908 0.9943 

Table 6.12: T-ratios and probabilities for 
matched pairs. 

Figure 6.36: 750-second interval matched 
pair analysis. 

Figure 6.37: 1000-second interval matched 
pair analysis. 
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one another.  From these results, the 250-second interval appears to be a sound time 

interval to use during field operation.  This is just over 4 minutes of run time used in 

determining the linear regression.  Since 250-seconds is the only interval that is 

significantly different than the rest of the time intervals, that is the primary reason to 

recommend this interval.  The second reason is based on the spread of the confidence 

intervals.  A wider spread in the confidence interval would allow the system to recognize 

a failure temperature profile earlier, although the potential downside is an increase in 

false positives.  Since the failure confidence intervals do not intersect the warm-up 

confidence intervals this should be minimized.      

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 6.38: One-way analysis of rates of temperature rise over different time 
intervals. 
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6.6 Bearing Grease Life 

 

Due to the low external loading from the dynamometer, none of the test runs had 

sufficient enough temperatures to cause premature degradation of the bearing grease.  

The mean gear bearing temperatures from each run were averaged and the average was 

used to determine approximate grease life.  This is illustrated in Table 6.13 which 

contains the bearing grease life forecast based on temperature with minimum and 

maximum grease lives from 1500 RPM, 1800 RPM, and 2600 RPM.  The highest test 

temperatures occurred with the test rig operating at 2600 RPM so these tests have the 

lowest grease lives.  However, the expected operating temperature in the field is 82 °C 

(180 °F) so none of the test runs exceeded the expected operating temperature and 

therefore would not reduce grease life below the bearing design life of 3000-5000 hrs.  

Based on Table 6.x, the minimum grease life for this research was 34,068 hours for the 

drive gear 2 bearing at 2600 RPM and the maximum grease life was 263,379 hours for 

the drive gear 3 bearing at 1800 RPM.  This did not take into account the failure run 

temperatures.   

    

Bearing 
Location 

Grease Life, hrs 
1500 RPM 1800 RPM 2600 RPM 

MIN MAX MIN MAX MIN MAX 
Drive 
Gear 1 157606 160863 103207 127331 35571 128933 

Drive 
Gear 2 153637 200381 93666 143350 34068 107920 

Drive 
Gear 3 212353 260772 133888 263379 44902 221556 

Idler 
Gear 181322 207530 105348 119593 44792 114773 

 

Table 6.13: Minimum and maximum grease life forecasts for test speeds. 
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CHAPTER 7 

 

CONCLUSIONS AND FUTURE WORK 

 

7.1 Conclusions 

 

 This section contains the conclusions from the theoretical calculations regarding 

cutter bar bending and single-row ball bearing misalignment.  Conclusions from the side-

hill operation, oil volume, and failure runs are also presented.  The results from the 

testing were used to determine the significance both within the gear train (i.e. 

significance between the temperatures of the drive gear and idler gear bearings) and 

between test runs to determine what the significance a particular change had on the 

system (i.e. temperature profile change between 1500 RPM and 2600 RPM).  The success 

of monitoring the bearings during failure is also discussed.  

  

7.1.1 Cutter Bar Bending 

 

 The effect of bending caused by static loading in the cutter bar was not significant 

to cause damage to the single-row ball bearings.  Although the maximum deflection can 

be severe, (34.3 mm for simple beam loading and 679.8 mm in cantilever loading) the 

actual loss of clearance in the gear train is still minimal.  Due to the large radius of 

curvature, there is only a minute change in the effective length of the cutter bar as the 

distance from the neutral axis is increased.  The maximum distance from the neutral axis 

(determined by the thickness of the gears) is significantly small when compared to the 
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radius of curvature which also contributes to a minimal loss of cutter bar length.   Since 

there is still clearance between the gears, no additional contact stresses are generated 

within the bearings.  Therefore, there will be no reduction in effective life of the bearings.  

 

7.1.2 Single-Row Ball Bearing Misalignment 

 

 Based on the theoretical calculations, misalignment is a critical aspect in failure of 

the cutter bar bearings.  Misalignment of only 0.47 ±0.04 mm between the cutter bar gear 

case halves will create enough misalignment to damage the single-row ball bearings.    

P. Ehrhart suggested that improper assembly of the cutter bar during manufacturing has 

contributed to the misalignment and failure of the bearings in the past (P. Ehrhart, 

personal communication, 02 November 2007).  When the cutter bar was assembled, the 

bolts that hold the case together were improperly torqued and the case halves shifted 

laterally with respect to one another.  Due to the low amount of allowable misalignment 

on the single-row ball bearings, the additional contact stresses created were sufficient to 

cause premature failure.  

 

7.1.3 Warm-Up Runs 

 

 The results from the warm-up runs indicated that when operating the cutter bar 

unloaded there are not any significant differences between any of the four gears tested.  

Furthermore, there are not any significant differences between the 1500 RPM and 2600 

RPM operational ranges which would allow testing to be performed at any RPM with the 



151 
 

results being applicable to the entire 1500-2600 RPM range of operating speeds.  This 

also confirms the initial assumptions that the thermal error between the ends of the cutter 

bar due to the steel plate is insignificant and the middle drive gear (drive gear 2) is 

representative of the entire middle section of the cutter bar.  Also, there are no significant 

differences between the bearings in the middle drive gear, outer drive gears, and idler 

gears. 

 Upon loading the cutter bar, significant differences began to appear - especially in 

the drive gear 3 bearing.  Since at 1800 RPM, bearing temperatures for drive gear 3 have 

the greatest differences from the rest of group means, there exists the possibility that 

these temperatures have some external error.  Although there are significant differences 

between other groups, they are much smaller than that of the drive gear 3 bearing at 1800 

RPM which again could be caused by external errors.  The differences could also be due 

to uneven power distribution throughout the cutter bar.  This should become readily 

apparent as power is increased.  If additional test runs were conducted, these errors could 

be mitigated.  As with the no-load warm-up runs, the bearing operating temperatures 

between drive gear 1 and drive gear 2 are not significantly different at the same speeds, 

although they are significantly different between 1800 RPM and 2600 RPM.  Unlike the 

no-load warm-up runs, each gear is significantly different between the 1800 RPM and 

2600 RPM operating ranges which suggests that during field operation, any monitoring 

equipment would have to be benchmarked at several operational speeds to determine at 

what speeds the temperatures become significantly different.   
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7.1.4 Side-Hill Runs 

 

 The side-hill test run operating temperatures were not significantly different than 

the benchmark warm-up temperatures for either 1500 RPM or 2600 RPM.  When the four 

bearings were compared to one-another in each operating range, there were significant 

differences between the gear temperatures.  At the 1500 RPM level, the trend was as one 

would expect with the highest gear (drive gear 1) bearing having the highest temperature 

and the temperatures decreasing from drive gear 2 bearing to drive gear 3 bearing.  

However, the results were reversed at the 2600 RPM level with the drive gear 1 bearing 

having the lowest temperature and the trend not matching that of 1500 RPM.  Because of 

this, the results from Tukey and Kramer’s HSD test were inconclusive with the exception 

that there were some differences between the temperatures so t-tests were done to 

compare the benchmark temperatures to the comparable gear temperature during the side-

hill tests.  All these results were not significant at the 95% level indicating that, although 

there is some variability when comparing the gear bearings at each RPM range, operating 

the cutter bar at an incline will not decrease the life of the bearings due to the incline.   

   

7.1.5 Oil Volume Runs  

 

 The results from the oil volume runs indicate that the oil temperature correlates to 

a certain volume of oil in the cutter bar at a constant load.  Monitoring this temperature 

could be used to signal to the operator that there is an incorrect amount of oil in the cutter 

bar.  This would be particularly useful if the cost of installing thermocouple sensors on 
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each bearing is cost prohibitive to CNH.  This would allow for some protection of the 

cutter bar by monitoring the cutter bar as a whole and if the oil temperature rose to 

excessive levels the operator could check the system for any abnormalities.  Of course, 

this does not allow for protection of the individual bearings or to alert the operator when 

and where a bearing is failing but it does reduce the cost while affording some protection. 

 The significance of the oil volume does not appear to be a great as CNH initially 

reported.  At 2600 RPM, there is no significant difference between -50%, 0%, 25%, and 

50% change in oil levels.  Yet, at 1800 RPM the 0% (recommended oil volume) oil 

volume is significantly different than the rest of oil volumes.  Additional test runs may 

resolve this issue.  The results from the 50% decrease in oil volume are erratic because 

the thermocouple was incorrectly reading the oil temperature.  It is possible that due to 

the low volume of oil in the cutter bar, a portion of the thermocouple was above the oil 

and this contributed to the high temperature reading.  If the high temperatures are caused 

from this, an erratic temperature reading would indicate an inadequate oil volume in the 

cutter bar.  Since the variance of oil temperatures at this level are greater than at other 

levels, the thermocouple reading may not be sufficient to report to the operator how low 

the oil volume is.  Instead the system would alert the operator that the oil was low and 

would have the operator check the oil depth and add oil until the correct volume was 

reached.   
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7.1.6 Failure Runs 

 

 Although the author acknowledges that using valve lapping compound to 

accelerate the failure of the bearings does not represent actual field conditions, this study 

focused on the feasibility of using temperature to monitor bearing condition.  

Furthermore, there are situations in the field where contaminants enter the bearing cavity 

which will function similar to the valve lapping compound.  In lieu of this, the 

temperature data from the six failure runs strongly support the ability of temperature 

measurement to indicate when a bearing is in need of replacement.  Using the rate of 

temperature increase with a running average measurement interval of 250-seconds should 

be sufficient to alert the operator of a damaged bearing.  The rate of temperature increase 

using a linear regression of the bearing temperature appears to be satisfactory to prevent 

catastrophic bearing failure.  Examining the rate of temperature increase during the 

warm-up period of the test run against the failure period shows a significant difference 

between the rates at the 95% level of significance.  Since the rate of temperature increase 

during failure is significantly greater than during the warm-up, this should limit the 

number of “false-positive” readings from the system.  This assumes that other than during 

the failure periods the sharpest rate of temperature increase occurs during the warm-up 

period and the rates of temperature change during operation as crop conditions add and/or 

reduce load are not greater than when the system is warming up.  The average rate of 

temperature increase at 250-seconds during the failure period is 0.243 °C/s as compared 

to 0.047 °C/s for the warm-up period. 
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7.2 Future Work  

 

 Although some major conclusions were determined from this investigation, the 

study was only performed in a narrow range of operating parameters.  Because of the 

dynamic nature of the environment that the cutter bar and corresponding header operate 

in, additional work should be done in an expanded environment.  This includes testing in 

actual crop as power and temperature conditions could be significantly different.  Future 

recommendations for various aspects of this research are detailed below.    

 

7.2.1 Cutter Bar Bending 

 

 The results from the static cutter bar loading do not present a problem for 

premature bearing failure.  However, the simplification that the cutter bar system was 

statically determinant does not represent the actual system.  Because the cutter bar is 

rigidly mounted, solving the differential equations for static loading would better 

represent the actual behavior of the cutter bar under static loading.  The other 

recommendation would be to monitor the cutter bar under actual field operation to 

determine the amount of loading from the dynamic environment.  At the time of this 

study, the data necessary to make valid assumptions about the dynamic loading was 

unavailable.  Additional loading will come from the vibration of the cutter bar in 

operation, as well as moving through the field at speeds up to 22.5 km/hr, and from the 

weight of the crop passing over the cutter bar.  This could then be added to the static 

loading to calculate the combined overall deflection of the cutter bar. 
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 Although the theoretical analysis does not indicate a problem with even the most 

severe bending case, the author acknowledges this could be unrealistic in actual 

operation.  The spacing of the cutter bar supports was unknown during this research but 

will be shorter than the full length.  With the spacing known, the cutter bar should be set 

up in the lab with the correct spacing and loaded to represent field conditions to 

determine the effect of bending on bearing life. 

 

7.2.2 Side-hill Operation 

 

 Although the results from the laboratory testing do not indicate a significant 

temperature change between operation with the cutter bar horizontal and with the cutter 

bar angled at a 12.5° slope only three discs were used.  The change in height from the top 

of the cutter bar to the bottom during testing was only 265 mm whereas on a full 10 disc 

cutter bar the vertical distance would be 982 mm.  This increases even more for a 12 disc 

cutter bar as the extra two discs increase the vertical distance by 250 mm to a total of 

1232 mm.  While the sectioned cutter bar pushes enough oil up through the gear train to 

remove the heat generated in the system, the additional vertical height from a full cutter 

bar might create a problem for the bearings at the top end of the bar.  Therefore, 

additional testing should be done on a full length cutter bar to determine if there is an 

effect as the length of the cutter bar is increased.  Also, since testing was performed on an 

unloaded cutter bar, further work should be undertaken on a loaded cutter bar to simulate 

field loads.     
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7.2.3 Oil Volume Runs  

 

 The oil volume runs indicate that, at least, for increase in oil volume above the 

recommended volume, monitoring the oil temperature could serve as an indicator to the 

operator of an incorrect amount of oil in the cutter bar.  Because the oil temperature data 

collected at the 50% decrease in oil volume was erratic, additional testing with different 

reductions in oil volume should be performed to both identify how the oil temperature 

changes as oil is reduced as well as to determine the cause for thermocouple 

irregularities.  During testing, the oil thermocouple was mounted in place of the oil drain 

plug.  Leaving this as a production setup would be difficult because the operator would 

have to remove the thermocouple when draining the oil.  It is recommended that another 

hole be drilled and tapped to mount the thermocouple that does not have to be removed.     

 The oil volume runs should be performed with the cutter bar unloaded to establish 

a benchmark for performance, as well as with the cutter bar fully loaded.  Originally, the 

test was planned to be done with a loaded cutter bar, however after starting the tests it 

was determined that the dynamometer were insufficient to properly load the cutter bar.  

Because of this, the load that was applied was not representative of actual field conditions 

and the tests should be redone unloaded to establish the benchmark - especially for the 

1500 RPM operating range.     
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7.2.3 Failure Runs    

 

 Implementation of the CBM system to monitor bearing condition within the cutter 

bars will require additional testing before the system will be production ready.  

Additional laboratory testing will need to be performed on bearings that have not been 

modified, that is, original bearings will need to be run to failure.  If the additional loaded 

warm-up testing as was recommended in section 7.1.3 yields significant differences 

between the temperatures of the outside drive gear bearing and the middle drive gear 

bearings, failure testing should be conducted on the middle drive gear bearings as well.   

The author recommends that original bearings be tested with the cutter bar unloaded and 

loaded to assess the differences between failure rates of temperature increase.  The 

loading during loaded runs should also be representative of actual loads encountered in 

the field.  Assuming that the performance of original bearings during failure is similar to 

the performance of modified bearings, the system should then be installed on production 

equipment and tested in the field.  To reduce the field operational time, bearings could be 

pre-spalled prior to installation which will allow for a shorter failure time and a 

controlled failure location.  Since testing was only performed on the drive gear bearings, 

the recommendations herein are suggested for the idler gear bearings as well to create a 

system to monitor the health of all bearings within the cutter bar.     
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7.2.4 Additional Work 

 

 Several additional items that did not fit the categories above are detailed here.  

Although the side-hill test runs did not indicate a significant difference between the 

horizontal and angled mean temperatures and that the oil volume runs indicate that it 

could be an effective monitoring tool, the combination of variable cutting angles with an 

incorrect amount of oil in the cutter bar might be worth testing.  During normal field 

operation the cutter bar never maintains a strictly horizontal or strictly angled stance but 

continuously varies between the two.  The effect of extra oil (or inadequate oil) might 

have a significant effect on gear bearing temperatures along the cutter bar - especially 

operating with the entire length of cutter bar.  Also, the effect of the angle on oil 

temperature might be more significant than the oil volume itself.  For example, a 25% 

increase in oil volume for a cutterbar operated on a slope may have a greater effect on oil 

temperature than a 50% increase in oil volume operated on flat terrain leading the 

operator to remove more oil than necessary.   

 Before any test results are put into production, testing will have to be performed 

in a variety of actual field operations to determine the effect of loading on the results 

from laboratory testing.  The instrumentation will need to be modified to allow 

installation on a production cutter bar.  This includes designing a shield to protect the 

external part of the thermocouple as well as the extension wires.  The thermocouples will 

need to be integrated into the CAN bus network to allow the temperature readings to be 

interpreted by the windrower or tractor and alert the operator of any problem.   
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APPENDIX A 

TEST RUNS 
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APPENDIX B 

BALL BEARING SPECIFICATIONS 
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APPENDIX C 

LABVIEW BLOCK DIAGRAM 
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